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Preface 

When the author undertook the task of teaching in the field of internal

combustion engines at the Massachusetts Institute of Technology, it was 

evident that commercial development had been largely empirical and 

that a rational quantitative basis for design, and for the analysis of per

formance, was almost entirely lacking. In an attempt to fill this gap, the 

Sloan Laboratories for Aircraft and Automotive Engines were established 

in 1929 at the Massachusetts Institute of Technology, largely through 

the generosity of Mr. Alfred P. Sloan, Jr. , and the untiring enthusiasm of 

the late Samuel S. Stratton, then President of MIT. 

The intervening years have been spent in research into the behavior 

of internal-combustion engines and how to control it. A large amount 

of the laboratory work has been done by students as part of their re

quirements for graduation. Other parts have been done by the teaching 

staff and the professional laboratory staff with funds provided by gov

ernment or by industry. 

The results of this work, translated, it is hoped, into convenient form 

for practical use in engine design and research, is the subject of these 

two volumes. 

Grateful acknowledgment is made to all those who in various capacities 

-students, teaching staff, technical staff, and staff engineers-have 

contributed by their laboratory work, their writings, and their criticism. 

v 
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Special acknowledgment and thanks are due to Professor E. S. Taylor, 

Director of the Gas Turbine Laboratory at MIT and long a colleague 

in the work of the Sloan Automotive Laboratories, and to Professors 

A. R. Rogowski and T. Y. Toong of the Sloan Laboratories teaching staff. 

The author will be grateful to readers who notify him of errors that 

diligent proofreading may have left undiscovered. 

C ambridge, Massachusetts 
November 1976 

Preface to Second Edition, Revised 

C. FAYETTE TAYLOR 

Since the publication of this volume in 1966 there have been no devel

opments that require changes in the basic principles and relationships 

discussed in this volume. Neither have there been any important com

petitors to the conventional reciprocating internal-combustion engine for 

land and sea transportation and for most other purposes except aircraft, 

nuclear-powered vessels, and large electric generating stations. The total 

installed power of reciprocating internal-combustion engines still exceeds 

that of all other power sources combined by at least one order of magni

tude (see p. 5). 

On the other hand, there have been two important changes in empha

sis, one toward improved fuel economy and the other toward reduced air 

pollution by engine exhaust gases. 

The petroleum crisis of the 1970s caused the increased emphasis on fuel 

economy, especially in the case of road vehicles and large marine Diesel 

engines. In the case of passenger cars, the greatest gains have been made 

by reducing the size, weight, and air resistance of the vehicles themselves 

and by reducing engine size accordingly. This change, plus wider-range 

transmissions and reduced ratio of maximum engine power to car weight 

allow road operation to take place nearer to the engine's area of best fuel 

economy. 

Increases in fuel economy of spark-ignition engines have been accom

plished chiefly through improved systems of control of fuel-air ratio, fuel 

distribution, and spark timing. In the case of Diesel engines, supercharg

ing to higher mean effective pressures, and in many cases reduction in 

rated piston speed, have achieved notable improvements in efficiency. 

In the other major change in emphasis since the 1960s, public demand 
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for reduced air pollution has brought stringent government limitations on 

the amount of undesirable emissions from road-vehicle engines and other 

power plants. In the United States, the problem of reducing air pollution 

has resulted in more research, development, and technical literature than 

any other event in the history of the internal-combustion engine. The 

methods used for reducing pollution are outlined in Volume 2, together 

with references to the existing literature. See also the references on pages 

555 and 556 of this volume. 

The developments described above have been greatly assisted by the 

recent availability of powerful computers. These are now generally used 

in engine research, design, and testing. They make possible mathematical 

"modeling" of many aspects of engine behavior, including fluid flow, 

eombustion, and stress distribution. Engine test equipment and proce

dures are now usually "computerized." An extremely important applica

tion of computers, now expanding rapidly, is the use of relatively small 

electronic computer systems applied to individual engine installations for 

purposes of control and the location of malfunctions. The use of such 

systems in road vehicles is becoming general in the United States, and it 

has assisted greatly in the control of exhaust emissions, as explained in 

Volume 2. 

The developments mentioned here are covered in more detail at appro

priate points in these two volumes. 

c. FAYETTE TAYLOR 

January 1984 
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Introduction, 
Symbols, 
Units, 
Definitions 

Heat engines can be classified as the external-combustion type in which 
the working fluid is entirely separated from the fuel-air mixture, heat 
from the products of combustion being transferred through the walls of 
a containing vessel or boiler, and the internal-combustion type in which 
the working fluid consists of the products of combustion of the fuel-air 
mixture itself. 

Table 1-1 shows a classification of the important types of heat engine. 
At the present time the reciprocating internal-combustion engine and 
the steam turbine are by far the most widely used types, with the gas 
turbine in wide use only for propulsion of high-speed aircraft. 

A fundamental advantage of the reciprocating internal-combustion 
engine over power plants of other types is the absence of heat exchangers 
in the working fluid stream, such as the boiler and condenser of a steam 
plant. * The absence of these parts not only leads to mechanical simpli
fication but also eliminates the loss inherent in the process of transfer of 
heat through an exchanger of finite area. 

The reciprocating internal-combustion engine possesses another im
portant fundamental advantage over the steam plant or the gas turbine, 
namely, that all of its parts can work at temperatures well below the 
maximum cyclic temperature. This feature allows very high maximum 

* Gas turbines are also used without heat exchangers but require them for max
imum efficiency. 

1 
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Table 1-1 
Classification of Heat Engines 

Reciprocating Size of 
Class Common Name or Rotary Units * Principal Use 

Ezternal COIIl- steam engine reciprocating S-M locomotives 

bustion steam turbine rotary M-L electric power. 

large marine 

hot-air engine reciprocating S none 

closed-cycle rotary M-L electric power. 

gas turbine marine 

Internal COffi- gasoline engine reciprocating S-M road vehicles, 

bustion small marine, 

small industrial, 

aircraft 
Diesel engine reciprocating S-M roa.d vehicles, in-

dustrial, loco-

motives, marine, 

electric power 
gas engine reciprocating S-M industrial, electric 

power 

gas turbine rotary M-L electric power t air-

craft 
jet engine rotary M-L aircraft 

Status 
(1960) 

obsolescent 

a.ctive 

obsolete 

experimenta.l 

active 

active 

active 

active 

active 

* Size refers to customary usage. There are exceptions. L = "'rge, over 10,000 hp, M = medium, 

1000-10,000 hp, S = small, under 1000 hp. 

cyclic temperatures to be used and makes high cyclic efficiencies possible. 
Under present design limitations these fundamental differences give 

the following advantages to the reciprocating internal-combustion en
gine, as compared with the steam-turbine power plant, when the pos
sibilities of the two types in question have been equally well realized: 

1. Higher maximum efficiency. 
2. Lower ratio of power-plant weight and bulk to maximum output 

(except, possibly, in the case of units of more than about 10,000 hp). 
3. Greater mechanical simplicity. 
4. The cooling system of an internal-combustion engine handles a 

much smaller quantity of heat than the condenser of a steam power 
plant of equal output and is normally operated at higher surface temper
atures. The resulting smaller size of the heat exchanger is a great ad
vantage in vehicles of transportation and in other applications in which 
cooling must be accomplished by atmospheric air. 

These advantages are particularly·· conspicuous m relatively small 
units. 
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On the other hand, practical advantages of the steam-turbine power 
plant over the reciprocating internal-combustion engine are 

1. The steam power plant can use a wider variety of fuels, including 
solid fuels. 

2. More complete freedom from vibration. 
3. The steam turbine is practical in units of very large power (up to 

200,000 hp or more) on a single shaft. 

The advantages of the reciprocating internal-combustion engine are of 
especial importance in the field of land transportation, where small weight 
and bulk of the engine and fuel are always essential factors. In our 
present civilization the number of units and the total rated power of 
internal-combustion engines in use is far greater than that of all other 
prime movers combined. (See Tables 1-2 and 1-3.) Considering the 
great changes in mode of life which the motor vehicle has brought about 
in all industrialized countries, it may safely be said that the importance 
of the reciprocating internal-combustion engine in world economy is 
second to that of no other development of the machine age. 

Although the internal-combustion turbine is not yet fully established 
as a competitor in the field of power generation, except for aircraft, the 
relative mechanical simplicity of this machine makes it very attractive. 
The absence of reciprocating parts gives freedom from vibration com
parable to that of the steam turbine. This type of power plant can be 
made to reject a smaller proportion of the heat of combustion to its 
cooling system than even the reciprocating internal-combustion engine 
-a feature that is particularly attractive in land and air transporta
tion. 

Cooling the blades of a turbine introduces considerable mechanical 
difficulty and some loss in efficiency. For these reasons most present 
and projected designs utilize only very limited cooling of the turbine 
blades, with the result that the turbine inlet temperature is strictly 
limited. Limitation of turbine inlet temperature imposes serious limita
tions on efficiency and on the output which may be obtained from a 
given size unit. Except in aviation, where it is already widely used, it is 
not yet clear where the internal-combustion turbine may fit into the 
field of power development. Its future success as a prime mover will 
depend upon cost, size, weight, efficiency, reliability, life, and fuel cost 
of actual machines as compared with competing types. Although this 
type of machine must be regarded as a potential competitor of the re
ciprocating internal-combustion engine and of the steam power plant, it 
is unlikely that it will ever completely displace either one. 
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Table 1-2 
Estimated Installed Rated Power, United States, 1983 

(1) Road vehicles 
(2) Off-road vehicles 
(3) Diesel-electric power 
(4) Small engines, lawnmowers, etc. 
(5) Small water craft 
(6) Small aircraft 
(7) R.R. locomotives 
Total I.C.E. 

(9) Steam, hydroelectric, nuclear 
(10) Jet aircraft (nonmilitary) 
Total non I.C.E. 

Ratio I.C.E. to other sources 
(U.S. military and naval forces are not included) 

Method of Estimate 
Item No. Units and Estimated Unit Power 

(1) 160 million vehicles at 125 hp 
(2) 2.3 million farms at 100 hp, plus other 

off-road 10% 
(3) 8% of item 9 
(4) 25 million units at 2 hp 
(5) 5 million at 50 hp 
(6) 200,000 airplanes at 200 hp 
(7) 30,000 locomotives at 1200 hp 
(8) 853 vessels at 8000 hp 
(9) from 1984 data 
(10) 2500 aircraft at 10,000 hp 

Millions of hp. 

20,000 
250 

60 
50 

250 
36 

7 
20,693 

700 
25 

-m 
28.7 

Source 

WA 
WA 

est. 
est. 
est. 
SA 
WA 
WA 
WA 
SA 

WA: World Almanac, 1984. SA: Statistical Abstracts, U.S. Dept. of 
Commerce, 1983. Average unit power is estimated. 

Power plants which combine the reciprocating internal-combustion 
engine with a turbine operating on the exhaust gases offer attractive 
possibilities in applications in which high output per unit size and weight 
are of extreme importance. The combination of a reciprocating engine 
with an exhaust-gas turbine driving a supercharger is in wide use. (See 
Chapter 13.) 
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Power Production in the United States, 1982 
Electric power 

Installed capacity (including Diesel) 
1982 output 
Use factor 

760X106 hp 
3 X 1012 hp-hr 
0.45 

(2) Automobiles 

(1) 

No. passenger cars 
1982 output 
Use factor 

144 X 106 
864 X 109 hp-hr 
0.007 

Method of Estilllate 
3X1012 

Use factor = 
760 X 106 X 365 X 24 

= 0.45. 

(2) 160 million vehicles less 10% for trucks = 144 million. From World 
Almanac, average automobile goes 9000 miles per year. Estimate 30 mph 

= 300 hrs at 20 hp = 6000 hp-hr per car. At average rating of 100 hp 
per car, 6000 

Use factor = 
100 X 365 X 12 

= 0.007. 

Road vehicles used about half of U.S. petroleum consumption, or about 
100 billion gallons, in 1982 (WA). 

SYMBOLS 

The algebraic symbols, subscripts, etc. used in this book are listed in 
Appendix 1. As far as possible, these conform with common U.S. prac
tice. Definitions of symbols are also given in the text to the point at 
which they should be entirely familiar to the reader. 

FUNDAMENTAL UNI T S  

The choice of  the so-called fundamental units i s  largely a matter of  con
venience. In most fields of pure science these are three in number, 
namely, length (L), time (t) and either force (F) or mass (M). Through 
Newton's law, Joule's law, etc., all other quantIties can be defined in 
terms of three units. 

Since this book must, of necessity, use the results from many fields of 
scientific endeavor in which different systems of fundamental units 00-
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cur, * it has been found convenient, if not almost necessary, to employ 
a larger number of fundamental dimensions, namely length (L), time (t), 
force (F), mass (M), temperature (6), and quantity of heat (Q). How 
these are used and related appears in the next section. 

Units of Measure 

Throughout this book an attempt has been made to keep all equations 
in such form that any set of consistent units of measure may be em
ployed. For this purpose Newton's law is written 

F = Ma/go (1-1) 

where F is force, M is mass, a is accelerations, and go is a proportionality 
constant whose value depends upon the system of units used. The 
dimensions of go are determined from Newton's law to be 

mass X acceleration mass X length 2 1 
------;----- = = MLt- F-

force force X time2 

Under these conditions go must appear in any equation relating force 
and mass in order that the equation shall be dimensionally homogeneous. 
(The word mass has been used whenever a quantity of material is speci
fied, regardless of the units used to meaSure the quantity.) If the 
technical system of units is employed, that is, the system in which force 
and mass are measured in the same units, go becomes equal in magnitude 
to the standard acceleration of gravity. Thus in the foot, pound-mass, 
pound-force, second system generally used by engineers go = 32. 17 Ibm t 
ft per lbf t sec2• In the foot, slug, pound-force, second system, or in the 
usual cgs system, go is numerically equal to unity. go must not be con
fused with the acceleration of gravity, g, which depends on location and 
is measured in units of length over time squared. In the technical 
system g has a value close to 32. 17 ft per sec2 at any point on the earth's 
surface. 

In problems involving heat and work the dimensional constant J is 
defined as 

w@)JQ (1-2) 
• For example, in American thermodynamic tables the unit of mass is the pound, 

whereas in many tables of density, viscosity, etc, the unit of mass is the slug. 
t From this point on pound mass is written Ibm and pound force, lbf. 
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in which the circle indicates a cyclic process, that is, a process which re
turns the system to its original state. 

w is work done by a system minus the work done on the system, and 
Q is the heat added to the system, minus the heat released by the 

system. 

The dimensions of J are 

units of work force X length 1 ---- = =FLQ-
units of heat units of heat 

and J must appear in any equation relating heat and work in order to 
preserve dimensional homogeneity. * In foot, pound-force, Btu units J 
is 778·ft lbf per Btu. 

Another dimensional constant, R, results from the law of perfect 
gases: 

pV = (M/m)RT 
p = pressure 
V = volume 

M = mass of gas 
m = molecular weight of gas 
T = absolute temperature 

Molecular weight may be considered dimensionless, since it has the 
same value in any system of units. t 

R thus has the dimensions 

pressure X volume 

temperature X mass 

force X length 
------- = FLr1M-1 
temperature X mass 

In the foot, pound-force, pound-mass, degree Rankine (OF + 460) 
system R = 1545 ft Ibf;oR for m Ibm of material. 

GENERAL DEFINITIONS 

In dealing with any technical subject accurate definition of technical 
terms is essential. Whenever technical terms are used about whose 

* For a more complete discussion of this question see refs 1.3 and 1.4. 
t The official definition of molecular weight is 32 times the ratio of the mass of a 

molecule of the gas in question to the mass of a molecule of 02. 
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definitions there may be some doubt, your author has endeavored to state 
the definition to be used. At this point, therefore, it will be well to define 
certain basic terms which appear frequently in the subsequent discussion. 

Basic Types of Reciprocating Engine * 

Spark- Ignition Engine. An engine in which ignition is ordinarily 
caused by an electric spark. 

COlllpression- Ignition Engine. An engine in which ignition 
ordinarily takes place without the assistance of an electric spark or of a 
surface heated by an external source of energy. 

Diesel Engine. The usual commercial form of the compression
ignition engine. 

Carbureted Engine. An engine in which the fuel is introduced to 
the air before the inlet valve has closed. t 

Carburetor Engine. A carbureted engine in which the fuel is 
introduced to the air by means of a carburetor. (Most spark-ignition 
engines are also carburetor engines.) 

Injection Engine. An engine in which the fuel is injected into the 
cylinder after the inlet valve has closed. (All Diesel engines and a few 
spark-ignition engines are this type.) 

Gas Turbines 

In this book the words gas turbine are taken to mean the internal
combustion type of turbine, that is, one in which the products of com
bustion pass through the turbine nozzles and blades. External-com
bustion (closed cycle) gas turbines are not included. 

DEF INIT IONS R ELAT ING TO ENGINE 
PERFOR MANCE 

Efficieney 

In the study of thermodynamics the efficiency of a cyclic process 
(that is, a process which operates on a given aggregation of materials in 

* It is assumed that the reader is familiar with the usual nomenclature of engine 
parts and the usual mechanical arrangements of reciprocating internal-combustion 
engines. If this is not the case, a brief study of one of the many descriptive books on 
the subject should be undertaken before proceeding further. 

t Engines with fuel injected in the inlet ports are thus carbureted engines. 
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such a way as to return it to its original state) is defined as 

7I@w/JQ' 
where 71 = efficiency 

w = useful work done by the process 
J = Joule's law coefficient 

Q' = heat which flows into the system during the process 

(1-3) 

Internal-combustion engines operate by burning fuel in, rather than 
by adding heat to, the working medium, which is never_returned to its 
original state. In this case, therefore, the thermodynamic definition of 
efficiency does not apply. However, it is convenient to use a definition 
of efficiency based on a characteristic quantity of heat relating to the 
fuel. The method of determining this value, which is called the heat of 
combustion of the fuel, is somewhat arbitrary (see Chapter 3) , but it is 
generally accepted in work with heat engines. If the heat of combustion 
per unit mass of fuel is denoted as Qc, the efficiency, 71, of any heat 
engine may be defined by the following expression: 

where P = power 
1/ = P/JM,Qc (1-4) 

M, = mass of fuel supplied per unit time 
Qc = heat of combustion of a unit mass of fuel 

If the power, P, is the brake power, that is, the power measured at the 
output shaft, eq 1-4 defines the brake thermal efficiency. On the other 
hand, if the power is computed from the work done on the pistons, or on 
the blades in the case of a turbine, it is called indicated power, and eq 1-4 
then defines the indicated thermal efficiency. 

The ratio of brake power to indicated power is called mechanical 
efficiency, from which it follows that brake thermal efficiency is equal to 
the product of the indicated thermal and mechanical efficiencies. 

Equation 1-4 is basic to the study of all types of heat engine. Several 
rearrangements of this equation are also important. One of these ex
presses power output: 

(1-5) 
in which M a is the mass of air supplied per unit time and F is the mass 
ratio of fuel to air. Again, the power and efficiency terms may be in
dicated, or the equation may refer to brake power, in which case 71 is the 
brake thermal efficiency. 

Another important arrangement of eq 1-4 is 

M, 1 
sfc = - = - (1-6) 

P JQc71 
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in which if, is the mass of fuel supplied per unit time and sfc is the 
specific fuel consumption, that is, the fuel consumed per unit of work. 
If P is indicated power and T/ is indicated thermal efficiency, sfc is the 
indicated specific fuel consumption and is usually written isfc. On the 
other hand, if P is brake power and T/ is the brake thermal efficiency, sfc 
is the brake specific fuel consumption and is usually written bsfc. 

A third important arrangement of eq 1-4 is 

Ma 1 sfc 
sac = - = -- = -

P JFQcT/ F 
(1-7) 

in which sac is the specific air consumption, or mass of air consumed per 
unit of work. Again, we may use isac to designate indicated specific air 
consumption and bsac to indicate brake specific air consumption. 

In eqs 1-4-1-7 power is expressed in (force X length/time) units. It 
is, of course, more usual to express power in units of horsepower, hp. 
For this purpose we note that hp = P / Kp, in which Kp is the value of 
1 hp expressed in (force X length/time) units. 

By using these definitions, eqs 1-4 and 1-5 may be written 

(1-8) 

and 

(1-9) 

Values for Kp and Kp/J are given in Table 1-4. 

Table 1-4 

United States and British Standard Horsepower 

Force 
Unit 

pound 
pound 
kilogram 
dyne 

Length 
Unit 

foot 
foot 
meter 
centimeter 

Time 
Unit 

sec 
min 
sec 
sec 

550 
33,000 
76.04 * 

76.04 X 109 

Units of 
Kp 

ft 1bf/sec 
ft 1bf/min 
kgf m/sec 
dyne em/sec 

0.707 Btu/sec 
42.4 Btu/min 
0.178 kg cal/sec 
178 caljsec 

* A "metric" horsepower is 75 kgf m/sec = 0.986 X US horsepower. 
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For convenience, expressions 1-4 and 1-5 are given in the United 
States horsepower, pound, second, Btu system of units: 

hp X 0.707 
7J = ----:----

M/Qc 
(1-10) 

hp = 1.414MaFQc7J (1-11) 

Specific fuel consumption and specific air consumption are customarily 
given on an hourly basis; therefore, 

0.707 X 3600 2545 
sfc = = -- lbm/hp-hr 

Qc7J Qc7J 
and, correspondingly, 

sac = 2545/FQc7J lbm/hp-hr 

= sfc/F 

CAPA CITY AND EFFI CIEN CY 

(1-12) 

(1-13) 

A most important measure of the suitability of a prime mover for a 
given duty is that of its capacity, or maximum power output, at the 
speed or speeds at which it will be used. An engine is of no use unless 
its capacity is sufficient for the task on hand. On the other hand, for a 
given maximum output it is desirable to use the smallest size of engine 
consistent with the requirements of rotational speed, durability, re
liability, etc, imposed by any particular application. The size of any 
internal-combustion engine of a given type is greatly influenced by the 
maximum value of M a, the greatest mass of air per unit time that it 
must handle. Equation 1-5 shows that to attain minimum Ma at a 
given power output and with a given fuel conditions should be such that 
the product F7J has the maximum practicable value. In this way bulk, 
weight, and first cost of the engine for a given duty are held to a mini
mum. The conditions under which a maximum value of F7J prevails are 
not usually those that give maximum efficiency; hence to attain the 
highest practicable value of F7J specific fuel consumption may have to be 
high. However, fuel consumption at maximum output is usually un
important because most engines run at maximum output only a small 
fraction of the time. In case an engine is required to run at its maximum 
output for long periods it may be necessary to increase its size so that 
it can operate at maximum efficiency rather than at the maximum value 
of F7J. 
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Expression 1-6 shows that, with a given fuel, specific fuel consumption 
is inversely proportional to efficiency. From this relation it follows that 
wherever it is important to minimize the amount of fuel consumed en
gines should be adjusted to obtain the highest practicable efficiency at 
those loads and speeds used for long periods of time. For example, in 
self-propelled vehicles a high efficiency under cruising, or average road, 
conditions is essential for minimizing fuel loads and fuel costs. 

Indirect Advantages of High Efficiency. In many cases an in
crease in indicated efficiency results in a lowering of exhaust-gas tem
peratures. (See Chapter 4.) Ricardo (refs 1.12, 1.13) was one of the 
first to point out that an improvement in indicated efficiency often re
sults in an improvement in the reliability and durability of a reciprocat
ing engine because many of the troubles and much of the deterioration 
to which such engines are subject are the result of high exhaust tem
peratures. 

It is evident that capacity and efficiency are supremely important in 
any fundamental study of the internal-combustion engine and that they 
are closely related to each other and to other essential qualities. Much 
of the material in subsequent chapters, therefore, is considered with 
eRpecial emphasis on its relation to these two essential quantities. 

THE GENERAL ENERGY EQUAT ION 

In the science of thermodynamics * the following relation applies to 
any system, or aggregation of matter, which goes through a cyclic process, 
that is, a process which returns the system to its original state. 

Wt 

Q§J 
(1-14) 

In this equation Q is the heat t received by the system, minus the heat 
given up by the system, and Wt is the total work done by the system, 
minus the work done on the system during the process. By these 
definitions, Q is positive when more heat flows into the system than leaves 
the system and Wt is positive when more work is done by the system 
than is done on the system. (The circle indicates a cyclic process.) 

* The material covered in this section can be found in several standard textbooks. 
However, it is so fundamental to the remainder of this book that it is considered de
sirable to include a brief presentation here. 

t For definitions of heat, work, process, property, etc, in the thermodynamic sense, 
as well as for a discussion of the philosophic implications of eq 1-14, see refs 1.3, 1.4. 
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When a process is not cyclic, that is, when the system is left in a con
dition after the process which differs from its condition before the 
process, we can write 

(1-15) 
U1 is called the internal energy of the system at the beginning of the 

process, and U2 is the internal energy at the end of the process. 
Each of the terms in eq 1-15 may be divided by the mass of the system. 

Thus this equation is equally valid if we call U the internal energy per 
unit mass, Q the heat transferred per unit mass, and Wt the work per 
unit mass. From this point on these symbols apply to a unit mass of 
material, unless otherwise noted. 

Equation 1-15 is often called the general energy equation, and it may 
be regarded as a definition of internal energy, since a change in this 
property is most conveniently measured by measuring Q and Wt/J. Be
cause the absolute value of internal energy is difficult to define, its value 
above any arbitrary reference point can be determined by measuring 
Q - (Wt/J) for processes starting from the reference point. 

In practice, the difference in internal energy between any two states 
is manifested by a difference in temperature, pressure, chemical aggrega
tion, electric charge, magnetic properties, phase (solid, liquid, or gas), 
kinetic energy, or mechanical potential energy. Potential energy may 
be due to elevation in a gravitational field, a change in elastic state, in 
the case of solids, or a change in surface tension, in the case of liquids. 

In work with internal-combustion engines we are usually dealing with 
fluids under circumstances in which changes in electric charge, magnetic 
properties, and surface tension are negligible. We can usually make 
separate measurements of changes in mechanical potential energy. 
Kinetic energy may be measured separately, or, in the case of gases, as 
we shall see, its measurement may be automatically included because of 
the normal behavior of thermometers. 

Let E be the internal energy per unit mass measured from a given 
reference state with the system at rest, and let it be assumed that 
changes in electrical, magnetic, and surface-tension energy are negligible 
and that there is no change in mechanical potential energy. Under these 
circumstances changes in E are attributable to changes in pressure, 
temperature, phase, and chemical aggregation only. For a unit mass of 
such a system expression 1-15 can be written 

(1-16) 
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in which UI is the velocity of the system at the beginning and U2, the 
velocity at the end of the process. By reference to the definition of Yo 
(see page 6), it is evident that u2 j2yo is the kinetic energy per unit mass. 

Equation 1-16 is the common form of the general energy equation 
used in problems involving fluids, provided no significant changes in 
energy due to gravitational, electrical, magnetic, or surface-tension 
phenomena are involved. It is basic to the thermodynamic analysis of 
engine cycles discussed in the chapters which follow. 
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Fig 1-1. Steady-flow system (dashed lines indicate flexible boundaries). 

Steady-Flow Process. An important application of the general 
energy equation to internal-combustion engines involves the type of 
process in which fluid flows into a set of stationary boundaries at the 
same mass rate at which it leaves them (Fig 1-1) . If the velocities of 
inflow and outflow are constant with respect to time, such a process is 
called a steady-flow process. Let it be assumed that the velocities and 
internal energies are constant across the entrance and exit control cross 
sections, which are denoted by the subscripts 1 and 2, respectively. Let 
us consider a system whose boundaries include a flexible boundary 
around the unit mass of material about to flow through No. 1 control 
section. (See Fig 1-1.) As the entering unit mass flows in, a unit mass 
of material, surrounded by a flexible boundary, flows out of control 
section No. 2. Heat is supplied and released across the boundaries, and 
work crosses the boundaries through a shaft, both at a steady rate. Let 
the external (constant) pressures at the entrance and exit of the system 
be PI and P2, respectively. For the process described, the work, Wt, 



THE GENERAL ENERGY EQUATION 15 

done by the system on its surroundings may be expressed as 

(1-17) 

in which v is volume per unit mass (specific volume) . The quantity 
(P2V2 - PIVI) is the work involved in forcing a unit mass of fluid out of 
and into the system, and w is the shaft work per unit mass. Since 
enthalpy per unit mass, H, is defined as E + (pvjJ), eq 1-15 can be 
written 

(1-18) 

which is the basic equation for steady-flow systems conforming to the 
stated assumptions. 

Stagnation Enthalpy. If we define stagnation enthalpy as 

Ho = H + u2j2goJ 

the application of this definition to eq 1-18 gives 

H02 - HOI = Q - (wjJ) 

(1-19) 

(1-20) 

Consider the case of flow through a heat-insulated passage. Because 
of the insulation the flow is adiabatic (Q = 0) and, since there are no 
moving parts except the gases, no shaft work is done; that is, w = o. 
For this system we may write 

H02 - HOI = 0 (when Q and w = 0) (1-21) 

This expression shows that the stagnation enthalpy is the same at 
any cross section of a flow passage where the flow is uniform and when 
no heat or work crosses the boundaries of the passage. If the passage 
in which flow is taking place is so large at section 2 that U2 is negligible, 
H02 = H2 = HOI. From these relations it is seen that the stagnation 
enthalpy in any stream of gas in steady uniform motion is the enthalpy 
which would result from bringing the stream to rest adiabatically and 
without shaft work. Expression 1-21 also indicates that in the absence 
of heat transfer and shaft work the stagnation enthalpy of a gas stream 
in steady flow is constant. In arriving at this conclusion no assumption 
as to reversibility of the slowing-down process was necessary. It is 
therefore evident that with no heat transfer and no shaft work stagnation 
enthalpy will be constant regardless of friction between the gas and the passage 
walls. 



16 INTRODUCTION, SYMBOLS, UNITS, DEFINITIONS 

APPLICATION OF STEADY-FLOW EQUATION S 
TO ENGINE S  

Let the system consist of an internal-combustion engine with uniform 
steady flow at section 1, where the fuel-air mixture enters, and at section 
2, where the exhaust gases escape. In this case H 02 is the stagnation 
enthalpy per unit mass of exhaust gas and HOI is the stagnation enthalpy 
per unit mass of fuel-air mixture. Q is the heat per unit mass of working 
fluid escaping from the engine cooling system and from direct radiation 
and conduction from all parts between sections 1 and 2. Q will be a 
negative number, since a positive value for Q has been taken as heat 
flowing into the system. w is the shaft work done by the engine per unit 
mass of fuel-air mixture and is a positive quantity unless the engine is 
being driven by an outside source of power, as in friction tests (see 
Chapter 9) . 

By measuring three of the four quantities in eq 1-20, the other can be 
computed. For example, if HOI, H02, and ware measured, the total heat 
loss is obtained. By measuring HOI, Q, and w, the enthalpy of the ex
haust gases can be obtained. 

One difficulty in applying eq 1-20 to reciprocating engines is the fact 
that the velocity at the inlet and the velocity and temperature at the 
exhaust may be far from steady and uniform. In engines with many 
cylinders connected to one inlet manifold and one exhaust manifold the 
fluctuations at the inlet and exhaust openings may not be serious enough 
to prevent reasonably accurate velocity, temperature, and pressure 
measurements. When serious fluctuations in velocity do exist, as in 
single-cylinder engines, the difficulty can be overcome by installing 
surge tanks, that is, tanks of large volume compared to the cylinder 
volume, as shown in Fig 1-2. With this arrangement, if the tanks are 
sufficiently large (at least 50 X cylinder volume) , the conditions at 
sections 1 and 2 will be steady enough for reliable measurement. 

With the arrangement shown in Fig 1-2, the inlet pressure and temper
ature, Pi and Ti, are measured in the inlet tank where velocities are 
negligibly small. Exhaust pressure is measured in the exhaust tank. 
However, temperature measured in the exhaust tank will not ordinarily 
be a reliable measure of the mean engine exhaust temperature for these 
reasons: 

1. There is usually considerable heat loss from the tank because of the 
large difference in temperature between exhaust gases and atmosphere. 

2. The gases may not be thoroughly mixed at the point where the 
thermometer is located. 
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exhaust pipes. 

Methods of measuring exhaust temperature are discussed in ref 1.5. 
One method consists of measuring stagnation temperature at section 2, 
where flow is steady and the gases presumably are well mixed. In this 
case the exhaust tank must be provided with means, such as a water
jacket system, for measuring heat loss between exhaust port and sec
tion 2. If the heat given up by the exhaust tank is measured, the mean 
enthalpy of the gases leaving the exhaust port can be computed from 
eq 1-20, which can be written 

H02 - Ho. = Q. (1-22) 

In this equation H 02 is determined from measurements of pressure 
in the exhaust tank and stagnation temperature at section 2. Q. is the 
heat lost per unit mass from the exhaust tank. H 0., then, is the mean 
stagnation enthalpy of the gases leaving the exhaust port. If the rela
tion between enthalpy and temperature for these gases is known, the 
corresponding mean temperature may be determined. 

FLOW OF FLUIDS THROUGH FIXED PASSAGES 

Ideal flow of fluids through fixed passages, such as orifice meters and 
venturis, is usually based on these assumptions: 

1. Q and ware zero (eq 1-20). 
2. Fluid pressure, temperature, and velocity are uniform across the 

sections where measurements are made. 
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3. Changes in fluid pressures and temperatures are reversible and 
adiabatic. 

4. Gases are perfect gases. 
5. Liquids have constant density. 

The use of these assumptions results in the equations for ideal velocity 
and ideal mass flow given in Appendix 2. These equations are referred 
to frequently in the chapters which follow. 

The actual flow of fluids in real situations is generally handled by the 
use of a flow coefficient e, such that 

£I = eM. (1-23) 

where £Ii is the ideal mass flow computed from the appropriate equation 
in Appendix 2. It is found that under many practical circumstances e 
remains nearly constant for a given shape of flow passage. Thus, if the 
value of e is known for a given shape of flow passage, the actual flow can 
be predicted from eq 1-23. Further discussion of this method of ap
proach to flow problems is given in subsequent chapters. 

FURTHER READING 
Section 1.0 of the bibliography lists references covering the history of the internal

combustion engine. 
Section 1.1 refers to general books on internal-combustion engine theory and 

practice. 
Reference 1.2 covers, briefly, engine balance and vibration. This subject is cov

ered more fully in Vol 2 of this series. 

ILLUSTRATIVE EXAMPLES 

The following examples show how the material in this chapter can be used in 
computations involving power machinery. 

Example I-I. The following measurements have been made on the engine 
shown in Fig 1-2: HOl = 1300 Btu/Ibm, H02 = 500 Btu/Ibm. The heat given 
up to the exhaust-tank jackets is 14,000' Btu/hr. The 'flow of fuel-air mixture 
through section 1 is 280 Ibm/hr. The engine delivers 40 hp. 

Required: Heat lost by the engine and the ratio of heat lost to w/J. 
Solution: From eq 1-18, 

280(500 - 1300) = (-Q - 14,000) - 40 X 2545 

Q = 108,000 Btu/hr 

JQ/lw = 108,000/40 X 2545 = 1.06 

Example 1-2. Let Fig 1-Zrepresent an air compressor rather than an engine. 
The following measurement� are made (pressures are in psia, temperatures in 
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OR): Pi = 14.6, T, = 520, P. = 100, Q = -3000 Btu/hr (lost from compressor), 
lit = 1000 Ibm air/hr. No heat is lost from the discharge tank. Power re
quired is 45 hp. 

Required: The mean temperature in the discharge tank, Te. 
Solution: Assuming air to be a perfect gas with specific heat at constant 

pressure, 0.24 Btu/lbm;oR (from eq 1-22), 

H. - Hi = 0.24(T. - 520) Btll/lbm 

Q = -3000/1000 = -3 Btu/Ibm 
� 

= 45 X 33,000 X 60 = -114 Bt /lb J 778 X 1000 
u m 

From eq 1-18, 

0.24(T. - 520) = (-3) - (-114) = 111 

Te = 982°R 

In the following examples assume liquid petroleum fuel of 19,000 Btujlbm 
whose chemically correct (stoichiometric) ratio, Fe, = 0.067 Ibm/Ibm air. 

Example 1-3. Compute the air flow, fuel flow, specific fuel consumption, and 
specific air consumption for the following power plants: 

(a) 200,000 hp marine steam-turbine plant, oil burning, 11 = 0.20, F = 0.8Fe. 
(b) A 4360 in3, 4-cycle airplane engine at 2500 bhp, 2000 rpm, 11 = 0.30, 

F = Fe. 
(c) An automobile engine, 8 cylinders, 3i-in bore X 3t-in stroke, 212 hp 

at 3600 rpm, 11 = 0.25, F = 1.2Fe. 
(d) Automobile gas turbine, 200 hp, 11 = 0.18, F = 0.25Fe• 

Solution: 
. 2 X 105 X 42.4 . 

(a) From eq 1-4, M, = 
(19,000) (0.20) 

= 2230 Ib/mIll 

. 2230 . 
From eq 1-5, Ma = 

(0.8) (0.067) 
= 41,600 Ib/mIll 

2230 X 60 
From eq 1-6, sfc = 

200 000 
= 0.669 lb/hp-hr 

, 

41,600 X 60 
From eq 1-7, sac = 

200 000 
= 12.48Ib/hp-hr 

, 
. 2500 X 42.4 . (b) M, = 19,000 X 0.30 

= 18.6 Ib/mIll 

. 18.6 . M a = 
1 X 0.067 = 282 Ib/mIll 

18.6 X 60 
sfc = 

2500 
= 0.447 lb/hp-hr 

282 X 60 
sac = 

2500 
= 6.77 lb/hp-hr 
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· 212 X 42.4 . (c) M, = 
19,000 X 0.25 

= 1.89 Ibm/mIn 

· 1.89 . 

M a = 1.2 X 0.067 = 23.5 Ibm/mm 

1.89 X 60 
sfc = 

212 
= 0.535 Ibm/hp-hr 

23.5 X 60 
sac = 

212 
= 6.65 Ibm/hp-hr 

· 200 X 42.4 . (d) M, = 
19,000 X 0.18 

= 2.48 Ibm/mm 

· 2.48 . 
Ma 

= 
0.25 X 0.067 

= 1481bm/mm 

2.48 X 60 
sfc = 

200 
= 0.7441bm/hp-hr 

148 X 60 
sac = 

200 
= 44.4 Ibm/hp-hr 

Example 1-4. Estimate maximum output of a two-stroke model airplane 
engine, 1 cylinder, i-in bore X i-in stroke, 10,000 rpm, TJ = 0.10. Air is sup
plied by the crankcase acting as a supply pump. The crankcase operates with 
a volumetric efficiency of 0.6. One quarter of the fuel-air mixture supplied 
escapes through the exhaust ports during scavenging. The fuel-air ratio is 
1.2Fc• Assume atmospheric density 0.0765 lbm/fts. 

Solution: 
. 11"(0.75)2 0.75 . Ma = 

4 X 144 
X 12 X 10,000 X 0.0765 X 0.6 X 0.75 = 0.064 Ibm/mm 

£I, = 0.064 X 1.2 X 0.067 = 0.00515 Ibm/min (from eq 1-5) 

p 
= 

0.00515 X 19,000 X 0.10 
= 0 231 h 

42.4 
. P 

Example 1-5. Plot curve of air flow required vs efficiency for developing 
100 hp with fuel having a lower heating value of 19,000 Btu/lb and fuel-air 
ratios of 0.6, 0.8, 1.0, and 1.2 of the stoichiometric ratio, Fc, which is 0.067. 
Let FR = F/F •. 

Solution: Use eq 1-9 as follows: 

778 
100 = 

33 000 M a(0.067)FR(19,000)TJ 
, 

£Ia = 3.33/FRTJ Ibm/min 
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Air Flow for 100 hp, IbIll/Illin 

11 0.6 0 . 8 1.0  1.2 

0.20 27.7 20.8 16.6 13.9 
0.30 18.5 13.9 11.1 9.25 
0.40 13.9 10.4 8.33 6.95 
0.50 11.1 8.33 6.65 5.56 
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The actual thermodynamic and chemical processes in internal-com
bustion engines are too complex for complete theoretical analysis. 
Under these circumstances it is useful to imagine a process which re
sembles the real process in question but is simple enough to lend itself 
to easy quantitative treatment. In heat engines the process through 
which a given mass of fluid passes is generally called a cycle. For present 
purposes, therefore, the imaginary process is called an ideal cycle, and an 
engine which might use such a cycle, an ideal engine. The Carnot cycle 
and the Carnot engine, both familiar in thermodynamics, are good ex
amples of this procedure. 

Suppose that the efficiency of an ideal engine is 710 and the indicated 
efficiency of the corresponding real engine is 71. From eq 1-5, we can 
write 

(2-1) 

as an expression for the power of a real engine. The quantity in paren
theses is the power of the corresponding ideal engine. It is evident that 
the power and efficiency of the real engine can be predicted if we can 
predict the air flow, the fuel flow, the value of 710, and the ratio 71/710' 
Even though the ratio 71/710 may be far from unity, if it remains nearly 
constant over the useful range the practical value of the idealized cycle 
is at once apparent. 

22 
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In selecting an idealized process one is always faced with the fact that 
the simpler the assumptions, the easier the analysis, but the farther the 
result from reality. In internal-combustion engines an idealized process 
called the air cycle has been widely used. This cycle has the advantage 
of being based on a few simple assumptions and of lending itself to rapid 
and easy mathematical handling without recourse to thermodynamic 
charts or tables. On the other hand, there is always danger of losing 
sight of its limitations and of trying to employ it beyond its real useful
ness. 

The degree to which the air cycle is of value in predicting trends of 
real cycles will appear as this chapter develops. 

Definitions 

An air cycle is a cyclic process in which the medium is a perfect gas 
having under all circumstances the specific heat and molecular weight of 
air at room temperature. Therefore, for all such cycles molecular weight 
is 29, Cp is 0.24 Btu/Ibm of, and Cv is 0.1715 Btu/Ibm of. 

A cyclic process is one in which the medium is returned to the tem
perature, pressure, and state which obtained at the beginning of the 
process. 

A perfect gas (see Appendix 2) is a gas which has a constant specific 
heat and which follows the equation of state 

where p = unit pressure 
V = volume of gas 
M = mass of gas 

M 
pV = -RT 

m 

m = molecular weight of gas 
R = universal gas constant 
T = absolute temperature 

(2-2) 

Any consistent set of units may be used; for example, if pressure is in 
pounds per square foot, volume is in cubic feet, mass is in pounds, 
molecular weight is dimensionless, temperature is in degrees Rankine 
(OR), that is, degrees Fahrenheit + 460, then R in this system is 1545 ft 
Ibf;oF, for m Ibm of gas. R/m for air using these units has the numerical 
value 53.3. 
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The internal energy of a unit mass of perfect gas measured above a 
base temperature, that is, the temperature at which internal energy is 
taken as zero, may be written 

and the enthalpy per unit mass, 

H = E+pVjJ 

= E+RT/mJ 

where T = actual temperature 
Tb = base temperature 
p = pressure 
V = volume 

(2-3) 

(2-4) 

From these equations it is evident that internal energy and enthalpy 
depend on temperature only. 

Other useful relations for perfect gases are given in Appendix 2. 

Equivalent Air Cycles 

A particular air cycle is usually taken to represent an approximation 
of some real cycle which the user has in mind. Generally speaking, the 
air cycle representing a given real cycle is called the equivalent air cycle. 

The equivalent cycle has, in general, the following characteristics in 
common with the real cycle which it approximates: 

1. A similar sequence of processes. 
2. The same ratio of maximum to minimum volume for reciprocating 

engines or of maximum to minimum pressure for gas turbines. 
3. The same pressure and temperature at a chosen reference point. 
4. An appropriate value of heat added per unit mass of air. 
Constant-VoluIlle Air Cycle. For reciprocating engines using 

spark ignition the equivalent air cycle is usually taken as 
'
the constant

volume air cycle whose pressure-volume diagram is shown in Fig 2-1. 
At the start of the cycle the cylinder contains a mass, M, of air at the 
pressure and volume indicated by point 1. The piston is then moved 
inward by an external force, and the gas is compressed reversibly and 
adiabatically to point 2. Next, heat is added at constant volume to 
increase the pressure to 3. Reversible adiabatic expansion takes place 
to the original volume at point 4, and the medium is then cooled at con
stant volume to its original pressure. 
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Fig 2-1. Constant-volume air cycle: r = 6; PI = 14.7 psia; TI = 540oR; Q' = 1280 
(r - 1) Ir Btu/lbm; Q'ICvTI = 13.8(r - 1) Ir; E = zero at 520°R. 

Figure 2-1 also shows the same cycle plotted on coordinates of internal 
energy vs entropy. The only difference between the two plots is the 
choice of ordinate and abscissa scales. On the p-V plot lines of constant 
entropy and constant internal energy are curved, and the same is true of 
constant pressure and constant volume lines on the E-S plot. Which 
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plot is used is a matter of convenience, but for work with reciprocating 
engines the p-V plot is usually the more convenient. 

Since the process just described is cyclic, eq 1-2 applies, and we may 
write, for the process 1-2-3-4-1, 

Q = (w/J) (2-5) 

In this cycle it is assumed that velocities are zero, and for any part of 
the process, therefore, eq 1-16 can be written 

IlE = Q - w/J (2-6) 

where IlE is the internal energy at the end of the process, minus the 
internal energy at the beginning of the process, and Q is the algebraic 
sum of the quantities of heat which cross the boundary of the system 
during the process. Heat which flows into the system is taken as 
positive, whereas heat flowing out is considered a negative quantity. 
w is the algebraic sum of the work done by the system on the outside 
surroundings and the work done on the system during the process. 
Work done on the system is considered a negative quantity. If we take 
as the system a unit mass of air, the cycle just described can be tabulated 
as shown in Table 2-1. 

Table 2-1 
For Unit Mass of Air 

Process 
(See Fig 2-1) Q w/J IlE 118 

1-2 0 -(E2 - E1) E2 - El 0 
2-3 E3 - E2 0 E3 - E2 83 - 82 
3-4 0 -(E4 - E3) E4 - Ea 0 
4-1 E1 - E4 0 El - E4 81 - 84 

Complete cycle 
(by summation) E1-E2+E3-E4 E1-E2+E3-E4 0 0 

Since IlE = Mev IlT, where IlT is the final temperature minus the 
initial temperature, it follows that the work of the cycle can be expressed 
as 

(2-7) 

For air cycles the efficiency 'Y/ is defined as the ratio of the work of the 
cycle to the heat flowing into the system during the process which cor-
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responds to combustion in the actual cycle. In this case process 2-3 
corresponds to combustion and 

'1J = (2-8) 

The foregoing expression shows that the efficiency of this cycle is equal 
to the efficiency of a Carnot cycle operating between T2 and TI or be
tween T3 and T4• 

The compression ratio r is defined by the relation 

(2-9) 

From Appendix 2, for a reversible adiabatic process in a perfect gas, 
p Vk is constant, and it follows from eq 2-8 that 

(l)k-I 
'1J = 1 - -

r 
(2-10) 

Since k is constant, this expression shows that the efficiency of this cycle 
is a function of compression ratio only (and is therefore independent of 
the amount of heat added, of the initial pressure, and of the initial 
volume or temperature). 

Mean Effective Pressure. Although the efficiency of the cycle 
depends only on r, the pressures, temperatures, and the work of the cycle 
depend on the values assumed for pI, TI, and Q2-3 as well as on the com
pression ratio. A quantity of especial interest in connection with re
ciprocating engines is the work done on the piston divided by the dis
placement volume VI - V 2. This quantity has the dimensions of pres
sure and is equal to that constant pressure which, if exerted on the piston 
for the whole outward stroke, would yield work equal to the work of the 
cycle. It is called the mean effective pressure, abbreviated mep. 

From the foregoing definitions 

(2-11) 
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From eqs 2-2 and 2-9 eq 2-11 becomes ( P1m ) JQ2-3MRT; 
mep = 'T/ 

1 
1 --

r 

(2-12) 

From this point on, Q2-3/ M, the heat added between points 2 and 3 
per unit mass of gas, is designated by the symbol Q'. 
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Fig 2-2. Characteristics of constant-volume air cycles: r= VI/V2; p=absolute 
pressure; T = absolute temperature; Cv=specific heat at constant volume; Q' = 
heat added between points 2 and 3; mep = mean effective pressure. 
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Dimensionless Representation of the Air Cycle 

By substituting eqs 2-2 and 2-10 in eq 2-11 and rearranging, 

mep Q' [ (l)k-I]/ ( 1) 
- = - 1 - - (k - 1) 1 - -

PI T1Cv r r 
(2-13) 

which shows that for constant-volume cycles using a perfect gas the 
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dimensionless ratio mep/PI is 
dependent only on the values 
chosen for Q', Tl, Cv, k, and r. 
With the values of k and C v 
fixed, it is easy to show by a 
similar method that not only 
mep/PI but also all the ratios of 
corresponding pressures and tem
peratures, such as P2/PI, P3/Pl, 
T2/ T1, are determined when 
values are assigned to the two 
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that one of these quantities, r, 
determines the dimensionless 
ratio called efficiency. Thus, by 
using the ratios mep/PI and 
Q' / TIC v in place of the separate 
variables from which they are 
formed, it is possible to plot the 
characteristics of a wide range 
of constant-volume air cycles in 
a relatively small space, as illus-
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Illustrative Examples at the end 0
4 6 8 10 r 12 14 16 18 20 of this chapter. 

Fig 2-2. (Continued) Choice of Q'. To be useful 
as a basis of prediction of the 

behavior of real cycles, the quantity Q' must be chosen to correspond 
as closely as possible with the real cycle in question. 

A useful method of evaluating Q' is to take it as equal to the heat of 
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combustion (see Chapter 3) of the fuel in the corresponding real cycle, 
the charge being defined as the total mass of material in the cylinder 
when combustion takes place. Thus we may take 

M Q' = FQe_a 
Me (2-14) 

where F is the ratio of fuel supplied to air supplied for the real engine, 
Qe is the heat of combustion of the fuel per unit mass, and M a and Me 
are, respectively, the mass of fresh air supplied to the cylinder for one 
cycle and the total mass in the cylinder at the time of combustion. 

At the chemically correct (stoichiometric) fuel-air ratio with a petro
leum fuel the value of FQe is nearly 1280 Btu/lb air. It is often as
sumed that in an ideal four-stroke engine the fresh air taken in is enough 
to fill the piston displacement (VI - V2) at temperature TI, and the 
residual gases, that is, the gases left from the previous cycle, fill the 
clearance space (V2) and have the same density. In this case Ma/Me = 
(r -l)/r. Therefore the special value Q' = 1280(r - l)/r Btu/lb air 
is plotted in Fig 2-2. More realistic values for the ratio M a/ M e are dis
cussed in subsequent chapters. (See especially Chapters 4 and 5.) 

Limited-Pressure Cycle. An important characteristic of real cycles 
is the ratio of mep to the maximum pressure, since mep measures the 
useful pressure on the piston and the maximum pressure represents the 
pressure which chiefly affects the strength required of the engine struc
ture. In the constant-volume cycle Fig 2-2 shows that the ratio 
(mep/P3) falls rapidly as compression ratio increases, which means that 
for a given mep the maximum pressure rises rapidly as compression 
ratio goes up. For example, for 100 mep and Q' /e vT I = 12 the max
imum pressure at r = 5 is 100/0.25 = 400, whereas at r = 10 it is 
100/0.135 = 742 psia. Real cycles follow this same trend, and it be
comes a practical necessity to limit the maximum pressure when high 
compression ratios are used, as in Diesel engines. 

Originally, Diesel engines were intended to operate on a constant
pressure cycle, that is, on a cycle in which all heat was added at the 
pressure P2. However, this method of operation is difficult to achieve 
and gives low efficiencies. An air cycle constructed to correspond to the 
cycle used in modern Diesel engines is called a limited-pressure cycle, or 
sometimes a mixed cycle, since heat is added both at constant volume 
and at constant pressure. 

The limited-pressure cycle is similar to the constant-volume cycle, 
except that the addition of heat at constant volume is carried only far 
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enough to reach a certain predetermined pressure limit. If more heat is 
then added, it is added at constant pressure. Figure 2-3 shows such a 
cycle. 
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Based on eqs 1-2, 1-16, and 1-18, the following tabulation may be con
structed for this cycle: 

Table 2-2 

Process For Unit Mass of Air 
(See 

Fig 2-3) Q wiJ !1E 

1-2 0 -(E2 - E1) E2 - El 
2-3 E3 - E2 0 E3 - E2 
3-3a H3a - H3 Pa 

J (V3a - V3) E3a - E3 
3a-4 0 -(E4 - E3a) E4 - E3a 
4-1 El - E4 0 El - E4 

Complete E3 - E2 Ea - E2 
cycle +H3a - Ha +H3a - Ha 0 

+El - E4 +El - E4 

The symbol H denotes the enthalpy per unit mass, E + p VI J. For 
a perfect gas at constant pressure, !1H = Cp !1T. The process 2-3-3a 

corresponds to the combustion process. From these considerations, and 
from Table 2-2, the following relations may be derived for the limited
pressure cycle: 

I Q2-3a 
Q = �- = Cv(T3 - T2) + Cp(T3a - T3) 

M 

w 1\-1\ 
'TJ = -- = 1 -----------

JQ2_3a (T3 - T2) + k(T3a - T3) 

From the perfect-gas relations given in Appendix 2 the above relation 
can be written 

'TJ = 
(l)k-l [ ex(3

k 
- 1 J 1 - � (ex _ 1) + kex «(3 - 1) 

where ex = P31 P2 
(3 = V3alV3 

(2-15) 

The constant-volume and the constant-pressure cycles can be con
sidered as special cases of the mixed cycle in which (3 = 1 and ex = 1, 
respectively. Combustion in an actual engine is never wholly at con
stant volume nor wholly at constant pressure, some engines tending 
toward one extreme and some toward the other. 
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Figure 2-3 shows a constant-volume and a constant-pressure cycle, 
compared with a limited-pressure cycle. In a series of air cycles with 
varying pressure limit, at a given compression ratio and the same Q', 
the constant-volume cycle has the highest efficiency and the constant
pressure cycle the lowest efficiency. This fact may be observed from 
expression 2-15. For the constant-volume cycle, the expression in 
brackets is equal to unity. For any other case, it is greater than one. 
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Fig 2-4. Efficiency of constant-volume, limited-pressure, and constant-pressure air 
cycles: a = constant-volume cycles; b = limited-pressure cycles; PS/Pl = 100; c = 
limited-pressure cycles; Pa/Pl = 68; d = limited-pressure cycles; PS/Pl = 34; e = 
constant-pressure cycles. For all cycles Q' = 1280 (r - 1) /T Btu/Ibm air. 

Figure 2-4 gives a comparison of the efficiencies of the constant
volume, limited-pressure, and constant-pressure cycles at various com
pression ratios for the same value of Q' (r - 1) Ir, for the same pressure 
and temperature at point 1, and for three values of P3/Pl for the limited
pressure cycle. It is interesting to note that efficiency is little affected 
by compression ratio above r = 8 for the limited-pressure cycle. 

The ratio mep/P3 for limited-pressure cycles with various pressure 
limits is given in Fig 2-5. It is evident that a considerable increase in 
this ratio, as compared to that of the constant-volume cycle, is achieved 
by the limited-pressure cycle at high compression ratios. 

Gas-Turbine Air Cycle. Many cycles have been proposed for the 
gas turbine but nearly all are variations or combinations of what may 
be called the elementary gas-turbine air cycle shown in Fig 2-6. Air is 
compressed reversibly and adiabatically from 1 to 2; heat is added at 
constant pressure from 2 to 3; expansion from 3 to 4, the original pres-



34 AIR CYCLES 

0.7 

0.6 

0.5 

.,0.4 
.e: Q. ... 
E 

0.3 

0.2 

0.1 

d 

r\ 

'\ 
\ 

, 

\ 
� '\. 

� 
� 

c � 
V � 

\ b 

"" 
"-

r-..... +-. a 
r-- r---

6 8 10 12 14 16 18 20 22 
r 

Fig 2-5. Ratio of mep to maximum pressure for the cycles of Fig 2-4: a = constant· 
volume cycles; b = limited-pressure cycles; P3/PI = 100; c = limited-pressure cycles; 

P3/PI = 68; d = limited-pressure cycles; P3/PI = 34; e = constant-pressure cycles. 

100 

.,so 
'iii 
"::60 
e! 
iil40 
Xl 
Q: 20 

900"R 
2 

i\ 
"\ 

2232"R 
3 

I� ,,= 0.40 
......... r--.... 

......... , F:::: I-- -
1 520"R 4-133soR 

8 10 12 14 16 18 20 22 24 26 28 30 32 34 36 38 
Volume, ft3 
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sure, is reversible and adiabatic; and heat is rejected at constant pressure 
from 4 to 1. By a procedure similar to that given for the constant
volume cycle, it can be shown that eq 2-10 holds for this cycle also, pro
vided r is defined as V dV 2. However, in the case of gas turbines it is 
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convenient to speak of the pressure ratio, P2/Pl, rather than the com
pression ratio, V t/V 2. It can easily be shown that for the gas-turbine 
cycle shown in Fig 2-6 

." = 
1 

- C:Yk-ll/k 

(2-16) 

where rp is equal to P2/Pl' 
Gas turbines are generally run with maximum fuel-air ratios about t of 

the chemically correct ratio. Hence the cycle illustrated in Fig 2-6 has 
been computed with Q' = 

1..2'l0 
= 

320 Btu/lb air. There is nothing in 
a turbine corresponding to the clearance space in a cylinder. Con
sequently, Ma/Mc in eq 2-14 is taken as unity. 

The gas turbine is a steady-flow machine, and its size is governed 
chiefly by the volume of air, at inlet conditions, which it is required to 
handle in a unit time. For a given power output the volume per unit 
time will be proportional to work per unit time divided by the product 
(mass of air per unit time by specific volume of inlet air). For the cycle 
of Fig 2-6, this ratio is w/V1. Tpis quantity has the dimensions of pres
sure, and it is that pressure which, multiplied by the inlet-air volume per 
unit time, would give the power delivered by the gas-turbine unit. Its 
significance is parallel to that of mean effective pressure in the case of 
reciprocating engines. 

In the gas turbine a simple air cycle, such as the one described, shows 
the upper limit of possible efficiency. However, it does not predict 
trends in real gas-turbine efficiencies very well, even when compressor, 
turbine, and combustion-chamber efficiencies are assumed to be constant. 
On the other hand, trends in real gas-turbine performance can be pre
dicted by a modified air-cycle analysis. (See ref 2.4.) 

CODlparison of Efficiencies of Air Cycles and Real Cycles 

Figure 2-7 compares indicated efficiencies of a carbureted spark-ig
nition engine with the efficiencies of corresponding air cycles. This 
figure is typical for spark-ignition engines and shows that for this type 
of engine the air cycle gives a reasonably good prediction of the trends 
of efficiency vs compression ratio. On the other hand, the air cycle pro
vides no indication of the observed effects of varying the fuel-air ratio in 
real cycles. 

In Diesel engines compression ratios are held in the range 14-20, 
where the limited-pressure air cycle shows little change in efficiency (see 
Fig 2-4). Figure 2-8 compares Diesel-engine efficiencies with those of 
equivalent air cycles over the useful range of fuel-air ratios at r = 16. 
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Figure 2-8 shows that the best efficiency of Diesel engines varies from 
75 to 85% of the limited-pressure air-cycle efficiency, the ratio increasing 
as fuel-air ratio decreases. Here, again, a theoretical cycle which would 
more closely approximate the real cycle would be desirable. 

ILLUSTRATIVE EXAMPLES 

Example 2-1. Using Fig 2-2, find the efficiency, imep, pressures, and 
temperatures of a constant-volume air cycle with initial pressure 20 psia, 
initial temperature 600oR, compression ratio 10 and Q' = 1280 Btu/lb air. 

Solution: 

From Fig 2-2, 

TJ = 0.603, 

, 1280 
Q /CvTI = 

0.1715 X 600 
= 12.43 

mep 
= 21 

PI ' mep = 21 X 20 = 420 

P2 = 25 X 20 = 500, 

P4 = 6.5 X 20 = 700, 

Ts = 15 X 600 = 9000, 

Ps = 150 X 20 = 3000 

T2= 2.55 X 600 = 1530 

T4=6 X 600 = 3600 

Pressures are in pounds per square inch and temperatures in degrees Rankine. 
More accurate values for the above quantities may be computed from the 
perfect-gas laws and the relations listed in Table 2-1. 

Example 2-2. The sketch shows a thermodynamic process from initial state 
1 to final state 2. 

Assume V2 = 4VI, a perfect gas. Write an expression for P2 and T2 as a 
function of PI, VI, Q, W, C., J, R, and m 
where Q = heat added per unit mass between 1 and 2 

W = work done per unit mass between 1 and 2 

Solution: For It unit mass, 
W 

E2 - EI = Q - J 
W 

1 CvT2 - C,.TI = Q - J 
TI = PIVIm 

R 
t � p 

C.T2 _ C. PIVIm 
= Q 

_ � 
R .J 

T2 = 
Q - (w/J) + P1Vlm 

Cv R 

P' = RT2 
= 

RT2 = � [Q - (W/J) ] + � 
- mV2 4mVI 4mVI C. 4 

v-
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Example 2-3. The Lenoir air cycle consists of the following processes: 
1-2 heating at constant volume 
2-3 isentropic expansion 
3-1 cooling at constant pressure 
Required: Derive an expression for the efficiency of such a cycle in terms of 

k, TI, T2, and Ta, assuming a perfect gas with constant specific heat. 
Solution: 

Work -y- = Q2-I - Qa-I = M[C.(T2 - TI) - Cp(Ta - TI)] 

2 
Heat supplied = Q2-I = MCv(T2 - TI) P�3 

v 

Example 2-4. Plot a curve of imep and efficiency for constant-volume air 
cycles in which PI varies from 1 to 6 atm, r = 8. Q' = 1000 Btu/Ibm, TI = 

600°R. 
Solution: Figure 2-2 shows that efficiency is constant at 7J = 0.57, and at 

Q'CVTI = 1000/0.171 X 600 = 9.75, mep/PI 16. 

mep mep, 

PI PI psi 

14.7 16 235 
14.7 X 2 16 470 
14.7 X 3 16 705 
14.7 X 4 16 930 
14.7 X 5 16 1175 
14.7 X 6 16 1410 

Example 2-5. Compute the imep and efficiency of a limited-pressure air 
cycle for the following conditions: 

PI = 14.7, TI = 600oR, Pmax = 1000 psia 

r = 16, Q' = 1000 Btu/Ibm 

Solution: From Appendix 2, eq A-5, 

P2 = 14.7 X (16)1.4 = 715 psia, and a = Pa/P2 = 1.4 

From eq A-6, 

Ta = 1820 X 1000/715 = 2540 
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From relations leading to eq 2-15, 
Q' = 1000 = 0.171(2540 - 1820) + 0.24(T3a - 2540) 

V 3alV 3 = ffi% = 2.43 = {3 
From eq 2-15, ( 1 )0.4[ 1.4 X 2.431•4 - 1 ] 

." 
= 1 - 16 (0.4) + 1.4 X 1.4(1.43) = 0.60 

wlJ = 1000 X 0.60 = 600 Btu 

V = 
MRT = 1544 X 600 

= 15 ft3 1 
mp 29 X 14.7 X 144 

and, from eq 2-11, 
778 600 . mep = 144 X 15(1 _ -fi) = 230 pSI 



 

Thermodynamics 
of 

Actual 
Working 

Fluids 
----three 

Before studying internal-combustion engine cycles with their actual 

working fluids, it is necessary to consider the thermodynamic properties 
of these fluids. Since the process of combustion changes the properties 

of all working fluids to an appreciable extent, it is necessary to consider 
separately the thermodynamic properties before and after combustion. 

THE WORKING FLUID BEFORE COMBUSTION 

At the start of compression atmospheric air constitutes the major 
portion of the working fluid in all internal-combustion engines. In gas 
turbines atmospheric air alone is the medium throughout the compres

sion process. In reciprocating engines, at the beginning of the inlet 
stroke, the cylinder always contains a certain fraction of residual gas, 

that is, gas left over from the previous cycle. If the fuel is supplied by a 

carburetor or its equivalent, the air also contains fuel which may be in 
gaseous or liquid form or partly in each of these phases. In Diesel and 

in some spark-ignition engines the fuel, either gaseous or liquid, is intro
duced during the compression process. Many different fuels and many 

different ratios of fuel to air may be used in each engine type. From 
these considerations it is evident that complete presentation of the 

40 



COMPOSITION OF THE ATMOSPHERE 41 

thermodynamic characteristics of all the media used in internal-combus
tion engines would be a formidable task. 

Fortunately, the problem can be reduced to manageable proportions 
by confining our consideration to air and the more usual types of fuel 
and by using certain assumptions which simplify the procedure without 
introducing serious numerical errors. 

CO MPOSIT ION OF TH E AT MOSPH ERE 

Dry atmospheric air consists of 23% oxygen and 76% nitrogen by 
weight, plus small amounts of CO2 and "rare" gases, principal among 

-20 

II' 
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Fig 3-1. Moisture content of air. (Welsh, ref 12.189) 

which is argon. By volume, these percentages are 21% O2, 78% N 2 
and, 1% other gases. For thermodynamic purposes the other gases are 
taken to be the equivalent of an equal amount of nitrogen. The molec
ular weight of dry air is 28.85, or 29 within the limits of accuracy of 
most computations. 
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In addition to the above ingredients, atmospheric air contains water 
vapor in percentages varying with temperature and the degree of satura
tion. The latter varies with time and place from near zero to near 100%. 
In addition to evaporated water, air may contain a considerable amount 
of water suspended in the form of droplets. Figure 3-1 shows limits of 
moisture and droplet content, and Fig 3-2 shows the influence of water 
vapor on thermodynamic properties. 
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Fig 3-2. Effect of humidity on properties of air: R = universal Rim in eq 2-2; Cv = 
specific heat at constant volume; Cp = specific heat at constant pressure; k = ratio of 
specific heats; K = thermal conductivity. 

TH ER MODYNA MIC PROP ERTI ES OF DRY A IR 

The thermodynamic properties of air are presented in very complete 
and accurate form in the literature. (See refs 3.2-.) 

Chart C-1 (folded inside back cover) gives thermodynamic properties 
of dry air up to 2500°R. (As is explained later, the auxiliary scales on 
either side of this chart can be used to obtain the thermodynamic char
acteristics of mixtures of gaseous octene and air, of their products of 
combustion, and of air containing water vapor.) 

The mass base of C-l is 1 lb mole of gas. * 
The thermodynamic base assigns zero internal energy to dry air at 

5600R (lOO°F). 

* A mole is a mass proportional to molecular weight. If the pound is taken as the 
unit of mass, a mole of hydrogen is 21b, a mole of oxygen 32 lb, etc. Moles have the 
same volume at a given temperature and pressure. The pound mole is 408 cu ft at 
100°F, 14.7 psia. 1 mole of air is 28.85 Ibm, but 29 is used in the text and examples 
as being within the limits of accuracy required. 
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The symbols used in C-l are defined as follows: 

p = pressure, psia 
T = temperature, OR 

yo = volume of 1 lb mole, ft3 (see footnote *) 
C" = specific heat at constant volume, Btu/Ibm OR 
m = molecular weight 

EO = m fT C" dT = internal energy above 560oR, Btu/lb mole J560 
HO = EO + p Y°!J = enthalpy, Btu/lb mole 
So = entropy, Btu/lb mole;oR 
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Fig 3.3. Heat capacity, mCpa of gases above 60°F: m = molecular weight; Cpa = 

average specific heat at constant pressure; Btu/Ibm OR between 5200R and abscissa 
temperature. (Hershey, Eberhardt, and Hottel, ref 3.43) 

For dry air EO and HO are read along the lines where FR, the relative 
fuel-air ratio, and I, the residual-gas fraction, are both zero. 

The use of the base of zero internal energy at 5600R gives enthalpy 
zero at 397°R for pure dry air. Methods used in computing C-l are 
fully explained in ref 3.20. 

• Quantities based on 1 lb mole carry the superscript 0, 



44 THERMODYNAMICS OF ACTUAL WORKING FLUIDS 

The values of energy, enthalpy, and entropy are computed for zero 
pressure, but the assumption that they hold good over the range en
countered in work with internal-combustion engines involves no serious 
error.t 

Illustrative Examples at the end of this chapter show the method of 
using C-l to find the thermodynamic properties of dry air. 

Figure 3-3 provides data on the specific heat of dry air and the other 
gases of interest as a function of temperature. These data, corrected to 
the latest values wherever necessary, were used to construct the thermo
dynamic charts presented in this chapter. Chart C-l may also be used 
for moist air, as will appear in subsequent discussion. 

TH ER MODYNA M IC PROP ERT I ES OF FU ELS 

The commonest fuels for internal-combustion engines are of petroleum 
origin and consist of mixtures of many different hydrocarbons. The 
exact composition of such fuels is variable and not accurately known in 
most cases. However, for most purposes, the thermodynamic char
acteristics of a petroleum fuel can be satisfactorily represented by those 
of a single hydrocarbon having approximately the same molecular weight 
and the same hydrogen-carbon ratio. Thus, for thermodynamic calcula
tions, CgH16 (octene) may be taken as representing gasoline. In prac
tice, fuels are used both in their gaseous and liquid states, so that their 
properties in each of these states must be considered. 

Sensible Properties of Fuels. When fuels are used in association 
with air the possibility of releasing energy by chemical reaction is always 
present. The energy of such reactions is usually thought of as belonging 
to the fuel, and the thermodynamic properties of fuels are usually taken 
to include the possible contributions of such reactions. 

However, in dealing with the processes of mixing fuel with air and of 
compressing fuel-air mixtures it has been found convenient to exclude 
questions of chemical reaction by basing the thermodynamic properties 
on the composition of the fuel before reaction. The base used here for 
this purpose assigns zero internal energy to fuel in gaseous form in its 
unburned state at 560°R. Properties computed on this basis are called 
sensible properties in order to distinguish them from properties computed 
from a base which takes chemical reaction into account. Sensible 
properties are designated by the subscript s, except for the properties 
on a mole basis given by C-l, all of which are sensible. 

t Corrections for pressure are given in ref 3.20. 
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Using the base defined, the sensible enthalpy and internal energy of a 
unit mass of fuel are given by the following relations: 

For gaseous fuels, 

For liquid fuels, 

T 
Esl = 1 GvdT 

560 

(EsI)1 = Esl + El 

(HsI)1 = Hal + HI 
In the foregoing equations 

Gv = specific heat of the gaseous fuel at constant volume 
Eal = sensible internal energy per unit mass of gaseous fuel 
Hal = sensible enthalpy per unit mass of gaseous fuel 

(3-1) 

(3-2) 

(3-3) 

(3-4) 

El = internal energy of a unit mass of liquid fuel minus its internal 
energy in the gaseous state 

HI = enthalpy of a unit mass of liquid fuel 

Figure 3-4 gives values of Hal for liquid and gaseous octene at various 
temperatures. Table 3-1 lists values for other fuels. 
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Fig 3-4. Sensible enthalpy of octene above 100°F. (Hottel et al., ref 3.20) 



Table 

Properties of Fuels used in 

A. LIQUID FUELS-Pure Compound. 

Liquid Fuel Fuel Vapor 

Name Chemical Specific HI. Formula C80�t Qc' Qc Cp at mf Gravity at (high) (low) 60°F k (60°F) 77°F 
--- ---- --- --- --- --- ---- ----

Normal Pentane C,H!. 72 
N arma} Hexane CoH" 86 
Normal Heptane C7H16 100 
Normal Octane C.Hla 114 
Iso-Octane CaHla 114 
N armal Decane CloH" 142 
Normal Dodecane Cl2H20 170 
Octene CaH!o 112 
Benzene C,Ho 78 
Methyl Alcohol CH.OH 32 
Ethyl Alcohol C2H,OH 46 

B. LIQUID FUELS-Typical Mixtures 

Gasoline 
Gasoline 
Ker:osene 
Light Die .. l Oil 
Med. Diesel Oil 
Heavy Diesel Oil 

C. SOLID FUELS 

C to C02 
C to CO 

CaHn 
-

-

Cl2H20 
C13H .. 
CI,Hao 

C 
C 

113 
126+ 154+ 170 
184 
198 

12 12 

D. GASEOUS FUELS-Pure Compounds 

Name Chemical 
Formula mf 

Hydrogen H2 2 
Methane CH. 16 
Ethane C2H. 30 
Propane CaH. 44 
Butane C.HIO 58 
Acetylene C2H2 26 
Carbon Monoxide CO 28 
Air - 29 

E. GASEOUS FUELS-Typical Mixtures 

0.631 0.664 
0.688 0.707 
0.709, 0.734 
0.753 

-

0.884 0.796 
0.794 

0.702 0.739 0.825 0.876 0.920 0.960 

!!... 
Pa 

0.069 0.552 1.03 
1.52 2.00 
0.897 0.996 1.00 

--157 0.557 -157 0.536 -157 0.525 -156 0.526 -141 0.515 -155 0.523 -154 0.521 -145 0.525 -186 0.411 -474 -361 

-150 0.50 -142 0.48 -125 0.46 -115 0.45 -105 0.43 -100 0.42 

21,070 19,500 20,770 19,240 20,670 19,160 20,590 19,100 
20,570 19,080 20,450 19,000 20,420 18,980 

- 19,035 17,990 17,270 9,760 8,580 12,780 11,550 

20,460 19,020 20,260 18,900 19,750 18,510 19,240 18,250 19,110 18,000 18,830 17,790 

14,520 14,520 
4,340 4,340 

Fuel Alone 

Cp Qc' 
a (high) 

3.41 61,045 0.526 23,861 0.409 22,304 0.388 21,646 0.397 21,293 0.383 20,880 0.25 4,345 0.24 -

Fuel Alone 

0.397 1.07 0.398 1.06 0.399 1.05 0.400 1.05 0.400 1.05 0.400 1.04 0.400+ 0.400 1.03 
1.05+ 0.277 
U�+ 0.41 

0.46 1.13 

.. ... 0 � IS. 0. 0. 
.. '" 

..,. :3 .:; 

Qc k (low) 

51,608 1.41 21,480 1.31 20,400 1.20 19,916 1.13 19,643 1.11 20,770 1.26 4,345 1.404 
- 1. 40 

Name Composition by Volume !!L 
CO2 CO C2Ho 

--- --- ---

Blast Furnace Gas 11.5 27.5 -

Blue Water Gas 5.4 37.0 -

Carbo Water Gas 3.0 34.0 -

Coal Gas 3.0 10.9 -

Coke-Oven Gas 2.2 6.3 -

Natural Gas - - 15.8 
Producer Gas 4.5 27.0 -

Sources 
(a) Maxwell, 3.33 �b) �:li��:'dd Taylor, 1.10 
x Estimated on basis of zero volume for carbon 
(c) Handbook of Physics and Chemistry, p 1732 
(d) Marko Handbook, McGraw-Hill 5 ed. p 364 
(e) Marks Handbook. McGraw-Hill 5 ed. p 820 
(f) Int Critical Tables, McGraw Hill 1929 
(g) Hottel et aI., 3.20 

C2H, 
--

-

-

6.1 1.5 3.5 
-

-

m, 
H2 CH, N2 02 C.Ha C,H. Pa 

-- -- -- -- -- -- -- --

1.0 - 60.0 - - - 29.6 1.02 47.3 1.3 8.3 0.7 - - 16.4 0.57 40.5 10.2 2.9 0.5 - 2.8 18.3 0.63 54.5 24.2 4.4 0.2 - 1.3 12.1 0.42 46.5 32.1 8.1 0.8 - 0.5 13.7 0.44 
- 83.4 0.8 - - - 18.3 0.61 14.0 3.0 50.9 0.6 - - 24.7 0.86 

Symbol, 
mJ molecular weight fuel 
H LG enthalpy of liquid above vapor at 60°F, Btu/Ibm 
C p specific heat at constant pressure, Btu/Ibm OR 
Qc' higher heat of combustion, Btu/Ibm 
Q. lower heat of combustion, Btu/Ibm 
k ratio of specific heats 
mm molecular weight of stoichiometric mixture 
Fe stoichiometric fuel-air ratio 

46 



3-1 
Internal-CoDlbustion Engine 

Chemically Correct Mixture Vapor and Air 

C a 1 Source ...... F. Tm (60fF) k VT F"Q. 
I+F. (�) Q. of Data 

--- --- --- --- --- --- ---
30.1 0.0657 1.05 0.25 1.360 47.3 1260 0.975 95.4 (a) 
30.1 0.0658 1.05 0.25 1.357 47.3 1265 0.976 94.5 (a) 
30.2 0.0660 1.06 0.25 1.365 47.2 1265 0.980 94.7 (a) 
30.3 0.0665 1.06 0.25 1.355 47.2 1270 0.983 95.5 (a) 
30.3 0.0665 1.06 0.25 1.355 47.2 1268 0.983 95.4 (a) 
30.4 0.0668 1.06 0.25 1.353 47.1 1270 0.984 95.6 (a) 
30.5 0.0672 1.06 0.25 1.350 47.0 1275 0.985 96.0 (a) 
30.0 0.0678 1.05 0.25 1.355 47.2 1290 0.983 97.5 (0 
30.4 0.0755 1.01 0.248 1.350 47.5 1285 0.974 95.7 (a) 
29.4 0.155 1.06 0.245 1.380 47.7 1410 0.876 94.5 (b) 
30.2 O.lll 1.06 0.262 1.340 46.9 1320 0.936 94.7 (b) 

30.3 0.0670 1.06 

i � 
1275 0.984 95.6 (b) 

30.3 0.0668 1.06 

; 
1265 0.987 94.8 (b) 

30.4 0.0667 1.06 1240 0.988 91.0 + 
30.5 0.0666 1.06 .. 1220 0.989 88.5 (b) 
30.6 0.0664 1.06 .. � ... 1215 0.989 88.3 + 
30.7 0.0670 1.06 � ... 

1210 0.990 90.5 + 

29.0 I 0.0868 I 1.00'" I 0.24 I 1.40 I 49 I 1260 I 1.0 I 96.3 I x 
29.0 0.1736 0.826" 0.24 1.40 49 750 1.0 57.3 x 

Chemically Correct Mixture 

F. C k a 1 Source F. ...... (vol) (mass) Tm (60fF) (60°F) VT F.Q. 
I+F (�) Q. 

--- --- --- -- --- --- --- --
21 0.418 0.0292 0.85 0.243 1.64 62.3 1510 0.704 81.2 (a) 
27.7 0.105 0.0581 1.00 0.256 1.39 49.9 1248 0.904 86.4 (a) 
29.0 0.0598 0.0623 1.03 0.249 1.38 48.6 1270 0.943 91.5 (a) 
29.6 0.0419 0.0638 1.04 0.250 1.38 48.5 1270 0.961 93.5 (a) 
29.8 0.0323 0.0647 1.05 0.250 1.38 48.4 1270 0.967 94.0 (a) 
28.8 0.0837 0.075 0.96 0.250 1.38 48.7 1555 0.923 110.0 (e), (d) 
28.7 0.418 0.404 0.85 0.241 1.43 49.3 1755 0.705 94.7 (e), (d) 
28.85 - - - 0.240 1.40 49.0 - 1.0 - -

Fuel Alone Chemically Correct Mixture 

Q. (Volume) Q. (Mass) 1 Source a F. F. ...... Cp VT Vol Mass Tm F.Q. 
I+F (�) Q. 

high low high low -- ---- -- -- -- -- -- -- -- ---
92 91 1,170 1,160 29.4 0.245+ 48.4 1.47 1.50 0.915 1740 0.405 53.9 (e) 

289 262 6,550 5,980 25.0 - 52.6 0.476 0.266 0.864 1580 0.681 83.0 (e) 
550 532 11,350 10,980 27.1 - 51.6 0.218 0.137 0.942 1505 0.821 94.4 (e) 
532 477 16,600 14,800 26.9 - 51.6 0.220 0.092 0.940 1390 0.818 85.6 (e) 
574 514 17,000 15,200 27.3 - 60.3 0.200 0.058 0.957 882 0.890 59.9 (e) 

1129 1021 24,100 21,800 27.3 - 49.6 0.095 0.068 1.00 1265 0.916 88.2 (e) 
163 153 2,470 2,320 27.0 - - 0.813 0.700 0.913 1620 0.549 68.2 (e) 

Tm ratio molecular weight before combustion to molecular weight after complete eomhuetion of etoiehiometri. mixture 
a velocity of eound in gas, ft/llee 
T temperature, OR 
ilia molecular weight of air = 28.95 
Q. heat of combustion of fuel vapor in one cubic foot of etoiehiometric mixture at 14.7 peia, 60°F 

47 



48 THERMODYNAMICS OF ACTUAL WORKING FLUIDS 

TH ER MODYNA MIC PROP ERTI ES OF FU EL-AIR 
MIXTUR ES B EFOR E CO MBUSTION 

The thermodynamic properties of fuel-air mixtures depend on the 
following characteristics: 

1. Composition of the fuel 
2. Fuel-air ratio 
3. Water-vapor content 
4. Residual-gas content 

In general, separate charts would be required for each combination of 
these quantities. However, by introducing suitable approximations, it is 
possible to make a single chart cover a considerable range of values. 

In dealing with such mixtures the following definitions are used: 

F = mass ratio of fuel to dry air 
Fe = stoichiometric or chemically correct fuel-air ratio 
FR = F jFe, or the fraction of the chemically correct ratio, here called 

the relative fuel-air ratio 
J = residual-gasJraction, defined as the ratio mass of residuals to the 

mass of dry air plus fuel plus residual gas 
h = mass ratio water vapor to dry air. 

From these relations 

and, since, 

the following can be derived: 

Ma 1 -J 

M 1 + F + h(1 - f) 

Mj F(1 - f) 

M 1 + F + h(1 - f) 

Mr J(1 + F) 
M 1 + F + h(1 - f) 

Mv h(1 - f) 

M 1 + F + h(1 - f) 

(3-5) 

(3-6) 

(3-7) 

(3-8) 

(3-9) 

(3-10) 
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where M is total mass of gaseous mixture, and subscripts a, j, r, and v 
refer to air, fuel, residual gas, and water vapor, respectively. 

Since the total number of moles, N, is equal to the sum of the moles of 
each constituent, 

it follows that 
Ma Mj Mr Mv 

N=- + - + -+-
29 mj 1nr 18 

(3-11) 

(3-12) 

The molecular weight of the mixture is the total mass divided by the 
number of moles. Dividing eq 3-6 by eq 3-12 and substituting the masses 
shown by eqs 3-7-3-10 gives 

M 1 + F + h(1 - f) 
m = - == (3-13) 

N (1/29 + F/mj + h/18) (1 - f) + j(1 + F)/mr 

where N is the number of moles and m is the molecular weight in each 
case. Since, in C-l, N = 1, the molecular weight and the mass of the 
mixture in that figure are given by eq 3-13. The molecular weight of 
octene is 112, and the molecular weight of dry octene-air mixtures both 
burned and unburned is given in Fig 3-5. 

Since the internal energy of a mixture is equal to the sum of the in
ternal energies of its constituents, we can write 

(E. a + FE.j + hEv)(1 - f) + jEar(1 + F) 
E = ----------------• 

1 + F + h(1 - f) 
(3-14) 

in which Es refers to sensible internal energy per unit mass of mixture. 
The sensible enthalpy will have a corresponding relation to the enthalpy 
of a unit mass of each constituent. The energy and enthalpy of one 
mole of gas is obtained by multiplying eq 3-14 by the molecular weight, 
eq 3-13. 

US E OF CHART 1 FOR FU EL-AIR MIXTURES 

The scales of internal energy and enthalpy on the right-hand side of 
C-l are m times the values computed by means of eq 3-14 and its cor
responding form for enthalpy. The values given are sensible values be
cause the base of zero energy is at 5600R for air, fuel, and residual gas 
in their original chemical compositions. 

The mass base, as with air alone, is 1 lb mole of mixture. 
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Volumes for 1 mole depend only on temperature and pressure, and 
therefore the volume lines hold for all values of FR and f. 

Sensible Characteristics of Residual Gas. These characteristics 
are defined from a base of zero internal energy at 5600R in the gaseous 
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Fig 3-5. Molecular weight of octene-air mixtures and their products of combustion 
at 560oR: m = molecular weight; subscript b is burned; u is unburned. (Hottel et aI., 
ref 3.20) 

state and in their existing chemical composition. The curves on C-l 
marked f = 1 are for burned mixtures of air and fuel, and therefore cor
respond to the residual gas in an engine. It is assumed that there is no 
change in chemical composition over the range of temperature of C-1. 

Molecular weight of residual gas from octene-air mixtures is given by 
the curves for f = 1.0 in Fig 3-5. 
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Residual-gas content-curves for the values I = 0, I = 0.05, and I = 

1.0 (burned mixture) are included in the auxiliary scales of C-1. 
In reciprocating engines I usually lies between 0 and 0.10. Within 

this range interpolation or extrapolation by means of the curves I = 0 
and I = 0.05 gives results within the accuracy of reading the plots. 

Fuel-Air Ratio 

FR, the fuel-air ratio used in the charts is defined as follows: 

(3-15) 

where Fe is the "chemically correct," or stoichiometric fuel-air ratio 
(see Table 3-1) . The charts are prepared for dry air, but a correction 
may be made for water-vapor as explained below. For octene, the base 
fuel for the thermodynamic charts reproduced here, 

Fe = 0.0678 Ibm/Ibm air 
FeD = 0.0175 mole/mole air 
m (molecular weight) = 112 

F = 0.0678FR 
r = 0.0175FR 

Constant-Entropy Lines. To perform a constant-entropy operation 
for a fuel-air mixture from a given point on the chart, move parallel'to 
the appropriate sloping entropy line on the left of the chart. For pure 
dry air, FR = I = 0, and the entropy lines are vertical. (See Illustrative 
Examples for an illustration of this operation.) 

Water Vapor. Edson and Taylor (ref. 14.1) have shown that varia
tions in residual-gas or water-vapor content have little effect on the 
efficiency of fuel-air cycles, and therefore for thermodynamic purposes 
water vapor can be treated as an equal mass of residual gas. Calling 
/' the residual fraction including water vapor: 

and therefore: 

I' = 
Mr + M" 

Mo + Mr + Mr + M" 

1(1 + F) + h(l - f) 

f' 
= 

1 + F + h(1 - f) 

(3-16) 

(3-17) 

With water vapor, the charts should be used with the above value 
of /'. However, the molecular weight should be computed from eq 3-13 
and eqs 3-7-3-14 should be used with the true values of f and h. 
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M IX ING FU EL AND A IR 

In many problems relating to internal-combustion engines the process 
of mixing fuel and air must be handled in thermodynamic terms. For 
mixing at constant volume without work or heat transfer, 

E*sm = Eaolm + FEs! 
and at constant pressure 

H*sm = Hao 1m + FHs! 

(3-18) 

(3-19) 

Subscript m refers to the mixture, a to air, and f to fuel. The molal 
values may be read from C-1. Est and Hst are computed as indicated 
by eqs 3-1-3-4, and m by eq 3-13. The asterisk indicates that the mass 
after mixing is (1 + F) lbm.t 

TH ER MODYNA M ICS OF CO MBUST ION 

In spite of a great deal of research, knowledge concerning the chemical 
processes which take place during combustion is very limited. This is 
attributable to the fact that these processes normally take place with 
great rapidity and at very high temperatures. 

In dealing with the process of combustion thermodynamically the end 
states only are considered. To establish the end state from a given initial 
state, we use the laws of conservation of energy and mass, plus the as
sumption of complete equilibrium after combustion. Thus mass stays 
constant, and we can write for the energy balance (eq 1-16) ,  for a unit 
mass, 

(E +�) - (E +�) = Q - wjJ 
2goJ b 2goJ u 

(3-20) 

in which the subscripts band u refer to the burned and unburned states, 
respectively. 

Equation 3-20 requires that the values of internal energy include their 
components resulting from chemical combination. As we have seen, 
these components are not included in the sensible properties, since the 
internal energy is taken as zero for the gases in their original chemical 
composition. 

For present purposes the internal energy attributable to chemical re
action is included by assigning zero internal energy to the products of 
complete combustion at the base temperature. 

t See "Thermodynamic Base," p. 59. 
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When the combustible material consists of hydrogen and carbon with 
air, complete combustion is taken to mean reduction of all material in 
the fuel-air mixture to CO2, gaseous H20, 02, and N2 at the base tem
perature. 

The relation between internal energy and enthalpy referred to the 
above base and the sensible properties of the unburned mixture can be 
expressed as follows for a unit mass of mixture: 

E = E.m + f1E 
PV 

H = E.m + MiJ + - = H.m + f1E J 

(3-21) 

(3-22) 

where f1E is the difference in energy attributable to the change of base. 
For an unburned mixture of air, fuel, and residual gas, since the air is 
already composed of 02 and N 2, the value of f1E depends entirely on the 
amount and composition of the fuel and of the residual gas. For a unit 
mass of mixture containing residual-gas fractionj, and with fuel-air ratio 
F, we can write 

b.E = [ (1 - f)FEc + t(1 + F)q]j(l + F) (3-23) * 
where Ec may be called the energy oj combustion of a unit mass of fuel 
and q, the energy of combustion of a unit mass of residual gas. 

The numerical values of Ec and q can be computed from heat-of-com
bustion experiments, which are now described. 

Heat of Combustion 

This quantity is derived from calorimeter experiments. U.S. standards 
for measuring heat oj combustion have been established by the American 
Society for Testing Materials. (See ref 3.34.) 

Briefly, the heat of combustion of a fuel is measured by burning a 
known mass with an excess of oxygen in a constant-volume vessel called 
a bomb calorimeter. Fuels which are liquid at room temperature are in
troduced into the apparatus as liquids, and gaseous materials are intro
duced in gaseous form. The amount of oxygen is much in excess of the 
stoichiometric requirement in order that all carbon shall burn to CO2, 
all hydrogen, to H20, all sulphur, to S02, etc. 

Starting with the calorimeter and its contents at a known temperature, 
the mixture is ignited, after which the bomb and its contents are cooled 
to the initial temperature, which is usually low enough so that most of 

* The product jFq in this equation is negligibly small and is omitted in subse
quent computations. 
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the water in the products condenses to the liquid state. The heat re
leased by this process, Q., is carefully measured. Since the process oc
curs at constant volume, Q. is equal to the internal energy of the fuel
oxygen mixture above a base of zero energy of CO2, H20, and O2 at the 
temperature of the experiment. 

The heat of combustion is the enthalpy of the process, that is: 

(3-24) 

where Q. is the heat released during the experiment, Mf is the mass of 
fuel used, V is the container volume, and P2 and PI are pressures in the 
bomb after and before combustion. 

Qch is known as the higher heat of combustion of the fuel. 
Another quantity, known as the lower heat of combustion of the fuel, is 

computed as follows: 
(3-25) 

where M v is the mass of water vapor in the combustion products and 
H v is the enthalpy of a unit mass of liquid water at the experimental 
temperature, referred to a base of water vapor. Since Hv is a negative 
number, Qc is smaller than Qch. 

Customarily, Qc is used as the basis for computing the thermal ef
ficiency of engines. All thermal efficiency values in this volume are 
computed on this basis. 

Energy of Combustion 

From previous discussion of this quantity, it can be defined as the 
internal energy of the unburned gaseous fuel at 560oR, referred to a base 
of zero energy for gaseous CO2, H20, O2, and N2 at 560°R. This quantity 
could be measured by measuring the heat released at constant volume, 
starting with unburned gaseous fuel and O2 at the base temperature and 
ending with gaseous CO2, H20, and O2 at the same temperature. Such 
an experiment is difficult to make, since many fuels, and also water, are 
normally liquid at 560oR. However, Ec can be computed from the bomb
calorimeter experiment previously described by using the following re
lation: 

(3-26) 



In the above expression 
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M I = mass of fuel used 
M" = mass of water in products 
E" = internal energy of a unit mass of liquid water above a base of 

water vapor at the experimental temperature 
E Ig = the internal energy of a unit mass of liquid fuel above a base of 

gaseous fuel at the experimental temperature. If the fuel was 
gaseous when put in the bomb, this quantity is taken as zero 

Both E" and Elg are negative numbers, since the internal energy of 
the gas is greater than that of the liquid. 

Equation 3-26 assumes that the bomb experiment was carried out at 
the base temperature for Ee. Small differences between the base and the 
experimental temperature can be ignored without appreciable error. 

Energy of Combustion of Residual Gases. With fuel-air mixtures 
in which FR > 1.0, the residual gases may contain appreciable amounts 
of such constituents as CO and H2. By definition, such components 
have appreciable internal energy, referred to a base of CO2 and H20. 
The energy of combustion of residual gas, q, is determined from the heats 
of combustion of such components as are not CO2, gaseous H20, O2, 
and N2• 

The following values apply to octene at a base temperature of 560oR: 

For octene 
Qe = 19,035 Btu/Ibm 

Ee = 19,180 Btu/Ibm 

HI = - 145 Btu/Ibm 

Fe = 0.0678 

F = FR X 0.0678 

For residual gases from octene-air mixtures where FIe is equal to or 
less than 1.0, q = O. When FIe is greater than 1.0: 

q = 1680 (FIe - 1) Btu/Ibm 

Similar data for other fuels are given in Table 3-1,tand the Illustrative 
Examples show how the foregoing relations may be used in practical 
problems. 

tQc in Table 3-1 can be used for Be with negligible error. 
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Chem.ical Equilibrium. 

Except in gas turbines and Diesel engines at very light loads, the 
temperatures during combustion and expansion in internal-combustion 
engines are so high that chemical composition is affected to an extent 
which cannot be ignored. Hence thermodynamic data must take into 
account this fact if they are to serve as accurate guides in this field. 

For thermodynamic purposes it may be assumed that the products of 
combustion of the common fuels are made up of various combinations of 
oxygen, hydrogen, carbon, and nitrogen. The way in which these 
elements are combined after combustion and the proportion of the 
various compounds in the mixture depend not only on the proportions 
present in the original mixture but also on the temperature, the pressure, 
and the extent to which chemical equilibrium has been approached. 

When two substances react chemically with each other the reaction 
does not necessarily proceed to the point at which one of the substances 
is completely consumed. Before this happens, an equilibrium condition 
may be reached in which not only products of the reaction are present 
but also appreciable amounts of the original reacting substances and, in 
many cases, intermediate compounds. The proportions at equilibrium 
of the products of a given reaction and the original or intermediate sub
stances depend on the original proportions and on the temperature and 
pressure after the reaction has taken place. In general, exothermal re
actions, that is, reactions which increase the temperature, such as the 
combustion process, are less complete at high temperatures than at low 
temperatures. In fuel-air mixtures at equilibrium after combustion ap
preciable amounts of the following substances may be present: 

CO2, H20, N2, O2, CO, H2, OH, H, 0, NO * 

For a detailed discussion of the principles of chemical equilibrium 
and methods for its quantitative treatment the reader is referred to 
standard works in physical chemistry. Briefly, the quantitative treat
ment of chemical equilibrium rests upon a relationship of the partial 
pressures. For example, for the reaction 

wA + xB � yC + zD 
Y Z Pc· PD 

= K 
PA· PB (3-27) 

* In practice, complete equilibrium is never attained, and small amounts of addi
tional substances, such as free carbon and various organic compounds, are often 
present in the exhaust gases. (See ref 4.81.) This discussion, however, includes all 
the substances for which it is necessary to a<;count in thermodynamic problems dealing 
with engine cycles. 
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where w, x, y, and z are the respective numbers of moles of the substances 
involved, p is the partial pressure of the substance denoted by the sub
script, and K is the equilibrium coefficient, which is a function of the 
temperature. 

This general equation can be applied to the products of combustion of 
a fuel-air mixture containing compounds which tend to react with each 
other with a change in temperature. Examples of such reactions are 

for which the equilibrium coefficient at a given temperature is 

and 

for which 
CO2 + H2 � H20 + CO 

K2 = 
(PH20)(PCO) 
(PC02) (PH2) 

(3-28) 

(3-29) 

These equilibrium coefficients, together with those for other possible 
reactions between the products of combustion, have been determined 
for various temperatures (ref 3.20) and may be used to determine the 
partial pressure ratios, hence the relative amounts of the various con
stituents at any given temperature. Figure 3-6 shows the equilibrium 
composition of the products of combustion-of octane (CSHlS) and air for 
three different fuel-air ratios over the range from 3000-5500°R. 

Change in Number of Molecules. Since the composition of the 
working fluid changes almost continually throughout the cycle, it is not 
surprising to find that the number of molecules changes also. The 
greatest change in this respect is likely to occur during the process of 
combustion. For instance, taking the theoretically complete reaction of 
octene and air, 

the number of molecules before combustion is proportional to 1 + 12 
+ 45.2 = 58.2 and after combustion to 8 + 8 + 45.2 = 61.2, or an in
crease of 5%. This increase, of course, means a similar increase in spe
cific volume at a given temperature and pressure. In the actual case, 
however, the reaction does not proceed to completion, and the change 
may be still greater. Let us assume, for example, that two atoms of 
carbon burn only to CO and that one molecule of hydrogen remains un-
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combined. The composition of the products of reaction now is 

6COz + 2CO + 7HzO + Hz + 1tOz + 45.2Nz = 62.7 molecules 

an increase of 9% over the mixture before combustion. 
It is evident that the change in number of molecules is dependent on 

the composition of the fuel, the fuel-air ratio, and on the completeness 
of the reaction. The number of molecules is greatest at high temperature 
where the chemical equilibrium involves considerable amounts of OH, 
NO, Oz, Hz, and CO. As the temperature falls, the number of molecules 
decreases, but even if combustion were complete most liquid fuels would 
give a larger total number of molecules after combustion than was con
tained in the original mixture of fuel and air. Figure 3-5 shows the ratio 
of molecular weight after combustion and cooling to 1600oR, or less, to 
molecular weight before combustion of CSH16 at various values of FR. 

Specific Heat. As in the case of the mixture before combustion, 
the specific heat of each of the various constituents increases with tem
perature. Figure 3-3 includes data on specific heats of combustion 
products. 

CHARTS FO R P RODUCTS OF COMBUSTION 

The charts for products of combustion, C-2, C-3, and C-4, (to be found 
in pocket on back cover) have been constructed by means of the relations 
discussed in the foregoing section. These charts are for octene-air mix
tures with FR = 0.8, 1.0, and 1.2, respectively. Similar charts for 
FR = 0.9, 1.1, and 1.5 are available in ref 3.20. This reference also gives 
further details on computation methods. 

The mass basis for each of these diagrams is (1 + F) lb of material. 
Quantities on this mass basis are designated by an asterisk. 

Chemical equilibrium is assumed at all points in each chart. 
Thermodynamic Base. These charts assign zero internal energy to 

gaseous CO2, H20, O2, and N2 at 5600R at zero pressure. 
Internal energy, E*, is equal to the heat which would be released at 

constant volume by cooling (1 + F) Ibm of gas to 5600R and changing 
its composition to gaseous CO2, Oz, H20, and N2 at 560°R. 

Enthalpy, H*, is equal to E* + pV*/J, where V* is the volume of 
(1 + F) Ibm of gas at the pressure p and the given temperature. 

The entropy given in these charts is computed for (1 + F) Ibm of gas, 
assigning zero entropy to CO2, gaseous H20, O2, and N2 at 560oR, 
14.7 psia. 



60 THERMODYNAMICS OF ACTUAL WORKING FLUIDS 

T RA NS FE R  F RO M  C-I TO CHARTS FO R 
P RODUCTS OF CO MBUSTION 

In dealing with processes involving combustion in which the tempera
ture goes above 25000R it is necessary to transfer the problem from C-l 
to one of the charts for burned products. 

I+F 
m 

0.043 ....----.----...,-----.-----, 

0.0421---+----t----4H 

0.0411---+---+-----1-4,+------1 

0.7 

0.040 1----+---+---H-1+--,
0
"

.6
;:---1 

0.5 

0.4 

0.Q38 I---+----l--+II-I-I-I-J,L-----I 

0.3 

0.037 I----+----HII'H-.I---t'_+_:_ 0.2 

0.1 
0.036 1---------. 

0.035 I------M.��:::s;;.= 

0.034 L-. __ l..-__ .l-__ .l-_-.l 
o 0.5 1.0 

FR 
1.5 2.0 

Fig 3-7. Values of (1 + F)/m for octene-air mixtures. (Hottel et al., ref 3.20) 

To effect this transfer, we use eq 3-20 for the combustion process. 
Values of E must include energy attributable to chemical reaction. 

In terms of C-l, and the charts for products of combustion, for (1 + F) 
lb of material eq 3-20 can be written 
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E* - [ (1 : F) EO + (1 - f)FEc + (1 + F)fq] = Q* - w*IJ (3-31) 

where EO is the value taken from C-1 for lIb mole of mixture at the same 
fuel-air ratio and at the same residual gas fraction. 

The asterisks indicate that values are for (1 + F) lb. 
If the combustion process takes place at constant volume without heat 

loss, Q* and w* are zero. If the combustion process takes place at con
stant pressure without heat loss, Q* is zero, w = P(Vb* - V .. *), and we 
can write 

H* - [ (1 : F) HO + (1 - f)FEc + (1 + F)fq] = 0 (3-32) 

Values of (1 + F)/m for octene-air-residual-gas mixtures are given in 
Fig 3-7. For other mixtures m can be computed from expression 3-13. 

Residual Gas. In the charts for the products of combustion the 
characteristics are independent of the fraction of residual gas before 
combustion, since the residual gas has, by definition, exactly the same 

properties as the combustion products. 

Water Vapor. When water vapor is present use Jl [from equation 
(3-17)] instead of fin (3-32). 

APPROXIMA TE TREAT MENT OF 
FUEL-AI R  MIXTURES 

The charts described here can be extended to cover other common 
hydrocarbon fuels and other fuel-air ratios without serious sacrifice in 
accuracy, provided the departure from the basic assumptions used in 
constructing the charts is not too great. 

Fresh Mixture Chart C-I. To use this chart for fuels other than 
octene: 

1. Since, for FR = 1 on the chart, the molal ratio fuel-to-air is 0.0175, 

(a) calculate the molal fuel-air ratio of the new fuel, F m; 
(b) read values on C-l for FR = Fm/0.0175. 

2. Use f values for the new mixture without correction. 
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Transfer to Products Charts. Equations 3-31 and 3-32 should be 
used with values of m, Ee, and q computed for the fuel in question. (See 
Table 3-1.) 

Products Charts. The products chart for the nearest value of 
FR should be used. This rule should also be followed in the case of oc
tene at values of FR not included in the charts. (Reference 3.20 gives 
charts for several other FR values with octene.) 

By means of the above assumptions, the charts can be used for fuel
air ratios about 0.6 > FR > 1.4 and for petroleum-base fuels in the 
gasoline and Diesel-oil range without serious error. Example 3-7 il
lustrates the use of the charts for a fuel other than octene. 

ILLUSTRATIVE EXAMPLES 

ExaInple 3-1. Dry Air. * Find pressure, temperature, volume, internal 
energy, enthalpy, and work done after compressing 1 Ibm dry air from T = 600, 
p = 14.7 to p = 500 reversibly and without heat transfer. 

(a) From C-1, at T = 600, p = 14.7, FR = 0, f = 0, we read 

EO = 203, HO = 1400, VO = 440 

From eq 3-13, m = 29; and, for 1 Ibm, 

E = 7, H = 48.3, v = 15.2 

(b) Following a line of constant entropy (vertical) from initial point to 
p = 500, we read 

T = 1580, 

Dividing by 29, 

VO = 34.2, EO = 5400, HO = 8560 

v = 1.18, E = 186, H = 296 

(c) For a reversible adiabatic process E2 - El = w/J, 

w = -778(186-7) = -139,000 ft lbf 

ExaInple 3-2. Air with Water Vapor. Same as example 3-1, except 
that air contains 0.04 Ibm water vapor/Ibm dry air. 

(a) From eqs 3-7, 3-10, and 3-13, 

Ma/Mm = 1/(1 + 0.04) = 0.962 Ibm 

Mv/Mm = 0.04/1.04 = 0.038 Ibm 

m = 1.04/(� + 0.04/18) = 28.4 

* In these examples all temperatures are in degrees Rankine, pressures in psia, 
volumes in cubic feet, and energies and enthalpies in Btu. Mass base is 1 Ibm except 
* indicates (1 + F) Ibm and 0 indicates 1 lb mole. 
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(b) From eq 3-17, f' = 0.04/1.04 = 0.0385. Reading C-l at FR = 0, T = 
600, p = 14.7 gives 

VO = 440, EO = 200, 

Dividing by 28.4, 

v = 15.5, E = 7, H = 49.4 

(c) From the above point, following a line parallel to the constant entropy 
line for FH = 0, f = 0.0385, 

VO = 34, 

Dividing by 28.4, 

T = 1575, EO = 5360, HO = 8540 

v = 1.2, E = 188, H = 300 

(<1) w = -778(188 - 7) = -141,000 lbf ft. 

Example 3-3. Mixing Fuel and Air. Same as example 3-1, except that 
enough liquid octene is mixed with the air, both originally at 600oR, to give the 
chemically correct fuel-air mixture. 

(a) From Fig 3-4, enthalpy of liquid octene at 6000R = -127 Btu/Ibm, 

F = 1 X 0.0678 = 0.0678, f = 0 

(b) From eqs 3-7, 3-8, and 3-13, 

Ma/M = 1/1.0678 = 0.94 

M,/M = 0.0678/1.0678 = 0.06 

1 + 0.0678 

m 
= � + 0.0678/112 

= 30.4 

(c) From C-l at T = 600, p = 14.7, F = 0, HO = 1400, VO = 440, H = 
1400/29 = 48.2. For the mixing process (eq 3-19), 

H = 48.2 + 0.0678( - 127) = 39.6 

no = 39.6 (30.4)/ ( 1  - 0.0678) = 1125 

(d) From C-l at HO = 1125, p = 14.7, FR = 1.0, f = 0, read 

T = 560oR, VO = 410, EO = 0 

(e) Following constant entropy line parallel to line for FH = 1.0 at the left 
of C-l, at p = 500, FH = 1.0, read, 

T = 1345, 

Dividing by 30.4, 

VO = 29.0 HO = 7470, EO = 4800 

v = 0.955, H = 246, E = 158 

(f) w = -778(158 -0) = -123,000 ft Ibf 
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Example 3-4. Air with Water Vapor, Fuel, and Residuals. Same as 
example 3-1 , except that at T = 600, p = 14.7, air contains gaseous octene at 
FR = 1 .0, residual gas at f = 0.05, and water vapor at h = 0.04. 

(a) From Fig 3-5, m,. = 28.8 and from Table 3-1 , Fe = 0.0678, and from 
eq 3-13, 

1 .0678 + 0.04(0.95) m = ------------------------��--------------
<fi + 0.0678/(1 12) + 0.04/18) (0.95) + 0.05 (1 .0678)/28.8 

= 29.6 

(b) From eq 3-17, 

f' = 0.05(1 .0678) + 0.04(0.95) = 0 083 
1 .0678 + 0.04(0.95) 

. 

(c) On C-l at p = 14.7, T = 600, f = 0.083, read 

(d) Following a line of constant entropy on C-l (parallel to line FR = 1, f = 
0.083 at the left) to p = 500 gives V2° = 31 ,  T2 = 1430, E20 = 5350, H2° = 
8180 

(e) Dividing by m = 29.6 gives 

(f) From eq 1-16, 

VI = 15.0 EI = 7 .4  HI = 48.3 

V2 = 1 .047 E2 = 181  H2 = 276 

w = -J(E2 - EI ) = - 778(181  - 7 .4) = - 13.4(10)' lbf ft 

Example 3-5. The fuel-air mixture of example 3-3 ( FR = 1 .0) is burned to 
equilibrium after compression to 500 psia. Burning takes place at constant 
pressure without heat loss or gain. Find properties at end of combustion. 

(a) From Fig 3-7, (1 + F)/m = 0.0351 .  
(b) From eq 3-32, 

H* = 0.0351 X 7580 + 0.0678 X 19, 180 = 1566 

(c) On C-3 at H* = 1566, P = 500, read 

T = 4720, V* = 3.8, E* = 1220 

Example 3-6. Assume that after compression the mixture (F R = 1 .0) of 
example 3-4 is burned at constant volume without heat loss or gain. Find the 
properties after burning. 

(a) At the end of compression, example 3-4, the mixture is at 500 psia, EO = 
5350 ; (1 + F) /m = 1 .0678 /29 .6 = 0.0395. 
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(b) In this constant-volume process both Q* and w* in equation 3-31 are 

zero and : 

E* = O.0�95(5350) + ( 1  - 0 .083) (0.0678) 1 9, 180 + 0 = 1 401  

V* = 0.0395 X 31 = 1 .22 

(c) Reading from C-3 at this point, 

p = 1720, T = 5190, H* = 1785 

Example 3-7. Use of Fuel Other than Octene. A mixture of air and 
gaseous benzene (C6H6) at FR = 1 is compressed from T = 600, p = 14 .7 to 
p = 500, reversibly and without heat transfer. It is then burned at constant 
pressure without heat transfer. Find the thermodynamic properties at the end 
of this process. 

(a) From Table 3-1 ,  Fe for benzene is 0.076, Ee = 1 7 , 500; For FR = 1, the 
molecular fuel-air ratio is 

0.076 X -» = 0.0283 

To use C-l at the same molecular fuel-air ratio, we must read this figure at 
FR = 0.0283/0.0175 = 1 .6. 

(b) The molecular weight of the benzene-air mixture, from eq 3-13,  is 

1 .076 m = ---...=..:..::..:...:.--- = 30.3 
1/29 + 0.076/78 

(c) On C-l at T = 600, p = 14.7, FR = 1 .6, read 

VO = 440, EO = 230, HO = 1440 

Dividing by 30.3, V = 14.5, E = 7.6, H = 47.5. Following parallel to the 
FR = 1 .6 line to p = 500 gives 

VO = 29, 

Dividing by 30.3, 

T = 1360, EO = 5330, HO = 8050 

V = 0.96, E = 176, H = 266 

(d) w = - 778(176 - 7.6) = - 132,000 lbf ft. 
(e) For the combustion process at constant pressure, use eq 3-32 : 

H* = 1���: X 8050 + 0.076 X 17,500 = 1616 

On C-3 (FR = 1 .0) at H* = 1616 and p = 500, read 

V* = 3.85, T = 4800, E* = 1256 
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(Note that these are substantially the same results obtained in example 3-5 for 
a similar process using octene.) 

Table 3-2 compares the results of the examples in this section. 

Table 3-2 
COlllparison of Exalllples in Section 3 of Illustrative Exalllples 

A. Compression to 500 psia 

Example Material FR ! h T V H w 
E 

1000 

3-1 Dry air 0 0 0 1580 1.18 296 186 189 
3-2 Air and water 

vapor 0 0 0.04 1575 1.2 300 188 141 
3-3 Air and liquid fuel 1.0 0 0 1356 0.97 249 160 122 
3-4 Air and fuel va-

por, residuals, 

water vapor 1.0 0.05 0.04 1430 1.08 284 186 139 

3-7 Air and CeH6 1.0 0 0 1360 0.96 266 176 132 

B. Constant-Pressure Burning 

Exsmple Material FR ! h T V* H* E* 

3-5 Air and octene 1.0 0 0 4720 3.8 1566 1220 

3-7 Air and benzene 1.0 0 0 4800 3.85 1616 1256 

C. Constant Volume Burning 

Example Material FR f h T P H* E* 

3-6 Air, fuel, water-

vapor, residuals 1.0 0.05 0.04 5190 1720 1785 1401 

Initial conditions, T = 600oR, p = 14.7 psia. 

Isentropic compression. 

In example 3-3 liquid fuel and air were at 600 0R before mixing. 



 

four--------------

Fuel�Air 
Cycles 

A fuel-air cycle is here defined as an idealized thermodynamic process 
resembling that occurring in some particular type of engine and using as 
its working medium real gases closely resembling those used in the cor
responding engine. In order to construct such cycles, thermodynamic 
data, such as those presented in Chapter 3, are necessary. 

Since fuel-air cycles involve combustion, an irreversible process, the 
medium can never be returned to its original state, and therefore the 
process is not cyclic in the thermodynamic sense. For this type of 
process, and for the real process in engines, the term cycle is used as re
ferring to one complete component of a repetitive process. 

In dealing with the air cycle (Chapter 2) the term efficiency was used 
in the true thermodynamic sense, that is, as the ratio of work produced 
to heat supplied. In the case of the fuel-air cycle no heat is supplied 
during the process. Instead, a mixture of fuel and air is supplied and 
burned at the proper time. As stated in Chapter 3, the process of com
bustion involves a chemical transformation which, in the case of the 
usual type of fuel-air mixture, raises its temperature and pressure at a 
given volume or increases its temperature and volume at a given pres
sure. (When neither the volume nor pressure is held constant during 
combustion the result can be analyzed in terms of a summation of in
finitesimal constant-volume or constant-pressure processes. (See ref 1 .4.) 

The work done in a fuel-air cycle can be measured, and the definition 
of efficiency may be handled in the same way as for an engine, that is, by 
assigning a thermal value to the fuel consumed. Since the objective of 

61 
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a study of fuel-air cycles is to develop a basis of evaluating real cycles, 
the same efficiency base is used, namely, the heat of combustion of the fuel, 
Qc, defined in Chapter 3. By using this base, eq 1-4 may be applied to 
fuel-air cycles as well as to engines. Heats of combustion of common 
fuels appear in Table 3-1. 

DEFINITIONS 

In fuel-air cycles, as well as in real cycles, the medium may consist of 
a mixture of several fluids. The definitions used in this book are as 
follows : 

Reciprocating Engines 

Fresh Air. The new air supplied to the cylinder for each cycle. 
Fresh Fuel. The new fuel supplied for each cycle. 
Fresh Mixture. The fresh air plus the fresh fuel supplied for each 

cycle in a carbureted engine or the fresh air in the case of Diesel and 
other injection engines. 

Fuel-Air Ratio, F. The mass ratio of fresh fuel to fresh air, F. 
Relative Fuel-Air Ratio, FR. The fuel-air ratio divided by the 

stoichiometric ratio. 
Residual-Gas Ratio,j. The mass ratio of gases left in the cylinder 

from the previous cycle, after all valves are closed, to the mass of the 
charge. 

Charge. The total contents of the cylinder at any specified point in 
the cycle. 

For gas turbines the medium before combustion is called the fresh air 
and the medium after combustion, the burned gases, or the products of 
combustion. 

AssuUlptions 

Assumptions commonly used for all fuel-air cycles are as follows : 

1. There is no chemical change in either fuel or air before combustion. 
2. Subsequent to combustion, the charge is always in chemical equilib

rium. 
3. All processes are adiabatic, that is, no heat flows to or from the 

containing walls. 
4. In the case of reciprocating engines velocities are negligibly small. 

These assumptions are used throughout this chapter. 
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Fuel-air cycles are usually assumed to begin at the start of the com
pression process. The ratios F and f are usually chosen to represent con
ditions prevailing in a real cycle or in a cycle having an idealized inlet 
and exhaust process. Such processes are discussed later in this chapter. 
The pressure and temperature at the beginning of compression are 
chosen in a similar way. 

THE CONSTANT-VOLU ME FUEL-AIR CYCLE 
USING CA RBU RETED MIXTURE 

This cycle is taken as representing the ideal process for carbureted 
spark-ignition engines. It consists of these processes. (See Fig 4-1.) 

Process 1-2. Compression of the charge reversibly and without 
heat transfer from volume 1 to volume 2, the compression ratio being 
Vt/V2• For mixtures of gasoline, air, and residuals Chart C-l may be 
used to evaluate such a process. (See examples 3-1 ,  3-2, 3-3.) 

Process 2-3. The combustion process is taken as a transformation 
at constant volume, V 2, from the unburned charge to products of com
bustion at equilibrium. Only the end state, point 3, can be identified 
from charts of equilibrium conditions such as those given in Chapter 3. 

In terms of those charts, for (1 + F) Ibm of gas, (1 + F) E3* = -.;;;- E2° + (1  - f)FEc + fq (4-1) 

The symbols are defined and evaluated in Chapter 3. 
Process 3-4. Reversible adiabatic expansion from point 3, at volume 

V2, to point 4, at volume VI. Pressures and volumes are read arong the 
constant-entropy line. 

Work. Using eq 1-16 and taking Q and u as zero for ( 1  + F) Ibm, 
we can write w* = J {(E3* - E4*) - C : F) (E2° - E10)} (4-2) 

Mean Effective Pressure. This quantity is defined as the work 
divided by the change in volume, that is, 

(4-3) 
This quantity has the dimensions of pressure and is equal to the mean 

difference in pressure between the expansion and compression lines of the 
cycle. 
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Efficiency. Using heat of combustion Qc as a base, from eqs 3-7 
and 3-8, 

= w*/JM *FQ = w*/JFQ [ (1 + F) (1 - f) ] (4-4) T} a c e  1 + F + h (1 - f) 

Examples which show in detail how constant-volume cycles may be 
worked out from the thermodynamic charts of Chapter 3 are given at 
the end of this chapter. 

Characteristics of Constant-VolUlne Fuel-Air Cycles 

Figure 4-5 (p. 82) shows the characteristics of constant-volume cycles 
using octene (CsHI6) fuel over the useful range of compression ratios, 
fuel-air ratios, and inlet conditions. Pressures are given in dimension
less form using PI as a base. Temperatures are given as ratios to the 
initial temperature, TI• 

The following general relations are apparent from Fig 4-5 : 
1. Efficiency is little affected by variables other than compression 

ratio and fuel-air ratio (a) through (f). * 
2. When fuel-air ratio is the variable, efficiency decreases as fuel-air 

ratio increases (b). This relation is easily explained by noting that up 
to FR = 1.0-1.1 increasing fuel-air ratio gives increasing temperatures 
after combustion (p) and thus increases specific heats and dissociation. 

Above FR = 1.0-1.1, expansion temperatures decrease with increasing 
fuel-air ratio (p), but in this region as fuel-air ratio increases the excess 
fuel burns to carbon monoxide, and the net result is decreasing efficiency 
with increasing FR (b). 

3. Mean effective pressure (b'). From eqs 4-3 and 4-4, 

mep 
= JFQc [ (

1 + F) 
(
1 - f) ] + PI V;(1 _ �) 

PI T} 
1 + F + h 

(
1 - f) r 

(4-5) 

With all initial conditions constant except FR, the principal variable in 
eq 4-5 will be the product FT}, which reaches a maximum with FR near 
1.10. This is evidently the point at which the favorable effect on 
efficiency of decreasing molecular weight (Fig 3-5) is offset by the un
favorable effect of burning more of the fuel to carbon monoxide. 

* Letters in parenthesis refer to the various parts of Fig 4-5. 
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LIMITED-PRESSURE FUEL-AIR CYCLE 

As explained in Chapter 2, cycles with an arbitrary limit on peak pres
sure are of interest chiefly in connection with Diesel engines, in which 
the injection characteristics and injection timing are often arranged to 
limit maximum pressure to an arbitrary value. The fuel-air cycle cor
responding to this practice is taken as follows (Fig 4-2) : 

Process 1-2. Compression of air and residual gases (without fuel) 
from Vlo to V2°. (See Fig 4-2. )  

Fuel Injection. It is  assumed that liquid fuel is  injected at point 2. 
For this process, taking heat-transfer as zero, after the fuel is injected, 

(4-6) 

Definitions of the symbols can be found in Chapter 3 .  Values of Elg, 
the internal energy of evaporation, are given in Table 3-1 for several 
fuels. 

The last term is the work of injection, where VI is the volume of liquid 
fuel injected. This quantity is so small that it may be taken as zero 
without appreciable error. 

Process 2-3-3A. Combustion is assumed to take place at constant 
volume up to the pressure limit, P3, and then at constant pressure. By 
applying eq 1-16 to this process for (1 + F) Ibm, Q 

= 
0, velocities small, 

(4-7) 

which can be written 

(4-8) 

The above equation is solved for H3A *, and conditions at point 3A 
can then be read at P3, H3A * on a chart for the combustion products. 

tH/ + E/ + (PJ)
/
and thus the work of injecting the fuel is included. 
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PI = 14.7; TI = 600; f = 0.03; Ps = 70 X PI = 1030 psia. Numbers at each station 
are temperatures in OR. 

Process 3A-4. Isentropic expansion from point 3A to VI. Values of 
pressure and volume are read along the appropriate isentropic line. 

Work. From eq 1-16 for the process 1-4, 

[( Ps Va ) 1 0 0 ] w* = J H3A* - J - E4* - m (E2 - EJ ) 

mep and efficiency are calculated from eqs 4-3 and 4-4. 

(4-8a) 

Examples at the end of this chapter show in detail how such cycles are 
worked out from the figures and charts in Chapter 3 .  

Characteristics of Lim.ited-Pressure Fuel-Air Cycles 

Figure 4-6 (p. 88) shows general characteristics of such cycles over the 
range of fuel-air ratios, compression ratios, and pressure limits of interest 
in connection with Diesel engines. These cycles were also computed with 
the idealized four-stroke inlet process to be described later. 
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Of general interest are the following relations : 

1 .  The improvement in efficiency as the ratio Pa/P1 increases. The 
higher this ratio, the larger the fraction of fuel burned at volume V2• 
With no restriction on Pa, the cycle becomes a constant-volume cycle. 
Fuel burned at V 2 goes through a greater expansion ratio than fuel 
burned at larger volumes and therefore gives more work per unit 
mass. 

2. The small variation of mep and efficiency with compression ratio, 
especially at Pa/P1 = 50. This relation is explained by the fact that as 
eompression ratio increases a larger fraction of the fuel is burned at con
stant pressure. 

3. The small values of f at high compression ratios. This relation 
holds because of the small ratio of clearance volume V 2 to VI. 

4. The steady increase of efficiency with decreasing FR. In this case 
not only the decrease in temperatures after combustion but also the re
duced fraction of combustion at constant pressure account for this trend. 

GAS-TURBINE FUEL-AI R CYCLES 

In gas turbines combustion temperatures must be limited in order to 
avoid excessive nozzle and turbine-blade temperatures. In practice, 
combustion temperatures are limited by limiting the fuel-air ratio to 
values much less than the chemically correct value. 

In practice the fuel-air ratios used are such that combustion tempera
tures do not reach the range at which the assumption that the products 
contain only CO2, H20, O2, and N2 involves serious error. Thus charts 
such as C-l and tables such as those of ref 3.21 can be used, even though 
they do not account for the effects of temperature on chemical equilib
rium.* 

The gas-turbine fuel-air cycle is taken as follows (Fig 4-3) : 
Process 1-2. Isentropic compression of air only from initial condi

tions to the given pressure P2. 
Locate point 1 on C-l and follow an isentropic line for air (FR = 0) to 

the given pressure P2. 
Process 2-3. Mixing and combustion. It is assumed that liquid 

CSH16  is introduced and burned at constant pressure to equilibrium 
between points 2 and 3 .  

* I t  will b e  noted that C-l i s  limited t o  2500°F maximum temperature, a t  which 
point the author states that the effects of "dissociation" are negligibly small. 
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Fig 4-3. Gas-turbine fuel-air cycle compared with air cycle: P2/PI = 6; FR = 0.25; 
PI = 14.7; TI = 600. Numbers at each station are temperatures in oR. 

For this process it is convenient to assume 1 Ibm air and F Ibm fuel by 
dividing the mole properties by the appropriate molecular weight. 
Then 

(4-9) 

ma, the molecular weight at point 3, is found on Fig 3-5, and eq 4-9 is 
solved for Ha 0. 

Process 3-4. Locate Hao on 0-1 and follow an isentropic line (cor
responding to the given value of F) to point 4 at the original pressure. 
Read properties at point 4 from 0-1 . 

Work and efficiency are determined, in terms of the quantities given in 
0-1; as follows : 

(4-10) 

w* 

1/ = JFQc 
(4-11) 

In gas turbines the ratio wjVl , the work per unit volume of inlet air, 
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is more significant than mean effective pressure as an indicator of turbine 
effectiveness. 

Values of efficiency and wjVl vs FR and pressure ratio are given in 
refs 4.90-4.902. 

IDEAL INLET AND EXHAUST P RO CESSES 

The fuel-air cycle can be extended to include idealized inlet and ex
haust processes for any particular type of engine. Of particular interest 
is the idealized process for four-stroke engines. 

Four-Stroke Ideal Process. In four-stroke carburetor engines the 
imep, hence the torque, is usually controlled by regulating the pressure 
in the inlet manifold. When this pressure is less than the pressure of the 
surrounding atmosphere the engine is said to be throttled; when it is 
substantially equal to the atmospheric pressure the engine is said to be 
operating normally, or at full throttle. When the inlet pressure is higher 
than that of the atmosphere the engine is said to be supercharged. These 
terms are used in connection with ideal cycles as well as actual engines. 

As we have seen (Chapter 1) , the pressures in the inlet and exhaust 
systems of real engines fluctuate with time. However, in the case of 
�eal inlet and exhaust processes these pressures are assumed to be 
steady. Such steady pressures are approached in the case of multi
cylinder engines or single-cylinder engines having inlet and exhaust 
surge tanks such as those illustrated in Fig 1-2. 

Other assumptions used for idealized inlet and exhaust processes are 
as follows : 

1 .  All processes are adiabatic 
2. Valve events occur at top and bottom center 
3. There is no change in cylinder volume while the pressure difference 

across an open valve falls to zero 

Figure 4-4 shows typical diagrams of four-stroke idealized processes. 
The following description applies to any one of them, with appropriate 
intepretation. 

At point 4 the exhaust valve opens to allow the exhaust gases to escape, 
and the pressure in the cylinder falls to the pressure Pe in the exhaust 
system. For the gases remaining in the cylinder this process is repre
sented by the line 4-5. The volume of the remaining gases, however, 
is equal to Vl . The piston then returns on the exhaust stroke, forcing 
out additional exhaust gas at the constant pressure Pe. At top center 
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(point 6) the exhaust valve closes and the inlet valve opens. If Pe is not 
equal to Pi, there is flow of fresh mixture into the cylinder, or of residual 
gas into the inlet pipe, until the pressure in the cylinder is equal to the 
pressure in the inlet system (point 7) . The piston then proceeds on the 
suction stroke until point 1 is reached, thus completing the cycle. 

With our assumption of no heat transfer, the residual gas fraction of 
cycles of this character is fixed 
because the state of the residual 
gas remaining in the cylinder at ............ 
the end of the exhaust stroke, Pi' p. • 

point 6, is the same as its state at 6,7 
;:r � ................. 5 

Normal cycle 1,5a 

point 5 at the end of isentropic 
expansion of the gases in the 
cylinder to exhaust pressure. 
Since the volume of the residual 
gas remaining at the end of the 
exhaust stroke is equal to V 2, 
Mr for M Ibm of charge can be 
found from the relation 

or 

(4-12) 

In the normal idealized cycle 
there is no change in pressure of 
the residual gases when the ex
haust valve closes and the inlet 
valve opens at point 6,7. In the 

t p. 

6 
Of I!! Pi 7 

� d! 

: "4�-"'" 
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4 
, " 

Pi 7r-____ -�1 
......

...... 
Po 6 ----::::.�5 Sa 
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Fig 4-4. Ideal four-stroke inlet and ex
haust processes: Pi = pressure in inlet 
system; P. = pressure in exhaust system. 
(See Chapter 1 and Fig 1-2 for definition 
and measurement of Pi and P •. ) 

throttled cycle, when the exhaust valve closes and the inlet valve opens, 
some of the residual gas flows back into the inlet system as the pres
sure in the cylinder falls to Pi. However, this gas is assumed to remain 
in the inlet pipe and to be returned to the cylinder during the first 
part of the inlet stroke. In the supercharged cycle the same valve 
events lead to a flow of fresh mixture into the cylinder, compressing the 
residual gas to Pi. Since the mass of residual gas is fixed at point 6 in 
each case, expression 4-12 holds for all three processes shown in Fig 4-4. 

To find the characteristics of the charge at point 1 with the ideal inlet 
process, eq 1-16 can be used. For this purpose, let us take as the 
system the residual gases in the cylinder when the exhaust valve closes 
at the end of the exhaust process, point 6, and the fresh gases which 
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are about to enter the cylinder at Pi, Vi. The inlet process will be 
taken as that described by the paths 6-7-1 in Fig 4-4. Since velocities 
and heat transfer are assumed to be zero, we may write 

Since Pi = PI, P6 = Pe, V6 = V7 = V2, and Es6 = E85, we write 

(4-14) 

where Mi is the mass of fresh gas and Mr the mass of residual gas. 
In order to use C-1 to solve eq 4-14, the unit-mass properties are mul

tiplied by the appropriate molecular weights to give the properties of 
1 mole. Since f = Mr/(Mi + Mr), the resultant relation can be written 

mi mi 144 
HI ° = - (1 - f)Hio + -fH5° + V20(Pi - Pe) - (4-15) 

mi mr 778 

in units of Btu, psia, and cubic feet. 
When constructing cycles with idealized inlet processes the value of f 

may not be known in advance. In such cases it is necessary to take a 
trial value of f at point 1 and work out the cycle on this basis. If the 
trial value of f is not equal to V 2/V 5, a new value must be taken and the 
cycle recomputed; this process is repeated until the value of f deter
mined by eq 4-12 agrees with the assumed value. Figure 4-5 gives values 
of f for idealized cycles of this kind so that within the range covered by 
this figure f can be evaluated closely from given values of r, F R, Pe/P i, 
and Ti. For example, suppose r=8, FR=1.2, Ti=800oR, and Pe/Pi= 
2.0. From Fig 4-5 (ee) , at FR=1.175, r=6, Ti=600, Pe/Pi=2, f= 
0.085. Correcting for r=8 from (hh) , f= 0.085 X 0.03/0.04 = 0.064. Cor
recting for T i=800 from (ff) ,  f=0.064XO.054/0.043 =0.08, which should 
be close to the proper value found by constructing the whole cycle. 
Example 4-1a shows how a fuel-air cycle with idealized inlet process 
is constructed. 

Volullletric Efficiency. A very useful parameter in work with four
stroke reciprocating engines is the volumetric efficiency, defined as follows: 

Mi 
ev = 

(VI - V2)Pi 
(4-16) 

where Mi is the mass of fresh mixture supplied and Pi is the density of 
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the mixture at the pressure Pi and the temperature Ti. It is evident 
that the quantity (V I - V 2)Pi is the mass of fresh mixture which would 
just fill the piston displacement at the density in the inlet system. For 
real engines this parameter is fully discussed in Chapter 6. 

For fuel-air cycles the mass inducted is (1 - f) times the mass base of 
the charts, so that for use with C-1 we can write 

(4-17) 

where V/ is the volume of l Ib mole of fresh mixture at the pressure and 
temperature in the inlet manifold. Values of e" are plotted in Fig 6-5, 
p. 157. It is evident that for the ideal four-stroke inlet process e" is 
approximately equal to unity unless the exhaust and inlet pressures are 
not equal. 

Pumping Work. Since, in the ideal process, both inlet and exhaust 
strokes take place at constant pressure, the work done on the piston 
during the inlet stroke is 

Wi = Pi(V1 - V2) 

and the work done on the piston during the exhaust stroke is 

We = P.(V2 - VI) 

(4-18) 

(4-19) 

Wi and w. are called the work of the inlet and exhaust strokes, respec
tively. The algebraic sum of these two, called the pumping work, wp, 
may be expressed as follows : 

(4-20) 

When the inlet pressure is higher than the exhaust pressure pumping 
work is positive; that is, net work is done by the gases. 

Pumping mep. Since mep is work divided by piston displacement, 
the mean effective pressures corresponding to the above equations are 

mepi = Pi 

mepe = Pe 

mepp = Pi - P. 

(4-21) 

(4-22) 

(4-23) 

Net mep. We recall that mep has been defined on the basis of the 
compression and expansion strokes only ; if we wish to take account of 
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the pumping mep, it is convenient to define the net mep as 

mepn = mep + mepp 

or, for the ideal process, 

mepn = mep + (Pi - Pe) (4-24) 

Efficiency based on net mep is called net efficiency and is evidently 

mepn 
'l/n = 'l/i -

mep 

= 'l/i (1 + 
Pi - pe) 

mep 

IDEAL T WO-STROKE INLET AND 
EXHAUST P ROCESSES 

(4-25) 

Chapter 7 discusses two-stroke engines in considerable detail. In 
this type of engine (see Fig 7-1), near the bottom-center position of the 
piston, both inlet and exhaust ports are opened. The inlet pressure is 
higher than the exhaust pressure, so that when the ports open there is a 
flow of fresh mixture into the cylinder which causes exhaust gases to 
flow out. This process is called scavenging. The quantity of fresh mix
ture remaining in the cylinder at the end of the scavenging process de
pends on many factors which are fully discussed in Chapter 7. 

For two-stroke engines the ideal process is based on the following 
assumptions : 

1 .  The flow of fresh mixture into the cylinder, and of exhaust gas out 
of the cylinder, takes place at bottom dead center (volume VI of Fig 
4-1) at the constant pressure Pl' 

2. The process is adiabatic; that is, there is no exchange of heat be
tween gases and engine parts. 

The residual-gas content in the two-stroke engine is determined en
tirely by the scavenging process and is not related to the volume ratio 
V 2/V 5, as in the case of four-stroke engines. Thus the value of f may 
be taken as an independent given quantity in problems dealing with two
stroke engines. Since two-stroke engines may have much larger frac-
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tions of residual gas than four-stroke engines, it is of interest to compute 
a cycle corresponding to example 4-1 but with a much larger value of f. 
Example 4-2 illustrates such a computation. 

CHARACTERISTICS OF FUEL.AIR CYCLES 

Figure 4-5 gives characteristics of constant-volume fuel-air cycles 
over a wide range of values of r, FR, Pi, Tl, f, and h. 

The data are presented in dimensionless form as far as is practic
able. By means of these data, it is possible to construct cycles of this 
type very quickly. Numbered points are obtained directly from Fig 
4-5. Only the lines connecting the numbered points need to be taken 
from the thermodynamic charts. 

Figure 4-6 gives data similar to those of Fig 4-5 for the limited
pressure fuel-air cycle except that the ideal four-stroke inlet process 
was used for this figure. These data are limited to T. = 5200R and 
Po/Pi = 1.0. 

In Figs 4-5 and 4-6 the mep and efficiency values are based on the 
work of compression and expansion only. Net mep and net efficiency 
may easily be computed from eqs 4-24 and 4-25. 

In addition to the general characteristics of these cycles, already dis
cussed, the following trends are worthy of notice: 

1. Initial pressure, Pi, has a very small effect on efficiency except 
near FR = 1.0 with Pi < 1 atmosphere. 

2. Efficiency decreases with increasing values of Tl, because of in
creasing temperatures throughout the cycle. 

3. Residual gas up to f = 0.15 and water vapor up to h = 0.06 have 
negligible effects on efficiency. 

With both the efficiency and the conditions at point 1 known, from 
eqs 3-7, 4-3, and 4-4, 

mep J ml ( 1 - f ) r;: = RTl (FQcfJ) 1 + F + h(1 - f) 
(4-25a) 

When Tl is in degrees Rankine and Qc in Btu per Ibm, J /R = 0.503. 
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Fig 4-5. Characteristics of constant-volume fuel-air cycles with 1-octene fuel. 
(Edson and Taylor, ref 14.1) 
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EQUIVALENT FUEL-AIR CYCLES 

A fuel-air cycle having the same charge composition and density as 
an actual cycle is called the equivalent fuel-air cycle. Such cycles are of 
special interest, since they minimize differences resulting from the fact 
that the inlet and exhaust processes of a real engine are not the same as 
those proposed for the ideal inlet and exhaust processes. 

In order to construct a fuel-air cycle on this basis, there must be avail
able an indicator diagram for the actual cycle, such as Fig 4-7, as well as a 
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measurement of the mass of fresh air retained in the cylinder, per cycle, 
while the indicator diagram is being taken. 

The composition and density in the equivalent fuel-air cycle is taken 
as the same as that in the corresponding actual cycle. Thus, at cor
responding points in the two cycles, V / M, F, and f will be the same, 
where M is the mass of the charge. 

At a given point between inlet closing and ignition, such as x in Fig 4-7, 
it is assumed that pressure and temperature will be the same in both 

2 y 
Volume� 

5 

Fig 4-7. Method of correlating a fuel-air cycle with an actual cycle in order to estab
lish equivalence. 

cycles. If a temperature measurement is available, as by means of the 
sound-velocity apparatus described in ref 4.91 ,  and the fuel-air ratio is 
known, the point corresponding to x on the appropriate thermodynamic 
chart can be located directly. If the temperature is not known, the chart 
volume at point x may be found from the following expression : 

Vz M 
- = - =  

where, for the actual cycle, 

Ma'O + F:x,) 
(1 - f)Mc 

V x = cylinder volume above piston at point x 

M = mass of charge after valves close 
M a' = the mass of fresh air retained per cycle 

F x = the fuel-air ratio at point x 

(4-26) 
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For the thermodynamic chart Ve", is the chart volume at the point 
corresponding to x of the real cycle. 

Me is the mass base of the thermodynamic chart. In C-l this is the 
molecular weight of the charge in pounds. For C-2, C-3, and C-4 it is 
(1 + F) Ibm, where F is the chart fuel-air ratio. (If a chart is not avail
able for fuel-air ratio F"" use the chart on which F is nearest F",.) 

Deterlllination of Ma'. In four-stroke engines in which p. � Pi, 
or in which the valve overlap (see Chapter 6) is small, all the fresh air 
supplied is retained in the cylinder and M a' is equal to M a, the air 
supplied to the cylinder for one suction stroke. M a is easily measured 
by means of an orifice meter. 

In two-stroke engines, or four-stroke engines with considerable valve 
overlap and P. < Pi, there is often an appreciable flow of fresh air out 
of the exhaust valves (or ports) while both valves are open. In such 
cases M a' < M a. Chapters 6 and 7 discuss the problem of measuring 
or estimating M a' under such circumstances. 

Deterlllination of F",. In carbureted engines, that is, in engines 
supplied with fuel through the inlet valve, F", = M,/Ma', where M, is 
the mass of fuel supplied per cycle. For four-stroke engines with small 
valve overlap, F", = F, where F is the mass ratio of fuel and air sup
plied to the engine. 

For engines in which the fuel is injected after the point x, F", is zero, 
and the thermodynamic chart used must be for air and residual gases 
only. Diesel engines are an example of this type. 

Deterlllination of f for Real Cycles. The residual fraction must 
be determined for the real cycle not only for use in eq 4-26 but also for 
computing the internal energy of combustion. One possible method is 
to sample the gases during compression and to analyze them for CO2• 
If the mass fraction * of CO2 is determined at point x, f is equal to this 
fraction divided by the mass fraction of CO2 in the residual gases before 
mixing. The latter fraction is a function of fuel-air ratio and is given 
in Fig 4-8. 

Another method of determining f is available if the temperature of the 
gases at point x is known. Thus we can write 

Ma'(1 + Ffl:) 
P V - RT '" '" - '(1 - f)m 

fl: (4-27) 

* Note: In analyzing gases by the Orsat apparatus, or its equivalent, percentages 
by volume with the water vapor condensed are usually found. These must be con
verted to a mass basis, including the water vapor in the gases. 
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Values of m, the molecular weight of fuel-air mixtures with various 
values of I, are given in Fig 3-5. 

A method has been developed (see refs 4.91-4.92) by means of which 
a reasonably accurate temperature measurement in the cylinder gases 
can be made. Figure 4-9 shows values of I computed from eq 4-27 by 
using such measurements. The curves show that the residual fraction 
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0.16 
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FR 
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Fig 4-8. Carbon dioxide and monoxide content of combustion products for gasoline 
and Diesel engines. (D'Alleva and Lovell, ref 4.81, and Houtsma et al., ref 4.82) 

in a real engine tends to be much larger than that for the ideal induction 
process. The reasons for this relation include 

1 .  Heat losses during the expansion and exhaust strokes which result 
in lower residual-gas temperature than in the ideal process. 

2. Resistance to flow through the exhaust valve which may cause 
residual pressure to be higher and the charge pressure to be lower than 
in the ideal process . 

It is thus evident that residual-gas density will be greater in the 
actual than in the ideal process. Furthermore, pressure loss and heating 
as the fresh mixture passes through the inlet valve will reduce the density 
of the fresh mixture below that for the ideal process. 

In general, two-stroke engines will have larger fractions of residual gas 
than four-stroke engines under similar circumstances. Chapters 6 and 7 
discuss these questions in more complete detail. 



AIR CYCLES AND FUEL-AIR CYCLES COMPARED 93 

w 20r-�----�r-----'-----�------'------------' 
iij ::> 
'" 15 
.� A 
.. 10 
i' 
� 5 -0.- _ --G- - -0-- .-. -0-- Fuel-air cycle 

� o�-L----�----�----�----�--------� 1.0 1.4 
FR 

Effect of fuel-air ratio on residual percentage 

w 20r--r------------,-------------,------------, 
iij ::> � 1 5 
I!! 
� 10 
� 
� 5 -0-- Fuel-air cycle - ------.0.. ___ --�o--- __ � � O��------------�------------�----------� 

6 8 10 U 
r 

Effect of compression ratio on residual percentage 

w 20r-----,-------------r-----------�--------� 
.. -6 15 .= 

� 10 � 
� .. 5 � 

_ -0- --- --0----0- -- Fuel-air cycle 

� O �----�------------�----------�--------� 
620 660 700 

Tj,oR 
Effect of inlet temperature on residual percentage 

o Ideal cycle, ref 5.17 
• X A Based on sound-velocity-method measurements, ref 5.15 

Fig 4-9. Comparison of residual-gas fraction for fuel-air cycles with the ideal four
stroke inlet process with measured values. 

AIR CYCLES AND FUEL- AIR CYCLES C OMPARED 

In addition to the constant-volume fuel-air cycle already described, 
Fig 4-1 shows two other constant-volume cycles having the same com
pression ratio and initial conditions : 

Pl = 14.7, Tl = 600, r = 8  
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Cycle a is an air cycle with Cp = 0.24, k = 1 .4. 
Cycle b is an air cycle with the actual specific heat of air which varies 

with temperature, as indicated in Fig 3-3. 
Cycle c is the constant-volume fuel-air cycle with octene fuel, FR = 1.2, 

f = 0.05, r = 8 already described and computed in example 4-1 .  
In  order to  make the cycles comparable, the addition of heat between 

points 2 and 3 of the air cycles is made equal to the energy of combustion 
of the fuel in the fuel-air cycle ; that is, 

Q' = (1 - f)FEc/(l + F) = 1370 Btu/Ibm (4-28) 

in which Q' is the heat added per Ibm air between points 2 and 3 of 
cycles a and b, and Ec is the internal energy of combustion of octene, 
19, 180 Btu/Ibm. 

The differences between cycles a and b are due entirely to the dif
ferences in specific heat. 

Since the specific heat characteristics of the fuel-air cycle are nearly 
the same as those of cycle b, the differences between cycles b and c are 
caused chiefly by the changes in chemical composition which occur in 
the fuel-air cycle after point 2 is reached. 

We have seen that the value of Ec is based on complete reaction of the 
fuel to CO2 and H20. However, in the fuel-air cycle chemical equilib
rium at point 3 is reached before combustion to CO2 and H20 is com
plete. (Figure 3-6 shows chemical compositions in the range of point 3 
of Fig 4-1 . )  Thus in cycle c not all of the chemical energy of the fuel 
has been released at point 3 and temperature Ta is lower than in 
cycle b. 

Change in NUlllber of Molecules. The reaction which occurs 
between points 2 and 3 of the fuel-air cycle usually involves a change in 
the number of molecules and, therefore, a change in molecular weight. 

Referring to eq 4-5, because the same pressure and temperature are 
chosen at point 1, M /V is substantially * the same for corresponding 
points in all three cycles. Although Ta is lower in cycle c than in cycle b, 
due to incomplete chemical reaction, the pressures at point 3 in the two 
cycles are not proportional to the temperatures because of the change in 
molecular weight in cycle c. For the particular fuel and fuel-air ratio 
used in this cycle there is an increase in the number of molecules (a de
crease in m) during combustion which causes the pressure Pa to be higher 
than it would be for a constant molecular weight. 

* At point 1 in all three cycles M IV = pmlRT. The molecular weight for the air 
cycles is 29 and for the fuel-air cycle, 30.5. 
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Table 3-1 (p. 46) shows the change in molecular weight due to combus
tion for a number of fuels. For the usual petroleum fuels a decrease in 
molecular weight due to combustion is typical. 

Expansion. For the expansion line of the air cycle p Vk is constant. In 
the modified air cycle k increases- as the tempel'ature falls, and curve b 
approaches that of the air cycle at point 4. 

In the fuel-air cycles, in addition to an increasing k, chemical reaction 
becomes more complete as expansion proceeds "and the various con-
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Fig 4-10. Ratio of fuel-air-cycle to air-cycle efficiencies. 

stituents in the charge react toward CO2, H20, and N2• At point 4 in 
the fuel-air cycle these reactions are virtually complete. 

It is interesting to note that the pressure of all three cycles is nearly 
the same at point 4. 

Figure 4-1 can be taken as representative in a qualitative sense, but 
the magnitude of the differences between fuel-air cycles and the cor
responding air cycles will depend on the following conditions : 

1 .  Character of the cycle 
2. Fuel-air ratio 
3. Compression ratio 
4. Chemical composition of the fuel 

In order to evaluate them in any particular case, the fuel-air cycle 
must be constructed from data on the thermodynamic properties of the 
fuel-air mixture in question. 

Figure 4-10 shows the ratio of fuel-air cycle to air cycle efficiency as a 
function of compression ratio and fuel-air ratio. The ratio of fuel-air 
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cycle efficiency to air cycle efficiency increases slightly with increasing 
compression ratio because most of the chemical reactions involved tend 
to be more complete as the pressure increases. The fuel-air cycle ef
ficiency approaches air cycle efficiency as the amount of fuel becomes 
extremely small compared with the amount of air. With a very low 
fuel-air ratio, the medium would consist, substantially, of air through
out the cycle ; and, since the temperature range would be small, the air 
would behave very nearly as a perfect gas with constant specific heat. 
The air cycle efficiency thus constitutes a limit which the efficiency of 
the fuel-air cycle approaches as the fuel-air ratio decreases. 

The foregoing comparison is based on the constant-volume cycle, but 
similar considerations apply to other types of cycle. When combustion 
at constant pressure is involved, as in limited-pressure and gas-turbine 
cycles, the volume at the end of combustion will be less in the fuel-air 
cycle, as compared to the air cycle, for the same reasons that the pressure 
is less with constant-volume combustion. Figures 4-2 and 4-3 illustrate 
this difference. 

Effect of Fuel COlnposition. Except for small differences due to 
the heat of dissociation of the fuel molecule, mixtures of air with hydro
carbon fuels having the same atomic ratio between hydrogen and carbon 
will have the same thermodynamic characteristics of the combustion 
products at the same value of FR. Thus C-2, C-3, and C-4 for CSH16 are 
accurate, within the limits of reading the curves, with any fuel having a 
composition near CnH2n• 

On the other hand, the molecular weight of the unburned mixture will 
be affected by the molecular weight of the fuel. This effect will be ap
preciable when the molecular weight is very different from that of CSH16 . 
In such cases the molecular weight of the unburned mixture must be 
computed from eq 3-13. 

Goodenough and Baker (ref 4.1) and Tsien and Hottel (ref 4.2) have 
investigated the effect of a change from CSHlS to C12H26 and from 
CSHlS to C6H6, respectively, on the characteristics of th� ,products of 
combustion. In both cases the differences attributable to fuel composi
tion appeared to be within the probable error of the calculations. This 
conclusion is in accordance with actual experience, which indicates sub
stantially the same performance with various liquid petroleum products 
when the relative fuel-air ratio and air density at point 1 are held the 
same. More extreme differences in fuel composition will, of course, alter 
the thermodynamic properties sufficiently to cause appreciable dif
ferences in the fuel-air cycle. The bibliography for Chapter 3 refers 
to thermodynamic charts of a number of fuels outside the range of the 
charts for CSH16• See especially refs 4.94, 14.2, and 14.6. 
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Exhaust-Gas Characteristics of Fuel-Air Cycles 

Consider the steady-flow system from inlet receiver i to the exhaust 
receiver e in Fig 1-2. From expression 1-18, for a unit mass of gas, 

w H - H · = Q - -e ,  
J 

(4-29) 

where w is the work done by the gases between the two receivers. This 
work must include the work of inlet and exhaust strokes in the case of 
a four-stroke engine as well as the indicated work of scavenging (nega
tive) in the case of a two-stroke engine. In the case of fuel-air cycles, 
Q is taken as zero. For a fuel-air cycle with ideal inlet and exhaust 
processes, 

(4-30) 

COMPA R I S ON OF REAL AND FUEL-AIR CYCLES 

Comparison of real cycles and fuel-air cycles is the subject of ex
haustive treatment in Chapter 5. 

ILLUSTRATIVE EXAMPLES 

Example 4-1. Constant-volume fuel-air cycle (Fig 4-1) .  
Given Conditions: 

r = 8, J = 0.05, Pi = 14.7, 
Prelimioory Computations: 

F = 1 .2 X 0.0678 = 0.0813 

(1 + F)/m from Fig 3-7 = 0.0355 

m = 1 .0813/0.0355 = 30.5 

Ti = 600 
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Point 1 :  On C-l at p =- 14.7, T = 600, FR = 1 .2 ,  f = 0.05, read 

ElO = 220, 

Process 1-2: V2° = V1o/8 = 55. From point 1 follow a line of constant 
entropy to V2° = 55. This line is parallel to the FR = 1 .2, f = 0.05 line at the 
left of C-1 . At the intersection of this line with various volume lines, record 
pressures and plot as in Fig 4-1 .  At V2° = 55, read 

T2 = 1 180, P2 = 230, E2° = 3810, H2° = 6200 

Process 2-3 and Transfer to C-4: Since point 3 is to be read from C-4, we com
pute values of point 3 for a mass of (1 + F) lb. Thus 

V2* = 55 X 0.0355 = 1 .95. From eq 4-1 

Ea* = (0.0355 X 3810) + 0.95(0.0813) (19,180) + 0.05(336) = 1622 

On C-4, at E* = 1 622 and V* = 1 .95, read 

Ta = 5030, Ps = 1 100, Hs* = 2012 

Process 3-4. Expansion: O n  C-4, follow a n  isentropic (vertical) line from 
point 3 to V* = 8 X 1 .95 = 1 5.6 and read 

T, = 3060, p, = 83, E,* = 969, H4* = 1215 

The pressures and volumes along the line 3--4 are read and plotted as  in Fig 4-1 . 
Residual Gases: These are assumed to expand isentropically from point 4 to 

the exhaust pressure. Taking P. as equal to Pi = 14.7 and continuing the 
isentropic expansion to this pressure, we read, at point 5, 

T6 = 2100, V6* = 60, E6* = 700, 

Work, mep and Efficiency: 
From eq 4-2, 

�
* 

= (1622 - 969) - 0.0355(3810 - 220) = 522 Btu 

From eq 4-3, 

From eq 4-4, 

778 ( 522 ) . 
mep = 

144 15.6 
_ 

1 .95 
= 206 PSI 

'TJ = 522/0.95(0.0813) 19,035 = 0.355 

Summary of Example 4-1 : 

Point p 

1 14 . 7  
2 230 
3 1 100 
4 83 
5 14 . 7  

T 

600 
1 180 
5030 
3060 
2100 

440 
55 
55 

440 

V* 

15 . 6  
1 . 95 
1 . 95 
15 . 6  

60 

220 
3810  

E* 

7 . 8  
135 

1622 
969 
700 

1 430 
6200 

H* 

51 
220 

2012 
1215 

863 
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w* 
- = 522 Btu 
J 

mep = 206 psi 

11 = 0.355 

1 + F 
= 0.0355 

m 

m = 30.5 

Example 4-la. Fuel-Air Cycle with Idealized Inlet Process. Same as 
example 4-1 ,  except that TI and f are not given. Ti is given as 600oR, and the 
cycle is assumed to have the idealized four-stroke inlet process previously 
described. P. is given as 14.7. 

Ep�imate of f. The induction process occurs at P./PI = 1 .0. From Fig 4-5 
(hh) , at Ti = 520, FR = 1 .20 and r = 8, f = 0.030. Correcting this value to 
T; = 600 from (ff) gives 

f = 0.030(0.045/0.04) = 0.034 

Estimate of To .  For the cycle of example 4-1 with TI = 600, we found that 
To = 2100.  Take 2280 as a trial value for the present example. 

Computation of TI• The residual gases mix with the fresh mixture at the 
constant pressure Pi = Pl .  For this process 

Hlo = (1 - f) HmO + fH5° t 

where m refers to the fresh mixture. From C-l at 600 oR, Hmo = 1430, and a t  
p. = 14.7, T. = 2280oR, HO. = 14,700, V.(7 = 1750 

Hl o = 0.966(1430) + 0.034(14,700) = 1867 

From C-l ,  at FR = 1 .2, Hlo = 1867, read TI = 660°F, Elo = 570, Vlo = 
490. At r = 8, V2 = 490/8 = 61 .3 .  The actual fraction of residual gas = 
61 .3/1750 = 0.035 which is reasonably close to the original assumption. For 
condition at point 1, take TI = 660, f = 0.034. From this point the cycle is 
constructed as in example 4-1 ,  with the following results : 

Point P T VO V* EO E* 

1 14.7 660 490 17.35 570 20.2 
2 217 1225 61 .::S 2 . 17  4100 145 
3 1000 5150 2 .17 1663(1)  
4 76 3165 17 .35 997 
,:.i 14.7 2215 64.0 730 

w* 
- = 541 Btu for (1  + F) Ibm 
J 

mep = 193 psi 

11 = 0.362 
( 1 )  Ea*  = 145 + 0.966(0.0813) (19, 180) + 0.034(336) = 1663. 

(2) E * = 7 0 H * = 730 + 14.7 X 64 X 144 = 903 6 3 , a 778 
. 

HO H* 

1867 66 
6530 231 

2060 
1235 

903(2) 

tReferring to equation (4-15), (pi - Pe) = 0  and the molecular weight ratios are 

nearly 1.0.  
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From eq 4-12, we compute the residual-gas fraction : I = 2.17/64 = 0.034. 
The computed values of I and Tl agree well with the estimated values. If this 
agreement had not been obtained, it would have been necessary to recompute 
the cycle, using the computed values of T5 and I, and to repeat this process 
until agreement with computed and estimated values was established. 

The efficiency is little changed from example 4-1 ,  and the mep is nearly in 
proportion to the air density at point 1, that is, to (1 - I)/T1• 

Example 4-2. Same as example 4-1 ,  except that 1 =  0.10. The method is 
the same as in example 4-1 . The results are as follows : 

Point p T VO V* EO E* HO H* 

1 14 . 7 600 440 15 . 7  220 7 . 8  1430 51 
2 232 1 185 55 1 . 95 3810 135 6210 220 
3 1040 4850 55 1 . 95 1 538 1915 
4 79 3010 440 1 5 . 7  925 1150 
5 14 . 7  2100 60 675 833 

w* (1  + F) 
- = 486 Btu = 0.0357 J m 

mep = 192 psi m = 30.3 

'Y/ = 0.348 

As compared to example 4-1 (5% residuals) , maximum pressure and mep 
are lower because of the smaller quantity of fuel-air mixture per unit volume. 
Efficiency and temperatures are very little changed. 

Example 4-3. Same as example 4-2, except that inlet pressure is reduced 
to l atm, 7.35 psia, representing a throttled engine. The method is the same 
as in example 4-1 .  The results are as follows : 

Point p T VO V* EO E* HO H* 

1 7 . 35 600 880 31 . 4  220 7 . 8  1430 51 
2 1 1 5 1 1 70 1 10  3 . 92 3780 132 6100 215 
3 508 481 5  1 1 0  3 . 92 1535 1904 
4 39 2910 880 31 . 4  924 1 1 50 
5 14 . 7  2350 67 768 950 

w* ( 1  + F) 
- = 487 Btu = 0.0357 J m 

mep = 96 psi m = 30.3 

'Y/ = 0.348 
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mep and expansion pressures are lower because of larger specific volume. 

Efficiency and temperatures are little changed over example 4.2. 

Example 4-4. Limited-pressure fuel-air cycle, with liquid fuel injected at 
end of compression. 

Given Conditions: 

FR = 0.8, r = 16, f = 0.03, PI = 14.7, TI = 600 , P3/Pl = 70 

Preliminary Computations: Before fuel injection, FR = F = 0, (1 + F)/m 
from Fig 3-7 = 0.0345, m = 1/0.0345 = 29. (On the chart air with 3% 
residual gas is indistinguishable from air.) 

Point 1: On C-l at P = 14.7, T = 600, FR = 0, read 

VO = 440, EO = 210, HO = 1400 

Process 1-2: Since FR = 0, f � 0, follow vertical line to V2° = VI = 27.5. 
At this point read 

P2 = 675, T2 = 1702, E2° = 6100, H2° = 9455 
for 1 Ibm, E = 6100(0.0345) = 210, H = 326 t 

Fuel Injection : It is assumed that liquid octene is inj ected at this point to 
give F = 0.8 X 0.0678 = 0.0542. From expression 4-6, 

also, 
E2* = 0.0345 X 6100 + 0.97 X 0.0542(19,180 - 145) = p13 

V2* = 27.5 X 0.0345 = 0.948 
and, from eq 4.8, 

H3A* = 1213 + 70 X 14.7 X 0.948 X m = 1213 + 181 = 1394 

On C-2, at P3 = 70 X 14.7 = 1030 and B3A * = 1394, we read 

V3A* = 1 .75, T3A = 4560, E3A* = 1056 

Expansion: From point 3A follow line of constant entropy to V4 * = 440 X 
0.0345 = 15.2, reading pressures and volumes to give expansion line of Fig 4-2. 
At V4* = 15.2, read, from C-2, 

P4 = 70, T4 = 2690, E4* = 495, H4* = 690 
I 

Residual Gas: Continuing the expansion to P6 = 14.7, we read, from C-2, 

Work: 

T6 = 1960, 

= 1394 - 181 - 495 - 0.0345(6100 - 210) 

= 513 Btu 

mep = ill X 513/(15.2 - 0.948) = 194 

7J = 513/0.97(0.0542) 19,035 = 0.512 

t Note : Strictly speaking, if the charge is to contain ( 1  + F) Ibm after injection, 
the mass before injection is ( 1  + jF) Ibm . However, the value or jF is so small 
that the mass before combustion may be taken as 1 pound. 
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ExaDlple 4-5. Same as example 4-4, except that FR after injection is 0.6. 
Points 1 and 2: These points and pressure Ps are the same as in example 4-4. 

V10 = 440 and V2° = 27.5 as before. Since a chart for FR = 0.6 is not available, 
the chart for FR = 0.8 (C-2) is used, with the assumption that the thermo
dynamic characteristics per unit mas8 of burned products is the same within the 
accuracy required. 

Fuel Injection: 

F = 0.6 X 0.0678 = 0.0407, V2* = 27.5/29 = 0.948 

E2* = 0.0345 X 6100 + 0.97 X 0.0407(19,180 - 145) = 960 

Hu * = 960 + 181 = 1 141 (181 is from example 4-4) 

In using the foregoing values with C-2, it must be remembered that the actual 
H* and E* values are for 1 .0407 Ibm of material, whereas C-2 is based on 1 .0542 
Ibm. Thus, to enter C-2, Hu * is multiplied by 1 .0542/1 .0407 = 1 .012 and 

HSA chart = 1 141 X 1 .012 = 1 1 58 

The volume values, however, were fixed by the compression process with air 
only and remain the same as in example 4-4 ; namely, 

VI* = V4* = 1 5.2 and V2* = Va* = 0.948 

Point SA : This point is found at the chart values H = 1 1 58 and PaA = 1030. 
Here we read V = 1 .48, Tu = 3980. The actual value of V3A* is 1 .48/1 .012 = 
1 .46. 

Expansion: This is followed along a constant entropy line on the chart from 
V = 1 .48, T3A = 3980 to V4*, whose actual value is 1 5.2, chart value 1 5.2 X 
1 .012 = 1 5.4. Volumes along the expansion line are chart volumes divided by 
1 .012. 

Point 4: 

Point 5: 

V = 15.4, P4 = 57, V4* = 15.2, 

T4 = 2090, Echart = 360, E4* = 355 

P6 = 14.7, 

Wark: From eq 4-8a, 

T6 = 1590, Echart = 220, 

�* = { 1 141 -
1030 :'

4
0.948 - 355 - 0.0345(6100 - 210) } = 403 Btu 

mep = 403 X r r V15.2 - 0.948 = 154 psi 

Efficiency: 
.,., = 403/0.97(0.0404) 19,035 = 0.54 

ExaDlple 4-6. Gas-Turbine Cycle (Fig 4-3). 
Given Condition8: Fuel is octene, FR = 0.25, TI = 600, PI = 14.7, pressure 

ratio pdpi = 6, no heat exchange. 
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Method: For fuel-air ratio of FR = 0.25 or less, C-l can be used, since the 
maximum temperature will not exceed 2500°R. For the gas turbine, f = 0, 
F = 0.25 X 0.0678 = 0.017. From Fig 3-5, m = 29 before fuel injection and 
also after combustion. 

Compression: This process involves air only. From C-l ,  at p = 14.7, 
T = 600, f = 0, F = 0, we read 

Dividing by 29, 
VI = 1 5.2, EI = 7.2, 

Following a line of constant entropy (vertical) to P2 = 6 X 14.7 = 88.2, read 

T2 = 995, 

Dividing by 29, 
H2 = 144, V2 = 4.21 

Fuel Injection and Burning: At point 2 it is assumed that liquid fuel is injected 
and burned to equilibrium at constant pressure. From eq 4-9, 

Hao = 4180 + (29)0.017(19,180 - 145) = 1 3,580 

On C-l ,  reading at Pa = 88.2, Hao = 1 3,580, FR = 0.25 gives 

Ta = 2175, 

Multiplying by 1 .017/29 (after burning) , 

Va * = 9.3, Ea* = 325, Ha * = 477 

Expansion: Following a line parallel to that for constant entropy at FR = 0.25, 
from point 3 to P4 = 14.7, read 

T4 = 1430. 

Multiplying by 1 .017/29, 

Work and Efficiency: From eq 4-10, 

w* 
- = (477 - 264) - (144 - 48) = 1 17 J 
w* 
VI 

= 1 17(778)/144(15.2) = 41 .5 psi 

1 1 7  
1/ 

= 

19,035 X 0.017 
= 0.37 
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Table 4-1 compares the results obtained in the foregoing examples. 

Example 

Type 

r 

FE 

f 

Pl 

Pe 

Tl 

P2 
T2 
P3 
T3 
VaA 
TaA 
P4 
T4 
T& 
wlJ 
mep 

71 

Fig No. 

Table 4-1 
CODlparison of Fuel-Air Cycles 

(Constant Volume and Limited Pressure) 

4-1 1 4-1a 1 4-2 1 4-3 1 Air · 1 4-4 1 
CV 1 

8 8 
---

8 1 
1 . 2 1 . 2 1 . 2  1 0 . 8 1 ---

0 . 05 0 . 034 0 . 10 0 . 10 1 0 . 05 1 --- ---

14 . 7  14 . 7  14 . 7 1 7 . 35 1 
---

14 14 . 7  14 . 7  
--- ---

600 660 600 
--- ---

230 217 232 1 1 5  270 675 
1 180 1225 1 185 1 170 1380 1702 
1 100 1000 1040 508 1836 1030 
5030 5150 4850 4815 9360 -

- - - - - 1 . 75 
- - - - - 4560 

83 76 79 39 98 70 
3060 3165 3010 2910 4075 2690 
2100 2215 2100 2350 2355 1960 

522 541 486 487 774 513 
206 193 192 96 316 194 

0 . 355 0.362 0 . 348 0 . 348 0 . 570 0 . 512 
--- --- --- --- ---

4-1 4-1 

• See Chapter 2. 

4-5 1 Air · 

LP 

16  

0 . 6  

0 . 03 

14 . 7  

675 715 
1702 1820 
1030 1030 

- -

1 . 46 1 . 73 
3980 4820 

57 50 
2090 2020 
1590 1440 
403 423 
154 161 

0 . 54 0 . 588 
-- ---

4-2 4-2 

Example 4-7. Gas-turbine fuel-air cycles have also been computed by 
using the assumption that the medium after fuel injection has the properties of 
(1 + F) Ibm of air. This assumption is convenient when only air characteristics 
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are available, as in ref 3.21 . By using this assumption and the same given con
ditions for example 4-6, the results indicated in Table 4-2 are produced. 

Example 4-8. A still simpler method of computing gas-turbine cycles is to 
assume average values for specific heat of air during compression and expansion. 
Suggested values when FE � 0.25 are Cp = 0.244, k = 1 .39 for compression, 
and Cp = 0.265, k = 1 .35 for expansion. Results of this assumption for the 
given conditions, the same as in example 4-6, are listed in Table 4-2. 

Example 4-9. Gas-turbine air cycle for the same given conditions. C,. = 0.24, 
k = 1 .4. (See Chapter 2.) Results are shown in Table 4-2. 

It should be noted that methods 4-6 and 4-7 produce the same result within 
the accuracy of reading C-1 .  Method 4-8 is a good approximation for computa
tions of gas-turbine fuel-air cycles when thermodynamic data are not at hand. 

Table 4-2 compares the gas-turbine cycles computed in examples 4-6 to 4-9. 

Table 4-2 

Comparison of Gas-Turbine Cycles 

(Tl = 600, PI = 14.7, P2/PI = 6, FE = 0.25, Vl = 1 5.2) 

Example 4-8 Example 4-9 
Example 4-6 Example 4-7 Cp = 0 . 244 comp Cp = 0 . 24 

Method Using C-1 Using ref 3.21 = 0 . 265 exp k = 1 . 4  

T2 995 994 955 1000 
Ta 2200 2187 2155 2080 
T4 1435 1390 1350 1246 
V2 4 . 21 4 . 2  4 . 0  4 . 2  
Va 9 . 3 9 . 2  9 . 0  8 . 8  
V4 37 35 . 0  34 . 0  31 . 7 
w/V1 42 . 7  42 45 58 
11 0 . 37 0 . 367 0 . 389 0 . 503 

Fig No. 4-3 4-3 

Example 4-10. Using Fig 4-5, compute the efficiency, mep, and conditions at 
point 3 of a constant volume fuel-air cycle having the following conditions : 
PI = 30 psia, TI = 800oR, FR = 1 .2, r = 12.5, f = 0.025, h = 0.04. 

Efficiency (referring to Fig 4-5) : PI = 30/14.7 = 2.04 atmospheres. 
From (a) , the efficiency at PI = 1 .0, TI = 700, f = 0.05 and h = 0.02 is 0.41 .  
From (c) , the correction factor for PI = 2.04 i s  1 .0 .  
From (d) , the correction factor for TI = 800 is  0.995. 
From (e) , the correction for f = 0.025 is 0.998. 
From (f) , the correction for h = 0.04 is 1 .0 .  
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The corrected efficiency is 

'1'/ = 0.41 ( 1 .0) (0.995) (0.998) ( 1 .0) = 0.408 
mep: F = 1 .2(0.0678) = 0.0814. From Fig 3-5, ml = 30.7 .  For octene Qc = 

19,035. Using these values in equation 4-25a gives ��p 
= 

0.5°:ci�0 .7) [0.0814(19,035)0.408] 
[ 0.95 ] 

1 .0814 + 0.02(0.975) = 10.55 

mep = 30(10.55) = 316 psi 

Conditions at Point 3: From Fig 4-5 (k) , Pa/Pl = 103. Correction for Tl from 
(m) = 0.895. Correction for f = 0.025 from (n) is 1 .014. Correction for h = 

0.04 from (0) = 0.978. Corrected Pa/Pl is 

(30) 103(0.895) (1 .014) (0.978) = 91 .4 and Pa = 91 .4(30) = 2740 psia 

From (p) Ta/Tl = 7.54. Correction for Tl = 800 from (r) is 1 .017 .  Cor
rection for f = 0.025 from (s) is 1 .014. Correction for h = 0.04 from (t) is 
0.983. Therefore : 

Ta = 800(7.54) (1 .017) (1 .014) (0.983) = 61 l0oR 



 

five--------------

The 
Actual 
Cycle 

The discussion in this chapter is confined to the events which occur 
between the beginning of the compression stroke and the end of the ex
pansionstroke. The inlet and exhaust strokes of four-stroke engines and 
the scavenging process in two-stroke engines are considered in Chapters 6 
and 7 .  

THE ACTUAL CYCLE IN SPARK· 
IGNITION ENGINES 

Since the equivalent constant-volume fuel-air cycle represents the 
limit which can be approached by spark-ignition engines, it is used as the 
standard of comparison and discussion in this section. 

Figure 5-1A shows, qualitatively, how an actual indicator diagram 
from a spark-ignition engine differs from that of the equivalent fuel-air 
cycle. 

In constructing the equivalent cycle (see Chapter 4) it is taken to 
coincide in temperature, pressure, and composition at a point, such as x, 

about midway in the compression stroke. With this assumption, and 
since the actual compression process is nearly isentropic, the compression 
lines of the two cycles coincide very closely up to point a, at which igni
tion causes the pressure of the real cycle to rise sharply. 

107 
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After combustion starts the pressure of the real cycle rises along a line 
such as a-b. Point b is taken where the expansion line becomes tangent 
to an isentropic line parallel to that of the fuel-air cycle. Experience 
shows that in well-adjusted engines point b is the point at which the 
charge becomes fully inflamed and combustion is virtually complete. 

p p 

v 
Fig. 5-1. Cycle losses. 

- Equivalent fuel-air cycle x is point of measurement of pres-

A-- Actual cycle sure temperature and volume 
B-- Cycle with time loss only y-z is isentropic through point b 
C-- Cycle with heat loss only E:;:;:;:;:3 exhaust blowdown loss. 

As the charge expands, the expansion line falls below the isentropic 
line, due to heat loss. 

At point c the exhaust valve starts to open, and the pressure falls 
rapidly as the piston approaches bottom center. 

Possible causes of the observed differences between the actual and the 
fuel-air cycle include the following: 

1. Leakage 
2. Incomplete combustion 
3. Progressive burning 
4. Time losses; that is, losses due to piston motion during combustion 
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5. Heat losses 
6. Exhaust loss; that is, the loss due to opening the exhaust valve 

before bottom dead center 

Leakage. Except at very low piston speeds, leakage in well-adjusted 
engines is usually insignificant. Leakage can be estimated by measuring 
blow-by, that is, the mass flow of gases from the crankcase breather. 

Incomplete Combustion. By this term is meant failure to reach 
theoretical chemical equilibrium before the exhaust valve opens. Ex
perience shows that with spark-ignition engines there is always some 
incompletely burned material in the exhaust, probably due to quench
ing of the combustion process on the relatively cool surfaces of the 
combustion chamber. In well-designed and well-adjusted engines the 
resultant loss in efficiency is very small except, perhaps, at light loads 
and idling. However, the unburned material in the exhaust may be an 
important cause of "smog" and odor. 

Progressive Burning 

The details of the combustion process in spark-ignition engines are 
discussed at length in Vol 2. For present purposes it is necessary to re
call the following facts : 

1. Normal combustion in spark-ignition engines starts at one or more 
ignition points and continues by means of moving flame fronts which 
spread from these points at measurable time rates. 

2. Combustion is virtually complete when the flame fronts have 
passed through the entire charge. 

3. The time required for the combustion process varies with fuel com
position, combustion-chamber shape and size (including number and 
position of ignition points), and engine operating conditions, one of the 
most important of which is engine speed. Fortunately, combustion time 
varies nearly inversely as speed, so that the crank angle occupied by 
combustion tends to remain constant as speed varies. 

4. Best power and efficiency are obtained when ignition is so timed 
that points a and b of Fig 5-1 are at substantially the same crank angle 
from top center. (This means that the cylinder volume at these points 
is the same.) However, in order to avoid detonation (see Vol 2), a later 
spark timing is often used. 

Since the movement of a flame requires a certain amount of time, it is 
evident that even if the piston remained stationary during combustion 
different parts of the charge would burn at different times. 
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To explain the mechanism of progressive burning, its effect will be 
computed by using the assumptions of the fuel-air cycle for each in
finitesimal portion of the charge. The assumptions are listed below: 

1. The piston motion during combustion is negligible 
2. At any instant the pressure in all parts of the cylinder is the same 
3. Opemical reaction occurs only at the flame front 
4. The process is adiabatic for each particle of the charge 

Assumptions 1 and 2 are ordinarily made for fuel-air cycles. Assump-
tions 3 and 4 are useful for simplification of the reasoning and are prob
ably good approximations. 

1000 

800 2" 

'" 
.� 600 
2! 
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3 3 ' 

.� 
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vAverage diagram 
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� 
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�t part of charge 
"- 2' 

2 4 6 8 10 12 14 
Volume, ft3/(l + F) Ibm 

4" 4 4' 
1 1 1 J 

16 18 20 

Fig 5-2. Pressure-volume relations of various parts of the charge with progressive 
burning: fuel-air cycles, FB = 1.175; Tl = 6OOoR; Pl = 14.7 psia; r = 6. 

The average pressures of a constant-volume cycle are represented by 
diagram 1-2-3-4 in Fig 5-2 (note that the abscissa scale is chart volume). 
All of the gas in the cylinder is compressed from PI, VI to P2, V2; con
sequently at point 2 it is at a uniform temperature, T2• At point 2 ig
nition occurs at some definite point in the cylinder. 

As soon as it ignites, the small volume of gas immediately adjacent to 
the point of ignition is free to expand against the unburned gas in the 
cylinder. If the volume chosen is infinitesimal, it will expand without 
affecting the general cylinder pressure. As combustion occurs in this 
small volume, it will expand to point 2' on the diagram at constant pres

sure. As combustion proceeds, this small volume of gas will be com
pressed to point 3' (adiabatically, since no heat interchange is assumed). 
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It will then be re-expanded, by the motion of the piston, to the release 
pressure, point 4'. 

If the last part of the charge to burn is now considered, it is seen to be 
compressed before combustion to the maximum cyclic pressure at point 2". 
Since its volume is small compared to the total volume of gas, this part 
of the charge also expands at constant pressure to point 3", whence it is 
further expanded to 4" by the motion of the piston. Similarly, any in
termediate small volume of gas will go through a cycle in which combus
tion takes place at some pressure level intermediate between P2 and Pa. 
Thus an actual cycle may be viewed as the resultant of the sum of an 
infinite number of different cycles in each of which combustion occurs at 
constant pressure. We also observe that after combustion there is a 
difference in chart volume, and, therefore, in temperature, between the 
last part of the charge to burn and the part near the ignition point. 
Pressures and temperatures can be computed for the various parts of the 
charge by means of the thermodynamic charts of Chapter 3. On the 
assumption that the compression ratio is 6, the inlet conditions are 
PI = 14.7, TI = 600oR, and the fuel-air ratio is 0.0782, the results of 
such computations are listed in the following table. 

Point p v* T 

1 14.7 15 . 6  600 
2 160 2.6 1070 
3 810 2.6 4980 
2' 160 1 1.2 4250 
2" 810 0.78 1520 
3' 810 2.9 5470 
3" 810 2 . 4  4630 

Ta', the temperature near the spark plug after combustion is com
plete, is 840°F higher than Ta", the temperature at the same instant of 
the last part of the charge to burn. Ta'minus Ta" represents the max
imum temperature difference which could exist under the assumed con
ditions. In the actual cycle this temperature difference will be smaller, 
since both heat transfer and mechanical mixing occur during combus
tion, and the chemical reaction occurs in a zone of finite thickness. 
However, there can be no doubt that the actual process is similar to this 
simplified theoretical process. This similarity was confirmed by Hop
kinson (ref 5.22) as early as 1906. In a series of experiments performed 
in a constant-volume bomb filled with a nine-to-one air-coal-gas mixture 
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at atmospheric pressure and temperature, he measured a temperature 
difference of about 900°F in the gas immediately after combustion. 
The maximum temperature occurred near the point of ignition while the 
minimum temperature was in the last part of 'the charge to burn. 
Measurements by Rassweiler and Withrow (ref 5.11) in an actual en
gine yielded the results shown in Fig 5-9 (p. 121) in which the maximum 
difference in temperature between the two ends of the combustion 
chamber is about 400°F. * 

Calculation of fuel-air cycles with progressive burning show that the 
mep and efficiency of the cycles are the same, within the accuracy of the 
charts, as for similar fuel-air cycles with simultaneous burning. For 
such cycles, of course, the piston is assumed to remain at top center 
during burning of all parts of the charge. 

On the other hand, piston motion during burning results in measurable 
losses, as is shown. 

Thne Loss, Heat Loss, and Exhaust Loss 

In well-adjusted engines the losses due to leakage, incomplete mixing, 
and progressive burning are too small to be evident or measurable by 
means of an indicator diagram. On the other hand, the remaining losses, 
namely, time loss, heat loss, and exhaust loss, can be distinguished and at 
least approximately evaluated by means of an accurate indicator diagram 
compared with the diagram for the equivalent fuel-air cycle. 

Thne Losses. By this term is meant the loss of work due to the fact 
that the piston moves during the combustion process. 

Heat Loss. By this term is meant the loss of work due to heat flow 
from the gases during the compression and expansion stroke. In most 
cases heat transfer during the compression stroke up to the point at 
which combustion starts appears to be a negligible quantity. 

The factors which control the total rate of heat flow from the gases 
to the cylinder walls are discussed at length in Chapter 8. Here we are 
interested only in the heat which is lost by the gases during the com
pression and expansion strokes. Since much heat is also transferred to 

* The actual difference may have been considerably higher than the measured 
difference because of experimental limitations. For example, the average tempera
tures of relatively large volumes of the mixture were measured instead of the tem
peratures of infinitesimal layers. It was also impossible to make measurements very 
close to the spark points or in the very last small element of the charge to burn. 
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the coolant by the exhaust gases after they leave the cylinder, the total 
heat flow to the coolant is much greater than the flow with which we are 
here concerned. 

Separation of Thne Loss and Heat Loss. Fig 5-1 B shows a 
hypothetical cycle with no heat loss, but with a finite combustion time, 
and Fig 5-1 C shows a cycle with instantaneous combustion, but with 
heat losses during combustion and expansion. For any cycle from point 
a to point b, from eq 1-16, 

lib 
Eb = Ea + Qa-b - J a p dv (5-1) 

If no heat is lost between a and b (as in Fig 5-1 B) the pressure at 
volume b and the subsequent expansion line will be higher than the 
fuel-air-cycle pressure, because less work has been done at volume b 
in the cycle with time loss. The work lost will be the horizontally 
hatched area minus the vertically hatched area. Finite combustion 
time always involves a net loss as compared to the fuel-air cycle, which 
means that the work gained on expansion (vertical hatching) is always 
less than the work lost (horizontal hatching). 

In Fig 5-1 C with instantaneous combustion, heat lost during com
bustion lowers the maximum pressure, and heat lost during expansion 
causes the pressure to fall faster than along the isentropic line y-z. The 
lost work is given by the vertically hatched area. 

In an actual cycle accurate separation of heat loss from time loss 
requires greater precision in pressure and temperature measurement 
than has been achieved to date. A useful division of the losses however, 
is illustrated in Fig 5-1 A. Referring to the tangent isentropic line y-z, 
the horizontally hatched area is chiefly due to time loss, and the verti
cally hatched area is chiefly attributable to heat loss. For convenience, 
values determined in this way will be designated apparent time loss 
and apparent heat loss. In practice, apparent heat loss can be nearly 
zero (see Fig 5-12) in the case where the actual heat lost during com
bustion is just sufficient to bring point b in Fig 5-1 B down to the fuel-
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air-cycle expansion line, and the heat lost during expansion is so 
small that little departure from the isentropic line is evident. 

Exhaust Loss. There is always an appreciable loss due to the fact 
that the exhaust valve starts to open at a point, such as c in Fig 5-1, be
fore bottom center. Such early opening is required in order to minimize 
the exhaust-stroke loss in four-stroke engines (see Chapter 6) and in 
order to allow time for scavenging in two-stroke engines. In general, 
earlier opening is required for two-stroke engines, which gives their p-V 
diagrams a characteristic shape near bottom center, as shown in Fig 5-7 
(p. 118). This question is discussed in more detail in Chapter 7. 

PRESSURE AND TEMPERATURE 
MEASUREMEN TS 

Quantitative analysis of the differences between the actual cycle and 
its equivalent fuel-air cycle obviously requires an accurate pressure-vol
ume diagram of the real cycle. 

Indicators. For speeds at which most internal-combustion engines 
run the mechanical type of indicator, familiar in steam-engine practice, is 
unsatisfactory because of the considerable inertia of its moving parts. Of 
the many types of high-speed indicator proposed or developed, * your 
author has found only one, namely, the balanced-pressure type (refs 5.01, 
5 .04), which is sufficiently accurate to be used for quantitative purposes. 
The particular balanced-pressure indicator used for most of the diagrams 
in this book is illustrated by Figs 5-3 and 5-4. 

The MIT balanced-pressure indicator is the stroboscopic, or point-by
point, type. The pressure-sensing element is about the size and shape 
of a spark plug (Fig 5-4). This element is screwed into a hole in the 
cylinder head. At its inner end it carries a thin steel diaphragm, sup
ported between two heavy perforated disks, called grids. The space be
tween the grids is a few thousandths of an inch greater than the thick
ness of the diaphragm. 

In operation, a steady gas pressure, called the balancing pressure, is 
applied to the outer side of the diaphragm, whose inner side is exposed 
to the cylinder pressure. The balancing pressure is also applied to the 
piston of the recording mechanism, which sets the recording point at an 
axial position along the recording drum; this point is determined by the 

* See refs 5.0-. There is a number of electrical indicators which give good qual
itative results, and pressure-sampling indicators have been used with some success 
for light-spring diagrams. 
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balancing pressure and by the calibration of the spring which restrains 
the piston motion. 

The recording drum rotates with the engine crankshaft and must be 
connected to it by a torsionally rigid shaft. 

Fig 5-3. The MIT balanced-diaphragm pressure indicator, recording unit. (Manu
factured by American Instrument Co, Inc, Silver Spring, Md.) 

With a given balancing pressure, the diaphragm will move from one 
grid to the other when the cylinder pressure reaches the balancing pres
sure and again when the cylinder pressure drops below the balancing 
pressure. The crank angle at which these two events occur is recorded 
by a spark which jumps from the recording point to the recording drum, 
through the paper on the drum. The spark is caused to jump by an 
electronic circuit connected to the insulated electrode of the pressure
sensitive unit. (See Fig 5-4.) When the cylinder pressure rises to the 
balancing pressure the diaphragm moves against the end of the electrode, 
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thus grounding the electrode. When the cylinder pressure falls back 
through the balancing pressure the diaphragm breaks contact with the 
electrode. In either case a spark jumps from the recording point through 
the paper on the recording drum. 

It is evident that this indicator records the crank angles at which the 
cylinder pressure is equal to the balancing pressure. To make a complete 
pressure-crank-angle curve with this mechanism, it is necessary to vary 

� 150 ] 
C/) 0 

=r -'.'.' .... .  .... "" , .. , ..... i"'.,�: .. :� .... 
180' 90' BTC 

'--j' 
o· 

�atlT1.l 
ATC 

I 
90' 

....... ,,--�,- . . .  - .. . " .  � -'.' .. 
"'1' 
180' 

Fig 5-5. Heavy spring indicator card, made with indicator in Figs 5-3 and 5-4: CFR 
engine, 3� x 4� in; Vd = 37.33 in3; r = 8.35; iso-octane fuel; F = 0.0782; SA = 20° 
BTC; N = 1200 rpm; Pi = 14.4 psia; P. = 15.1 psia; Ti = 175 °F. 

the balancing pressure over a range slightly greater than the range of 
pressure in the cylinder. 

Figure 5-5 shows a typical record made by this indicator. The record 
indicates not only the average pressure for a large number of cycles but 
also shows the range of pressure variation from cycle to cycle and gives an 
indication of the relative number of cycles which have a given deviation 
from the average. When the crank-connecting-rod ratio of the engine 
used is known the record can be converted to pressure-volume coordi
nates, as illustrated by Fig 5-6. * In such a translation the average pres
sures of the original record are usually used. Figure 5-7 shows a similarly 
constructed record for a two-stroke engine. 

A limitation of the balanced-pressure indicator is the fact that it can
not measure the pressures of a single cycle. For this purpose various 

* A mechanical device has been developed to facilitate this conversion. (See 
ref 5.05.) 
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Fig 5-6. Pressure-volume diagram from Fig 5-5: area = 3.79 in2; mep 
ihp = 6.43. 

o 
E 

L 1.0.20�j 
ISfrOke 

0.31 x stroke-

113.7 psia; 

Fig 5-7. Indicator diagram from two-stroke engine (a four-stroke engine having 
the same expansion curve would follow, approximately, the dashed line): commercial 
gas-engine, loop scavenged; bore 18 in; stroke 20 in; piston speed 833 ft/min; mep 

. area two-stroke diagram 
87.7 pSI; . = 0.945. 

area four-stroke diagram 



PRESSURE AND TEMPERATURE MEASUREMENTS 119 

types of electric indicator are generally used. (Refs 5.06-5.092.) Such 
indicators are very useful for qualitative comparisons, as in fuel testing, 
and for demonstration purposes, since they will display successive cycles 
on either p-(J or p-V coordinates on an oscilloscope screen or photographic 
film. The best ones have sufficient accuracy for most purposes, except 
for the measurement of indicated mean effective pressure. A study of 
the accuracy of several types of indicator is reported in ref 5.04. 

When well adjusted the accuracy of the palanced-pressure indicator 
is believed to be within ±2% for heavy-spring diagrams and ± 1 psi for 
light-spring diagrams. 

Temperature Measurements. No instrument as satisfactory as 
the pressure indicators just described has been developed for measuring 
cyclic temperatures. However, a very promising method, illustrated in 
Fig 5-8, is that of measuring instantaneous sound velocity in the gases 
and using the gas laws to compute the corresponding temperatures. 
(See ref 5.15.) Temperature measurements by this method are believed 
accurate to ±20°F before combustion. After combustion the accuracy 
is less certain. 

Various spectroscopic methods, notably that of sodium-line reversal 
(refs 5.10--5.12) have also been used. 

All methods of temperature measurement require special cylinder 
heads and elaborate auxiliary apparatus. In every case the measure
ment gives some sort of a mean temperature in a small part of the charge. 
At the time of writing, published results of such measurements are 
limited to a very few types of engine, each operating within a limited 
range. (See refs 5.13-5.16.) 

Figure 5-9 shows temperatures measured by the sodium-line method, 
and Fig 5-10, by the sound-velocity method. Temperatures of the 
equivalent fuel-air cycle are given in each case. 

The temperatures given in Fig 5-9 were taken across the combustion 
chamber in three different areas. These measurements show the ex
pected differences due to progressive burning and also indicate that it is 
possible for local temperatures to exceed the average temperature of the 
equivalent fuel-air cycle. 

Calculations based on the fuel-air cycle have shown that there would 
be no appreciable loss in efficiency due to the fact that burning is non
simultaneous, provided that there was no piston motion during the burn
ing process. The loss due to piston motion we have classified as time 
loss. 

Figure 5-10 shows temperatures measured by the sound-velocity 
method in the end-gas zone of the cylinder illustrated in Fig 5-8. 
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Coaxial cable to 
transmitter 

Inlet 

Ionization gap 

Brass bar --....... ' .. 

Receiving 
crystal 

receiver 

Piston with 

special crown 

Fig 5-8. Apparatus for measuring sound velocity in cylinder gases: time of transit of 
a sound pulse from transmitter to receiver is measured electronically. Measurement 
is in end gas zone. (Livengood et al., ref 5.15) 

As would be expected from previous discussion, progressive burning of 
the first part of the charge carries the end gas to a specific volume con
siderably smaller than the minimum specific volume of the equivalent 
fuel-air cycle. Except for this feature, the measured temperatures are 
remarkably close to those of the fuel-air cycle. (The two cycles were as
sumed to coincide at point x, Fig 5-10.) 

Compression-stroke temperatures of the end gas are thought to be 
fairly representative of the whole charge, since there is no reason for 
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Fig 5-9. Gas temperatures measured by the method of sodium-line reversal: L-head 
engine, 2.88 x 4.75 in; r = 4.4; To = 212°F; 800 rpm; FR = 1.25, full throttle; Gaso
line, 75 ON. (Rassweiler and Withrow, ref 5.1 1) 

5000 r---,---�----�---r----�--�--�--� 

4500 

4000 

3500 

0:: 3000 . 
!!' � 1600 
.., c. 
E 
� 1400 

1200 

1000 

800 

6000 

Measured by sound velocity 

"'-.......... -- ------
Fuel-air cycle �-

Isentropic compression for the 

measured peak-pressure 

� /' Unburned end-gas 

� 
��� Fuel-air cycle 

Measured by ""'''''':... 
sound velocity " 

--

Relative specific volume 

--
..... _---

8 

Fig 5-10. Comparison of temperatures in the fuel-air cycle and measurements by 
sound-velocity method of Fig 5-8: CFR 3.25 x 4.5 in engine; r = 8; FR = 1 .2; Ci = 1.9; 
.., = 1 .0; Di = 1 .35 in; 1500 rpm; 27° SA; Pi = 16.7 psi; P./Pi = 0.59; Ti = To == 
620°R. (Livengood et al., ref 5.16) 
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large temperature gradients before combustion starts. On the other 
hand, it is evident from Fig 5-9 that end-gas temperature after combus
tion is below the average temperature of the charge. Thus the agree
ment on the expansion line is probably not so good as it first appears. 

The fact that the measured temperature appears to fall faster than the 
fuel-air cycle temperature on the expansion curve can be taken as due to 
heat loss. 

The sound-velocity apparatus could not measure temperatures for the 
whole expansion process at the time the data for Fig 5-10 were taken. 

QUAN TI TA TIYE ANA:bYSIS OF LOSSES IN 
SPARK-IGNITION ENGINES 

Figures 5-11 and 5-12 give quantitative comparisons between actual 
cycles and their equivalent fuel-air cycles. Wherever they were avail
able for points corresponding to x of Fig 5-1, temperature measurements 
by sound-velocity method have been used to compute residual-gas frac
tion. When temperature measurements were not available reasonable 
estimates of f have been made. Figure 5-11 compares an actual cycle 
from a spark-ignition engine with its equivalent fuel-air cycle. The 
ratio of mep and efficiency of the actual cycle to that of the fuel-air 
cycle is 0.80, which is quite typical for cylinders of automotive size run
ning at full load. Of the "lost" work, that is, 0.20 X the work of the 
fuel-air cycle, 60% is attributable to apparent heat loss (Fig 5-1) , 
300/0 to apparent time loss, and 10% to exhaust blowdown loss. 

Figure 5-12 shows a comparison of actual and fuel-air cycles for a 
large aircraft cylinder running at 2000 ft/min piston speed. The cyl
inder was air-cooled, and the walls ran at considerably higher tempera
ture than those of the water-cooled cylinder of Fig 5-11. The latter 
fact, plus the high gas-side Reynolds number at which the engine was 
operating, may account for the fact that apparent heat loss is nearly 
zero. This means that the actual heat loss during combustion just 
offsets the reduced work at point b of the diagram. (See Chapter 8 
for the influence of size and wall temperature and Reynolds number on 
heat flow from gases to cylinder walls.) 

Figure 4-9, presented in Chapter 4, gives values for residual-gas frac
tion of actual cycles measured from sound-velocity determinations at 
point x, compared with the values shown in Fig 4-5 for fuel-air cycles 
which use an idealized four-stroke inlet process. Figure 5-13 gives ad
ditional determinations of residual fraction by the same method. It is 
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Fig 5-11. Cylinder pressure VB volume for real and equivalent fuel-air cycle: 

Item Actual :Fuel-air Ratio 

mep 143 178 0.80 
'Ii 0.288 0.360 0.80 
isfc 0.498 0.392 1.25 
Apparent heat loss 120/0 
Apparent time loss 60/0 
Exhaust-blowdown loss 20/0 

p-V diagram, Run 161, (ref 5.16) ; F = 0.079; Fn = 1.2; Ma = 0.001025 Ibm/cycle; 
f = 0.15; r = 8; T", = 817°R at8 .. 270°;  Pi = 16.6 ; p. = 9.8psia; Ti = T. = 620oR; 
1500 rpm; Z = 0.48. 
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Fig 5-12. Cylinder pressures vs volume for real cycle and equivalent constant-volume 
fuel-air cycle: 

mep 

1] 

Fuel-Air 
Cycle 

185 
0.33 

Real 
Cycle 

167 
0.298 

ratio of mep and efficiency 0.903 
apparent heat loss = 0 
apparent time loss ratio = 0.08 
exhaust blowdown loss ratio = 0.02 

Wright aircraft cylinder; 678 x 6� in; r = 6.50; 1710 rpm; F /Fc = 1.175; Pi = 16.1 
psia; P. = 14.7 psia; spark 15° BTC; Tl = 702°R; f = 0.038; air cons; 0.008 Ibm/ 
cycle. (Courtesy Wright Aeronautical Corporation.) 

evident that "measured" values are larger than those of the ideal four
stroke inlet process, Fig 4-5, parts ee to hh, since: 

1. The volumetric efficiency of the actual cycle is considerably lower 
than that of the fuel-air cycle with idealized inlet process. Hence the 
mass of fresh mixture per unit of cylinder volume is less. 

2. In the real cycle the residual gases lose heat rapidly during the ex
haust stroke. Hence the density of residuals in the clearance space at 
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the beginning of induction is greater than in the idealized case in which 
heat transfer is taken as zero. 

3. The temperature measured in the end-gas zone may not be equal 
to the average charge temperature. If the temperature in the end-gas 
zone at point x is less than the average, as might be expected from heat
loss considerations, fictitiously high values of f will result. (See expres
sion 4-27.) 

I t is evident from the foregoing considerations that the actual value of f 
may be lower than the measured values of Figs 4-9 and 5-13. 

Unless the measured temperature is close to the average temperature 
of the charge, a rather large error may be introduced in the computation 
of f. Fortunately, as long as the amount of fresh air and fresh fuel in the 
cylinder is measurable with reasonable accuracy, a considerable error in 
estimating f makes an insignificant difference in the fuel-air cycle mean 
effective pressure and efficiency; hence it has little effect on the ratios of 
actual to fuel-air cycle characteristics. 

Figure 5-13 also shows values of Tt, the temperature at the beginning 
of the induction process, compared with the value of this quantity for the 
idealized four-stroke induction process shown in Fig 4-4. Values for Tl 
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Fig 5-13. ! and Tl from indicator diagrams and gas-temperature measurements 
(engine of Fig 5-8): To = 200°F; Ti = 160°F; r - 6; F = 0.078 (iso-octane); k = 
1.345; P./Pi = 1.03. (Livengood et aI., ref 5.16) 
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Fig. 5-14. Apparent heat loss vs jacket heat loss: 

Rg is gas-side Reynolds number } 
Ch 8 . . see apter h.b/kg IS engme Nusselt No. 

Numbers on test points refer to run numbers in ref 5.16. 

were computed from temperature measurements at 60° before top center, 
assuming that the compression process from point 1 to this point was 
isentropic. 

If we assume that the measured value at x is representative of the 
whole charge, the fact that T 1 is lower than the fuel-air cycle value at 
low engine speed may be attributed to heat loss from the residual gases 
during induction. 

Figure 5-14 shows apparent loss as defined in Fig 5-1A, compared 
with heat delivered to the cooling medium (jacket-heat loss) . The co
ordinates used in this figure are defined and discussed in Chapter 8. 
These measurements were made from indicator diagrams and do not 
depend on temperature measurement. 

The wide spread in the ratio of indicated heat loss to jacket loss may 
be due in part to inaccuracy in the indicator diagrams. However, it 
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can be explained only partially on this basis. From Fig 5-14 it appears 
that an estimate of indicated heat loss at 35% of the heat lost to the 
jackets would represent an average figure for the cylinder of Fig 5-8. 
Cylinders with more compact combustion chambers should show lower 
heat-loss ratios. 

EFFEC T OF OPERATING VARIABLES ON THE 
AC TUAL CYCLE OF SPARK-IGNITION 
ENGINES 

Figures 5-15-5-20 are p-V diagrams showing effects of major operating 
variables. Best-power spark timing was used in each case, except when 
spark timing was the independent variable (Fig 5-15). The definition of 
"time loss" and "heat loss" suggested by Fig 5-1 are not valid for the 
later-than-normal spark timings of Fig 5-15. 

Figure 5-21 shows ratios T/i/710 and Fig 5-22 shows maximum-pressure 
ratios, actual-to-fuel-air, for a number of other cycles whose diagrams 
are not shown. 

A remarkable feature of all the diagrams in which best-power ignition 
timing is used is the small variation in 71i/710, the ratio of actual efficiency 
to equivalent fuel-air cycle efficiency. The maximum pressures of the 
actual cycle compared to those for the equivalent fuel-air cycles also 
show a remarkably small variation, as indicated by Fig 5-22. The near 
constancy of these ratios makes it possible to make good estimates of 
actual efficiencies and maximum pressures from the data on fuel-air 
cycles presented in Fig 4-5. (See also discussion of performance estimates 
in Chapter 11.) 

Another notable feature of the diagrams is that the apparent time 
losses appear to be a nearly constant fraction of the imep of the actual 
cycles, except for the case of non-best-power spark advance (Fig 5-15).  
Thus it may be concluded that proper adjustment of the spark timing 
will effectively compensate for normal variations in flame speed. 

Since, with the exception noted, time losses account for little variation 
in efficiency, and since exhaust loss is small in the case of four-stroke 
engines, the major factor causing variations in four-stroke 71i1710 must be 
heat loss. This fact is made evident by comparing Figs 5-11 and 5-12. 
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Fig 5-15. Effect of spark advance on p-V diagram: 

Measured 
SA Comb 

Curve degrees e bmep imep 7Ji 7Jil7JO 

CD 0 40 72 99.0 0.252 0.73 

@ 13 40 82 109 0.278 0.82 

@ 26 38 84 109 0.278 0.82 

� 39 39 72 99.5 0.253 0.74 

:1 
Motoring 

imep 7Ji 

103 0.261 
113 0.287 
115 0.293 
103 0.263 

CFR engine, 314x4;{] in; r = 6; FR = 1.13; 710 = 0.34; p. = 14.3 psia; Pe = 14.75 
psia; Ti = 130°F, 1200 rpm. (Sloan Automotive Laboratories, 11/13/47.) 



EFFECT OF OPERATING VARIABLES ON SPARK-IGNITION CYCLE 129 

'" 
'in c. 
e :::J VI VI 
� C-

Run Area 
300 - 5 4 .27 

----6 4.31 
-·-7 4.40 
--8 4.42 

200 

100 

0 1 . 

Ik-. _______ "d ---------+1: I J------------ v;, ---------� 
Fig 5-16. Effect of speed on p-V diagram, constant volumetric efficiency: 

p, Measured Motoring 
in 8 SA Comb 

Curve Hga rpm ft/min degrees e bmep imep 'Ii fI,/flO imep fI, 

® 22.3 900 675 18 36 56.5 85.4 0.286 0.842 82.8 0.277 

® 23.3 1200 900 19 39 54.7 86.2 0.288 0.848 83.5 0.280 

® 28.0 1500 1125 22 40 55.1 88.0 0.294 0.865 88.0 0.294 

® 28.9 1800 1350 18 38 52.0 89.0 0.298 0.877 87.2 0.294 

CFR engine, 314 x 4% in; r = 6; T. = 150°F; F = 0.075; F R = 1.13; Pe = 14.75 
psia, bpsa. (Sloan Automotive Laboratories, 3/14/50. Exp. 53, Group 1.) 
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J Y.t .1 
Effect of compression ratio on p-V diagram: 

Measured Motoring 
Comb 

e bmep imep 71i 71;/710 imep 71i 

29 80 115 0.309 0.79 113 0.306 
31 77 114 0.316 0.86 110 0.303 
33 75 105 0.287 0.84 104 0.287 
37 69 99 0.269 0.87 97 0.264 
39 59 88 0.239 0.86 87 0.235 

CFR engine, 3% x 4;2 in; 1200 rpm; Pi = 28 in Hga; Pe = 30.8 in Hga; Ti = 150°F; 
F R = 1.13; bpsa. (Sloan Automotive Laboratories, 10/16/51.) 
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Fig 5-18. Effect of inlet pressure on p-V diagram: 

Measured Motoring 
SA Comb 

degrees e imep bmep '1i '1;/'10 imep '1i 

19 36 106 74 0.292 0.86 103 0.282 
19.5 38 91 58 0.296 0.87 80 0.286 
26 42 72 39 0.304 0.89 70 0.294 
28 44 53 23 0.278 0.82 55 0.285 

CFR engine, 3;4 x 4�2 in; r = 6; Po = 30 in Hga; T. = 150°F, 1200 rpm; FIt = 1.13; 
bpsa. (Sloan Automotive Laboratories, 3/14/50.) 
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Fig 5-19. Effect of exhaust pressure on p-V diagram with constant mass of fresh 
mixture per stroke: 

Motoring 
Method Indicator Card Spark 

Advance Comb 

Run Pi P. imep 'fJi imep isfc 'fJi 'fJi/'fJo degrees e 

1 27.1 15 108 0.282 111.7 0.463 0.291 0.83 17.5 24 

2 28 28 110 0.286 111.5 0.464 0.290 0.83 17.5 25 

3 29.2 45 112 0.292 111.5 0.464 0.290 0.83 17.5 25 

CFR engine, 3% x 4;� in; r = 7; 1200 rpm; Ma = 0.01035lb/sec; FR = 1.17; Ti = 
180°F; bpsa. Pressures are in inches Hg absolute. 
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Fig 5-20. Effect of fuel-air ratio on p-V diagram: 

Motoring 
Method 

imep 1/i 

110  0.294 
93.5 0.359 
101 0.175 

87.8 0.358 

Indicator Card 

imep isfc 

1 1 1  0.453 
93.5 0.375 
102 0.761 
91  0.363 

1/i 

0.298 
0.350 
0. 177 
0.370 

1/./1/0 

0.85 
0.83 
0.83 
0.80 

Spark 
Advance 
degrees 

15 
23 
20 
33 

CFR engine, 314x 4% in; r = 7; 1200 rpm; Pi = 13.75 psia; Pe = 14.8 psia; 

179°F; bpsa. 

Comb 
e 

33 
39 
39 
58 

T,,= 
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Fig 5-21. Comparison of efficiencies of actual cycles with efficiencies of equivalent 
fuel-air cycles-spark-ignition engines: '10 = efficiency of equivalent constant volume 
fuel-air cycle with octane; 'I = indicated efficiency of CFR, 3� x 4Y2 in engine, 1200 
rpm; fuel, gaseous butane, Caffs. (Van Duen and Bartas, ref 5.21) 
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Fig 5-22. Ratio of maximum pressures, actual and fuel-air cycles: Pa = maximum 
pressure actual cycle; Pal = maximum pressure, equivalent constant-volume fuel-air 
cycle with octane; r = compression ratio; CFR engine, 3� x 4Y2 in, 1200 rpm; bpsa; 
fuel, gaseous butane, Caffs. (Van Duen and Bartas, ref 5.21) 
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THE AC TUAL CYCLE IN DIESEL ENGINES 

The details of the combustion process in Diesel engines are discussed 
at length in Vol 2. For present purposes the following basic facts are 
important: 

1. There is always a delay period, that is, a measurable time between 
the start of injection and the appearance of a flame or a measurable 
pressure rise due to combustion. 

2. The delay period is followed by a very rapid rise in pressure. If 
the delay is as long or longer than the injection period, most of the fuel 
burns during the period of rapid pressure rise. 

3. The period of rapid pressure rise is followed by relatively slow com
bustion, as the remaining unburned fuel finds the necessary oxygen. 
Except perhaps at light loads, this slow combustion extends over a con
siderable part, if not all, of the expansion stroke. 

4. The crank angles occupied by the delay, the period of rapid pressure 
rise, and the subsequent period of slow combustion vary with design and 
operating conditions. At a given engine speed these angles are subject 
to a certain amount of control by means of injection timing, spray 
characteristics, and fuel composition. 

Experience shows that Diesel engines can be operated with very rapid 
combustion, that is, with an approach to constant-volume combustion 
of most of the fuel. This result is obtained when the delay period is long 
enough so that most of the injected fuel is well mixed and evaporated 
before combustion occurs. However, such operation is undesirable be
cause of the resultant high maximum pressures and high rates of pressure 
rise. (See Vol 2.) 

In the practical operation of Diesel engines, therefore, the fuel, the 
injection system, and the operating conditions are chosen to limit rates 
of pressure rise and maximum pressures to values well below the max
imum attainable. 

Since the equivalent constant-volume fuel-air cycle represents the 
maximum output and efficiency obtainable by Diesel engines, as well as 
by spark-ignition engines, this cycle may properly be used as a basis of 
comparison for both types of operation. However, in view of the in
tentional limitation of maximum pressure in most Diesel engines, the 
equivalent limited-pressure fuel-air cycle is often chosen as the basis of 
evaluating actual Diesel cycles. 

As indicated in Chapter 4, the equivalent limited-pressure fuel-air 
cycle has the following characteristics in common with the actual cycle 
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under consideration: 

1. Compression ratio 
2. Fuel-air ratio 
3. Maximum pressure 
4. Charge density at point x, Fig 5-1 
5. Charge composition at all points 

As compared to the equivalent limited-pressure cycle, the losses of 
actual Diesel cycles can be classified as follows : 

1. Leakage 
2. Heat losses 
3. Time losses 
4. Exhaust loss 

Referring to the similar list for spark-ignition engines, we note that 
two items have been omitted, namely, nonsimultaneous burning and in
complete mixing. These losses may be large in the Diesel engine, but 
since burning occurs during the mixing process such losses cannot be 
separated from the time losses. 

Quantitatively, all but the time losses in the above list can be con
sidered as equivalent to the corresponding losses in the spark-ignition 
engines, and the same remarks apply. 

Time Losses in Diesel Engines. These losses are much more 
variable than in spark-ignition engines because they depend so heavily 
on operating conditions, on the fuel, and on the design of the injection 
system and combustion chamber. Whereas, in spark-ignition engines, 
the mass rate of burning starts relatively slowly and accelerates to its 
highest velocity near the end of the process, in Diesel engines the re
verse is true. Due to the fact that the available supply of oxygen de
creases as burning progresses, the mixing process, hence the burning 
process, tends to slow down in the later stages of burning. 

If we could measure the mass rate of burning in Diesel engines, plots 
of this rate against crank angle, under full-load conditions, would prob
ably have the characteristics indicated by Fig 5-23. The difference be
tween an efficient and a less efficient Diesel engine will depend, to a large 
extent, on how near an approach to the constant-volume fuel-air cycle 
is achieved. 

Temperatures of the Diesel Cycle. From the nature of the injection 
process it is evident that the temperature in a Diesel cylinder must be 
extremely nonuniform during the combustion process. Using spectro
scopic methods, Uyehara and Myers (refs 5.30-5.301)  have measured 
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Fig 5-23. Hypothetical mass rate of burning VB crank angle in Diesel engines. 

temperatures in the prechamber of a divided-chamber engine. A typical 
result of this work is given by Fig 5-24. The greater part of the com
bustion process appears to take place at constant temperature. Changes 
in fuel quantity per cycle (fuel-air ratio) appear to have little effect 
on the maximum temperature measured, although changing the fuel 
quantity does change the crank angle occupied by the constant-tem
perature portion of the process. This result indicates that what is being 
measured may be nearer to the maximum flame temperature than to the 
average temperature. The fact that the measurements of Fig 5-24 were 
made in the prechamber means that the hottest part of the charge was 
the one under observation. Maximum theoretical flame temperature 
for the conditions in this figure was about 4050°R. This figure confirms 
the fact, previously mentioned, that in Diesel engines combustion may 
continue during a considerable part of the expansion stroke. 

Actual vs Fuel-Air Cycles in Diesel Engines. Unfortunately, no 
such array of p-V diagrams for Diesel engines, as presented for spark
ignition engines, is available. We must, therefore, be content with a few 
typical examples only. Figures 5-25 and 5-26 compare indicator dia
grams taken from two compression-ignition engines with their equivalent 
limited-pressure fuel-air cycles. 
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Fig 5-24. Typical temperature-crank-angle curve from the work of Uyehara and 
Meyers, ref 5.301 : 1. Measured gas temperature, in prechamber. 2. Measured pres
sure in prechamber. 3. Injection-valve lift. 4. Maximum temperature, T3a of equiv
alent fuel-air cycle. 

Fairbanks Morse, 4� x 6 in, comet head, four-stroke engine; r = 14.5 ;  rpm = 1240; 

Pi = 14.5 psia; Ti = 550oR; Te = 594°R; FIFe = 0.6; fuel, cat. cracked Diesel oil. 

Figure 5-25 is taken from a laboratory engine in which the injection 
system was not optimum. The difference between the fuel-air and actual 
cycle are thus considerably larger than in most well-developed com
mercial Diesel engines. In this figure the dotted line shows an isentropic 
through point c, just before exhaust-valve opening. The fact that the 
actual expansion line does not meet the dotted line until about one 
third of the expansion stroke is completed (point q) indicates that com
bustion is incomplete at point 3 and continues as far as q at a rate suf
ficient to more than offset heat loss. From point q to point c the com
bustion rate appears just sufficient to offset heat loss. It is quite possible 
that combustion was not entirely complete at exhaust-valve opening. 

Figure 5-26 shows two diagrams for a well-developed Diesel engine 
whose actual efficiency approaches that of the equivalent fuel-air cycle 
much more closely than in Fig 5-25. Here again, however, there is 
evidence that combustion is not complete until after the expansion 
stroke is at least one third completed. These diagrams are typical of 
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Fig 5-25. Cylinder pressures in a Diesel engine compared with equivalent limited
pressure fuel-air cycle: 

f 
PI, psia 

P2, psia 
Pa, psia 
paa, psia 
P4, psia 
TI, oR 

Actual 
Cycle 

0. 0255 

945 
945 

Fuel-Air 
Cycle 

0. 0255 
14 .7  
560 
945 
945 

72 
705 

T2, oR 
Ta, oR 
Taa, oR 
T4, oR 
imep psi 

Tli 

TlilTlo = 0.614 

Actual 
Cycle 

112 
0 . 295 

Fuel-Air 
Cycle 

1650 

4880 
3085 

182 
0 . 48 

Singl«rcylinder Waukesha Comet-Head Diesel engine; Vd = 37.33 ina, Vc = 2.77 ina ; 
VI = 40.10 ina; r = 14.5; 3.25 x 4.50 in; 1000 rpm; F = 0.0605; optimum injection 
timing; air consumption = 39.1 lb/hr; Pi = 14.4 psia; P. = 14.7 psia; Patm = 14.8 

psia; Ti = 550°F; area of diagram = 8.35 in2• (Sloan Automotive Laboratories) 
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Fig 5-26. Actual Diesel cycles compared with equivalent limited-pressure fuel-air 
cycles: 

142 145 
Run No. Actual Equivalent Actual Equivalent 

R. 1 .00 1 .23 
F 0.0375 0.0375 0.039 0.039 

f 0.08 0.08 0.06 0.06 
Ma/ lb/cycle 0.00235 0.003 
imep 103 121 143 171 

'Ii 0.467 0.548 0.490 0.584 
Ratio T/./T/o 0.852 0.838 

P' 17.32 24.00 

P. 14.83 14.83 

GM-71, two-stroke Diesel engine, 4.25 x 5.9 in ; r = 17 ;  1600 rpm. (Crowley et at, 
ref 5.32) 
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the best commercial practice and show that late combustion is re
sponsible for a large part of the difference in output and efficiency be
tween limited-pressure fuel-air cycle and the actual Diesel cycle. 

Figure 5-27 shows indicated efficiencies of a number of commercial 
Diesel engines compared with the efficiencies of average equivalent 
limited-pressure fuel-air cycles. The following general conclusions can 
be drawn from this figure: 

1. The best Diesel engines of each type (open chamber four-stroke, 
open chamber two-stroke, and divided chamber) have about equal in
dicated thermal efficiencies. 

2. Wide ranges of efficiency below that of the best engines are tol
erated, especially with divided-chamber types. 

3. A ratio between actual and fuel-air cycle efficiency of 0.85--0.90 is 
attainable. 

Heat Loss in Diesel Cycles. For the cycle of Fig 5-25 from the 
beginning of compression to exhaust-valve opening at c we can write 

o 

Ec * - El + (1 - f)F(Ezg + Ec) = Q -1: p dv (5-2) 

This equation assumes combustion to equilibrium at point c, which is 
probably close to the case for the average Diesel cycle. With an ac
curate indicator diagram and measurements of temperature at point 1 
and c, the cyclic heat loss could be found. However, temperature 
measurements at point 1 and c are not yet feasible. The definitions of 
"time loss" and "heat loss" suggested by Fig 5-1 are not applicable to 
Diesel cycles. 

The total heat transferred from the gases to the coolant in Diesel 
engines is discussed in a later chapter. If it is assumed that the ratio 
heat-lost-in-working cycle to heat-transferred-to-the-coolant is the same 
for Diesel engines as for spark-ignition engines, an estimate of cyclic 
heat loss is possible when a measurement of heat loss to the coolant is 
available. (See Chapter 8.) 
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Fig 5-270 Indicated thermal efficiency of compression-ignition engines. Com
puted from manufacturer's data on specific fuel consumption. - - - - - - - - - - - - is 
efficiency of limited-pressure fuel-air cycles, r = 15 and Pa/Pi = 70. _ 0 _ 0 - is 
efficiency of constant-volume fuel-air cycles at r = 15. 
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Fig 5-27. (Continued) .  

ILLUSTRATIVE EXAMPLES 

1 . 1  

Example 5-1. Progressive Burning. I n  Fig 5-9 the measured temperature 
of an actual cycle is higher than that of the corresponding fuel-air cycle at one 
point. Is it possible for this to be the case, or do you regard it as probably an 
experimental error? Explain fully. 

Solution: Since temperature measurements of this kind seldom err on the low 
side, the measured temperature is probably not higher than the actual tempera
ture at this point. The highest measured temperature is that of the gas at the 
ignition end of the cylinder where the gas has burned at nearly constant volume 
at almost the compression pressure and then has been compressed to the maxi
mum pressure by subsequent combustion. This measurement corresponds to 
point 3' of Fig 5-2, which is seen to be at larger specific volume and therefore at 
higher temperature than point 3, which represents the fuel-air cycle. The 
temperature measurement in question is, therefore, not too high to be entirely 
possible. 

Example 5-2. An engine of compression ratio 4.0 has the following conditions 
at point 1 on the indicator diagram : Tl = 750, PI = 10, f = 0.05, FJl = 1 .0. 
By means of the thermodynamic charts, and assuming progressive burning, 
compute the maximum temperature and pressure and the corresponding chart 
volume of the following : 

(a) The average constant-volume fuel-air cycle. 
(b) A small element of the charge near the spark plug after combustion of the 

whole charge. 
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(c) A small element of the charge last to burn after combustion. 
(d) Maximum possible pressure and temperature of end gas in detonation. 

(Assume end gas burns at constant volume from maximum pressure of the cycle.) 

Solution: From C-1,  

E10 = 1060, V10 = 800, V2° = 800/4 = 200, V2 = 65, 

T2 = 1 185, E2° = 3720, H2° = 6080 

From Fig 3-7, (1 + F)/m = 0.03525 and V2* = 7.05, 

(a) For point 2 of the standard fuel-air cycle from eq 3-31 ,  

E a *  = 131 + 0.95(0.0678) 19,180 = 131 + 1235 = 1366 

From C-3 at this value and V3* = 7.05, 

V3 = 280, T3 = 49600R 

(b) For point 3', the charge burns from point 2 at constant pressure and then 
is compressed to 280 psia isentropically. 

H2' = 215 + 1235 = 1450 

At this point on C-3 at V2 = 65, E* = 1120, V* = 27 .5. Compressing isen
tropically to V = 280 gives T3' = 5300. V3' = 7 .6 .  

(c) For point 3",  compress the unburned mixture on C-l to V = 280. Here 
HO = 10,100, T = 1640, VO = 63, V* = 2.22, H* = 356. Burning at constant 
pressure to 280 psia gives H3 * = 356 + 1235 = 1591,  T" = 4730, V3 * = 6.7. 

(d) In detonation the end gas is compressed to the maximum cyclic pressure 
(280 psi) and burns at constant volume. On C-l at T = 1640, read 

EO = 6700, E* = 6680 X 0.03525 = 235 

Combustion occurs at constant volume, V* = 2.22 with E* = 235 + 1235 = 

1470. 
On C-3 at V* = 2.22, E = 1470, read 

T = 5240, p = 950 

Tabulating the above results, 

Point 

T 
V* 
V 

3 

Average 

4960 
7 . 05 

280 

3' 

First 

5300 
7 . 6  
280 

3" End 

Last Gas 

4730 
6 . 7  
280 

5230 
2 . 22 

950 

Example 5-3. Losses. Refer to Fig 5-1 . Measurements of the indicator 
diagram of a gasoline engine show the following results : 
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Point p V ina Work 

a 200 10 . 4  200 
b 800 10 . 4  ft-lb (a to b) 
Vl 80 
V2 10  

I t  i s  estimated that f = 0.05. Air consumption i s  0.00243 Ibm/cycle and 
FR = 1 .2. 

Compute apparent time loss and heat loss between points a and b. 
Solution: Use expression 5-1 .  Molecular weight of unburned mixture from 

Fig 3-5 is 30.25. 
F = 0.0678 X 1 .2 = 0.0815 

V ° 
= 

lOA X 30.25 
= 75 ft3 a 

1728 X 0.00243 

From Fig 3-9 (1 + F)/m = 0.03545, therefore, Va* = Vb* = 75 X 0.03545 = 
2.66 ft3. 

From C-l , at p = 200, VO = 75, read 

EO = 5200, Ta = 1383, 
From eq 3-31 ,  

Ea * = 0.03545(5200) + (0.95) (0.0815) 19, 180 + 0.05(1680 X 0.2) 

= 185 + 1480 + 17 = 1672 

From C-4, at p = 800, V* = 2.66, Eb* = 1600, Tb = 5000. w = 200 ft Ibf 
for 0.00243 Ibm fresh air. Fresh air in 1 + F Ibm is 0.95 Ibm. Therefore w* jJ = 
200(0.95)/778(0.00243) = 100 Btu. 

From eq 5-1 : 

1600 - 1672 = Q* - 100 

Q* = 28 Btu 

Qa-b = 28 X 0.00243/0.95 = 0.072 Btu lost between a and b 

Example 5-4. Actual Engine Performance. Estimate the indicated 
power and indicated specific fuel consumption of the following engines 

Air For 
Piston Speed Combustion 

Type ft/min r FR Fuel Ib/sec 

(a) Automobile 2500 10  1 . 2  gasoline 0 . 3  
(b) Aircraft 2000 7 1 . 0  gasoline 5 . 0  
(c) Diesel 1500 15  0 . 5  light Diesel oil 5 . 0  
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Solution: From eq 1-9, power = JMaFQc7l/Kp, and eq 1-13, sfc = 2545/Qc7l. 
(a) From Table 3-1 for gasoline, Qc = 19,020 and FcQc = 1275 Btu/Ibm. 

Therefore, FQc = 1275 X 1 .2 = 1530. 
From Fig 4-5, (a) , the fuel-air cycle efficiency at FR = 1 .2, r = 10, is 0.38. 

From Fig 5-21,  the ratio actual to fuel-air cycle efficiency is 0.77. Therefore, 
from eq 1-9, 71i = 0.38(0.77) = 0.29 and 

p 
= 

778(0.3) (1530) (0.29) 
= 188 

'
h 

550 
1 P 

The indicated specific fuel consumption from eq 1-5 = 2545/19,020(0.29) = 0.46. 
(b) The solution is similar to that of (a) 

Qc = 19,020, FQc = 1275 

71i = 0.40(0.80) = 0.32 

P = 
778(5) (1275) (0.32) 

= 2900 'h 
550 

1 P 

isfc = 2545/19,020(0.32) = 0.42 Ibm/ihph 

(c) From Table 3-1 for light Diesel oil, Qc = 18,250, FcQc = 1220 ; therefore, 
FQc = 1220 X 0.5 = 610 Btu/Ibm. From Fig 4-6, part 2, at Pa/Pl = 70 
(average figure) , the fuel-air cycle efficiency is 0.56. From Fig 5-27, at FR = 0.5, 
the average best ratio of actual to fuel-air cycle efficiency is 0.90. Thus the 
actual efficiency of the best design is 0.56 X 0.9 = 0.503. 

From eq 1-9, 

and, from eq 1-13, 

p 
= 

778(5)(610)(0.503) 
= 2170 ihp 

550 

isfc = 2545/18,250(0.503) = 0.277 lbm/ihp-hr 

A more conservative estimate would assume an efficiency ratio of 0.85 rather 
than 0.90, which would give P = 2170 X 0.85/0.90 = 2050 and isfc = 0.277 X 
0.90/0.85 = 0.294. 
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Equation 1-5 of Chapter 1 is reproduced here: 

P = JMa(FQc1/) 

where P = power developed 
J = mechanical equivalent of heat 

M a = mass flow of dry air per unit time, or air capacity 
Qc = heat of combustion per unit mass of fuel 

(6-1) 

1/ = thermal efficiency, which may be indicated or brake, depend
ing upon whether P is defined as indicated or brake power 

F = fuel-air ratio 

Figure 6-1 shows how the indicated power of a spark-ignition engine 
remains proportional to air capacity, Ma, provided there is no change 
in fuel-air ratio or compression ratio and no departure from optimum 
spark timing. Under these conditions, indicated thermal efficiency 
remains substantially constant and indicated power is directly propor
tional to air capacity. This proportionality has been found to hold good 
with many types and sizes of spark-ignition engines. 

In contrast to spark-ignition engines, in which power output is con
trolled primarily by varying Ma, compression-ignition engines are con
trolled by varying F, which, of course, varies the efficiency. Further
more, even with a constant fuel-air ratio, the combustion process in 

147 
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compression-ignition engines may be affected by inlet pressure, inlet 
temperature, and rpm to an appreciable extent. For these reasons it 
should not be assumed without experimental verification that indicated 
efficiency remains constant in a compression-ignition engine, even with 
the same fuel-air ratio. However, it is obvious that even with this type 
of engine the maXImum power under any given set of conditions is 

350 

300 

250 

III � 
III 

200 c 

fjl 
.0. 

""' 
;!:: 150 --Co 
:E. 

1/ 
} 

�. 

) � 

/ 
; 

/ / 100 

50 
/ 

V o o 0.10 0.20 0.30 0.40 0.50 

Air flow, Ibm/sec-ft 2 piston area 
Fig 6-1. Relationship of indicated power and air flow: CFR engine, 3.25 x 4.5 in; 
r = 5; F / F c = 1.2. Different symbols are for different inlet-valve sizes, shapes, and 
lifts. (Livengood and Stanitz, ref 6.41) 
limited by the air capacity as soon as the maximum practicable value of 
CFQc'fJ) has been reached. This maximum value is largely determined 
by the maximum value of F which may be used without difficulties 
from smoke, excessive deposits of carbonaceous material, or excessive 
cylinder pressures. 

D E F I N I T I O N S  

I n  this study it is convenient t o  use the following definitions, some of 
which have already been stated but are repeated here for the sake of 
emphasis. 
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Induction Process. The events which take place between inlet
valve opening and inlet-valve closing. 

Fresh Mixture. The new gases introduced to the cylinder through 
the inlet valve. These gases consist of air, water vapor, and fuel in 
carbureted engines and of air and water vapor only in Diesel and other 
fuel-injection engines. Subscript i is used in referring to the fresh 
mixture, and subscript a, in referring to the air in the fresh mixture. 

Residual Gases. The gases left in the charge from the previous 
cycle. Subscript r is used in referring to these gases. 

Charge. The contents of the cylinder after closing of all valves; 
the charge consists of the fresh mixture and the residual gases. 

V O LU M E T R IC E F F IC I E NCY 

In studying air capacity it is convenient to set up a figure of merit 
which is independent of cylinder size. Such a figure of merit for the 
four-stroke cycle is the volumetric efficiency, introduced in Chapter 4. 
In terms of quantities applying to an actual engine, volumetric efficiency 
is defined as the mass of fresh mixture which passes into the cylinder in 
one suction stroke, divided by the mass of this mixture which would fill 
the piston displacement at inlet density. Expressed algebraically, 

2Mi 
ev = ---

NVdPi 

where Mi = mass of fresh mixture per unit time 
N = number of revolutions per unit time 
Vd = total displacement volume of the engine 

Pi = inlet density 

(6-2) 

The factor 2 in this equation arises from the fact that in the four-stroke 
engine there is one cycle for every two crank revolutions. A similar 
expression applying to two-stroke engines is developed in Chapter 7. 

Definition of Inlet Density. Volumetric efficiency is of chief 
interest as a measure of the performance of the cylinder assembly as an 
air-pumping device. In order to evaluate this quantity, it is necessary 
to define the inlet density as the density of fresh mixture in or near the 
inlet port. When Pi is determined in this manner the resulting volu
metric efficiency measures the pumping performance of the cylinder and 
valves alone. 



150 AIR CAPACITY OF FOUR-STROKE ENGINES 

As is explained later, it may not always be convenient, or even possible, 
to measure Pi at the inlet port. However, density can always be measured 
in the atmosphere near the air intake to the engine. When Pi is measured 
at this point the resulting volumetric efficiency measures the flow 
performance of all the equipment in the system between air intake and 
cylinder, as well as the pumping performance of the cylinder itself. The 
volumetric efficiency based on this method of measurement is called the 
over-all volumetric efficiency. 

Over-All Volullletric Efficiency. In unsupercharged engines, with 
small pressure and temperature changes in air cleaner, carburetor, and 
inlet manifold, over-all volumetric efficiency will not differ greatly from 
volumetric efficiency based on inlet-port density. Because of conveni
ence in measurement over-all volumetric efficiency is often used in 
connection with unsupercharged engines. 

Over-all volumetric efficiency is of little significance in supercharged 
engines, since it does not differentiate between supercharger and cylinder 
performance. It is seldom used in such cases. 

Unless otherwise noted, the volumetric efficiencies discussed in this 
chapter are based on values of Pi at the inlet port. 

Volullletric Efficiency Based on Dry Air. On account of the close 
relationship between indicated output and air capacity (see Fig 6-1), it 
is convenient to express volumetric efficiency in terms of Ma, the dry air 
supplied per unit time. Let Pa be the mass of dry air per unit volume of 
the fresh mixture. Since fuel, air, and water vapor all occupy the same 
volume, it is evident that Ma/Pa = Mi/Pi. 

It is also convenient to substitute mean piston speed and piston area 
for displacement volume and N in eq 6-2. Making these substitituons 
in eq 6-2 gives 

4Ma 
e,, = -

PaApS 
(6-3) 

ME ASUREMENTS OF V O LUMETRIC EFFICIENCY 
IN ENGINES 

It is obvious from eq 6-3 that volumetric efficiency can be evaluated 
for any engine under any given set of operating conditions, provided Ma 
and Pa can be measured. 

Measurelllent of Air Capacity. No serious difficulties in measuring 
Ma are involved if suitable air-measuring equipment is available and the 
air meter is protected from pulsations in air flow by suitable surge tanks 
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located between the engine and the air meter. The ASME sharp-edge 
orifices (ref 6.01) have been found to furnish a very satisfactory system 
of air measurement. 

Measurelllent of Inlet Air Density. For mixtures of air, water 
vapor, and gaseous or evaporated fuel we may use Dalton's law of partial 
pressures: 

Pi = Pa + Pt + Pw 

where Pi = total pressure 

Pa = partial pressure of air 

PI = partial pressure of fuel 

Pw = partial pressure of water vapor 

(6-4) 

Since each constituent behaves nearly as a perfect gas, we can write 

Pa Pa ]{a/29 

Pi Pa + PI + Pw ]{a/29 + ]{t/mt + ](w/18 

= 1/(1 + Fi: + 1.6h) (6-5) 

where ]{ indicates mass, 29 is the molecular weight of air, 18 is the 
molecular weight of water, and mt is the molecular weight of the fuel 
vapor. Fi is the mass ratio of fuel vapor to dry air, and h is the mass 
ratio of water vapor to dry air at the point at which Pi and Ti are 
measured. 

From the gas law 

This equation shows that the air density in the mixture is equal to the 
density of air at Pi and Ti, mUltiplied by a correction factor which is the 
quantity in parenthesis. * 

Figure 3-1 shows values of h over the usual range of interest. Values 
of ml are given in Table 3-1. Figure 6-2 gives values of the correction 
factor in eq 6-6 for typical fuels over the range of interest. 

In Fig 6-2 the curves for octene can be taken as representative for 
gasoline. In laboratory testing it is unusual to find h in excess of 0.02, 
and it is usually much smaller. With the usual manifold design, Fi is 
small. Under these circumstances the correction factor will generally 
be less than 0.98, which is within the accuracy of measurement in all but 

* When pressure is in psia and tempera.ture in oR, 29p/RT is equa.l to 2.7p/T. 
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Fig 6-2. Ratio air pressure to total pressure in fuel-air-water-vapor mixtures : Pa = 

air pressure; Pi = total pressure; Fi = mass fueTvapor/mass dry air; h = mass water 
vapor /mass dry air. 
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the most carefully conducted engine tests. In the case of Diesel engines 
Fi is, of course, zero. 

In practice, with spark-ignition engines using gasoline and with Diesel 
engines, the following approximation is quite generally used: 

Ma e",....,------

(�;:) (A;S) 
(6-7) 

On the other hand, in regions of high humidity or with carbureted 
engines using fuels of low molecular weight, Fig 6-2 shows that the cor
rection factor in eq 6-6 should not be ignored. 

Figure 6-2 also shows that the use of fuels of light molecular weight 
in carbureted engines will reduce air capacity considerably because of 
the reduction in Pa at a given inlet pressure. 

Measurement of Fi• When the fuel is gaseous at the point at which 

Pi is measured, Fi is equal to the over-all ratio of fuel to air. However, 
when evaporation of a liquid fuel is incomplete at the point in question 
there is no simple method of measuring Fi. Since liquid fuel is generally 
present in the inlet manifold and inlet ports of a gasoline engine, the 
approximation indicated by eq 6-7 is generally used for such cases. 

Measurement of Pi and Ti• The usual pressure fluctuations in an 
inlet pipe obviously introduce difficulties in measuring Pi and Ti. Also, 
when liquid fuel is present there is no satisfactory way of measuring Ti, 
the temperature of the gaseous portion of the mixture. 

In the laboratory these difficulties can be overcome by the arrange
ment suggested in Chapter 1 and shown in Fig 1-2. To represent engines 
fed with a fuel-air mixture, fuel is introduced in or before the inlet tank, 
and the temperature in the tank is maintained high enough so that fuel 
evaporation is complete before the mixture reaches the thermometer 
which measures Ti. If this thermometer, together with the pressure
measuring connection, is located in the tank, the resultant measurements 
will give the Ti and Pi specified in the definition of volumetric efficiency. 
F i will be equal to the over-all fuel-air ratio. 

Although the arrangement just described is feasible for laboratory 
tests of single-cylinder engines, it is usually inconvenient for multi
cylinder engines. 

In the case of unsupercharged carbureted engines Pi and Ti are most 
often measured ahead of the carburetor, and the over-all volumetric 
efficiency is recorded. In the case of supercharged carbureted engines, 
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when cylinder performance is desired, the following approximations are 
generally used: 

1. Pi is taken as equal to the reading of a manometer connected to 
some convenient point in the inlet manifold. 

2. T i is taken as equal to the reading of a thermometer in the air 
stream ahead of the carburetor, unless there is reason to believe that fuel 
evaporation is substantially complete in the inlet manifold, in which 
case the reading of a thermometer in the inlet manifold may be used. 

3. Fi is ignored, except in the case of carbureted engines using gaseous 
fuels. 

For supercharged engines using cylinder injection or inlet-port injection 
pressure and temperature readings in the inlet manifold are generally 
used. 

When fewer than three cylinders are connected to a small inlet mani
fold pressure fluctuations are often so severe that the readings from a 
pressure gage will not yield the true average pressure. Such situations 
are to be avoided if accurate evaluations of volumetric efficiency are 
desired. 

V O LU M E T RIC E F F IC I E NCY, P OW E R, A N D  M E A N  
E F F EC T I V E  P R ESSUR E  

Substituting the value for Ma indicated by eq 6-3 in eq 6-1 gives 

(6-8) 

for four-stroke engines. Since mep is defined as the work per cycle 
divided by the piston displacement, 

4P 
mep = -A = J Paev(FQc1/) 

p8 
(6-9) * 

The mean effective pressure may be indicated or brake, depending on 
whether 1/ is the indicated or brake thermal efficiency. Equation 6-9 
shows that mean effective pressure is proportional to the product of 
inlet-air density and volumetric efficiency when the product of the fuel
air ratio, the heat of combustion of the fuel, and the thermal efficiency 
are constant. Thus the relation between the product Paev and the mean 

* When mep is in psi, Pa in Ibm/ft3 and Qc is in Btu/Ibm, the coefficient J in eq 6-9 
is 778/144 = 5.4. In eq 6-8, if these units are used and P is in horsepower, s in 
ft/min, the value of J is 778/33,000 = 1/42.4. 
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effective pressure is the same as the relation between air capacity, Ma, 
and power, as given in eq 6-1. 

I D E A L  I N DUC T I O N  PROCESS 

In order to study the real induction process and its volumetric effi
ciency, it is convenient to consider first an idealized four-stroke induction 
process. 

3 

P. , 

4 

�-----I4a 

(a) 
P./Pi < 1.0 

3 

(b) 
P./pi > 1.0 

Fig 6-3. Idealized four-stroke inlet process. (See also Fig 4-4) 

Let an ideal induction process be defined by the process 6-7-1 in Fig 
6-3 and the following assumptions: 

1. Both fresh mixture and residual gases are perfect gases with the 
same specific heat and molecular weight 

2. No heat transfer (adiabatic process) 
3. Inlet pressure constant = Pi 
4. Inlet temperature constant = Ti 
5. Exhaust pressure constant = p. 
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Fig 6-4. Effect of P./Pi on volumetric efficiency with small valve overlap : 
evb is vol eff when P./Pi = 1 .0 

. 
·d I / 0 285 + 

r - P./pi 
--- IS 1 ea process, e" e"b = .  

1.4(r _ 1) 

--------- is measured from two aircraft cylinders with 
r = 6. (Livengood and Eppes, ref 6.45) 

At point 6 the clearance space above the piston, V 2, is filled with 
residual gas at temperature Tr and pressure Pe. At this point the exhaust 
valve closes, and as soon as it is closed the inlet valve opens. 

Before the piston starts to move, if Pi> pe, fresh mixture flows into 
the cylinder, compressing the residual gases to Pi . If Pi < pe, residual 
gas flows into the inlet pipe until cylinder pressure equals Pi . 
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The piston then moves from V 2 to V 1 on the inlet stroke, with pressure 
in the cylinder equal to Pi at all times (line 7-1 in Fig 6-3). If any 
residual gas was in the inlet pipe, it is returned to the cylinder during 
this process. 

By assuming that the specific heats of fresh mixture and residual gas 
are the same and by using the laws of a perfect gas, it is shown in Ap
pendix 4 that the volumetric efficiency of this ideal cycle may be ex
pressed as follows: 

k - 1 r - (Pe/pd 
evi = -

k
- + k(r - 1) 

(6-10) 

For this process the volumetric efficiency when (P./Pi) = 1 is evidently 
equal to unity. Figure 6-4 shows volumetric efficiencies of this cycle for 
various values of Pe/Pi and r. 

Effect of Residual-Gas Telllperature. It has often been supposed 
that volumetric efficiency is reduced by heat transfer between hot 
residual gases and the fresh mixture when the two gases mix together 
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Fig 6-5. Volumetric efficiencies of four-stroke inlet processes. (1) Ideal process with 
a perfect gas, r = 6. (2) Four-stroke fuel-air cycle (see Chapter 4): r = 6; Ti = 6OOoR; 
P. = 14.7 psia except as noted; FR (fuel-air cycle) = 1 .18. (Mehta, ref 6.11) 
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during the induction process. Therefore, it is interesting to note that 
the temperatures Ti and Tr do not appear in eq 6-10. The reason that 
these temperatures do not affect ev in this idealized process can be visu
alized by remembering that, with the same specific heat and molecular 
weight, when the two gases mix at constant pressure the contraction of 
the residual gas as it is cooled by the fresh mixture equals the expansion 
of the fresh mixture as it is heated by the residual gas. Thus no change 
in volume occurs in the mixing process, and no gas moves into or out of 
the cylinder on this account. 

VolUlnetric Effieiency of Fuel-Air Cycles. It may be recalled 
from Chapter 4 that the ideal inlet process proposed for the fuel-air cycle 
is the same as that proposed in this chapter, except for the fact that the 
assumption of perfect gases with the same specific heat and the same 
molecular weight is not included. The volumetric efficiency of such 
cycles is plotted in Fig 4-5 (p. 86) . Figure 6-5 compares the volumetric 
efficiency of fuel-air cycles with that for the ideal induction process of 
eq 6-10 at r = 6. 

The difference in volumetric efficiency between the fuel-air curve 
and that for the present ideal process is the result of the difference in 
specific heat and molecular weight between fresh and residual gases in 
the fuel-air cycle. The region of practical interest is that in which Pe/Pi 
is equal to or less than unity. Here the differences between the two 
processes are considered negligible. 

V O LU M E T R I C  EF F I C I E N CY F R O M  T H E  
I N D I CA T O R  D IA G RA M  

Before considering the many variables which affect volumetric 
efficiency in engines, it may be well to examine and to discuss the nature 
of the induction process as shown by the light-spring indicator dia
gram. 

Figure 6-6 shows a typical light-spring indicator diagram with the 
inlet valve opening at x and closing at y. In order to develop a reasonably 
simple expression for volumetric efficiency from the pressure-volume 
relations shown by such a diagram, it is necessary to make two simplify
ing assumptions, namely: 

1. Fresh and residual gases are perfect gases with the same specific 
heat and molecular weight. 
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Fig 6-6. Typical light-spring indicator diagram: CFR engine, 3.25 x 4.5 in; r = 
8.35; FIFe = 1.18; 8 = 900 ft/min; Ti = 175°F; Pi = 14.4; P. = 15.1 psia; pmep = 
4.65 psi . (Sloan Automotive Laboratories.) 

2. There is no appreciable flow through the exhaust valve after the 
inlet valve starts to open. * 

For the induction process between inlet-valve opening at x and closing 
at y, from the general energy eq 1-16, we can write 

(6-11) 

where M i = mass of fresh mixture taken in 
Mr = mass of residual gas in the cylinder during induction 

* Flow through the exhaust valve after the inlet valve opens is possible only when 
there is an appreciable overlap angle, that is, when exhaust closing follows inlet open
ing by a considerable number of degrees of crank travel. The present discussion and 
analysis is based on the assumption that the valve overlap is so small that this type 
of flow is negligible. With the usual cam contours, this assumption is satisfactory 
for overlap angles of 200 or less. 
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Ey = internal energy, per unit mass of gas, at the end of the 
induction process 

Ei = internal energy of the fresh mixture, per unit mass, at 
the start of the process 

Er = internal energy of the residual gases, per unit mass, at 
the start of the process 

Q = net heat transferred to the gases during the process (if 
the gases lose heat, Q is negative) 

w = work done by the gases on the piston, minus the work 
done by the inlet pressure on the gases; that is, 

(6-12) 

where P is the instantaneous cylinder pressure during induction and V d 
is the displacement volume, V 1 - V 2. 

As shown in Appendix 4, expressions 6-2, 6-10, and 6-11 can be com
bined to give the following relation: 

1 {a(k - 1) (PyY/Pi)r - (px/P;) } 
ev = + --------

1 + (t.T /T;) k k(r - 1) 

where k = specific-heat ratio of the gases 

(6-13) 

t.T = Q/CpMi; that is, t.T is the rise in temperature of the fresh 
gases which would occur if Q were added to the fresh mixture 
at constant pressure 

r = compression ratio VdV2 
y = Vy/V1 
a = ratio of actual work on the piston to the product PiV <1; 

that is, 

(6-14) 

The quantities, Pi, Ti, V d, r, and k are fixed by the conditions of opera
tion. All other quantities on the right-hand side of this equation, except 
t.T, can be obtained from the indicator diagram. It will be noted that 
the value of the integral can be obtained by measuring the area under 
the curve from x to Y (Fig 6-6) , giving proper attention to algebraic signs. 
The value of k can safely be taken as 1.4, if the fresh charge is air, or 1.37, 
if it is a mixture of fuel and air, since the fraction of the residual gas in the 
charge is usually small. 
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By comparing eq 6-13 with the corresponding equation for the ideal 
process eq 6-10, we find that for the ideal process 

I1T = 0, a = 1 ,  Y = 1 ,  PyY/Pi = 1 ,  Px/Pi = P./Pi 

SUbstituting these values in eq 6-13 gives eq 6-10. Taking k as 1 .4, eq 
6-10 can be written 

Cvi = 0.285 + r - Pel Pi 

1 .4(r - 1 )  
(6-15) 

We have seen from Fig 6-5 that the actual differences in specific heat 
and molecular weight between the fresh mixture and the residual gases 
do not seriously affect the validity of eq 6-13, which has been developed 
on the basis of equal specific heats and molecular weights for these two 
components. If the specific heat effect is taken to be negligible, this 
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Fig 6-7. Light-spring diagrams with P./Pi = 1: CFR engine, shrouded inlet valve; 
bore = 37;1; in; stroke = 4Y2 in; r = 6.5; Di = D. = 1.350 in; Ci = 0.18; C. = 0.36. 
(Grisdale and French, ref 6.10) 
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Fig 6-8. Light-spring diagrams with variable ratio of exhaust-to-inlet pressure : Same 
engine and same conditions as Fig 6-7; P. = 14.8 psm. (Grisdale and French, ref 6. 10) 

equation can be quite useful in analyzing real indicator diagrams ob
tained from engines with small valve overlap, provided the diagrams 
are accurate. 

Since all quantities in eq 6-13 except tlT can be measured by means 
of existing equipment, including an accurate indicator, eq 6-13 may be 
used to evaluate tlT, as will be explained. 

Another quantitative use of eq 6-13 is to determine the relative 
importance of induction work and pressure effects on volumetric effi
ciency. 
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Figures 6-7 and 6-8 show light-spring indicator diagrams made 
with various values of Pe/Pi for an engine with small valve-overlap 
angle. 

Figure 6-9 shows curves, plotted against the parameter Z. Z is the 
nominal mach index of the gases flowing through the inlet valve. With 
a given cylinder and valve design, piston speed is proportional to Z, and 
the mass velocity, G, increases with increasing Z. This parameter is 
discussed in detail later. 

ev is the measured volumetric efficiency, taken from air-flow measure
ments made while the indicator diagrams of Figs 6-7 and 6-8 were taken. 
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Fig 6-9. Volumetric efficiency vs inlet Mach index : evi = ideal volumetric efficiency; 
ev = measured volumetric efficiency; evil = volumetric efficiency without heat transfer; 
eVlI = volumetric efficiency without heat transfer and with PlIy/pi = 1.0 ; a loss due to 
reduced iniet-stroke work. (From indicator diagrams of Figs 6-7 and 6-8) 
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evh volumetric efficiency computed from eq 6-13 with f:.T assumed 
zero. 

evy, volumetric efficiency computed from eq 6-13 with f:.T = 0 and 

PyY/Pi = 1. 
evi, volumetric efficiency of the corresponding ideal process, eq 6-10. 

E F FECT OF H E AT TR A N S F ER ON 
V O LU M E T R IC E F FICIE NCY 

Let it be assumed that the pressures during the inlet process are not 
affected by the heat transferred to or from the gases during that process. 
This assumption has been shown to be nearly true over a considerable 
range of operating conditions (ref 6 .32-) .  Under this assumption, the 
entire effect of heat transfer is contained in the value of f:.T, and a 
volumetric efficiency calculated from eq 6-13 setting f:.T = 0 will give 
the value which would have been obtained without heat transfer. This 
non-heat-transfer volumetric efficiency is called evh. 

Values of evh for the indicator diagrams of Figs 6-7 and 6-8 are plotted 
in Fig 6-9. The difference between ev and evh, that is, the heat-transfer 
effect, is the hatched area shown for each set of curves. 

In order to explain the trends indicated by the hatched areas of Fig 6-9, 
it is convenient to consider a simplified model of the induction system, 
Fig 6-10, which represents a gas flowing through a heated cylindrical 
tube. 

In Appendix 5 it is shown that the rise of temperature of the gas as it 
flows through the tube can be written 

L f:.T = C(GD)-O.2 - {Ts - Txl 
D 

where C = a constant 
L = length of jacketed tube 
D = tube diameter 
G = mass flow of gas divided by tube section area 

Ts = mean surface temperature of the tube 

(6-16) 

T x = the mean temperature of the gas as it flows through the 
tube 

If the model is a good qualitative representation of the heat transfer 
process during induction, it can be used to explain the trends shown in 
Fig 6-9 .  In considering this figure, it should be remembered that inlet 
and coolant temperatures and fuel-air ratio were the same for all runs. 
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In Fig 6-9 the mass flow per unit area increases with increasing Z. In 
eq 6-16 tJ.T decreases as G increases. Thus the model explains the ob
served fact that the heat-transfer effect grows smaller as gas flow in
creases. 

I � 

ffi1l!!**1wlillillif,i1!@*upJiMmm 1< L +----J 
y 

Section x-y 

Fig 6-10. Heat-transfer model for a fluid flowing through a heated tube : 

Kkc (PUD)O.S 
Il.T = (T2 - TlJ = -.- - 1rL(T. - T .. )pO·4 MCp p.go 

For gases at moderate temperature : 

Il.T = C(GD)-o.2� (T. - Til:) 

T. = tube surface temperature; 
Tl = gas temperature at section 1; 
T2 = gas temperature at section 2; 
Til: = mean gas temperature between 1 and 2; 
K = a dimensionless coefficient; 
k. = fluid coefficient of conductivity; 
M = mass flow of fluid per unit time; 
Cp = specific neat at constant pressure; 

u = fluid velocity ; 
P = fluid density; 
p. = fluid viscosity; 

go = Newton's law constant; 
P = fluid Prandtl number; 
G = pU = 4M /1rD2; 
C = a near constant for gases at moderate 

temperatures. (See Appendix 5 for derivation.) 

(A-38) 

(A-39) 

Figure 6-9 shows that the heat-transfer effect is smaller as the value of 
P./Pi grows larger. We have seen in our study of the fuel-air cycle 
(Chapter 4) that both the fraction of residual gas and its temperature 
(f and T5 in Fig 4-5) increase with increasing values of P./Pi. In the 
model this means that T., increases and tJ.T decreases. 

Surface Temperature, T.. The surfaces for heat transfer during 
induction are the surfaces of the inlet manifold, inlet port, inlet valve, 
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and cylinder walls. The mean temperature of these parts evidently will 
vary with fuel-air ratio, coolant temperature, and to some extent with Ti. 
The design of the engine will also have a strong effect on T., especially as 
between engines in which the inlet manifold is and is not heated by the 
exhaust gases. Since F, Tc, and Ti were all constant in Fig 6-9, that 
figure furnishes no information on the results of changing these three 
quantities. 

Pressure Effects Shown by Indicator Diagrams. If we continue 
to use the assumption that pressures are not affected by heat transfer, 
it is seen that the difference between the ideal volumetric efficiency, e"i, 
and the no-heat-transfer volumetric efficiency, evh, must be due entirely 
to the following : 

1 .  Px greater than Pe. In the diagrams of Figs 6-7 and 6-8, Px seems 
to be equal to P. in each case. However, the use of a smaller exhaust 
valve or the presence of dynamic pressure waves in the exhaust system 
often results in Px > P. and a loss in ev as compared to evi. 

2. PyY/Pi less than 1 .0.  When this is the case the compression line on 
the indicator diagram falls below the ideal line, which is an isentropic 
starting at Pi and VI (shown dotted in Figs 6-7 and 6-8) . 

In Fig 6-9, when P,/pi = 2 and Z < 0.6, the heat-transfer effect makes 
ev greater than evh. This relation means that the mean gas temperature, 
T x, is less than T. in this regime and that heat flows from the gases to the 
cylinder walls, thus improving volumetric efficiency. 

In practice, the volumetric efficiency when Pe/Pi is much larger than 1 
is of little practical interest, since this situation occurs only in throttled 
engines in which air capacity is deliberately cut down by reduc
ing Pi. 

In real engines the inlet valve always closes after the piston has passed 
bottom center, and Y is therefore always less than 1 .0.  The object of 
such timing is to secure a maximum value of pyY at some particular speed 
by utilizing dynamic effects. At low engine speeds dynamic effects are 
small, and the pressure in the cylinder tends to remain at Pi until the 
valve closes. In this case the fraction PyY/Pi = y, and there is a loss, 
compared to the ideal process. Another way of visualizing this loss is to 
see that at low engine speeds the cylinder contents will be pushed back 
into the inlet manifold between bottom center and the point of inlet
valve closing. 

As engine speed is increased from a low value, py increases, due to 
favorable dynamic effects. The value of y, that is, the point of inlet-
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valve closing, is chosen to take fullest advantage of dynamic effects at 
the speed at which maximum torque is desired. In the case of Fig 6-9 
minimum PvY loss occurs at about Z = 0.5. As speed is increased still 
further, Pv falls off with rising speed due to pressure loss through the 
inlet valve. This falling off is evident in the two top diagrams of Fig 6-9. 
(Note that the real compression curve is appreciably below the ideal 
curve at the highest value of Z, that is, the highest speed in Fig 
6-8.) 

The fact that the PvY loss appears to be constant when Pe/Pi = 2.0 
may be due to experimental error. In any case, volumetric efficiency 
when the engine is throttled to this extent is of little practical in
terest. 

Reduced Inlet- Stroke Work. The remaining loss, that is, the 
difference between evi and evv (Fig 6-9 ) ,  is due to the fact that a is less 
than unity. Decreasing a means that the work done on the piston by the 
gases decreases, thus leaving the gases at a higher temperature at the 
end of the inlet process than would have been the case had the cylinder 
pressure been equal to Pi at all times. The fact that a is less than unity 
is due to the pressure drop through the inlet valve during the suction 
stroke. It is evident from the indicator diagrams that this pressure drop 
becomes greater as gas flow increases, and therefore a becomes smaller. 

U S E  OF D I M E NS I O N A L  A N A LYSIS I N  
V O LU M E TR IC EFF IC I E NCY PR O B LE M S  

The foregoing analysis has shown how the light-spring diagram may 
be used in the study of volumetric efficiency and has served to show some 
basic factors which control this important parameter. Unfortunately, 
in most practical cases accurate light-spring indicator diagrams are not 
available. An alternative approach, found useful by your author, 
employs analogy with steady-flow processes, together with the principles 
of dimensional analysis (refs 1 1 .001-1 1 .007) which are now reasonably 
well known but have not been extensively used in connection with 
internal-combustion engines. 

From the discussion to this point it is obvious that the process of 
induction is one involving fluid flow and heat flow. Gravitational forces 
may be considered negligible. 

Appendix 3 gives equations for the flow of a perfect gas through an 
orifice of area A, without heat transfer. Equation A-15 can be written 
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in dimensionless form as follows : 

where M = mass flow per unit time 
A = the orifice area 
a = sonic velocity in entering gas at pressure PI 

and temperature TI 
PI = upstream stagnation pressure 
TI = upstream stagnation temperature 

p = density of the gas at PI and T I 
pz = downstream static pressure 
k = specific-heat ratio of the gas 

m = molecular weight of the gas 

(6-17) 

Dimensions 

Lt-I 

FL-Z 

T 
ML-3 
FL-2 
1 
1 

cf> indicates a mathematical function of the variables in parenthesis 
and means that if values are assigned to all of them a value of the mass 
flow term is determined. 

Since MjAp is the mean gas velocity through area A, it can be called 
a typical velocity of the flow system and designated by u. Thus the left
hand term of eq 6-17 can be written uja and is usually called the Mach 
index of the flow system. 

The flow of a real gas through a real orifice, without heat transfer, is 
usually handled by placing a coefficient C before the function sign of eq 
6-17 .  C depends on the design of the whole flow system, including the 
orifice and the pressure-measuring connections, as well as on the Reynolds 
number, which is defined in Appendix 5. Thus, for a real flow system, we 
can write 

'!!'. = cf>z (PZ, 
uLp

, k, m, RI . . .  Rn) 
a PI J.l.go 

(6-18) 

RI . . .  Rn are the design ratios of the flow system, that is, the ratios of all 
pertinent dimensions of the system to the typical dimension L. 

In words, eq 6-18 states that the Mach index at a given point in a 
passage through which a perfect gas flows without heat transfer depends 
on the ratio of outlet to inlet pressure, the Reynolds number of the 
system, the specific heat ratio and molecular weight of the gas, and on 
the shape of the whole flow system, including the pressure-measuring 
connections. 

Let us now add heat transfer to the problem, assuming a system be
having according to expression 8-1 (p. 269). The new variables to be 
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added are 

Symbol Name 

kc heat conductivity of gases 
Cp specific heat of gases 
T. mean temperature of the walls during 

induction 
T x temperature of gases entering tube 

Dimensions 

Qt-1L-IT-l 

QM-IT-l 

T 

T 

The mean gas temperature, Tz in expression 8-1, is dependent on 
the other variables and therefore need not be included. 

The rules of dimensional analysis say that when there are n variables 
and m fundamental dimensions the number of dimensionless ratios which 
must be used is n - m. Since we have added four variables and two new 
dimensions (Q and T) , two new dimensionless ratios will be required. 
By choosing these as the Prandtl number of the fluid, P = CpJ..lYo/ke 
and Tz/T., we can write 

u (P2 uLp Tz ) - = cps - , -- , -, P, k, m, RI . . .  R1I 
a PI J..IYo T. 

(6-19) 

For purposes of studying its air capacity, an engine may be considered 
as a gas-flow passage with heat transfer. But the engine has the further 
complication of moving parts and an internal-combustion process. 

Motion of the various parts may be adequately described by adding 
to the variables in eq 6-1 9  the crankshaft angular speed, N, and addi
tional design ratios describing all relevant parts. 

In the engine the temperature of the walls, corresponding to T. in eq 
6-19 ,  will be controlled by the design, by the coolant temperature, and 
by the mean temperature of the gases in the cylinder during the cycle. 
From our study of the fuel-air cycle (Chapter 4) we have seen that cyclic 
temperatures depend on Ti and on the fuel-air ratio and the compression 
ratio. (See Fig 4-5 . )  It is obvious that these temperatures will also 
depend on the heat of combustion of the fuel. 

Therefore, in order to adapt eq 6-19  to an engine, it is necessary to 

substitute Pi for PI 
substitute P. for P2 
substitute Ti for Tz 
replace T. by Te, the coolant temperature, and add 
P, the fuel-air ratio 
Qc, the heat of combustion 
N, the crankshaft angular speed 

Dimensions 
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The compression ratio, r, as well as all other design ratios necessary 
to describe the gas-flow system, must be included in the design ratios. 

Three new variables have been added to eq 6-19. No new dimensions 
have been added, so that three new dimensionless ratios are required. 
These will be chosen as follows : 

A(��)P' which is the volumetric efficiency, Cv, when A is the piston 

area and L is the stroke 
TiCp/FQc 
TcCp/FQc 

Since we are chiefly interested in volumetric efficiency, this quantity 
is set on the left side of the equation, and u/ a is transferred to the right. 
By making the above changes, we can write (u P. uLp TiCp TcCp ) Cv = cf>4 - , -, --, -- , -- , P, k, m, RI . . .  Rn 

a Pi p.(Jo FQc FQc 

as applying to the volumetric efficiency of an engine. 

(6-20) 

Equation 6-20 is still not easy to use because it contains a typical 
velocity, u, which has not been specific!tlly defined. This velocity can 
be eliminated from the Reynolds number by replacing it by a. This re
placement is permissible under the rules of dimensional analysis, since 
the ratio u/ a is included. By this means u is confined to one argument 
in eq 6-20. 

Another simplification can be made by observing that the values of 
P, k, and m depend only on the fuel-air ratio and type of fuel. Assum
ing that the type of fuel is sufficiently identified by its heat of combustion, 
we can substitute F for P, k, and m. 

Thus eq 6-20 can be written in more convenient form : (u P. aLp TiCp TcCp ) Cv = cf> - , -, -, --, --, F, RI••• Rn 
a Pi p.(Jo FQc FQc 

where cf> = a mathematical function 
u = characteristic gas velocity 

(6-21) 

Pi, Ti, p, and a = inlet pressure, temperature, density, and sonic 
velocity, respectively 

p. = inlet viscosity 
Pe = exhaust-system pressure 
Tc = coolant temperature, usually taken as the average 

between coolant inlet and outlet temperatures 
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F = fuel-air ratio 
Qc = heat of combustion of the fuel 

Rl . . .  R .. = engine design ratios, which must include the 
compression ratio and all other ratios necessary 
to describe the whole gas-flow passage through 
the engine 

The form of the functional relation between ev and each argument in 
eq 6-21 must be found by experiment. If the equation is correct, ev  
will depend not on the separate variables which make up each argument 
but on the value of the argument as a whole. For example, when all 
other arguments are held constant, ev should have the same value, 
whether Pe is 10 and Pi, 15, or Pe is 8 and P., 12, since the ratio Pe/Pi re
mains the same. 

E F FEC T OF O P ER A T I N G  C O N D I T I O N S  O N  
V O LU M E TR IC E F F IC I E NCY 

Inlet Mach Index. For convenience the ratio of the typical velocity 
to the inlet sonic velocity, u/a, is called the inlet Mach index. 

From the science of fluid mechanics we know that the controlling 
velocity in a compressible flow system is the velocity in the smallest 
cross section. Considering typical engine designs, it appears that the 
smallest cross section in the inlet flow system is usually the inlet-valve 
opening. 

Since the actual velocity through the inlet valve is a variable and is 
seldom known, it would be convenient to find a known velocity upon 
which the actual velocity through the valve depends. If the fluids in
volved were incompressible, the mean velocity through the inlet valve 
at any instant would be Aps/ Ai, where Ap is the piston area, S is the 
velocity of the piston, and Ai is the area of the inlet valve opening. The 
corresponding Mach index is Aps/ Aia. 

For the usual cam contours, it might be expected that the mean flow 
area through the inlet valve will be proportional to 7rD2/4, where D is 
the valve diameter. In this case Ap/Ai becomes (b/D)2 where b is the 
cylinder bore. 

Figure 6-1 1  shows ev plotted against (b/D)2s/a for a given engine 
equipped with inlet valves of various sizes, shapes, and lifts. Inlet tem
perature, and therefore a, was constant. The poor correlation obtained 
indicates that the velocity (b/D)2S was not controlling. 
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As a next step it was decided to make flow tests through the valves at 
various lifts in order to determine their flow coefficients under low
velocity, steady-flow conditions. From these tests a mean inlet flow co-
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Fig 6-11. Volumetric efficiency with several inlet-valve sizes, lifts, and shapes: b = 
cylinder bore; D = valve outside diameter; 8 = mean piston speed ; a = velocity of 
sound at inlet temperature; CFR 3.25 x 4.5 in cylinder; r = 4.92. (Livengood and 
Stanitz, ref 6.41) 

efficient, Ci, was obtained. (See ref 6.40 . )  As indicated by Fig 6-12, this 
flow coefficient was computed by averaging the steady-flow coefficients 
obtained at each lift over the actual curve of lift vs crank angle used in 
the tests. At each lift the coefficient was based on the area 1I'D2 / 4. It 
was felt that if this area were multiplied by Ci a better correlation would 
be obtained. 
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Fig 6-12. Method of measuring inlet-valve flow coefficient : (a) Experimental arrange
ment. For small pressure drops 

Cv = Co(DoIDv)2V t.pol t.pv 

(b) Curve of Cv VB LID from experimental results; (c) Plot of Cv vs crank angle. C. = 
mean ordinate of Cv curve. (See also ref 6.40) 

Figure 6-13 shows volumetric efficiency plotted against an inlet-valve 
Mach index defined as 

z = C!nY c:a (6-22) 

The plot shows that ev is a unique function of Z within the limits of 
measurement of engine operation over a wide range of engine speeds and 
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of inlet-valve diameters, lifts, and shapes. Valve timing was held con
stant. 

As a further check on the validity of Z as a volumetric-efficiency 
parameter, Fig 6-14 shows ev vs Z for a different valve timing and for 
several different values of P./Pi . The test data reduce to a single curve 
when base values evb are chosen at a particular value of Z, and other 
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Fig 6-13. Volumetric efficiency VB inlet-valve Mach index. Same data as in Fig 
6-1 1 :  

Z = (b/D)2 X s/C,-a 
c. = inlet-valve flow coefficient, as determined by method illustrated in Fig 6-12;  
r = 4.92 ; valve overlap = 6° ;  inlet closes 55° late ; T. = 580oR; Tc = 640oR, Pi = 
13.5 psia; p. = 15.45 psia; P./pi = 1 . 14;  FR = 1 . 17;  inlet pipe zero length. (Liven
good and Stanitz, ref 6.41) 

values are divided by the appropriate base value. In general, if eq 6-21 
is true, this type of correlation should be possible for any of its inde
pendent arguments. 

From Figs 6-13 and 6-14 we conclude that the velocity ratio Z can 
safely be used in place of u/a in eq 6-21. 

Examination of Figs 6-1 3  and 6-14 shows that ev begins to fall off 
sharply when Z exceeds about 0 . 6  In Fig 6-9 it is seen that loss due to 
reduced PU' which is the dotted area, increases rapidly as Z increases 
above 0.5 . . Thus it is evident that as Z exceed� 0 . 6  the effect of the falling 
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pressure ratio PyY/Pi becomes dominant. It may be concluded that 
when Z exceeds 0 . 6  the engine is in the range in which volumetric ef
ficiency falls rapidly with increasing speed. 

Maxim.um. Z Value. From the foregoing results it is possible to 
draw the very important conclusion that engine.� should be designed, if 
possible, so that Z does not exceed 0 . 6  at the highest rated speed. To assist 
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Fig 6-14. Volumetric efficiency VB inlet-valve Mach index: cam No 2;  10, 3OoBTC; 
10, 6OoABC; EO, 6OoBBC; EC, 3OoATC; black symbols, P./Pi = 0.05 ; flag symbols, 
P./Pi = 0.25; others, P./Pi = 1 .0 ;  D = 0.830 - 1 .05 in; L/D, 0. 198 - 0.25; Ci, 0.365 
- 0.445; 8 = 367 - 2520 ft/min; evb = volumetric efficiency when Z = 0.5. (Liven
good and Eppes, ref 6.44) 

designers in checking this point, typical values of Ci are given in Table 
6-1 .  

An important restriction on the results of Figs 6-13 and 6-14 i s  that 
they were obtained with the arrangement shown in Fig 1-2, that is, 
with a single-cylinder engine connected to large inlet and exhaust re
ceivers by short pipes. In this way pressure pulsations in the inlet and 
exhaust systems were effectively eliminated. The effect of long inlet 
piping on volumetric efficiency is discussed later in this chapter. 

Sim.ilar Engines. In order to explore the effects of cylinder size, 
there have been built at MIT (refs 1 1 .24, 1 1 .26) three similar single
cylinder engines of different Eize. 
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By similar engines (or, more generally, similar machines) is meant 
engines (machines) which have the following characteristics : 

1 .  All design ratios are the same. The MIT similar engines were 
built from the same set of detail drawings. Only the scale of the drawings 
was different for each engine. 

2. The same materials are used in corresponding parts. For example, 
in the MIT engines all pistons are of the same aluminum alloy and all 
crankshafts are of the same steel alloy. 

Figure 6-15 shows a drawing of these engines and gives their principal 
characteristics. 

From this point on, when the word similar is used, it will refer to 
engines or other structures which differ in size but have the character
istics listed above. 

Effect of Reynolds Index. The similar engines at MIT made 
possible tests under circumstances in which the Reynolds index aLp/ J.l.go 
was the only variable in eq 6-21 .  

In order that the Reynolds index would be the same at  a given piston 
speed, the engines were run with the same fuel and the same values of 
Pe, Pi, Ti, Tc, and F. Under these circumstances p, J.I., and a were the 
same. Since the engines have the same values of D /b and the same valve 
design, Z was the same for all three engines at a given piston speed. 
Figure 6-16 shows ev vs Z when the engines were run under the indicated 
conditions. 

The data show no significant differences in ev between the three en
gines at a given value of Z, in spite of the fact that the Reynolds indices 
are different in the proportion of 2.5, 4, and 6. 

Without heat transfer, the Reynolds index is a measure of the relative 
importance of inertia and viscous forces, as these factors influence fluid 
flow. Evidently, differences in viscous forces are too small to affect the 
flow within the range of Reynolds index represented by these engines. 

With regard to heat tran,sfer, it will be recalled from the discussion of 
the inlet-system-heat-transfer model that !:J.T would be expected to vary 
as Reynolds index to the power -0.2. The ratio (6/2.5) -0 . 2 = 0.84. 
Assuming !:J.T for the small engine was 30oR, the quantity (1  + !:J.T /Ti) 
would be as follows : 

for 2!-in engine (1 + loOo ) = 1 .05 

for 6-in engine (1 + 
0.8�� 30) = 1 .042 
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Fig 6-15. MIT similar engines. Lateral cross section for all three engines : 

Engine 

Small 
Medium 
Large 

Valve timing: 

Bore Stroke Valves 
in in D, in L, in 

2.5 
4.0 
6.0 

3.0 0.97 
4.8 1 .55 
7.2 2.33 

EO 45°BBC 
EC 100ATC 

overlap 25° 

0.19 
0.30 
0.45 

(For further details see ref 11.24) 
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2500 

Fig 6-16. Volumetric efficiency vs mean piston speed of the MIT geometrically 
similar engines under similar operating conditions : Z = 0.000315 X piston speed; r = 
5.74, FR = 1 . 10 ;  Pi = 13.8 psia; p. = 15.7 psia; Ti = 610oR; Tc = 640oR; bpsa. 
(From refs 1 1 .20, 1 1 .21 ,  1 1 .22) 

A 1% difference in volumetric efficiency is within the limits of accuracy 
of engine measurements. 

Effect of Engine Size. From Fig 6-16 the following important 
relation can be stated : 

Similar engines running at the same values of mean piston speed and at the same 
inlet and exhaust pressures, inlet temperature, coolant temperature, and fuel-air 
ratio will have the same volumetric efficiency within measurable limits. 

It is possible that the Reynolds index effect might become appreciable 
in the case of very small cylinders. Some research in this regard would 
be of interest. 

Figure 6-17 shows that the light-spring indicator diagrams of the 
similar engines are substantially identical at the same value of s and Z. 
This figure is further confirmation of the general relation stated. The 
no-heat-transfer volumetric efficiency, computed from eq 6-13, would 
evidently be the same for these three diagrams. 

Engines with Silllilar Cylinders. Under certain limitations the 
foregoing considerations can be extended to engines having similar 
cylinders, even though the number and arrangement of the cylinders 
may be different. 
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Fig 6-17. Light-spring indicator diagrams from the MIT similar engines : mean piston 
speed, 2040 ft/min; Z = 0.642 ; Ti = 150°F ;  Tc = 180°F ; Pi = 13.8 psia ; P. = 15.7 
psia ; FR = 1 . 1 ;  r = 5.74. (From refs 1 1 .20, 1 1 .21 ,  and 1 1 .22) 

In the first place, it must be remembered that the shape and size of 
the whole inlet system, from atmosphere to inlet ports, may have a 
strong effect on volumetric efficiency. The same is true for exhaust 
systems, although here small departures from similitude usually have 
only a minor effect in the case of four-stroke engines. Therefore, inlet 
and exhaust systems, as well as other parts, must be similar, in order 
that cylinders of different size have the same curve of ev vs sic. In 
Figs 6-16  and 6-17 the inlet and exhaust systems, as well as the engines 
themselves, were exactly similar. 

For a new design the number, and, therefore, the size, of cylinders to 
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be used for a given power output is an extremely important decision. 
(See also ref 1 1 .24. )  I f  the cylinders can be  manifolded in groups of the 
same number with the same firing order and essentially similar piping 
for each group, regardless of cylinder number and arrangements, the re
lations shown in Fig 6-16  will apply rigorously. The same can be said 
if the manifolding is such that each cylinder draws and discharges to and 
from reservoirs where the pressure remains substantially constant and the 
length and diameter of each individual pipe, between reservoir and 
cylinder, remains proportional to the bore. 

Engines with similar cylinders, but with different manifold designs, 
will not necessarily have similar curves of volumetric efficiency against 
piston speed. However, in many cases the effects due to common inlet 
and exhaust manifolds are small, and the rule that volumetric efficiency 
among cylinders of similar design is the same at the same mean piston 
speed is a good first approximation when actual test data are not avail
able. 

Effect of P./Pi. Experimental values of the ratio cv/ C vb are plotted 
against P,/Pi in Fig 6-4 for two engines with r = 6 (dashed line) . These 
engines had small valve overlap. 

The curve of cv/ C vb follows the theoretical curve for the same compres
sion ratio quite well down to the point where P,/Pi is about 0.5. For 
lower values of the pressure ratio the real volumetric efficiency curve has 
a smaller slope than the theoretical curve. This result is probably due 
to the fact that as P,/Pi falls below 0.5 the flow through the inlet valve 
becomes critical for a considerable portion of the inlet stroke. In the 
indicator diagrams for Pe/Pi = 0.67, in Fig 6-8, it is apparent that the 
pressure drop across the inlet valve is approaching the critical value at 
high values of Z. 

Because of the good agreement between the actual and theoretical 
curves for pressure ratios greater than 0.5 the theoretical relation given 
by eq 6-15 is often used for estimating volumetric efficiency vs Pe/Pi for 
engines with small valve overlap. 

The effects of large valve overlap are discussed in a later section. 
Effects of Fuel-Air Ratio and TeIllperature Changes. In dealing 

with the next three variables, namely, fuel-air ratio, inlet temperature, 
and jacket temperature, it is inconvenient to try to hold strictly to the 
separate dimensional relations indicated by eq 6-21 . For example, 
when F is varied, in order to hold the two arguments containing tem
perature constant, '1\ and Tc would have to be varied in proportion to F. 
The change in Ti would change the value of a, and therefore piston speed 
would have to be changed to hold Z constant. 
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• 5 x 7 in direct-injection Diesel engine; 8 = 1750 ft/min; Ti = 515°R;  Te = 
630oR; Fe = 0.067. (Foster, ref 6.24) 

o Ll. D  CFR spark-ignition engine; gaseous fuel-air mixture ; Fe = 0.0665, Ti = 
5600R to 680oR; Te = 670oR; s = 750 to 1950 ft/min. (Malcolm and Pereira, 
ref 6.21) 

Fig 6-18. Volumetric efficiency vs fuel-air ratio : evb is volumetric efficiency when FR = 
1 .0. 

I t is more typical of actual practice, and perhaps of more practical 
value, to hold engine speed constant and to vary F, Ti, and Tc separately. 
However, when this procedure is adopted it must be remembered that 
a change in F, Ti, or Qc will affect more than one dimensionless ratio in 
eq 6-21 .  

Effect of Fuel-Air Ratio o n  VolUInetric Efficiency. Figure 6-18 
shows Cv vs fuel-air ratio for a Diesel engine and for a spark-ignition 
engine supplied with a gaseous fuel-air mixture. 

Changing the fuel-air ratio changes the values of F as well as the two 
arguments containing temperature (eq 6-21) . In the spark-ignition 
engine changing the fuel-air ratio also changes the inlet sound velocity 
and thus changes Z. Values of a for various fuels and fuel-air ratios are 
given in Table 6-2. 

If Z is not in the range above 0.5, the effect of fuel-air ratio on Z will 
not cause much change in Cv. The principal effect will be due to changes 
in the cyclic gas temperatures, as represented by the product FQc in 
eq 6-21 .  
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Table 6-2 
Effect of Fuel-Air Ratio on Properties of Octane-Air Mixtures 

F a (am. ) 2 amix k - 1  
v'r aai:X --

Fe F m Cp aair k k 

0 0 28 . 95 0 . 240 49 . 0  1 . 000 1 . 000 0 . 286 1 . 400 
0 . 8  0 . 0533 30 . 1  0 . 248 47 . 5  0 . 938 0 . 9  0 . 266 1 . 362 
1 . 0  0 . 0667 30 . 4  0 . 250 47 . 0  0 . 921 0 . 960 0 . 262 1 . 353 
1 . 2  0 . 0800 30 . 6  0 . 253 46 . 7  0 . 912 0 . 954 0 . 256 1 . 345 
1 . 4  0 . 0933 30 . 9  0 . 254 46 . 4  0 . 896 0 . 947 0 . 253 1 . 339 
1 . 6  0 . 1067 31 . 2  0 . 256 46 . 1  0 . 883 0 . 941 0 . 249 1 . 330 

Fe = chemically correct fuel-air ratio . Units = ft, lbf, Ibm, sec, Btu, oR. 
F = fuel-air ratio, m = molecular weight, Cp = specific heat at constant pres
sure, a = sonic velocity, k = specific-heat ratio . 

In the Diesel-engine operating range both combustion temperatures 
and residual-gas temperature increase with increasing fuel-air ratio. Re
ferring to the heat-transfer model, eq 6-16, an increase in the fuel-air 
ratio will increase both T. and Tx. The effect on T. is apparently pre
dominant, since e" falls ; that is, t:.T gets larger with increasing fuel-air 
ratio. 

The effect of fuel-air ratio on volumetric efficiency for a spark-ignition 
engine appears to be negligible except at the lowest fuel-air ratio, and 
even there it is small. Spark-ignition engines usually operate in the 
range 0.8 < FIt < 1 .4. In this range residual-gas and combustion 
temperatures reach a peak at FR ,...., 1 . 1  and decrease as FR exceeds this 
value. (See Fig 4-5. ) The fact that e" shows little variation with F for 
the spark-ignition engine is probably because in this range of fuel-air 
ratios changes in the temperature difference, represented by (T. - Tx) 

in the model, are small. 
Effect of Fuel Evaporation on VoluInetric Efficiency. The spark

ignition engine of Fig 6-18 was operated with a completely gaseous mix
ture in the inlet pipe and port. In most commercial spark-ignition en
gines, on the other hand, the fresh mixture contains a great deal of un
evaporated fuel during the inlet process. (See refs 6.3-.) 

As we have seen, it is not practicable to measure temperatures in a 
wet mixture. Therefore, Ti must be measured upstream of the point 
where fuel is introduced. In this case evaporation of fuel while the inlet 
valve is open may have an appreciable effect on volumetric efficiency. 
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For the process of evaporating liquid fuel in air at constant pressure 
we can write 

[ ( 1  - F)Ha + (1 - x)FHL + xFHah = [ ( 1  - F)Ha + FHLh + Q 

(6-22a) 
where H = enthalpy per unit mass 

F = fuel-air ratio 
x = fraction of fuel evaporated 
Q = heat added during the process 

Subscripts : 
1 = before evaporation 
2 = after evaporation 
a = air 
L = liquid fuel 
G = gaseous fuel 

If the enthalpy of the gaseous part of the mixture is taken as equal to 
CpT, and if the value of H L is assumed to be the same before and after 
evaporation, the above equation can be written 

xFHL + Q 
T2 - Tl = -----

(1 - F + xF)Cp 
(6-23) 

For liquid fuels HL is a negative number approximately equal to Hlg 
of Table 3-1.  

It is evident that if no heat is added to the mixture during the evapora
tion process its temperature will fall. For complete evaporation of 
octane at FR = 1 .2, 60°F, the drop in temperature when Q = 0 would 
be 44°F. 

In applying eq 6-23 to an engine Q is the heat transferred to the charge 
during induction (Q in eq 6-1 1 )  and (T2 - T1) is the AT of eq 6-13. 

As we have seen, it is difficult to evaluate Q, and there is no practi
cable method of measuring or of predicting x under engine conditions. 
However, eq 6-23 assists in a qualitative approach to the problem. 

The heat-transfer effects shown in Fig 6-9 were obtained with a gaseous 
mixture. If the fuel had been introduced in liquid form, in the inlet pipe, 
the effect on AT would have depended on the difference between xFHL 
and Q. If Q remained unchanged and evaporation was complete before 
inlet closing, with octane AT would be decreased by about 44°F. On 
the other hand, heat-transfer studies of wet mixtures show that the 
presence of liquid on the walls tends to increase the rate of heat transfer. 
Thus it is probable that even with complete evaporation during induc-



EFFECT OF OPERATING CONDITIONS 185 

tion the reduction in llT would be considerably less than 44 of. In actual 
practice, evaporation is seldom complete before the inlet valve closes. 

Effect of Latent Heat of Fuel. Reference to Table 3-1 reveals that 
the product FHlg is especially high for the alcohols. For example, at 
the stoichiometric mixture it is 10 Btu per Ibm for octene, 40 Btu for 
ethyl, and 73 Btu for methyl alcohol. 

With conventional carburetor-manifold systems it is not usually 
practicable to use the alcohols alone without adding a great deal of heat 
to the fresh mixture in order to insure good distribution and evaporation 
before ignition. (See ref 6.3 1-.) However, fuels containing large frac
tions of alcohol are often used in racing in which it is possible, by using 
multiple carburetors, to take advantage of a good part of the available 
temperature drop due to evaporation. The maximum temperature drop 
with ethyl alcohol (when x = 1 ,  Q = 0 in eq 6-23) is about 170°F and 
with methyl alcohol, 300°F, at the stoichiometric fuel-air ratio. 

Effect of Fuel Inj ection on Volumetric Efficiency. The injection 
of fuel in a Diesel engine occurs after induction, and the injection process 
itself has no direct effect on volumetric efficiency. 

In spark-ignition engines a change from a carburetor-manifold system 
to injection of liquid fuel into the inlet port usually improves air capacity 
for two reasons : 

1 .  Pressure drop through the carburetor may be eliminated, unless 
the equivalent of a carburetor is retained for metering purposes. The 
need for inlet-manifold heating to assist distribution may also be reduced 
or eliminated entirely. Thus density at the inlet port may be increased. 

2. The amount of liquid fuel in contact with the walls of the induction 
system is reduced ; the result is a reduction in Q in eq 6-23. Although x 
may also be reduced, there is usually a decrease in llT and therefore an 
improvement in volumetric efficiency. 

When injection is made directly into the cylinder before inlet-valve 
closing very little wet fuel may come in contact with the cylinder walls, 
and Q will be still smaller than in port injection. If injection occurs 
early in the inlet process, enough fuel may evaporate in the cylinder 
before inlet-valve closing to cause a considerable improvement in vol
umetric efficiency over the carburetor-manifold or port-injection ar
rangements. 

Experiments (ref 6.30--) show that volumetric efficiency may be in
creased about 10% by injection into the cylinder during induction, as 
compared to carburetion. Inlet-port injection usually affords a lesser, 
though appreciable, improvement. 
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Effect of Inlet TeDlperature. In order to isolate T.CpjFQc as a 
variable when Ti is changed, it would be necessary to readjust piston 
speed to hold Z constant. (The variation in Reynolds index, due to 
changes in a, could be ignored. )  As an alternative, we may explore the 
effect of variations in Ti, allowing Z to vary as Ti varies. Fortunately, 
the change in Z is much smaller than the change in Ti, since a varies as 
VT;. 

Figure 6-19 shows the effect of changing Ti on volumetric efficiency 
for two typical spark-ignition engines. The fact that ell increases with 

ell 
evil 
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1.1 

1.0 i- - - -
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-8---- -- 6 

_,,- ---2--
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Fig 6-19. Effect of air-inlet temperature on volumetric efficiency : e.b = volumetric 
efficiency when Ti = 6OO0R. Tests on two engines-Plymouth 1937 six and Ford 
1940 V-8 : Tc = 61OOR;  8 = 1000 to 2500 ft/min ; P. = Pi = 13 psia. (Markell and 
Taylor, ref 6.22) 

increasing Ti indicates that the principal effect is a reduction in aT 
(eq 6-13) . The higher Ti goes, the smaller the mean difference in tem
perature between gases and walls and the smaller the temperature rise 
of the gases during induction. 

The fact, shown in Fig 6-19, that ell varies very nearly as VT; has 
been observed in many spark-ignition engines. Since inlet density is 
proportional to 1/Ti, the product Piell, hence the mass flow of air, varies 
as 1/VT;. This relation is now generally accepted as a good approx
imation, and the output of spark-ignition engines is usually corrected 
for air temperature changes by assuming that indicated power varies in 
proportion to 1/vTi. (See refs 6.21 and 12. 10-.) 

In Diesel engines, in practice, the maximum fuel-pump delivery rate 
is usually set at the factory. When such engines are tested over the 
usual range in air temperature, at maximum fuel-pump setting, the 
quantity of fuel per cycle will not change. Thus, although volumetric 
efficiency varies as in spark-ignition engines, engine output will vary 
only as the indicated efficiency is changed by the resultant changes in 
fuel-air ratio and in initial temperature of the cycle. In the usual range 
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of Diesel-engine operation the change in power due to these causes may 
be too small to be noticed. (See also Chapter 12.)  

On the other hand, if a Diesel engine is rated at its maximum allowable 
fuel-air ratio, fuel flow should be changed with air flow to hold the fuel
air ratio constant. In this case output will vary with l/VTi, as in 
spark-ignition engines. (See Chapter 12.)  

Effect of Coolant Temperature. Figure 6-20 shows volumetric 
efficiency vs coolant temperature for two engines. 
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Fig 6-20. Effect of coolant temperature on volumetric efficiency : evb = volumetric 
efficiency when Tc = 61O°R. Tests on two engines-Plymouth 1937 six and Ford 
1940 V-8 : Ti = 460 to 61OoR; P. = Pi = 13 psia; 8 = 2000 ft/min, full throttle. 
(Markell and Taylor, ref 6.22) 

When coolant temperature is changed the chief effect must be a change 
in the mean wall temperature to which the gases are exposed during in
duction (T. in eq 6-16) . It would seem that changes in Tc would have 
negligible effects on the other variables in eq 6-2 1 .  If Fig 6-20 is typical, 
the effect of Tc on volumetric efficiency can be approximated by the 
relation 

ev Tcb + 2000 

evb Tc + 2000 

E F F ECT O F  D E S I G N ON V O LU M E T R IC 
E F F IC I E NCY 

(6-24) 

Design is here taken to mean the geometrical shape of the cylinder, 
valves, valve gear, and manifold system and the materials of which they 
are made. Thus assemblies of different size are taken to be of the same 
design provided all the ratios of corresponding dimensions to the bore 
remain unchanged and the same materials are used in corresponding 
parts. 
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Effect of Design on 1::. T. Design affects .:l T largely through its effect 
on the temperature of the surfaces to which the gases are exposed during 
induction. Thus designs which minimize the temperatures of inlet mani
folds, inlet ports, and inlet valves are desirable from this point of view. 

Obviously, exhaust heating of the inlet system is undesirable from the 
point of view of volumetric efficiency, although it may be necessary for 
reasons of fuel distribution or evaporation. 

Experiments (ref 6.32) have shown that inlet valves and valve seats 
tend to run at temperatures far above that of the coolant. Therefore, 
improvement of heat conductivity between these parts and the coolant 
is effective in reducing .:IT. The same can be said for the conductivity 
between inner cylinder surfaces and the coolant. 

Aside from heat-transfer effects, the design factors having important 
effects on volumetric efficiency are 

1 .  Inlet-valve size and design, already considered in connection with 
the Mach index, Z 

2. Valve timing 
3. Exhaust-valve size and design 
4. Stroke-bore ratio 
5. Compression ratio 
6. Design of inlet system 
7. Design of exhaust system 
8. Cam-contour shape 

Valve timing is discussed under the assumption of constant lift
diameter ratios and, except for the necessary changes in the crank angle 
between valve opening and valve closing, the same cam contours. 

The two features of valve timing which have important effects on 
volumetric efficiency are valve-overlap angle and inlet-closing angle. With
in the limits of conventional practice, the other valve events have little 
effect on volumetric efficiency. 

Effect of Valve Overlap. From the How point of view, the cylinder 
with valve overlap can be represented by a cylinder with no overlap 
plus a bypass passage between inlet and exhaust pipes. 

When volumetric efficiency is based on the total fresh mixture supplied 
it is evident that with the bypass 

4CAbaq,1 
ev = eve + (6-25) Aps 

where eve = volumetric efficiency of the cylinder without bypass 
A b = bypass How area 
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C = bypass flow coefficient 
Ap = piston area 

8 = mean piston speed 
a = inlet sound velocity 

rJ>1 = compressible-flow function, Fig A-2 

When Pe/Pi is less than unity the last term of eq 6-25 has positive 
values, which means that fresh mixture flows through the bypass into 
the exhaust pipe. For a given bypass and pressure ratio it is apparent 

1 .4 \ 
1.21---""--+--l�--+---:----+------l 

1 .0 
0.8 1---==::::::p=t:::::::..�tJ-�_---l 

Valve overlap = 6° and 90° 0.4 t-----t-----t----r------'----1 
0.2 

Fig 6-21. Volumetric efficiency vs Z. Various valve-overlap angles and various 
pressure ratios : CFR engine 3.25 x 4.5 in; r = 4.9. (Livengood and Eppes, ref 6.44) 

that the last term of eq 6-25 increases toward infinity as piston speed ap
proaches zero. 

When the exhaust pressure is greater than the inlet pressure (Pe/Pi > 
1 .0) exhaust gas will flow through the inlet bypass into the inlet pipe. 
The cylinder will then take in a combination of fresh mixture and exhaust 
gas. To represent this condition, the plus sign in eq 6-25 should be 
changed to minus, and a should be taken as sound velocity in the exhaust 
gases. Under these circumstances, ev approaches zero at low piston 
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speeds, and the ratio of exhaust gas to fresh mixture in the cylinder in
creases as s grows smaller or Pe/Pi becomes larger. 

The bypass term in eq 6-25 represents, of course, the flow which takes 
place through a cylinder during the overlap period. An important dif
ference between the engine and the model is the fact that in the engine 
with Pe/Pi less than one flow during overlap helps to scavenge, that is, to 
sweep out residual gases from the clearance space above the piston. In 
the process some of the fresh air which flows through during overlap may 
be trapped in the cylinder, although some always escapes through the 
exhaust valve. 

Figures 6-21 and 6-22 show curves of volumetric efficiency vs Z and 
vs Pe/Pi with several overlap angles. The trends predicted by eq 6-25 
are evident. 

Trapping Efficiency. When Pe/Pi is less than unity and fresh mix
ture flows through during overlap, some of the fresh mixture is lost for 
combustion purposes. In engines with valve overlap output will be 
proportional to the air retained in the cylinder rather than to that sup
plied to the cylinder. Let the ratio of air retained to air supplied be 
known as the trapping efficiency, r . Volumetric efficiency based on air 
retained is designated as ev', which is equal to evr. 

Values of r for two overlap angles are given in Fig 6-22. This figure 
also shows ev' / ev6 vs Pel Pi at various values of Z. The quantity ev6 is 
the volumetric efficiency of the same engine under the same operating 
conditions but with 6° overlap. Since the valve lift is extremely small 
during a 6° overlap period, it can be assumed that there is no flow during 
that period. 

It will be noted that with a 90° overlap appreciable gains in ev' / ev6 
are achieved at high values of Z, even when Pe/Pi = 1 .0. These gains 
are probably due to the fact that early inlet-valve opening results in 
larger effective inlet-valve area during the suction stroke, with con
sequent lower pressure drop through the inlet valve during this time. 
Thus a in eq 6-13 would be larger. 

Value of Valve Overlap. Since spark-ignition engines are controlled 
by throttling, the effect of overlap when Pe/Pi is greater than one must 
be considered. We have seen from the model that under this condition 
the fraction of exhaust gas in the cylinder increases rapidly as speed de
creases. 

A disadvantage of valve overlap for carbureted engines is that when 
such engines are supercharged some fuel may be lost during the overlap 
period. The fraction of fuel lost will be (1 - r) and the indicated 
efficiency will suffer accordingly. 
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The increased residual fraction appears to be unimportant, since 
modern American passenger cars use overlaps ranging from 20 to 76°, 

1 .6  

1 .0 

1 .4 

, ,,I � 1 .2 
"' I" 

1 .0 

0.8 

1 .0 

""' 0.9 
/I 

"' ;)1 � ., ., 0.8 

0.7 

0.6 

90· overlap 
I 

140· overlap 

1--..... 
...... , 

1'\ 
\ 

... - - F::::I� '--..... �,I� "' \  �1I_!l-
-� 

::....:, 

� F� I 
:f. H_ 

� 

�II-II- r-,,_ t--" II � �---r.::c-�:,:::::: ��I-- r-- ...... , 
� 

-� 

1-'11-� 1 1-11-H� f-
� '" �I_I- 1--1-' I 

-",'" I 
_ .... � V I 

�-- I / 
/" 1/ 

1---...... ,.-

0.5 0.75 1 .0 0.5 0.75 1 .0 

PC /Pi 
- - - -Z = 0.24 Z = 0.48 
-I-I-Z = 0.72 -11-11- Z =  0.82 

Fig 6-22. Effect of valve overlap on volumetric efficiency : ev6 = volumetric efficiency 
with 6° overlap; ev' = volumetric efficiency based on air retained. (Faired curves 
from ref 6.54) 

with one example at 102° . These engines, of course, are not super
charged. 

Supercharged aircraft engines use considerable overlap in order to 
achieve high values of evr under take-off conditions. The fuel lost is 
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unimportant because of the short take-off time. At cruising, P,/Pi is 
not much less than one, and little fuel is lost due to overlap. 

Engines using fuel injection into the cylinder after all valves are 
closed can use valve overlap without detriment to efficiency. The com
bustion fuel-air ratio in such engines will be F /r ,  where F is the over-all 
ratio of fuel to air. 

1 .25 1--+--+---+--+---1""""""7l'7%i 
1 .201--+--+---+--+--::ri71W,iWer---j---t-----j 

1 . 1 5  t----+---+--t----,<1mff/f;�'---+--I__-_t_-_1 
1 . 1 0  t----+---+--t�"'" 

ev 1 .05 t----+---+--,"*'�-+--+_--+--I__-_t_-_1 
evb 1 .00 t----+----illi�"-"'-!=-=-'--t-'-'=--_t_""""=l-

0.951--+--+---+--=""4fk--1--t--+---+-----j 

0.90 t----+---+--t--+-...3(6'fh9�-+--I__-_t_-_1 
0.85 1--+--+---+--+---1�Whi 

0.80 1--+--+---+--+---1----'" 

0.751--+--+---+--+--I--+--+---+-----j 

o 1 5 45 60 75 90 
I n let closes, degrees ABC 

Fig 6-23. Effect of inlet-valve closing on volumetric efficiency : CFR engine, short 
inlet pipe ; e,b = volumetric efficiency when inlet valve closes 30° ABC. (Livengood 
and Eppes, ref 6.44) 

In Diesel engines P,/Pi is never much greater than unity, hence over
lap does not affect idling. Since no fuel can be lost during overlap, it is 
not surprising to find that a considerable overlap angle is used in many 
Diesel engines. Largest valve overlaps (up to 150°) are used in turbo
supercharged Diesel engines . Here, an important reason for large over
lap is to protect the exhaust turbine from excessive temperatures. The 
fresh air which flows through the cylinder during the overlap period is an 
effective method of reducing turbine inlet temperature (see also Chap
ter 10) . 

Whenever valve overlap is considered for supercharged engines it 
should be remembered that the power required by the compressor will be 
increased in direct proportion to the increase in mass flow. 
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Inlet-Valve Closing. Figure 6-23 shows the effect of inlet-valve 
closing angle on volumetric efficiency when the inlet pipe is so short that 
inertia effects are negligible. Figures 6-7 and 6-8 show that for low 
values of Z the pressure in the cylinder at the end of the inlet stroke is 
equal to the inlet pressure. Under these circumstances, delaying the 
effective * inlet-valve closing beyond bottom center allows some fresh 
mixture to be driven back into the inlet system. 

At high values of Z, as Figs 6-7 and 6-8 show, the cylinder pressure 
may be well below inlet pressure at bottom center. In this case delaying 
the inlet-valve closing allows more flow into the cylinder up to the time 
when cylinder and inlet pressures reach equality. Thus the higher the 
values of Z, the later the inlet-valve should be closed, as shown in Fig 
6-23. These effects seem to be independent of Pe/Pi or of valve overlap 
within the range of these tests. 

With long inlet pipes, inlet-valve closing should be timed to take ad
vantage of the inertia of the inlet-gas column as well as of the effects 
previously noted. This subject is discussed more fully under a sub
sequent heading. 

Exhaust-Valve Capacity. Figure 6-24 shows volumetric efficiency 
vs Z for three ratios of exhaust-valve flow capacity to inlet-valve flow 
capacity. This ratio is defined as (De/Di)2  X (Ce/Ci) where De and Ce 
have the same definition for the exhaust valve as Di and Ci have for the 
inlet valve. (See p. 173 . )  Thus Ce is the steady-flow coefficient of the 
exhaust valve and port, averaged over the valve-lift curve. This flow
capacity ratio, which we here call "1, is in the range 0.60 to 1 .0 for most 
engines. 

Figure 6-24 shows that enlarging the exhaust valve to 179% of the 
inlet-valve capacity does not benefit volumetric efficiency even at ab
normally high values of Z. The exhaust-valve capacity can be cut even 
to 50% of inlet-valve capacity without affecting volumetric efficiency 
over the usual range of Z. However, the effect of a small exhaust valve 
on the work lost on the exhaust stroke may be considerable, and, in 
general, exhaust valves of much smaller capacity than 0.60 of the inlet 
valve are not recommended. 

* The word "effective" is used because of the characteristics of poppet-valve lift 
curves. Because of limitations imposed by the inertia of the valve mechanism valve 
openings are very small near the opening and closing points. (See Fig 6-29. )  There
fore, a delay in inlet-valve closing up to about 20° of crank angle allows very little 
flow through the valve after bottom center and can be considered to close the valve 
effectively at bottom center. 
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Fig 6-24. Effect of exhaust-to-inlet valve capacity on volumetric efficiency. Inlet 
closes 66°ABC : 

'Y = (�:Y X (�:) 
where D i s  valve outside diameter and C i s  its flow coefficient. (Eppes et  al., ref 6.43) 

Stroke-Bore Ratio. Let us assume an engine in which the stroke 
alone is varied. Valves and ports will be unaffected by this change. 
Since there is no change in valve size or design, Z will be proportional to 
piston speed . "  Under conditions in which Z controls, it is evident that 
volumetric efficiency will be independent of stroke at a given value of 
piston speed. 

Figure 6-25 shows volumetric efficiency vs piston speed for a single
cylinder engine with three different strokes. As predicted, volumetric 
efficiency is a unique function of piston speed (and Z) where piston speed 
and stroke are the only independent variables. Here is another relation 
of great usefulness to the designer which should stimulate new thinking 
on the question of optimum stroke-bore ratios. The basic aspects of this 
question have been seriously obscured by the usual decision to hold rpm 
constant when changes in stroke-bore ratio are made. 

In the tests of Fig 6-25 the inlet pipe was so short (less than the bore) 
that the inertia of the gas column in the pipe had negligible influence on 
gas flow. With a long inlet pipe, differences in the ratio of pipe length 
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to stroke would have caused appreciable differences in volumetric ef
ficiency at the same piston speed. However, even with a long inlet 
pipe, if pipe length is made proportional to the stroke, volumetric ef
ficiency will again be the same at the same piston speed. (See later dis
cussion of inlet-pipe effects. )  
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Fig 6-25. Effect of stroke-bore ratio on volumetric efficiency and air consumption. 
(Livengood and Eppes, ref 6.45) 

Effect of COInpression Ratio. Work by Roensch and Hughes 
(ref 6.25) shows that when P./pi is near 1 .0  changes in compression ratio 
have small effect on volumetric efficiency. Figure 6-4 and eq 6-10 show 
the effect of changing compression ratio when there is a considerable 
difference between inlet and exhaust pressure and valve-overlap is small. 
The effect of compression ratio in supercharged engines when overlap is 
large has not yet been explored. 
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Inlet-SysteIn Design. It has long been known that high volumetric 
efficiencies can be obtained at certain speeds by means of long inlet 
pipes (see ref 6 .6-) . The effects noted are caused by the inertia and 
elasticity of the gases in the inlet pipe and cylinder. 

Figures 6-26 and 6-27 show the effect of various inlet-pipe lengths and 
diameters on volumetric efficiency. These tests were made with a single
cylinder engine, with a short exhaust pipe, and with large surge tanks at 
the end of the inlet and exhaust pipes. 

Complete theoretical treatment of the relation of inlet pipe dimensions 
to cylinder dimensions is beyond the scope of this volume. A compre
hensive experimental and analytical treatment of this subject is given in 
ref 6 .63 .  The following general relations are important : 

1 .  If viscosity effects are assumed negligible and, if similar engines have 
similar inlet systems, the effects of inlet dynamics on volumetric ef
ficiency will be the same at the same piston speed, other operating 
variables being held constant. This conclusion also applies to engines 
of different stroke-bore ratios, provided the cylinder design is otherwise 
the same and the ratios pipe-diameter-to-bore and pipe-Iength-to-stroke 
are held the same. Thus, the curves of Figs 6-26 and 6-27 should apply 
over the useful range of cylinder size and stroke-bore ratio. 

2. The dynamic pressure at the inlet port at the end of induction is 
the sum of effects caused by "standing" waves which have been set up 
in the inlet pipe by previous inlet strokes and the effects of the transient 
wave set up by the induction process. 

3 .  There are no sudden changes in the volumetric efficiency curves at 
points at which the "organ pipe" frequencies of the inlet pipe are even 
multiples of the speed of revolution. 

4. Long pipes with small ratios of D / B give high volumetric effi
ciencies at low piston speeds because high kinetic energy is built up in 
the pipe toward the end of the induction process. At higher piston 
speeds, the flow restriction offered by small D / B ratios becomes dominant 
and volumetric efficiency falls. 

5. Long pipes with large ratios of D/ B show maximum volumetric 
efficiencies at intermediate piston speeds due to kinetic energy built up 
in the pipe. At high piston speeds the air mass in such pipes is slow to 
accelerate, and volumetric efficiency falls off. 

6. As pipes become shorter, the maximum gains in volumetric ef
ficiency over that with no inlet pipe grow smaller, but the range of piston 
speeds over which some gain is made grows wider. 

7. Figures 6-26 and 6-27 should be of assistance in selecting the best 
pipe dimensions for a given type of service. 
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Multicylinder Inlet SysteDls. When several cylinders are connected 
to one inlet manifold, the problem of manifold design becomes com
plicated, especially if liquid fuel as well as air must be distributed. 

In carbureted engines using liquid fuel manifold shape and size is 
dictated to a considerable degree by the necessity of securing even dis
tribution of fuel. At high piston speeds manifolds may cause appreciable 

100 

I:!.T oF 
50 

.......... 

A I . 
....... r ..... ...... ...... / utomotive 

---- ---- - - - -

0 /' Aircraft 

Pi 
1 .0 

If 
0.9 

- - .-Aircraft 
- - -

� 
I 

o 1000 2000 3000 
Piston speed, ftl min 

Fig 6-28. Estimated pressure ratio and temperature rise from carburetor inlet to 
inlet port for aircraft and automotive engines at full throttle, un supercharged : Pc = 
pressure ahead of carburetor (absolute) ; Pi = pressure at inlet port (absolute) ; I:!.T = 
estimated temperature rise, carburetor inlet to inlet manifold (evaporation of fuel 
plus heat input) . (Based on average values from miscellaneous sources.) 

sacrifices in density at the inlet ports. Figure 6-28 may be used for 
estimating inlet-port density for carbureted engines. 

When questions of distribution are not involved the manifold giving 
highest air capacity will be such that there is no interference between 
cylinders ; that is, two or more cylinders will not be drawing from a re
stricted volume at the same time. Individual inlet pipes leading from 
each cylinder to the atmosphere, or to a relatively large header, are most 
effective in this respect. With either arrangement, the length and 
diameter of the individual pipes could be chosen on the basis of Figs 6-26 
and 6-27. 

Effect of Exhaust-Pipe Length. At a given speed, the length of 
the exhaust pipe can have an appreciable effect on Px in eq 6-13 because 
of its influence on intensity of exhaust-pipe pressure waves and their 
timing in relation to top center. However, in practice it is found that 
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the effect of changing exhaust-pipe length on volumetric efficiency is 
usually small because the effect of changes in pz on volumetric efficiency 
is slight. (See eq 6-13.) 

Cam Contour. At first glance it might be thought desirable to have 
a sudden opening and closing of the inlet valve as indicated by the 
dashed line in Fig 6-29a. Such a curve would not only be impossible 

tdc Crank angle (J� bdc 
(a) 

Crank angle (J --
(b) tdc 

Fig 6-29. Valve opening VB crank angle curves : (a) Inlet-valve lift curves, (b) exhaust
valve lift curves. Dashed lines show ideal curve, solid lines show practical curve. 

mechanically, but it would be quite unnecessary because piston motion 
is slow near top and bottom centers. In practice, the valve lift curve is 
similar to that shown by the full line of the figure, and little is gained by 
attempting to approach more nearly the rectangular pattern. 

With the usual form of lift curve, the average flow coefficient, Ci, in
creases quite slowly as the maximum L/ D increases beyond 0.25. (See 
Fig 6-12.) Because of this fact, and also because of geometric and 
stress limitations, poppet valves are seldom lifted much beyond t of the 
valve diameter. 

In the case of the exhaust valve a sudden opening near bottom center 
on the expansion stroke (see dashed line of Fig 6-29b) would be very 
desirable in order to minimize the crank angle occupied by the blowdown 
angle, that is, the crank angle between exhaust-valve opening and ap
proach to exhaust-system pressure in the cylinder. After the blowdown 
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Volumetric efficiency of commercial engines vs inlet Mach index : 

Engine Type 
and Bore, Compression 

No. of Cylinders Carburetor in Ratio 

PC-8 4-B 4.00 9.5 
A-I MT 6.13 6.5 
PC-8 4-B 3.80 9.0 
PC-8 4-B 4.00 9.75 
PC-8 2-B 3.56 7.6 
PC-8 4-B 3.75 9.0 
PC-8 2-B 3.19 6 .3 

Inlet densities (except 2) based on air temperature entering carburetor and manifold 
absolute pressure. No. 2 single-cylinder test with gaseous mixture; PC = passenger 
car ; A = aircraft ; MT = mixing tank;  4-B = four-barrel carburetor ; 2-B = two
barrel carburetor. All engines are overhead-valve type except No. 7, which is L-head. 
Sources are manufacturers' tests except 2 and 7, which were tested at Sloan Automo
tive Laboratories, MIT. All values corrected to Pe/Pi = 1 .0. 
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period the opening could be reduced as indicated. Since such a curve is 
impossible mechanically, it is compromised in practice, as shown by the 
full line in the figure, by starting to open the valve well before bottom 
center. 

Because of stress limitations it is not possible to depart very far from 
the type of lift curve indicated by the full lines in Fig 6-29 when using 
poppet valves. 

Volumetric Efficiency of Commercial Engines. Figure 6-30 
shows ev vs Z for a number of types of commercial engines. 

Until the advent of automatic transmissions and the need for a high 
advertised maximum power, many motor-vehicle engines were designed 
to have maximum torque at low speeds to give good low-speed perform
ance in high gear. Thus volumetric efficiency at high speeds was sacri
ficed for high values at low speeds, as shown in curve 7. The chief 
devices for obtaining this kind of curve are early inlet-valve closing (300 
or less ABC ; see Fig 6-23) and small valve overlap. 

Curves 1 and 3 through 6 represent passenger automobile engines for 
use with torque converters. In this case high torque is not required 
below about 1500 rpm, which corresponds to Z values of 0.15 to 0.20. 
Curves of this kind result from considerable valve overlap and late inlet 
closing. 

Engines which require maximum torque at only one speed can be 
equipped with valve timing, inlet-pipe dimensions, etc . ,  which are 
optimum for that particular speed. Aircraft and marine engines as well 
as constant-speed stationary engines are generally in this class. Curve 2 
of Fig 6-30 is an example of this kind. 

E S T I M A T I N G  A I R  C A P A C I T Y  

The foregoing discussion and data can b e  used for estimating the air 
capacity of new engines or of existing engines under new operating con
ditions. 

The steps in such an estimate are as follows : 

1 .  Select speed and atmospheric conditions under which air capacity 
is to be maximized. 

2. Determine valve diameters and flow coefficients (if not already 
fixed) . For new engines, since a low value of Z is desired, the largest 
feasible inlet valves are desirable, consistent with exhaust valves of at 
least 60% of the inlet-valve total area and with good mechanical design. 
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3. At the chosen value of Z determine a base volumetric efficiency 
from the appropriate figure in this chapter. With short inlet pipes , use 
Fig 6-16 for values of Z below 0.5 and Fig 6-13 for higher values. With 
long inlet pipes use evo from Fig 6-27. 

4. Correct the base volumetric efficiency for the special conditions of 
the problem by means of the following relation : 

ev --(TOb + 2000) - = yTdTib Kp . KF · KIC . KIP 
evb To + 2000 

where Kp = correction for Pe/Pi from Fig 6-4 or Fig 6-22 
KF = correction for fuel-air ratio, Fig 6-18 

KIC = correction for inlet-valve closing Fig 6-23 
KIP = correction for long inlet pipe, Figs 6-26 and 27 

(6-26) 

The first two terms will be recognized as the correction for inlet 
temperature and coolant temperature. 

With valve overlap Kp should be evaluated by means of Fig. 6-22. 

ILLUSTRATIVE EXAMPLES 

(All pressures are in psia, temperatures in oR, densities in Ibm/ft3.) 

Example 6-1. Inlet-Air Density. Measurements in the inlet manifold 
of an engine indicate that half the fuel is evaporated at the point of measurement. 
The temperature of the gaseous portion of the manifold contents is estimated at 
680°R. The manifold pressure is 13.5, and the atmospheric moisture content is 
0.02 Ibm/Ibm air. The over-all fuel-air ratio is 0.08, gasoline being used. Com
pute the density of air in the manifold. 

Solution: From Table 3-1 ,  the molecular weight of gasoline is 1 13. 

Fi = 0.08/2 = 0.04 

From eq 6-5, 

Pa/Pi = 1/[1 + 0.04/1'\ + 1 .6(0.02) ] = 0.96 

From eq 6-6 and footnote on same page, 

Pa = 2.7(13.5)0.96/680 = 0.0515 Ibm/ft3 

Example 6-2. Inlet-Air Density.  An engine using producer gas at 1 .2 of 
the stoichiometric 'ratio has a pressure of 13.5 and temperature of 680 in the 
manifold after the gas has been introduced. The atmospheric moisture content 
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is O.02 lbm/lb air. Compute the inlet air density. Compare the indicated power 
with that of the same engine using gasoline under conditions of example 6-1 .  

Solution: From Table 3-1 for producer gas, the molecular weight is 24.7, Fe is 
0.700 and lower heat of combustion is 2320 Btu/Ibm. 

From eq 6-6, 

2.7(13.5) ( 1 ) 
Pa = 

680 
. 

29 = 0.0535(0.496) = 0.0266 
1 + 0.7(1 .2) 24.7 + 1 .6(0.02) 

If we assume the same volumetric efficiency and indicated efficiency, the ratio 
of indicated power to that using gasoline with the conditions of example 6-1 is 

P 
= 

0.0266(0.7) (1 .2) (2320) 
= 0 66 P (example 6-1) 0.0515(0.08) (19,020) 

. 

(Qe for gasoline from Table 3-1 .) 

Example 6-3. Indicated Power. Let the four-stroke engine of examples 6-1 
and 6-2 have a volumetric efficiency of 0.85. If it has 12 cylinders, 6-in bore, 
8-in stroke, and runs at 1500 rpm with indicated efficiency of 0.30, compute 
the indicated mep and indicated power with gasoline and producer gas. 

Solution: 

From eq 6-8, 

Ap = 12(28.2 *)/144 = 2.35 ft2 

8 = 1500(2)-h = 2000 ft/min 

'h ( I' ) - 778(2.35) (2000)(0.0515) (0.85)(0.08)(19,020)0.30 - 555 1 P gaso me -
(4)33,000 

-

ihp (gas) = 555(0.66) = 367 

From eq 6-9, 

imep (gasoline) = fH(0.0515) (0.85)(0.08)(19,020)0.30 = 108 psi 

imep (gas) = 108(0.66) = 71 psi 

Example 6-4. Inlet Mach Index. A carbureted gasoline engine is operated 
at FE = 1 .2 .  If fuel injection after the inlet valves close is substituted for the 
carburetor, and if this lowers the temperature in the inlet manifold from 6000R 
to 580oR, what will be the new value of Z? What would be the effect on volu
metric efficiency? 

Solution: From Table 6-2 at FE = 1 .2, a/ VT = 46.7. For air a/ VT = 49, 
Z varies inversely as a j  therefore, 

Z injection 
= 

46.7V600 
= 

1 145 
= 0.97 

Z carbureted 49y'580 1180 

From Fig 6-13, this change would have negligible effect if Z were originally 
less than 0.5. If Z had been 0.7 or higher, the gain in volumetric efficiency 
would be about 1 % .  

* Area of circle with diameter 6. 
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Example 6-5. Inlet Valve Size. A Diesel engine with a cylinder bore of 
4 in has an inlet valve of 1 .7  in diameter with steady-flow coefficient of 0.35. 
H the stroke is 5 in, what is the value of Z at 2000 rpm, Ti = 560? Is the inlet
valve diameter adequate, and, if not, how large should it be? 

Solution: From Table 6-2, a = 49y560 = 1 160 ft/sec. 
From eq 6-22, ( 4 ) 2  2000(5)2 

Z = 1.7 12(1160)60(0.35) 
= 0.38 

According to Fig 6-13, Z is sufficiently low so that no increase in valve size is 
called for. 

Example 6-6. Inlet-Valve Size. A racing engine using a gasoline-alcohol 
mixture is expected to run with an inlet temperature of about 500°R. It is 
designed for a piston speed of 4000 ft/min and a cylinder bore of 2.5 in. The 
maximum inlet-valve flow coefficient is estimated at 0.40. What should be the 
minimum inlet-valve diameter? 

Solution: According to Fig 6-13, Z should not exceed 0.6. With alcohol in 
manifold, estimate a = 46.9YT = 46.9Y500 = 1050 ft/sec. (See Table 3-1 .) 

From eq 6-22, (2.5) 2 4000 
d D . 0.6 = Ii 1050(60) (0.4) 

an = 1 .3 III 

An inlet-valve of this size is possible with a domed cylinder head. 

Example 6-7. Volumetric Efficiency vs Speed. What will be the volu
metric efficiency of the three similar engines of Fig 6-16  if all are run at 1500 rpm? 
Other conditions are the same as in that figure. 

Solution: 2.5-in engine, 8 = 1500(3)l2"" = 750 ft/min (stroke is 3-in, from 
Fig 6-15) . 

From Fig 6-16, ev = 0.84, . 
4-in engine 8 = 750 (2�) = 1200 ft/min 

e. = 0.86 from Fig 6-16  

6-in engine 8 = 750 (2�5) = 1800 ft/min 

e. = 0.84 from Fig 6-1 6  

Example 6-8. Inlet Temperature and Pressure Effects. Estimate the 
volumetric efficiency of the 6-in bore engine of Fig 6-16 at 10,000 ft altitude, 
1500 rpm, with the same ratio of Pe/Pi and the same fuel-air ratio as in Fig 6-16 
(see Table 12-1 for altitude data) . What will be the reduction in indicated power? 

Solution: From Table 12-1, the mean values of temperature and pressure at 
10,000 ft are 483°R and 10.10 psia. For a single-cylinder engine no manifold 
heat is required, and we may assume that inlet temperature equals atmospheric 
temperature. At 1500 rpm 8 = 1800 ft/min and, from Fig 6-16, e. = 0.84. For 
the new inlet conditions, using the square-root correction for Ti, 

e. = 0.84Y 483/610 = 0.75 
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Since Pe/Pi remains the same, and the change in Z is accounted for by the square
root relation (Fig 6-19) , no further correction is necessary. Remembering that 
indicated power will be proportional to Paev, 

power at 10,000 ft 
= 

10.10(600)0.75 
= 0 81 

power of Fig 6-16 13.8(483)0.84 
. 

Example 6-9. Inlet-Pipe Dimensions. How much indicated power could 
be gained by using the best inlet pipe on the 6-in. bore similar engine of Fig 6-16 
instead of the very short pipe (a) at 1000 rpm and (b) at 1800 rpm, and what would 
be the proper pipe dimensions in each case? The timing of these engines is similar 
to that of the central column of Fig 6-27. 

Solution: 
1000(7.2) 

f / . d f F' 6 6 Z (a) At 1000 rpm, 8 = 6 
= 1200 t mIll, an , rom 19 -1 , = 

0.38. From Fig 6-27, the highest volumetric efficiency at this value of Z is 
with L/S = 1 1 .44 and D/B = 0.326 ev/evo = 1 .2 1 .  Therefore, gain in power 
is 21 %, with L = 1 1 .44 X 7 .2/12 = 6.9 ft and D = 0.326 X 6 = 1 .96 in. 

(b) At 1800 rpm, S = 1800 (7 .2/6) = 2160 ft/min and Z = 0.68. From 
Fig 6-27, the highest volumetric efficiency at this value of Z is with L/S = 6 . 11  
and D/B = 0.326. Figure 6-27 shows ev/eva = 1 .08. Therefore, gain in power 
is 8%, with pipe 6 . 1 1  X 7.2/12 = 3 .67 ft long and 1 .96 in diameter . 

Example 6-10. Inlet-Valve Closing. Is the inlet valve closed at the 
proper time for the similar engines of Figs. 6-15 and 6-16 if they are to run at a 
piston speed of 2000 ft/min? At 1200 ft/min? 

Solution: At these speeds Z = 2000 X 0.000315 = 0.63 and 0.38. Figure 6-23 
shows that inlet-valve timing has little effect on volumetric efficiency at Z = 0.63. 
At Z = 0.38, the best timing is obviously 30° late. It is concluded that the inlet 
valve closes too late for best volumetric efficiency for values of Z less than 0.6. 

Example 6-11. Exhaust-Valve Size. An aircraft engine which takes off at 
a piston speed of 3000 ft/min Z = 0.50 has an inlet-valve diameter of 3 . 1  in. 
What is the smallest diameter of exhaust valve that could be used without serious 
loss of take-off power? 

Solution: Figure 6-24 shows that at Z = 0.5 a reduction of the exhaust-valve 
area to 51% of the inlet-valve area reduces volumetric efficiency 4%, whereas 
there is no reduction when the valves are of equal diameter. From this it is 
estimated that the exhaust-valve area could be cut to 75% of the inlet-valve 
area without appreciable loss . Therefore, minimum exhaust-valve diameter 
would be 3 . 1VO.75 = 2.68 in. 

Example 6-12. Valve Overlap Effect. A four-stroke supercharged Diesel 
engine operates under the following conditions : Pi = 29.4, Pe = 22, Ti = 700, 
Z = 0.50, r = 16, FH = 0.6, Tc = 640, valve overlap 140°, inlet closes 60° late. 
Estimate volumetric efficiency and evr.  

Solution: From Fig 6-13 at Z = 0.5 ,  read base volumetric efficiency 0.83. The 
conditions for this value are given in the figure. Fuel-air ratio correction, Fig 
6-18, 1 .03 ;  inlet temperature correction, Fig 6-19, 1 .08/0.98 = 1 . 1 ; coolant 
temperature correction, Fig 6-20, none ; valve overlap correction from Fig 6-22 
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at Z = 0.50, Pe/Pi = 22/29.4 = 0.75, read e./e.s = 1 .28, r = 0.86. Inlet
closing correction, Fig 6-23, = 0.98. 

ev = 0.83(1 .03) (1 . 1) (1 .28)(0.98) = 1 . 18 

evr = (1 . 18) (0.86) = 1 .02 

Example 6-13. Power Estimate. Assume that the engine of problem 6-12 
has 6 cylinders, 4-in bore, 6-in stroke, and runs at 1800 rpm with indicated 
efficiency 0.45 and mechanical efficiency 0.85, using light Diesel oil. Compute 
its brake horsepower. 

Solution: 

From eq 6-3, 

Pi = 2.7 X 29.4/700 = 0. 1 13 

Ap = (6) 12.5/144 = 0.521  ft2 

8 = 1800(2) (6)/12 = 1800 ft/min 

Ma' = 1 .02(0. 1 13) (0.521)(1800)/4 = 27. 1 Ibm/min 

From Table 3-1 ,  

F cQc = 1220 Btu, FQc = 1220 X 0.6 = 733 

From eq 6-1 , 
778 bhp = 

33 000 (27.2)(733) (0.45) (0.85) = 180 
, 

Example 6-14. Valve Overlap Effect. A supercharged Diesel engine with 
short inlet pipes runs under the following conditions : r = 16, FR = 0.6, Pa/Pi = 
70, Z = 0.5, Ti = 7000R dry air, Tc = 6400R, Pi = 2 atm, P. = 1 .5 atm, valve 
overlap 140°, inlet valve closes 60° late. Estimate the volumetric efficiency, 
trapping efficiency, and trapped-air volumetric efficiency. 

Solution: Take base volumetric efficiency from Fig 6-13 at Z = 0.5 as evb = 
0.83. Base conditions are given under the figure. Fuel-air ratio correction, 
Fig 6-18, 1 .03 . Ti correction, Fig 6-19, 1 .08/1 .04 = 1 .04. Tc correction, Fig 
6-20, none (base value same) . Inlet-valve timing correction, none (base value 
nearly the same) . Inlet pipe correction, none (base also has short pipe) . Valve 
overlap correction, Fig 6-22, at Pe/Pi = 1 .5/2.0 = 0.75, Z = 0.5, is 1 .28. 
(Valve overlap of base engine was 6°.) The estimated volumetric efficiency is 
ev = 0.83(1 .03) (1 .04) (1 .28) = 1 . 14. Trapping efficiency from Fig 6-22 is 0.86, 
and retained-air volumetric efficiency is 0.86 X 1 . 14 = 0.98. 

Example 6-15. Stroke-Bore Ratio. Compute the indicated power of the 
4-in bore engine of Fig 6-16 at 2000 rpm, assuming that indicated efficiency is 
80% of fuel-air cycle efficiency. Could it give equal power if the stroke were 
shortened from 4.8 to 4.0 in and, if so, under what conditions? 

Solution: From Fig 4-5, part aI,  at r = 5.74, FR = 1 . 10, fuel-air cycle efficiency 
is 0.33. Assuming no moisture in the air and all fuel evaporated in inlet pipe, 
from eq 6-6, 

2 .7(13.8) ( 1 ) Pa = 
610 1 + 1 . 1(0.0670)(29/113) = 0.06 
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Fuel characteristics from Fig 3-1 : 

8 = 2000 X 4.8/6 = 1600 ft/min, e. = 0.85 from Fig 6-16 

FQc = 0.0670(1 . 1 ) 19,020 = 1400 Btu 

Ap = area of 4-in circle = 12.6 in2 

From eq 6-8, 

bh = 
778(12.6) (1600) (0.06) (0.85) (1400) (0.33) (0.80) 

= 15 5 h p 33,000(4) (144) . P 

With a 4-in stroke, Fig 6-25 shows that the engine could attain the same power 
at the same piston speed but the rpm would have to be increased to 2000(4.8)/4 = 
2400. 



 

seven-------

Two'" Stroke 
Engines 

The distinguishing feature of the two-stroke method of operation is 
that every outward stroke of the piston is a working, or expansion, 
stroke. Such operation is made possible by the fact that the pumping 
function is not carried out in the working cylinders but is accomplished 
in a separate mechanism called a scavenging pump. It must be re
membered, however, that for a given output a definite air capacity is 
always required and that the two-stroke engine must take into its 
cylinders at least as much air, per unit time, as its four-stroke equivalent 
to achieve the same output. 

Figure 7-1 shows several types of two-stroke cylinder. The principles 
on which they operate are the same in spite of the differences in mechan
ical design and arrangement. These engines all have ports which are un
covered by the piston near bottom center. In Fig 7-1a and b these ports 
are at one end of the cylinder only but are divided into two groups, one 
group for inlet and the other for exhaust. In (c) and (d) the inlet ports 
are opened by one piston and the exhaust ports by another. In (e) and 
(f) there are valves at the head end of the cylinder in addition to the 
piston-controlled ports. Cylinders with inlet and exhaust ports at one 
end, such as types (a) and (b) , are often called loop-scavenged, whereas 
cylinders with inlet and exhaust ports at both ends are said to be 
through-scavenged. For convenience, these terms are used here. In the 
following discussion the word ports is used to indicate the inlet and ex
haust openings, even though in some cases, such as (e) , the openings may 
actually be controlled by valves. 

211 
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(a) 

(c) 

(a') (b) 

(d) (e) 

Fig 7-1 . Two-stroke cylinder types : (a) conventional loop-scavenge; (a') loop
scavenge with rotary exhaust valve; (b) reverse-loop scavenge; (c) opposed-piston; (d) 
U-cylinder; (e) poppet-valve; (f) sleeve-valve. 
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In all commercial two-stroke engines air, or a fuel-air mixture, is sup
plied to the inlet ports at a pressure higher than exhaust-system pressure 
by means of a scavenging pump. The operation of clearing the cylinder 
of exhaust gases and filling it more or less completely with fresh mixture 
is called scavenging. 

TH E SCAV ENGING PROC E S S  

Figure 7-2 shows a light-spring pressure-crank-angle diagram taken 
from a two-stroke engine. After the exhaust ports open the cylinder 
pressure falls rapidly in the blowdown process. The blowdown angle is 

@ 

t 

Pi = 20 psi a 

P e = 14.7 psi a 

(,) (,) - ILl @ ,  �I 

I 

I 
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I 
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, 
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, 

�:-::...-:::----- --- ---- ---

o 52 70 .. e 
Crank angle 

@ 

Fig 7-2. Light-spring indicator diagram for a two-stroke engine: (a) 4.5 x 6.0 in 
loop-scavenged type (a) cylinder, piston speed 30 ft/sec, r = 7.0, R. = 1.4 ; (x) 
adiabatic compression from p. at bottom center. (Ref 7.19) 

defined as the crank angle from exhaust-port opening to the point at 
which cylinder pressure equals exhaust pressure. 

After the blowdown process the cylinder pressure usually falls below 
exhaust pressure for a few degrees because of the inertia of the gases. 

Soon after the exhaust ports begin to open the inlet ports open, and, 
as soon as the cylinder pressure falls below the scavenging pressure, fresh 
mixture flows into the cylinder. This flow continues as long as the inlet 
ports are open and the inlet total pressure exceeds the pressure in the 
cylinder. 

While gases are flowing into the inlet ports exhaust gases continue to 
flow out of the exhaust ports, a result of their having been started in this 
direction at high velocity during the blowdown period and because the 
fresh mixture flowing in through the inlet ports eventually builds up a 
pressure in the cylinder which exceeds the exhaust-system pressure. 
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The crank angle during which both inlet and exhaust ports are open is 
called the 8cavenging angle, and the corresponding time, the 8cavenging 
period. 

Either the inlet ports or exhaust ports may close first, depending on 
the cylinder design. The merits of these two possibilities are discussed 
later. In any case, after all ports are closed, the cycle proceeds through 
compression, combustion, and expansion, as in the four-stroke engine. 

Figure 7-3 shows typical pressure-volume diagrams for a two-stroke 
engine. In all such engines the exhaust ports must open well before 

A 
Loop-scavenged engine 
piston speed 833 It/min 
imep 87.7 psi 

��:: �� !=�����: ��::� = 0.945 

D 

ci 
u..i 

Poppet valve engine 

piston speed 900 ft/min 

imep = 98 Ibfin 2 

:�:: �� �-:!���: �:::� = 0.924 

L------=:::=t==--4'---L-atmos. 

E 
Poppet valve engine 
piston speed 750 It/min 

imep = 82 Ib/in.2 
Area of 2-stroke diagr 

= a 905 Area of equiv 4-stroke diagr . 

F 
Poppet valve engine 
piston speed 1200 It/min 

imep = 93.5 Ib/in 2 
Area of 2-stroke diagr = 0 878 Area of equiv 4-stroke diagr . 

Fig 7-3. Indicator diagrams from two-stroke engines : Dotted lines show estimate of 
corresponding four-stroke diagram. 

Configu- Exhaust 
ration Cylinder Lead ° CA./CAi 

A 18 x 22 in gas engine loop scav 0 
D 33-4' x 4% in poppet valves 7 1.25 
E 33-4' x 4% in poppet valves 14 1 .25 
F 33-4' x 4% in poppet valves 21  1.25 

(A-manufacturer's data D-F-Taylor et aI, ref 7.23) 
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bottom center in order that the cylinder pressure be substantially equal 
to the exhaust-system pressure before the piston reaches bottom center 
and so that excessive blow back of unburned gases into the inlet system 
can be avoided. This characteristic makes two-stroke indicator diagrams 
easy to recognize. 

As in four-stroke engines, the inlet ports of a two-stroke engine may 
be supplied with air alone, the fuel being injected into the cylinders 
later, or the inlet gases may consist of a carbureted mixture of air and 
fuel. The term fresh mixture is assumed to refer to the material intro
duced through the inlet ports in either case. 

ID EAL SCAV ENGING P ROC E S S E S  

In the ideal scavenging process the fresh mixture would push the 
residual gases before it without mixing or exchanging heat with them, 
and this process would continue until all the burned gases had been re
placed with fresh mixture, at which point the flow would cease. 

Assuming that the exhaust ports remain open during the whole 
scavenging process and that they offer no restriction to flow, the ideal 
process fills the cylinder at bottom center with fresh mixture at inlet 
temperature and exhaust pressure. As in the four-stroke engine, we 
define inlet temperature and pressure and exhaust pressure as the values 
which would be measured in large tanks connected to the inlet and ex
haust ports. (See Fig 1-2.) 

It will be noted that in the idealized scavenging process described not 
only is the cylinder completely filled with fresh mixture, but also no 
fresh mixture escapes from the exhaust ports, and thus all of the mixture 
supplied remains to take part in the subsequent combustion and ex
pansion. 

In actual engines, of course, the fresh mixture mixes and exchanges 
heat with the residual gases during the scavenging process, and some 
portion of the fresh mixture is usually lost through the exhaust ports. 
However, although actual two-stroke engines never realize the ideal 
scavenging process, they can approach it in varying degrees as design 
and operating conditions permit. Consideration of this ideal scavenging 
process makes it possible to define several terms which are useful in 
measuring the effectiveness of the actual scavenging process. 
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CO M PR E S SION RATIO 

Except where otherwise noted, compression ratio for two-stroke en
gines is defined in the same way as for four-stroke engines, that is, max
imum cylinder volume divided by minimum cylinder volume, and the 
symbol r is used as before. In much of the literature on two-stroke 
engines compression ratio is defined as the ratio of cylinder volume at 
port closing to cylinder volume at top center. This definition is given 
in an attempt to allow for the fact that the ports of a two-stroke engine 
do not close until the piston has traveled a considerable distance from 
bottom center. The same argument could, of course, be made in the 
case of four-stroke engines in which the inlet valve closes well past bot
tom center. In both cases such a definition ignores dynamic effects. In 
deciding on the compression ratio to be used it may be necessary to 
allow for the fact that the ports close late, but for purposes of analytical 
discussion it is more convenient to use the definition based on total 
cylinder volume, as in four-stroke engines. 

It is evident by reference to the indicator diagrams (Fig. 7-3) that the 
area near the toe is appreciably less than it would be with the normal 
exhaust-valve timing used on four-stroke engines. It is also evident that 
the indicated efficiency of a two-stroke engine will generally be less than 
that of a four-stroke engine of the same compression ratio, based on the 
definition of compression ratio used here. However, use of the other 
definition would entail a corresponding efficiency difference in the op
posite direction. 

T WO - S T RO K E  D EFINI TION S AND S Y MBOLS 

In general, the same system of symbols is used as in the case of four
stroke engines : 

M = mass flow per unit time supplied to the engine 
M' = mass retained in cylinder after ports close 

r = the trapping efficiency, that is, the ratio mass retained in cyl
inder to mass supplied 

M' = Mr, mass retained per unit time 
F = fuel-air ratio based on fuel and air supplied to engine 

F' = ratio of fuel to fresh air trapped in the cylinder. This fuel-air 
ratio may be called the combustion fuel-air ratio 

F' = F jr in injection engines 
F' = F for engines scavenged with a fuel-air mixture 
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1/ = indicated thermal efficiency based on fuel supplied 
1/' = indicated thermal efficiency based on fuel retained 
1/' = 1/ for injection engines 
1/' = 1//r for engines sC3,venged with a fuel-air mixture 
p = absolute pressure 
T = absolute temperature 

Subscripts used with p and T are i, referring to conditions in the inlet 
receiver, and e, referring to conditions in the exhaust receiver. (It is 
assumed that these receivers are sufficiently large so that velocities are 
negligible. ) 

Subscripts used with M and M' are a, fresh air, f, fresh fuel, i, fresh 
mixture, c, cylinder contents or charge, and r, residual gases. 

V d is displacement volume, and V c is total cylinder volume = 

Vd [rl(r - 1)] ,  in which r is the compression ratio. 
p is density = pmlRT in the case of a gas, in which R is the universal 

gas constant and m molecular weight. 
Scavenging Ratio. The mass of fresh mixture supplied in the ideal 

scavenging process would be that which would just fill the cylinder at 
bottom center with fresh mixture at inlet temperature and exhaust pres
sure. A definition of the scavenging ratio as the ratio of mass of fresh 
mixture supplied to the ideal mass results in the following expression : 

. Pemi R. = MiINVc -

RTi 
(7-1) 

in which R. is the scavenging ratio and N is the revolutions per unit 
time. 

By analogy with eqs 6-2 and 6-3, 

R. = MalNVc P. (7-2) 

in which P. is the density of dry air in the inlet mixture at T i  and Pe 
and M a is the mass flow of dry air to the engine per unit time. 

By analogy with eq 6-6, 

where Fi = mass ratio of gaseous fuel to dry air upstream 
inlet ports 

h = mass fraction of water vapor in the inlet air 

Values of the term in parenthesis are given in Fig 6-2. 

(7-3) 

from the 
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For injection engines Fi is zero. For carbureted engines using a liquid 
petroleum fuel the factor in parenthesis, as in four-stroke engines, lies 
between 0.95 and 0.99 and is usually taken as equal to unity. Thus, 
except in carbureted engines using unusual fuels, 

Ma RTi 
R. "'-- X--

NVc 29pe 
(7-4) 

This definition of scavenging ratio is used hereafter unless otherwise 
noted. 

Scavenging Efficiency. In the ideal scavenging process the mass 
of fresh mixture retained in the cylinder would be VcPemilRTi. If 
scavenging efficiency is defined as the ratio of mass of mixture retained to 
the ideal mass retained, 

Ma' RTi 
e � -- X--

• - NVc 29pe 
(7-5) 

A combination of eqs 7-4 and 7-5 gives 

e. = rR. (7-6) 

where r is the trapping efficiency. 
In subsequent discussion involving scavenging efficiency expression 7-5 

is used. It should be remembered, however, that in carbureted engines 
using fuels of light molecular weight the right-hand side of expression 
7-5 should be divided by the quantity in parenthesis in expression 7-3. 

Relation of Power and Mean Pressure to R. and e.. A combi
nation of eqs 7-4 and 7-5 and eq 1-5 gives 

P = JR.NVc p.FQcTJ (7-7) 

= Je.NVc p.F'QcTJ' (7-8) 

If we divide these equations by NVd, remembering that Vc = 
Vd [rl(r - 1 )], we may write 

mep = JR.p.FQc1] (_r 
-) (7-9) 

r - 1 

= Je.p.F'Qc1]' C � 1) (7-10) 

A comparison of eq 7-10 with the corresponding equation for four
stroke engines, eq 6-9, makes it apparent that by the use of cylinder 
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volume instead of piston displacement the imep of a two-stroke engine 
will be r/(r - 1) times that of a four-stroke engine operating with the 
same combustion fuel-air ratio, the same thermal efficiency based on fuel 
retained, and with Pie,/ of the four-stroke engine equal to p.e. of the two
stroke engine. 

RELATIONSHIP OF SCAVENGING RATIO AND 
SCAVENGING EFFICIENCY 

Figure 7-4a shows e. vs R. for ideal scavenging. In this case the 
scavenging efficiency equals scavenging ratio at all points, and r is unity. 

A second hypothetical relationship of considerable interest is based on 
the assumptions that the fresh mixture mixes completely with the resid-

1.2 

........... ............ r (aV (b) --
.... � � k-I--

� V -r--r-- (c) --1/'" (d) 
V- I-- - �---

-

0.4 0.8 1 .2 1.6 2.0 2.4 
Scavenging ratio, Rs 

Fig 7-4. Theoretical relationships between scavenging efficiency, trapping efficiency, 
and scavenging ratio: (a) e. with perfect scavenging; (b) e. with perfect mixing, e. = 
1 - .-R.; (c) r with perfect mixing; (d) e. with complete short circuiting. 

ual gases as it enters the cylinder, that the residual gases are at the same 
temperature and have the same molecular weight as the fresh mixture, 
and that the piston remains at bottom center during the scavenging 
process. 

Let x be the volumetric fraction of fresh mixture in the cylinder at 
any instant, v the volume of fresh mixture which has flowed into the 
cylinder up to that instant, and Vo the maximum cylinder volume. If 
cylinder pressure is assumed constant and equal to the exhaust pressure 
and all volumes measured at this pressure, then, for a given time, the 
volumetric increase in fresh mixture in the cylinder is equal to the vol
ume of fresh mixture which has flowed in, minus the volume of fresh 
mixture which has escaped. In mathematical terms this relationship 
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may be expressed as 

or 
v c dx = dv - x dv 

(1 - x) dv 
dx= ---

Vc 
Integration of this equation gives 

x = 1 - E-(V/VC) 

(7-11) 

(7-12) 

(7-13) 

where E is the base of natural logarithms. By definition, x is the scaveng
ing efficiency, and vlVc, the scavenging ratio. Therefore, under this set of 
assumptions, 

ea = 1 - E-R• (7-14) 
and 

1 - E-R• 
r =  (7-15) 

Ra 

Figure 7-4b and c shows e. and r vs R. for the above relations. 
There is a third possibility in scavenging which must be considered, 

and that is the case in which the fresh mixture might flow through the 
cylinder and out of the exhaust ports in a separate stream without mixing 
with the residual gases or pushing them out. This process is called 
short-circuiting. In this case only a little fresh mixture would be trapped, 
and the scavenging efficiency at any value of the scavenging ratio would 
be very low. (See Fig 7-4d.) 

In two-stroke engines the scavenging process partakes of all three of 
the hypothetical processes described. In other words, there is some 
pushing out of the residuals without mixing, some mixing, and some 
short-circuiting in all real engines. 

M EASURE M E NT OF S CAV E NGI NG RATIO A ND 
SCAVENGING EFFI CI E N CY 

Scavenging ratio is measurable, provided an air meter can be used in 
the inlet system and provided inlet pressure and temperature and ex
haust pressure can be measured. The best method of insuring accurate 
measurements of these pressures and temperatures is by the use of large 
inlet and exhaust tanks or receivers. Large inlet and exhaust receivers 
are usually used with two-stroke engines except in the case of those using 
the crankcase as a scavenging pump. In measuring inlet temperature 
care must be exercised to see that the thermometer is not placed where 
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it will be influenced by exhaust gas blowing back through the inlet ports 
or by radiation through the inlet ports while they are open. 

Scavenging Efficiency Measurements. Even with accurate 
measurements of air consumption, inlet temperature, and exhaust pres
sure, measurement of scavenging efficiency is difficult because there is no 
convenient way of determining what portion of the fresh mixture remains 
in the cylinder after the scavenging process. Many methods of measur
ing scavenging efficiency have been proposed. (See refs 7.1-.) Of 
these, your author has found only two which yield reliable results and are 
reasonably easy to apply. 

Indicated Mean Effective Pressure Method. This method (ref 
7.10) applies only to spark-ignition engines scavenged with a homoge
neous, gaseous, fuel-air mixture of known composition. In using this 
method, expression 7-10 is employed. For a given engine test J, P" F', 
and Qc are known, and imep is measured from an indicator card or from 
brake hp and friction hp tests. (See Chapter 9.) The remaining un
knowns are e. and r/i'. 

The most reliable method of estimating rli' is to operate a four-stroke 
engine of nearly the same cylinder size, with the same compression ratio 
and the same operating conditions, and to measure its indicated thermal 
efficiency based on the compression and expansion strokes only. It is 
then assumed that r/i' for the two-stroke engine will be equal to x times 
the indicated efficiency of the four-stroke engine, where x is the correction 
factor accounting for the smaller area of the toe of the two-stroke dia
gram. (See Fig 7-3.) x can be measured by comparing the two-stroke 
and four-stroke indicator diagrams. It usually lies between 0.85 and 
0.95 and can safely be taken as 0.90 when measurements are not avail
able. 

In order that r/i' of the two-stroke engine equal 'TJi for the four-stroke 
engine (except for the correction factor above suggested), the two en
gines must have the same compression ratio and fuel-air ratio, and the 
following conditions must be fulfilled : 

1. The fuel-air ratio used should be near that for maximum imep, both 
to reduce errors in measurement of imep and to reduce the influence of 
differences in residual-gas content on efficiency. 

2. The four-stroke engine should not have a large valve-overlap 
angle, since escape of fresh mixture during the overlap period would 
affect the efficiency of the four-stroke engine to an unknown extent. 

3. Best-power spark advance should be used in all cases. 
4. The two engines should have nearly the same cylinder dimensions 

and should be run at the same piston speed and jacket temperatures. 
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VI 
VI 
'" 
cO 

Enlarged section 

Check 
valve 

Position of sam pling valve 
in exhaust port 

Fig 7-5. Exhaust-blowdown sampling valve. (Developed at Sloan Automotive 
Laboratories, MIT.) 

In the absence of a suitable comparative test on a four-stroke engine 
it may be assumed with reasonable assurance that 'T// for a two-stroke 
engine scavenged with a homogeneous gaseous fuel-air mixture will be 
0.80 times the corresponding fuel-air-cycle efficiency, provided optimum 
spark timing is used and the fuel-air ratio is near that for maximum 
imep. 

Example 7-1, at the end of this chapter, gives an illustration of the 
application of this method to a practical problem. 

Gas-Salllpling Method. This method (ref 7.11) applies to Diesel 
engines and also to spark-ignition engines in which the fuel is injected 
after the ports close. In engines of these types the scavenging efficiency 
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can be computed from a measurement of the mass of fuel supplied and 
chemical analysis of a sample of the gases which were in the cylinder 
near the end of the expansion process. 

The gas sample may be taken by means of an impact tube of the type 
shown in Fig 7-5. This instrument consists of a small tube whose open 
end carries a check valve. The tube is placed in the exhaust port facing 
the exhaust-gas stream at the point at which it first emerges from the 
exhaust-port opening. The tube opening is thus exposed to a total pres
sure about equal to the cylinder pressure during the early part of the 
exhaust process. The tube is connected to a small receiving tank with a 
bleed valve to atmosphere. This valve is adjusted to hold the pressure 
in the tank well above the scavenging pressure. Thus the check valve 
closes before the cylinder pressure falls to scavenging pressure, and no 
fresh gases enter the sampling tube during the scavenging process. In 
taking a sample the gases are allowed to flow through the sampling 
system long enough to make sure that it is well purged before the con
tents are analyzed. Analysis may be made with the usual Orsat ap
paratus or its equivalent. 

Figure 7-6 shows the relation of exhaust-gas composition to fuel-air 
ratio for four-stroke engines with small valve overlap. For two-

Fuel air ratio _ 

DO Diesel engine, ref 7.21,7.162 
x lJ.. Spark-ignition engine, ref 7.16 

Fig 7-6. Composition of exhaust gases from four-stroke engines. 
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stroke engines the combustion fuel-air ratio is determined by applying 
the gas-analysis results to this figure. The mass of air retained per unit 
time is obviously equal to the mass of fuel supplied per unit time divided 
by the combustion fuel-air ratio. Thus the missing term in eq 7-5 is 
supplied. 

Example 7-2 at the end of this chapter shows how the gas sampling 
method can be used in a practical case. 

Tracer-Gas Method. This method (ref 7.12) is based on the use of 
small quantities of a gas which are assumed to burn completely at com
bustion temperatures but not to burn at temperatures below those pre
vailing in the cylinder when the exhaust ports open. The tracer gas 
must be easy to identify qualitatively and quantitatively by chemical 
analysis. Suppose such a gas is thoroughly mixed with the fresh mix
ture. Then 

x -y 
e. = rR. = -- R. 

x 
(7-16) 

where x is the mass fraction of tracer gas in the inlet air and y is the mass 
fraction of unburned tracer gas in the exhaust gases. x can be measured 
by measuring the inflow of tracer gas, y can be obtained by chemical 
analysis of the exhaust gases, and Rs by measurement of the mass flow 
of air and fuel through the engine. The latter measurement is also 
necessary in order to obtain x. The chief objection to this method is un
certainty of the assumption that none of the tracer gas burns after the 
exhaust ports open and that none escapes burning before the ports open. 
There appears to be no easy way, in practice, to verify this assumption. 

Model Tests. Estimates of the comparative scavenging efficiency 
of various cylinder and port arrangements have been made by means of 
cylinder models. (See refs 7.13-7.14.) In such tests the model cylinder, 
with closed ports, is filled with a gas containing no free oxygen (C02 is 
usually used). A simulated scavenging process is then carried out with 
air. The composition of the resulting mixture is then measured by 
chemical analysis. * 

' 

A good simulation of the actual scavenging process might be obtained 
with a model in which the pressure in the cylinder, before scavenging, 
was adjusted to be the same at exhaust-port opening as that in the cor
responding engine, thus simUlating the blowdown process. The piston
travel vs time during scavenging would also have to reproduce engine 
conditions. However, most such tests have been carried out with at
mospheric pressure in the cylinder and with slow piston motion. It is 

* Obviously the cylinder may be filled with air and scavenged with CO2 with equally 
useful results. 
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Timing, Degrees 

Configu- (GA)./ G,R, = 

ration IO EO IC EC (GA);/Ap (GA)./Ap (GA). 1.2 

I 56 62 56 62 0.0384 0.048 1.25 0.026 Taylor et 
II 56 62 56 62 0.0384 0.0231 0.604 0.024 al., ref 

III 56 62 56 62 0.0384 0.0125 0.326 0.017 7.23 
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Timing, Degrees 
Configu- (GA)./ 

ration IO EO IC EC (GA)i/Ap (GA)e/Ap (GA)i G, R. = 1 .2 

I 57 88* 57 88* 0.0386 0.050 1.29 0.023 
II 57 88* 57 88* 0.0386 0.0233 0.601 0.016 

* Because of the nature of the poppet-valve opening curve, Fig 6-29, this timing is 
effectively equivalent to the 62-degree exhaust timing in Fig 7-7. (Taylor et al., ref 
7.23) 
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obvious that under such conditions experiments of this kind can at best 
yield only comparative data. However, such tests may be helpful in 
the early stage of development of a new two-stroke cylinder. 

Results of Scavenging Efficiency Tests 

On account of difficulties in measurement, few data are available on 
the scavenging efficiency of two-stroke engines in actual operation, and 
many of the published data are of doubtful acouracy. In Figs 7-7, 7-8, 
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0. 2 0.4 0.6 0.8 1 . 0 1.2 1 .4 1 . 6 1 .8 

Rs-
Fi" 7-9. Sea venging efficiency VB scavenging ratio for three cylinder types. (Houtsma 
et al., ref7.21) 

and 7-9 the plotted points were obtained, under the author's direction, 
by careful use of the imep or the gas-sampling method, with the engine 
at full-load operation in each case. 

Figure 7-7 shows scavenging efficiency vs scavenging ratio for a loop
scavenged engine of type (a), Fig 7-1, with several different exhaust
port arrangements. 

Figure 7-8 shows scavenging efficiency vs scavenging ratio for a cyl
inder of type (e), Fig 7-1, with two porting arrangements. 

Figure 7-9 shows scavenging ratio vs scavenging efficiency for several 
commercial two-stroke Diesel engines. _ 

It will be noted that all the curves have the same general shape as 
the curve for perfect mixing. This fact, together with some high-speed 
motion pictures of the scavenging process made by Boyer et a1. (ref 
7.15), indicates that there is much mixing and little "piston" action 

in the actual scavenging process. When a curve lies generally below 
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the curve for complete mixing, considerable short-circuiting is indicated. 
The differences in the curves of Figs 7-7-7-9 due to differences in 

design and operating conditions are taken up later in this chapter. 

TWO- ST ROK E E NGI N E  FLOW COEFFI CI E NT 

Although the relation of scavenging efficiency to scavenging ratio is a 
highly important characteristic of a two-stroke engine, the power re
quired to attain a given scavenging ratio is a factor of nearly equal im
portance. 

The power to scavenge is, of course, a function of mass flow of the fresh 
charge and the pressure at which this charge has to be delivered to the 
inlet ports. For purposes of analysis it is convenient to consider the 
ports as they form a flow passage between the inlet and exhaust re
ceivers during the scavenging process. 

As explained in Appendix 3, the mass flow of a gas through an orifice 
between two large reservoirs may be expressed as 

1M = ACaptPI (7- 17) 

where A = the orifice area, or a given reference area 
C = the orifice flow coefficient, that is, the ratio of the actual mass 

flow to the ideal flow through the reference area under the 
same conditions (see Appendix 3) 

a = the speed of sound in the gas in the upstream reservoir 
p = the density in the upstream reservoir 

CPI = the function of k and P2/POb shown in Fig A-2, for k = 1.4. 
This function is a constant when P2/PI is less than the critical 
value (= 0.578 when k = 1.4) 

Equation 7-17 can be applied to the flow through a two-stroke cylinder 
mounted between large inlet and exhaust tanks, as in Fig 1-2. To use 
expression 7- 17, POI is taken as Pi, and P2, as Pe· In this case it is con
venient to take the piston area as the reference area. C can then be 
evaluated from measurements of mass flow, inlet pressure and tempera
ture, and exhaust pressure. On the other hand, if C is known or can be 
estimated, the mass flow can be computed for any given inlet conditions 
and exhaust pressure, and the power required to scavenge can also be 
evaluated. 

For use with a two-stroke engine in operation, eq 7-17 may be com
bined with eq 7-1 as follows : 
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ApCaiPi 
R. = CPl 

NVc p. 
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(7- 18) 

where Ap is the piston area, C is the flow coefficient based on the piston 
area, and ai and Pi are, respectively, the speed of sound and the density 
of the gases in the inlet receiver. Other symbols remain as before. 

For NVc we may substitute [rl(r - 1 )](sAp/2) where s is the mean 
piston speed. For Pil P. we can substitute pi/Pe, since both densities are 
measured at the same temperature. These substitutions reduce eq 7-18 
to 

R. = 2C C � 1) (:i) (::) CPl (7-19) 

Figure 7-10 gives solutions for this equation for conditions representative 
of engine performance. Values of CPl are shown in Fig A-2. 
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It is evident that eq 7-19 is an explicit solution of an equation similar 
to 6-21 in Chapter 6, except that scavenging ratio has been substituted 
for volumetric efficiency. Like volumetric efficiency, scavenging ratio is 
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Fig 7-12. Flow coefficients of engines of Figs 7-7 and 7-8. Values of C.AeIC;A; :  
I, 1 .25 loop, 1.29 pVj II, 0.60 loop and pVj III, 0.33 loop only (ref 7.23). 

a function of u/ai, r, (P./Pi), and design, * but in this case the function is 
determined when a value has been assigned to C. 

Figures 7-11, 7-12, and 7-13 show measured values of C for several 
engines under various operation conditions. These values were deter-

* The effect of Reynolds index is included in the value of C when the latter is de
termined by experiment. This effect is probably very small within the range of in
terest here. 
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Fig 7-13. Flow coefficients of commercial two-stroke engines. 

mined by measuring Mi, Pi, Ti, and Pe with the engine in operation, or 
motoring, and solving eq 7-19 for C. 

It is apparent that C varies with design and with operating conditions. 
In order to explain these variations, it is convenient to consider a simpli
fied model consisting of two orifices in series. (See Fig 7-14.) The 
orifices are considered to be separated by a reservoir large enough to 
make the approach velocity to the second orifice negligibly small. 

The abscissa scale of Fig 7-14 is the ratio (CAh/(CAh, that is, the 
ratio of the flow capacity of the downstream orifice to that of the up
stream orifice. The ordinate scale is the ratio of flow through the system 
to the flow which would be obtained through the upstream orifice alone 
at the same over-all pressure drop and thus is equal to CIC1 where Cis 
the flow coefficient of the two-orifice system based on the upstream orifice 
area. Flow coefficients are defined by eq 7-17 .  The graph shows the 
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effect of adding a second orifice downstream, on the flow which would be 
obtained at the same over-all pressure drop through the first orifice alone. 

Effect of Pe/Pi on Flow Coefficient. It is evident, assuming that 
C1 is constant, that when the flow-capacity ratio of the two orifices lies 
between 0.5 and 2 (as in most two-stroke engines) the flow coefficient 

of the system decreases as P2/Pl increases. This relation accounts for 

the fact that C decreases with increasing Po/Pi in Figs 7-11-7-13. 
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Fig 7-14. Flow through two orifices in series: (CAh = area of upstream orifice X 
its flow coefficient; (CA)2 = area of downstream orifice X its flow coefficient; C = 

system coefficient based on AI; CI = flow coefficient of Al alone; velocity ahead of A2 
assumed very small. 
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The flow coefficient may also be influenced by the assistance which 
blowdown gives to the scavenging process, sometimes known as the 
"Kadenacy" effect. (See ref 7.5. )  Although this effect is relatively 
unimportant at low values of Pe/Pi, where flow through the cylinder is 
rapid, it may be important when Pe/Pi approaches 1.0 and the flow due 
to this pressure ratio becomes small. This effect is shown by the sharp 
upward turn of several of the curves in Fig 7-13 at high values of Pe/Pi. 
However, since scavenging ratio is usually very low when Pe/Pi is more 
than 0.85, values of C in the region where Pe/Pi exceeds 0.85 are of 
academic interest only. 

Effect of Piston Speed on C. In general, Figs 7-11-7-13 show 
decreasing values of C with increasing piston speed. In a firing engine 
the fact that the coefficient falls off with increasing speed is due chiefly to 
increase in the blowdown angle, which leaves a decreasing crank angle 
available for flow of fresh gases into the cylinder. 

The motoring tests of Fig 7-11 show no consistent variation with 
piston speed. The differences that do appear at the different speeds 
must be due to inertia effects. 

The effects of design on flow coefficient are discussed later in this 
chapter. 

EFF E C T S  OF O P E R A T I N G  CO ND I T IO N S  
ON S C AV E N G I N G  R A T IO 

Effect of Ti on Scavenging Ratio. The velocity of sound in a 
perfect gas is given by the relation 

a = v'kRT/m * 

where k = specific-heat ratio 
R = universal gas constant 
T = absolute temperature 
m = molecular weight 

(7-20) 

Thus, for a given value of C, s, and Pe/Pi, eq 7-19 shows that scaveng
ing ratio will vary directly with the square root of Ti. Tests made with 
an engine of type ( a) ,  Fig 7-1, show that this relationship holds in prac
tice. (See ref 7.60.) 

Effect of Tc on Scavenging Ratio. The jacket temperature Tc 
would affect scavenging ratio only as it affects C through heat transfer 

* For dry air, a = 49yT when a is in ft/sec and T in oR. 
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to the gases during scavenging. Since the amount of heat transferred 
to and from the flowing gases during the scavenging process is probably 
quite small, except at low speeds, it is probable that changes in j acket 
temperature have little effect on C over the usual operating range. 
Experiments are needed to confirm this supposition. 

Effect of Fuel-Air Ratio. As we have seen, fuel-air ratio affects 
exhaust pressures and temperatures and, therefore, has a marked effect 
on the blowdown process. Changes in fuel-air ratio also change the sonic 
velocity slightly. (See Tables 3-1 and 6-2.) 

Reference 7.60 shows that the effect of fuel-air ratio on the flow co
efficient is small in a spark-ignition engine scavenged by a homogeneous 
fuel-air mixture. In compression-ignition engines, in which the range of 
useful fuel-air ratios is much greater, the effect of fuel-air ratio on the 
flow coefficient may be more important. Experimental data are needed 
to confirm this supposition. 

POWER TO SeA V E NGE 

The power requirement of a scavenging pump is  discussed in some 
detail in Chapter 10. From eqs 10-8 and 7-2, 

where cmep = the engine mep required to drive the compressor 
J = the mechanical equivalent of heat 

(7-21) * 

Cp = the specific heat of air at constant pressure (0.24 Btu/lb 
OF) 

TI = the compressor inlet temperature (usually atmospheric) 
Yc = [(Pi/Pl)(k-l)/k - 1] (7-22) 
PI = compressor inlet pressure 
k = the specific-heat ratio (k - l)/k = 0.285 for air 

1Jc = the compressor adiabatic efficiency 

From eq 7-19 
sR8[r/(r - 1)] 

Pi/P. = 
2C ai¢l 

• Values of Yo VB pressure ratio are plotted in Fig 10-2, page 364. 

(7-23) 
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The above relation shows that p;/P. and cmep, with given values of 
R. and 8, decrease rapidly with increasing flow coefficient. The im
portance of a large flow coefficient, especially at high piston speeds, is 
evident from these relations. 

Figure 7-10 gives solutions for eq 7-23 over the useful range. 

D E SI GN OF TWO- STROK E  C Y L I N D E R S  

It  i s  evident from the foregoing discussion that from the point of view 
of effective scavenging the design objective should be to secure high 
values of scavenging efficiency and flow coefficient at the desired operat
ing conditions. At the same time, the port design must not sacrifice 
too great a portion of the expansion stroke to the scavenging process. 
(See Fig 7-3.) Since these requirements conflict with each other to a 
considerable extent, the design of a two-stroke cylinder involves con
siderable compromise. 

The principal variables at the command of the designer which affect 
the scavenging process may be classified as follows : 

General Parameters 

1. Stroke/bore 
2. Port area/piston area 
3. Exhaust-port area/inlet-port area 
4. Port timing, that is, port-area vs crank angle 

Detail Design 

1. Cylinder size 
2. Cylinder type 
3. Detail design of ports and valves 

Stroke-Bore Ratio. In regard to scavenging efficiency it seems 
probable that for thorough scavenging there should be less mixing as the 
stroke gets longer. 

For loop-scavenged engines it would seem that very long strokes would 
tend to increase mixing, whereas very short strokes would lead to ex
cessive short-circuiting. Whether these effects are important within the 
practical limitations of engine design has not yet been determined. 

The effect of stroke-bore ratio on the ratio of port area to piston area 
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is easy to predict if a few reasonable assumptions are made. For piston
controlled ports, if the fraction of stroke devoted to porting is fixed, the 
ratio of port height to stroke is constant. The total width of a set of 
ports, on the other hand, will be proportional to the cylinder circum
ference and to the fraction of this circumference devoted to porting. Let 
us assume rectangular ports with height = kl X stroke. Let the ag
gregate width of a set of ports be (k2k37rb) where k2 is the fraction of the 
cylinder circumference occupied by the whole set and k3 is the ratio 
port width to port-plus-bridge width. Then, 

port area A (k1 stroke) (k2k37r bore) 

piston area Ap bore2 7r/4 

stroke 
= 4klk2k3 X -

bore 
(7-24) 

It is evident that, with piston-controlled ports, A/  Ap tends to be pro
portional to the stroke-bore ratio. 

For poppet valves, on the other hand, the ratio A/ Ap is independent of 
either stroke or bore and depends only on detail design. It is difficult to 
secure a value of A/ Ap higher than 0.40 with poppet valves. 

Port Area/Piston Area. Equation 7-19 and Fig 7-10 show that in 
order to avoid high scavenging pressure ratios at high piston speeds flow 
coefficients must be large. For example, suppose that with R. = 1 .2, 
r = 16, a = 1200 ft/sec the pressure ratio P;/P. is to be limited to 1.5. 
From Fig 7-10, Rs8/C (r - 1 ) /r must not exceed 1950. Thus when 

8 = 15 ft/sec, 

8 = 30 ft/sec, 

8 = 45 ft/sec, 

C � 0.0087 

C � 0.0174 

C � 0.026 

Obviously, with a given shape and timing of the ports, C increases with 
increasing port area. In order to secure a port area large enough for 
satisfactory values of C at high piston speeds, the port height may have 
to be large. 

On the other hand, as the height of ports increases, an increasing por
tion of the piston stroke is given over to the scavenging and blowdown 
processes, with consequent reduction in stroke available for compression 
and expansion. Thus there is always a conflict between the need for a 
high flow coefficient and the requirement for minimizing the fraction of 
stroke devoted to porting. 
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Only a limited number of design data are available to indicate optimum 
port heights for various types of cylinder. Reference 7 . 19 showed that 
in a loop-scavenged cylinder of type a (Fig 7- 1) , running at 1800 ft/min 
piston speed, the optimum heights for the particular port configuration 
chosen were 0.15 X stroke for inlet and 0.24 X stroke for exhaust. 

With port height fixed, it would appear desirable to use the largest 
inlet-port areas which are feasible without interfering with structural 
strength or satisfactory operation of the piston rings. Port areas used 
in a number of successful commercial engines are given in Table 1-1 
and Fig 7-20. 

Exhaust-Port to Inlet-Port Area Ratio. Figure 7-15 shows the 
results of tests on a loop-scavenged engine when exhaust-port area was 
varied while inlet-port area and port timing remained unchanged. The 
corresponding flow coefficients are shown in Fig 7-12. 

The improvement in scavenging efficiency when C.A./CiAi was re
duced from 1.2 to 0.6 is marked except at the lowest piston speed (600 
ft/min) . Little further gain is obtained by reducing the ratio to 0.326, 
although the flow coefficient is markedly reduced. 

The explanation for the trend shown in Fig 7-15 is that the cylinder 
pressure at the end of scavenging tends to build up toward the inlet 
pressure as exhaust ports are made smaller, and when the scavenging 
ratio is held constant by increasing pi/po scavenging efficiency improves. 
On the other hand, it is evident from the discussion of flow through two 
orifices in series that with a given inlet-port area the flow coefficient will 
decrease as the area of the exhaust ports is reduced. Here, again, the 
requirements for high flow coefficient and high scavenging efficiency are 
in conflict. 

Net indicated mean effective pressures corresponding to Fig 7-15 were 
measured as follows : 

Loop-Scavenged Engine of Fig 7-15, Ra = 1.4 
(Taylor et aI,  ref 7.23) 

Net imep * 

C,A. 
Configurations CiAi 8 = 1350 ft/min 8 = 750 ft/min 

I 1 . 250 86 82 

II 0 . 604 95 84 

III 0 . 326 91 85 

* Net imep = measured imep minus cmep computed from eq 7-21 with com

pressor efficiency 0.75. 
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Fig 7-15. Effect of exhaust-port/inlet-port capacity, loop-scavenged cylinder. 

mean value of 
Configu- C.A.I C 

ration A ;/Ap A.IAp A.IAi CiA;/Ap C.A.IAp CiAi (R. = 1 .0) 

cf> I 0.26 0.303 1 . 17 0.0384 0.048 1 .25 0.026 
• II 0.26 0 .148 0.57 0.0384 0.023 0.604 0.022 

0 III 0.26 0.074 0.28 0.0384 0.0125 0.326 0.016 

(Taylor et aI, ref 7.23) 

It is evident that the gains in scavenging efficiency shown by Fig 7-15 
when the area ratio is reduced from 1.25 to 0.6 are accompanied by sig
nificant gains in net imep. However, when the area ratio is reduced to 
0.326 the reduced flow coefficient increases cmep enough to reduce net 
imep except at the lowest piston speed. 

Similar gains made by reducing the area ratio from 1.29 to 0.601 in 
the poppet-valve cylinder of Fig 7-8 were also observed when sym-
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metrical timing was used. (See ref 7.23.) No tests are yet available in 
which the area ratio was varied with unsymmetrical timing. 

Port area ratios in practice (Fig 7-20 and Table 7-1) are seen to vary 
over an extremely wide range. It is unlikely that the optimum ratio 
has been used in each case. 

Figure 7-16 shows port-area ratios and flow coefficients as a function 
of the circumferential angle occupied by the inlet ports for a loop
scavenged cylinder with fixed port heights. To attain an exhaust-to
inlet port ratio of 0.6, the inlet ports should occupy 67% of the cylinder 
circumference, under the assumptions used. This design will reduce the 
flow coefficient to 80% of the possible maximum value. 

2.8 

o 2 sGl 25 S -I--

\ f 0 1 

2.4 

2.0 
\.J,-

Ae 
�O \ 

A i 
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1.2 \ 
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� / \ '  �Aex 1!. 
\ "" 

/1 Ap S 
\". � Ai x b _  

/ �l->< � �A' S 
-

/ 
IL--- '� 

0.8 

0. 4 

0.2 0.4 0.8 1. 0 1. 2 

Fig 7-16. Effect of circumferential port distribution on loop-Bcavenged cylinder 
characteristics : k2 = fraction of circumference occupied by inlet ports; 1 - k2 = frac
tion of circumference occupied by exhaust ports. Port width = 70% of available cir
cumference. Height of ports 0.20 X stroke inlet and 0.25 X stroke exhaust; Ai = 

max inlet port area; A. = max exhaust port area; Ap = piston area; C = cylinder 
flow coefficient calculated from Fig 7-14, assuming P./pi = 0.6 and inlet-port flow 
capacity is 1.3 times exhaust-port flow capacity for same area; C1 = flow coefficient 
when k2 = 0.5. 
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Port-TiIning. It is evident that the timing of piston-controlled ports 
is fixed by their axial dimensions, their location in the cylinder, and by 
the crank-rod ratio. 

Loop-scavenged cylinders without auxiliary valves must have sym
metrical timing ; that is, both inlet and exhaust events must be evenly 
spaced from bottom center. 

Experiments to determine best timing of loop-scavenged cylinders are 
reported in refs 7.10-7.23. When studying this work, it should be re

membered that the results will de-
pend to a considerable extent on 
the detail design of the porting. 

Because the exhaust ports must 
always open before the inlet ports 
open, the disadvantage of symmet
rical timing is that the exhaust ports 
must also close after the inlet ports 
close. With such timing, there may 
be some escape of fresh mixture 
to the exhaust system which could 
be avoided if the exhaust ports 
closed earlier. Furthermore, if the 
exhaust ports close first, there is 
a better chance for the cylinder 
pressure to build up to a value 
higher than the exhaust pressure 

Fig 7-17. Loop-scavenged cylinder during the subsequent period be
with nonreturn valves between inlet fore the inlet ports close. 
receiver and inlet ports : a = inlet re
ceiver; b = nonreturn valves ; c = ex
haust receiver. Inlet ports are higher 
than exhaust ports. One-way valve 
prevents inlet opening until end of 
blowdown. Inlet ports close later than 
exhaust ports. 

D nsymmetrical timing can be 
achieved with loop-scavenged cyl
inders either by making the in
let ports higher than the exhaust 
ports and inserting nonretum valves 
in the inlet passage (Fig 7-17) or 

by using a mechanically operated auxiliary valve in the exhaust 
port (Fig 7-1a'). 

Figure 7-18 shows light-spring p-(J diagrams taken on a reverse-loop 
type of cylinder with and without an auxiliary exhaust valve. The in
crease in cylinder pressure at port closing when the auxiliary valve is 
used is quite pronounced (21%) . The increase in retained air may have 
been less, howeY!lr, if the exhaust gases were not so well purged with the 
earlier exhaust closing. 
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It is important to note that this experiment was made at a modest 
piston speed (1 100 ft/min). At much higher piston speeds the ad
vantage of the auxiliary valve will decrease because of the shorter period 
of time between exhaust and inlet closing. 

Figure 7-19 shows the effects of unsymmetrical timing with a poppet
exhaust-valve cylinder. These data show that considerable gains in 
scavenging efficiency can be made by unsymmetrical timing, as com
pared to the best symmetrical timing. The net indicated mean effective 
pressures * at 8 = 1200 ft/min were as follows : 

Net imep, psi 
Exhaust-Port 

Configurations Advance, Degrees R. = 1 . 4 R. = 1 . 0 

II 0 94 84 
IV 7 96 8 1  
V 14  102 90 

VI 2 1  1 02 86 

(Hagen and Koppernaes, ref 7.22) 

In the tests covered by Fig 7-19 unsymmetrical timing was tried only 
with exhaust/inlet capacity ratio = 1.29. Tests with smaller values of 
this ratio would be of considerable interest. 

Figure 7-20 shows three cases of unsymmetrical timing used in com
mercial practice. The advance of the exhaust ports (crank angle between 
mid-port opening of the exhaust and inlet ports) varies from 8 to 18° 
of crank travel. It is considered unlikely that the optimum ratio is used 
in every case. 

Porting of Commercial Engines. Figure 7-20 and Table 7- 1 show 
porting characteristics of a number of commercial two-stroke cylinders. 
When comparing these data it should be remembered that the bore
stroke ratio and the service requirements are not the same for each case. 
However, it seems safe to conclude that the wide differences revealed are 
due in large measure to uncertainty as to where the optimum design lies. 
Evidently further research is needed before two-stroke cylinder design 
can be completely rationalized. 

The work recently done under the author's direction and summarized 
in Figs 7-7-7-15 and Fig 7- 19 (see also refs 7 . 19-7.24) should be of 
assistance in connection with this problem. 

• Net imep is taken as measured imep, less mep required to scavenge with a pump 
efficiency of 0.75. 
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A 

0 1 '"'1 1  
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Pi = 17.9 psia � 
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I 
, I 1 I 

p. = 14.7 psia �--\Cl-----+�--

B 

OD"' O 0 0  

- 40 - 20 0 2 0  40 6 0  8 0  - e 
Fig 7-18. Effect of auxiliary exhaust valve. 

Curve Bore, in Stroke, in 8, ft/min r R. 

A 20.4 26.5 1100 15 
B 20.4 26.5 1100 15 
x adiabatic compres�ion from P. at bdc 

Reference 

7.33 
7.33 

Reduced Port Area. This parameter has been used in estimating 
relative flow coefficients when measurements of C are not available. 

If ideal incompressible flow (expression A-24) is assumed through two 
orifices in series (Fig 7-14) , and if the velocity at each orifice entrance is 
low, the mass flow through the two orifices will be equal to the mass flow 
through a single orifice whose area is defined as follows : 

(7-25) 

For convenience, A r  is called the reduced area. 
In two-stroke engines AT  can be computed for each crank angle, and a 

curve of AT  can be plotted against crank angle, as in Fig 7-20. 
The shaded areas of Fig 7-20 show reduced port area divided by piston 

area, which is designated by the symbol A. With a given design of ports 
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Fig 7-19. Effect of unsymmetrical timing : 3� x 4� in engine; type (e) , Fig 7-1 ; r = 

5.8. 
Timing, Degrees 

Configu-
ration IO EO IC EC C, R. = 1 .2  All Configurations 

IV 57 95 57 81 0.023 (CA);/Ap = 0.0386 
V 57 102 57 74 0.023 (CA).IAp = 0.050 
VI 57 109 57 67 0.0225 (CA).ICAi = 1 .29 

(Taylor et aI, 7.23) 
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0.5 r--r-r---.-r---.-r--r--, 0.5 r--,--,---.-,--,--,---.---, 
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A 0.3 I--t--I-i+--I-�.---I-+--l A 0.3 1--+-1--+-1--+--1--+--1 
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0.5 r--r--,r-o---r-,--,--,---, 0.5 
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Deg ABC -
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-- Deg BBC Deg ABC --

fI, Crankshaft degrees 

--- Exhaust area/piston area 
- - - - I nlet area/piston area 
� Reduced area /piston area 

Fig 7-20. Porting of commercial engines. 

Engine 

(4) Automotive Diesel 
(5) Automotive Diesel 
(6) Junkers Aircraft Diesel 
(7) Spark-ignited gas engine 
(2) CFR experimental 
(8) Spark-ignited gas engine 

Bore X Stroke, 
inches 

4.25 X 5.00 
4.10 X 4.10 
4.14 X 6.30 

16 X 16 
3.25 X 4.50 

18 X 20 

Type 

Poppet valves 
Loop-scav 
Opp Piston t 
Poppet valves 
Loop-scav 
Loop-scav 

A 

0. 1 1 5  
0 .168 
0.219 
0.09 
0. 131 
0.156 

Rated piston 
speed, * ft/sec 

25 
25 
44 
14 
30 
14 

* At continuous rating. t Valve diagram based on exhaust crankshaft. A is total 
reduced area/piston area. Reduced area is shaded in diagrams. 
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and at a given set of operating conditions, the flow coefficient C should be 
nearly proportional to A, and, therefore, this quantity is useful in the 
absence of measured values of C. 

Another useful value employed in two-stroke practice is the value of 
Ar based on the maximum values of Ai and Ae• 

Effect of Cylinder Size. It has already been shown (Chapter 6 and 
ref 6.2) that for comparable fluid-flow conditions cylinders of similar 
design should run at the same piston speed. Neglecting the probable 
small effects of Reynolds number (see Chapter 6) , C should also be in
dependent of size among cylinders of the same design. Equation 7-19 
shows that when s/ai is the same similar two-stroke cylinders will have 
the same scavenging ratio at the same inlet and exhaust conditions, 
regardless of size. The curves of e. vs R. should also be little affected by 
size, provided the design is unchanged. Thus the indicated mep of two
stroke cylinders at the same values of F, s/ai, and Pe/Pi should be 
nearly independent of cylinder size, as in four-stroke cylinders. (See 
Chapter 6.) 

C HO I C E  OF C Y L I N D E R  T Y P E  

Geometric considerations show that cylinder type has a very strong in
fluence on the maximum feasible values of the ratio port area to piston 
area and also on the ratio exhaust-port area to inlet-port area. Table 7-2 
shows limitations on these ratios for the various cylinder types shown in 
Fig 7-1. This table is based on typical values of kt , k2' and k3, so that 
the figures are comparable. 

It is evident from Table 7-2 that type (b) cylinder has the smallest 
potential ratios of port area to piston area. Thus this type is suitable 
only for long-stroke engines running at low piston speeds. 

The port-area ratios of loop-scavenged cylinders depend on how much 
circumference is devoted to inlet and exhaust ports. Fig 7-16 illustrates 
these relationships for type (a) cylinders. 

Port-area-to-piston-area ratios of the opposed-piston and U-cylinder 
engines are smaller than might at first be expected because each set of 
ports must serve two pistons. 

The poppet-valve type of cylinder can have a large ratio of inlet port 
to piston area. For high-speed operation the exhaust-port area in this 
type may be limited by stress considerations. Poppet valves for two
stroke engines must open and close in about 1200 of crank angle, whereas 
four-stroke engines allow over twice this value. 
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Table 7-2 indicates that the sleeve-valve type could be made with the 
largest port areas for a given timing and stroke-bore ratio, but this type 
is mechanically complex and has not been used commercially. 

Effect of Type on Scavenging Efficiency. It has often been claimed 
that the flow path in loop-scavenged engines tends to give more mixing 

Type 

(a) 
(e) 
(a) 
(e) 
(e) 
(e) 
(e) 

0.9 r----.,..-------,---------, 
- - - Loop-scavenged engine, type (a) 
-- Through-scavenged poppet 

exhaust valves, type (e) 

0.8 
Numbers on c urves indicate p iston speed. ft/sec 

0.7 

0.6 

0.5 

Symmetrical 

0.6 timing 

0.5 

II 

22.5 

�---I 15 

Exhaust-valve advance ( J I 
7° 14° 2 1 °  

J..-_-..., 22.5 

R. = 1.0 

---I-----i 1 5  

IV V VI 
Configuration 

Fig 7-21 . Effect of porting on scavenging efficiency. 

Timing 
Configu-

ration (CA);/Ap (CA).IAp 10 EO IC EC C, R. = 1 .2  

I 0.0384 0.048 56 62 56 62 0.026 
I 0.0386 0.050 57 88 57 88 0.023 
II 0.0384 0.0231 56 62 56 62 0.024 
II 0.0386 0.0233 57 80 57 80 0.016 
IV 0.0386 0.050 57 95 57 81 0.023 
V 0.0386 0.050 57 102 57 74 0.023 
VI 0.0386 0.050 57 109 57 67 0.0225 

3� x 472 in cylinders (Taylor et aI, ref 7.23) 

r 

5.43 
5.8 
5.43 
5.8 
5.8 
5.8 
5.8 
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and short-circuiting than that in through-scavenged types. Figure 7-21 
shows the results of tests made under the author's direction with cylin
ders of these two types having the same effective port area, the same bore 
and stroke, and the same port timing (configurations I and II in the 
figure) . Under these circumstances there is evidently little to choose 
between the two types as measured by their scavenging efficiency vs 
scavenging-ratio curves or by their comparative indicated mean pres
sure. The stroke-bore ratio used in these tests was 1 .39. It is possible 
that opposed-piston engines, having much greater ratios of passage length 
to passage diameter than 1.39, might show an advantage in respect to 
mixing and short-circuiting. 

Through-scavenged cylinders usually have unsymmetrical timing, 
whereas loop-scavenged cylinders are seldom so equipped. The results 
shown in Figs 7-19 and 7-21 would indicate that better performance, 
when it has been observed for through-scavenged cylinders, is due almost 
entirely to the use of unsymmetrical port timing. It would be interesting 
to add a rotary exhaust valve (type a', Fig 7- 1) to the loop-scavenged 
cylinder of Fig 7-21 and to determine whether, so equipped, it could 
equal the performance indicated by configurations V and VI of the 
poppet-valve cylinder. 

Figure 7-12 indicates a lower flow coefficient for the through-scavenged 
cylinder than for the loop-scavenged cylinder, even when their port 
areas and steady-flow port coefficients were equal . Pending further test
ing on this point, it seems probable that this anomaly is a result of ex
perimental error. 

General Relllarks on Cylinder Type 

Loop Scavenging. More two-stroke engines use type (a) cylinders 
than any other type because of the simplicity of their mechanical design. 
Under comparable operating conditions this type gives lower mep and, 
therefore, lower specific output than those with unsymmetrical timing ; 
but it may give higher output per unit weight and bulk because of the 
absence of the extra parts required to achieve unsymmetrical timing and 
because the absence of such parts may make higher piston speeds 
feasible. 

Much work has been done to improve the scavenging efficiency of type 
(a) cylinders because of their inherent mechanical simplicity. Published 
work is indicated by refs 7 . 1-. Although much work remains to be 
done in this field, the following general relations seem to be established : 
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For type (a) cylinders it is necessary to direct the incoming air so 
that it follows an axial path close to the inlet side of the cylinder wall 
on its way toward the cylinder head. This obj ective can be accomplished 
either by a properly designed deflector on the piston or by inlet ports de
signed to direct the air toward the side of the cylinder away from the 
exhaust ports (see refs 7 . 13, 7.14, 7 . 19.) 

With supercharging, and at high piston speeds, the specific output of 
loop-scavenged cylinders can be very high indeed, as evidenced by the 
published performance of the Napier Nomad experimental aircraft en
gine. (See ref 7.35 and Fig 13- 10.) 

Reverse-Loop Scavenging. Excellent scavenging efficiency is 
claimed for type (b) (ref 7.33) , but few convincing measurements are 
presented in the literature. One obvious disadvantage of this type is 
the limitation on port area (Table 7-2) . However, for long-stroke engines 
operating at low piston speeds, this arrangement has proved satisfactory 
and has been used for a long time by at least one prominent manu
facturer of large Diesel engines, both with and without auxiliary exhaust 
valves. (See Fig 7-18.) 

As we have seen, the addition of auxiliary valves gives the advantages 
of unsymmetrical timing to loop-scavenged cylinders. Whether this im
provement justifies the added mechanical complication depends on par
ticular circumstances. At present, the commercial use of these devices 
is confined to large cylinders running at low piston speeds. 

Opposed-Piston Type. Type (c) ,  Fig 7- 1 ,  can have both excellent 
scavenging efficiency and high flow coefficients, as indicated by Figs 7-9 
and 7-13, thus leading toward high mean effective pressures. Here the 
problem is to decide whether the increased specific output outweighs the 
disadvantage of the required mechanical arrangement. In general, this 
type is very attractive . when high specific output is important and is 
quite widely used in locomotive and submarine engines. It was the 
basis of the only successful Diesel aircraft engine (ref 7.32) which, in
cidentally, holds the world's record for high specific output of Diesel 
engines (see Fig 13-10, Junkers engine) . 

Type (d) , Fig 7-1 ,  is not well adapted for use with Diesel engines be
cause the necessarily high compression ratio may involve a serious re
striction to air flow at the junction of the two cylinder bores. Such ar
rangements have had a very limited use in small European spark-ignition 
engines. 

The Poppet-Valve Type. Type (e) , fig. 7-1 ,  can show excellent per
formance, as suggested by the high scavenging efficiency curve in Fig 7-9. 
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Fig 7-22. Effect of exhaust-pipe length on two-stroke, type (a) engine perform
ance. MIT loop-scavenged cylinder, 41f.! x 6 in : r  = 7 ;  T. = 618 ° R ;  To = 610°R. 

Scavenged with gaseous fuel-air mixture : F = 0.078 ; F R = 1 .175 ;  Pe = 14 .18 psia ; 
pipe diameter = 2 in = 0.444 X bore . Scavenging ratio = 0.90, held constant by 
adjusting inlet pressure. (From Cockshutt and Schwind, ref 7.53) 

Here, again, the gain in specific output may not mean a gain in output 
per unit of bulk and weight, especially if speed is limited by the poppet
valve gear. 

Type (f) seems to have no commercial application, probably on ac
count of mechanical considerations. 

Effect of Inlet and Exhaust-System Design. Figure 7-22 sum
marizes the results of tests in which exhaust-pipe length was varied over 
a wide range with a type (a) cylinder (Fig 7- 1). Scavenging ratio was 
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held constant at 0.90. In this case zero exhaust pipe gave lower re
quired scavenging pressure and higher power than any other pipe 
used. 

Other research in this field (ref 7 .50) has indicated that a favorable 
effect can be obtained by proper utilization of the pressure waves set up 
in a long exhaust pipe. Apparently this favorable effect occurs when the 
timing of the pressure waves in the exhaust pipe is such that exhaust 
pressure is low during the first part of the scavenging process and high 
at the end of the process. The high pressure acts effectively to close the 
exhaust port early and thus act as an auxiliary exhaust valve. This 
effect is the subject of a patented exhaust-pipe design. 

In earlier tests made under the author's direction stronger effects of 
long exhaust pipes have been encountered. In one case exhaust pulsa
tions were so strong that a speed could be found at which the engine 
would run without using the scavenging pump. It is obvious that in 
such cases flow through the cylinder is induced by the exhaust blowdown. 
On the other hand, several cases have been encountered in which the un
favorable effects of an exhaust pipe prevented satisfactory operation 
over a wide speed range. Kadenacy (refs 7 .51 ,  7.52) claimed to have de
veloped exhaust-pipe designs which would give a workable scavenging 
ratio over a considerable range of speed without the use of a scavenging 
pump. However, experimental data to prove this contention are lack
ing, and commercially available two-stroke engines are invariably sup
plied with scavenging pumps and in most cases with very short exhaust 
pipes. 

Figure 7-23 shows how scavenging ratio varied with speed for an 
engine of type (1) with inlet and exhaust pipes of appreciable length. 
As in four-stroke engines, such curves are a function of the phase relation 
between the valve events, the piston motion, and the pressure waves set 
up in the pipes. 

For two-stroke engines which have to run over a wide range of speed 
long pipes are not usually practicable, as might be inferred from Figs 7-22 
and 7-23 . The need to eliminate unfavorable dynamic effects accounts for 
the relatively short exhaust passages combined with large-diameter inlet 
and exhaust manifolds of many two-stroke engines. The diameter of 
these manifolds is often greater than the cylinder bore. Another solution 
of this problem is to use manifolds such that the exhaust from one cyl
inder acts as a "jet pump" with respect to other cylinders. (See ref 
7.54.) 

Engines equipped with centrifugal scavenging pumps will be more 
sensitive to the effect of pressure waves in the inlet and exhaust system 
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than those equipped with displacement pumps, since, in the latter case, 
the quantity of air flowing through the pump is not seriously affected by 
the pump discharge pressure. 

The sensitivity of the two-stroke engine to dynamic effects and to ex
haust back pressure is a considerable disadvantage, since the exhaust 
system is a part of the installation not always under the direct control of 
the engine manufacturer. 

1 .6 r---r---rr--.,---,---,---,---,---,----., 

1.4 

1 .2 

.. � 
o· 1 .0 

:p l':! 
� 0.8 
·tiD c Q) 
� 0.6 

en 

0.4 

0.2 

Piston speed, ft/min 

Fig 7-23 . Scavenging ratio vs piston speed with inlet and exhaust pipes of lengthR 
several times the bore : Type (f ) cylinder, 4.74 x 5.0 in ; r = 6.75. (Sloan Automotive 
Laboratories. )  

s e A  V E N G I N G  P U M P S  

The performance of a two-stroke engine depends heavily on the char
acteristics of the compressor used as a scavenging pump. Figure 7-24 
shows the important types in current use . 

DisplaceInent PUlllpS. In this class are included crankcase scaveng
ing, piston, and Roots types. As shown in Chapter 10, the mass flow of 
air delivered by such pumps, or compressors, may be written 

Ma = NcDcPlec 
where M a = the mass of air delivered per unit time 

N r = the compressor revolutions per unit time 

(7-26) 
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Dc = the compressor displacement per revolution 
PI = the compressor inlet density (which is usually the atmos

pheric density) 
ec = the compressor volumetric efficiency 

By combining eq 7-26 with eq 7-2, the scavenging ratio will be 

(7-27) 

where Vc is the maximum cylinder volume. 

(a) (b) 

(c) (d) 
Fig 7-24. Scavenging-pump types :  (a) crankcase; (b) Roots ; (c) centrifugal;  (d) piston. 
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For crankcase-scavenging NelN = 1 .0 and DelVe = (r - 1/r) , in 
which r is the compression ratio. For most two-stroke engine operation 
pdp. '" 1 .0. Thus, for crankcase scavenging, 

'" (r - 1) Ti 
Rs = -- - ec r Tl 

(7-28) 

TiiTl is the temperature ratio across the pump and is dependent on 
pressure ratio and pump efficiency. It is evident that the scavenging 
ratio of this type will always be considerably less than unity, especially 
since the volumetric efficiency of such pumps is usually low. 

20 

10 
8 

". 
6 ::!l 

.S 4 ....:: 
r::i: 3 
I 

2 
� 

� b 
� 

� 

IY 
Slope = 2 

-X-- -�l� r -� 
L � 

2000 1 000 500 

Piston speed, ft/min  

2 

o 

Fig 7·25. Scavenging ratio and pressure difference vs speed (log-log plot) : GM·71 
engine, type (e )  ; 4.25 x 5.0 in ; r = 16 ; Roots blower. (Shoemaker, ref 7.30) 

Both eq 7-27 and eq 7-28 show that with a given engine and displace
ment pump Rs will be proportional to [ (T;jTl ) X eel. As speed increases, 
Ti rises, due to the higher pressure ratio through the pump, whereas ee 
usually falls off. With displacement pumps of good design, the result is 
that Rs remains nearly constant over the usual running range. 

An important characteristic of displacement pumps is that their vol
umetric efficiency, and, therefore, the mass of air delivered per unit 
time, is not seriously reduced even by considerable increases in their 
outlet pressure. Thus scavenging ratio tends to remain constant even 
though ports may become partially clogged with deposits. Also, the 
addition of restrictions on the exhaust system, such as mufflers, will have 
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a small effect on scavenging ratio. Such restrictions, of course, in 
crease the pressure ratio across the pump and the power required to 
scavenge. 

Centrifugal PUInps. As explained in Chapter 10, with a centrifugal 
scavenging pump, the mass flow is heavily influenced by the engine and 
exhaust system resistance. Fortunately, when a centrifugal pump is 
geared to an engine the conditions are such that the pressure ratio varies 
very nearly as the rpm squared. Figure 7-25 shows that this relation is 
just what the engine requires for a constant scavenging ratio. Thus the 
centrifugal-type scavenging pump is very satisfactory, provided the re
sistance of the flow system is not sharply altered by carbon deposits in 
the ports, a restricted exhaust, or by long exhaust piping �hich may de
velop adverse pressure waves at certain speeds. More detailed discussion 
of compressor characteristics may be found in Chapter 10. 

C H O I C E  O F  S C A V E N G I N G  R A T I O  

When a displacement compressor is geared to  a particular engine with 
a fixed ratio, the scavenging ratio is established within narrow limits by 
the size and design of the compressor and the ratio compressor-to-engine 
speed (see eq 7-27). With a centrifugal compressor, a similar situation 
exists as long as the flow resistance is not altered by such items as muf
flers, air cleaners, long exhaust pipes, or carbon deposits in the ports. 
Thus scavenging ratio is a quantity which may be chosen, within limits, 
by the designer. 

The value of the optimum scavenging ratio depends heavily on the 
engine flow coefficient and piston speed. Figure 7-26 shows specific out
put and fuel consumption of a two-stroke Diesel engine computed with 
realistic assumptions as to fuel-air ratio, indicated efficiency, scavenging 
efficiency, compressor efficiency, and friction. Two values of the flow 
coefficient are assumed, namely, 0.03 , which is about the maximum found 
in current practice (see Fig 7-13) , and 0.04, which might be attainable 
under favorable circumstances. 

General conclusions to be drawn from Fig 7-26 are as follows : 

1. A high flow coefficient becomes increasingly important as piston 
speed increases. 

2. Fuel economy decreases rapidly as piston speed is increased above 
1000 ft/min, with flow coefficients of 0.03 or less. 
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Fig 7-26. Performance of two-stroke Diesel engines : r = 16;  F = 0.0402; FIFe = 
0.06; Qe = 18,500 Btu/lbm; Ta = 520oR;  pa = P. = 14.7 psia ; k = 1 .4 ;  1/p = 0.75 ;  
1/i = 0.43 ; e. = 1 - e-R••  Scavenging pump i s  driven from crankshaft. 
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For this particular example, the optimum scavengmg ratios are 
evidently as follows : 

Piston 'Speed 

500 
1000 
2000 

3000 

Optimum R., C = 0.03 

1 .4 or greater 
1 .4 or greater 
0.9 for economy 
1 .4 for output 
0.8 for economy 
1 .0 for output 

Optimum R., C = 0.04 

1 .4 or greater 
1 .4 or greater 
1 . 2  for economy 
1 .4 for output 
1 . 1  for economy 
1 .4 for output 

In practice, scavenging ratios higher than 1 .4 are seldom used. Many 
two-stroke engines are designed for scavenging ratios near 1 .2. 

The material in this and the subsequent chapters can be used to 
estimate the optimum scavenging ratio for any given engine, provided 
the flow coefficient is known. (See Illustrative Examples 12-12 and 13-5 . )  

S UP E R C H A R G I N G  T W O - S T R O K E  E N G I N E S  

For a given cylip.der design, -Figs 7-7, 7-8, and 7-9 show that as 
scavenging ratio is increased beyond about 1 .4 the gain in scavenging 
efficiency is small. We have also seen that the power required to 
scavenge increases rapidly with increasing scavenging ratio. Thus, if 
an attempt is made to supercharge a two-stroke engine by raising P;/Pe 
above the value required for a normal scavenging ratio, fuel consumption 
increases and a point may be reached at which net power output reaches 
a peak. (See Fig 7-26. )  

With fixed values of e.  vs R. and a given value of C, the only feasible 
way to achieve large gains in output is by increasing the exhaust pressure 
and the inlet pressure together. If this is done in such a way that the 
pressure ratio Pe/Pi and the engine inlet temperature Ti are held con
stant, R. will not vary but P. will increase in direct proportion to Pe· 

The necessity for increasing exhaust pressure immediately suggests 
the use of an exhaust-driven compressor to furnish the necessary in
crease in inlet pressure. Several arrangements are possible : 

1 .  Retention of the engine-driven compressor and the addition of an 
exhaust-driven compressor to furnish air at increased pressure to the 
scavenging pump inlet. (See refs 13 .06, 13.09 . )  
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By this method, an existing two-stroke engine may be supercharged 
by the simple addition of a turbo-compressor in the manner customary 
for four-stroke engines. 

2.  The entire pressure rise from atmosphere to Pi can be assigned to a 
single compressor. If the exhaust blowdown is used to help drive the 
turbine (see Chapter 10) , and if the efficiencies of turbine and com
pressor are high, it may be possible to use a free turbo-compressor unit, 
that is, one not geared to the engine. (See ref 13 .08 . )  In many cases, 
however, the turbine has insufficient power to drive the compressor at 
all required speeds and loads, and the turbo-compressor unit has to be 
geared to the crankshaft. (See ref 13 .22.)  When this arrangement is 
used and turbine power exceeds compressor power the excess power is 
added to that from the engine. * 

Two-stroke engines have been built with all of the above systems, and 
a number are in commercial operation. (See ref 13 .00-.)  The principal 
question remaining is concerned with the degree of supercharging which 
may be feasible in a given service without unduly sacrificing reliability 
and durability. For further discussion of supercharging and its relation 
to engine performance see Chapters 10 and 1 3 .  

ILLUSTRATIVE EXAMPLES 

Example 7.1 .  Measurement of Scavenging Efficiency, imep Method. 
A single-cylinder two-stroke carbureted gasoline engine of 3t-in bore and 4t-in 
stroke with compression ratio 8 is running at 2500 rpm when the following 
measurements are made : 

indicated power 
fuel-air ratio 

Compute the seavellging effieieney. 

T; 
l)e 14 .S  pHia 

Solution: Displacement = 37 in
3
, Vc = 37(8)/7 = 42.3  ill:l. .From Table 3- 1 ,  

Q c  is 19,020 Btu/Ibm, Fe = 0.067, FR = 0.08/0.067 = 1 .2 .  
From eq 7-3, if  air is  dry, 

_ 2.7(14.8) ( 1 ) _ " 3 
P8 - 620 1 + 0.08(29/1 13) - 0.063 lbm/ft 

From Fig 4-5, fuel-air cycle efficiency is 0.36, actual efficiency estimated as 
0.80(0.36) = 0.288, based on air retained in cylinder. 

* In some cases, however, the turbo-compressor unit is geared to the engine by a 

"free-wheeling" coupling, so that when turbine power becomes sufficient, it drives the 

compressor faster than it would be driven with a fixed gear ratio. 
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23 = 3���0 es 
25���: .3) (0.063)(0.08) (19,020)0.288 , 

es = 0.57 

Exalllple 7-2. Scavenging Efficiency by Exhaust-Blowdown Analysis. 
A two-stroke Diesel engine of 5-in bore, 6-in stroke, r = 15, is running at 1800 
rpm when the following measurements are made :  

fuel flow 
inlet-air temperature 

exhaust pressure 

16 lbm/hr 
5300R 
14.9 psia 

An analysis of the exhaust-blowdown gases by means of a probe similar to that 
of Fig 7-5 yields the following results : 

CO2 7.5% by vol 
O2 9% by vol 

Compute the scavenging efficiency. 
Solution: From Fig 7-6, 

F = 0.04, Ma' = 16/0.04 = 400 lbm/hr 

Ve = 1 18(15)/14 = 126 in3, P8 = 2 .7(14.9)/530 = 0.076 

From eq 7-5, 
(400) ( 1728) 

e8 = 1800(126)60(0.076) 
= 0.67 

Exalllple 7-3. Relation of Scavenging Efficiency to Mean Effective 
Pressure. Compute the mean effective pressure of the engine of example 7-2, 
assuming that the maximum pressure is limited to 70 times the inlet pressure. 

Solution: From Fig 4-6 (1) , the fuel-air cycle efficiency at r = 1 6, F /Fc = 0.91 , 
and Pm/Pi = 70 is 0.49. F/Fe for this engine is 0.04/0.067 = 0.6. Correcting 
for this ratio from Fig 4-6 (2) gives a fuel-air cycle efficiency of 0.49(0.54/0.49) = 

0.54.  Estimated indicated efficiency is 0.85(0 .54) = 0.46. For light Diesel oil, 
Qc = 18,250 Btu/Ibm (Fig 3-1) . 

From eq 7-10, 

imep = -n � (0.67)(0.076) (0.04) (18,250)0.46U V = 99 psi 

Exalllple 7-4. Scavenging Pressure, Scavenging Ratio, and Engine 
Flow Coefficient. If the engine of example 7-1 had a pressure of 17 psia at the 
inlet ports and the flow coefficient were 0.03, compute the air consumption and 
the scavenging ratio. 

Solution: Pe/Pi = 14.8/17  = 0.87, Pi/Pe = 1 . 15 .  From Fig A-2 (Appendix 3) , 
¢1 = 0.397 and Pi/Pee h) = 0.457. 8 = 2500(4.5) 12

2 = 1 875 ft/min = 31 ft/sec . 
From Table 6-2, for the mixture F /Fe = 0.08/0.0675 = 1 .2, molecular weight = 

30.6 and a = 46.7 y'620 = 1 160 ft/sec. Piston area = 8.3/144 = 0.0577 ft2. 

17(144)30.6 3 Pi = 
1 545(620) = 0.0782 lbm/ft 
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From eq 7-1 7 , 

},j a = 0.0577(0.03) ( t 160) (60) (0 0782)0.397/ 1 .08 = 3.46 Ibm/min 

From eq 7-2, ( 42 .3) 
R. = 3 .46/2500 

1728 
0.063 = 0.90 

Another method of determining R. would be by the use of Fig 7-13  as follows. 
At pressure ratio 1 . 1 5 and sound velocity 1260, the value of the parameter is 1160 
ft/sec. Thus (r 

- 1) 
R.s/C -r - := 1 160 

Rs = 1 160(-48 °) (0.03)-k = 0.90 

Example 7-5. Engine Flow Coefficient. It is desired to operate a two
stroke Diesel engine at 2500 ft/min piston speed and not to exceed a scavenging 
pressure of 5 psi above atmospheric. Compression ratio is 17 .  It is estimated 
that the inlet temperature will be 60°F above atmospheric. If the scavenging 
ratio is to be 1 .0, what flow coefficient is required? 

Solution: If we assume that sea-level conditions are standard, 

Pi = 14 .7 + 5 = 19 .7 ,  Ti = 520 + 60 = 580oR, Pe/Pi = 0.747 

Pi = 2.7(19 .7)/580 = 0.0918,  ai = 49-\1580 = 1 180 ft/sec 

From Fig A-2, 

From eq 7-19,  
CPI = 0.512 

1 0  = 2C 
( 16) 1 180(60) ( 19.7) 

0 512  . 
17 2500 14 .7 

. 

C = 0.0273 

Example 7-6. Compressor mep. Compute the compressor mean effec
tive pressure required for the engine of example 7-5, with a compressor efficiency 
of 0.75. 

Solution: 

P2/P l = 19 .7/14.7  = 1 .34, Yc = 1 .34°· 285 - 1 = 0.087 

p. = 2.7 ( 14.7)/580 = 0.0685 

From eq 7-2 1 ,  
778 ( \ ( 0.087 ( 17) . cmep = 
144 ( 1 ) (0.0685) 0.24) 580) 

0.75 16 
= 6.35 pSI 

Example 7-7. Compressor mep. Plot compressor mep required vs mean 
piston speed for a two-stroke engine with C = 0.025, under standard atmospheric 
conditions, with compressor efficiency of 0.75, R. = 1 .2 ,  r = 15 .  

Solution : 
P. = 2 .7(14 .7)/1'; = 39.7/ Ti 
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From eq 7-21 ,  

778 (15) Yc cmep = 144 (1 .2)(39.7)(0.24)(520) 14 Ti(0.75) 
= 45,800 Yc/Ti 

Pi/Po from Ti = 520 X 
8 R.8 Fig 7-13 at (1 + :c) cmep 

ft/sec G(r/r - 1)  a = 1200 Yc psi 

10  450 1 . 03 0 . 01 527 0 . 9  
20 900 1 . 12 0 . 03 541 2 . 5  
30 1350 1 . 23 0 . 06 562 4 . 9  
40 1800 1 . 43 0 . 1 1  596 8 . 5  
50 2250 1 . 66 0 . 15 624 1 1 . 1  

a has been taken as constant at 1200 ft/sec, whereas it actually varies as 
49.yT"i. However, the error involved is small . 

ExaInple 7-8. Cylinder Type. Compute the piston area required for 100 
indicated horsepower at 1500 ft/min piston speed for the following Diesel 
cylinder types at standard sea-level conditions, scavenging ratio 1 .2 :  

Type 
(Fig. 7-1)  

G 
(Fig 7-12) 

e. at R. = 1 .2 
(Fig 7-9) 

a conventional loop scavo 
b loop scavo with ex. valve 
c opposed piston 
e poppet valve 

0 . 028 
0 . 020 (est) 
0 . 030 
0 . 024 

0 . 65 
0 . 67 
0 . 70 
0 . 75 

For all cylinders F' = 0.04, TJ' = 0.45, r = 16, compressor efficiency 0.75. 
SolutiQ'l1,: 

R.s 1 .2(25) 15  28. 1  
G(r/r - 1) = -T6C = C 

From Fig 7-13, P';P. is obtained ana "tabulated below (assuming a = 1 160 
ft/sec) . Corresponding values of Yc are tabulated below. Ti = 520(1 + 
Yc/0.75) and p. = 2.7(14.7)/Ti. Both are tabulated. 

F'QcTJ' = 0.04(18,250)0.45 = 329 Btu/Ibm 

Using eq 7-8 and remembering that NVc = �
1 

ApS/2, 
r -

_ 2(100) (33,000)(15)(144) . 2 _ . / 

AI' - 778(16) (15OO)(329)e.ps III - 2.32, e.p. (see tabulation) 
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Type pjP. P./p, Ye T; P. Ap in2 

a 1 . 1 5 0 . 87 0 . 041  548 0 . 0724 49 . 4  
b 1 . 22 0 . 82 0 . 058 560 0 . 0708 49 . 0  
c 1 . 14 0 . 88 0 . 038 546 0 . 0725 45 . 7  
e 1 . 1 6 0 . 86 0 . 043 550 0 . 0721 42 . 9  

Example 7-9. Effect of Cylinder Type on Performance. If the engines 
of example 7-8 are to have 4 cylinders each, with stroke 1 .2 X bore, compute 
the bore, stroke, and rpm of each engine. * If mechanical efficiency is 0.8 and 
the compressor is gear driven, compute the brake horsepower of each . Com
pute the specific fuel consumption at the given power. 

Solution : 

From eq 7-21 ,  

bore2 = 4Ap/41r (see table) 

stroke = (1 .2) bore (see table) 

rpm = 1500( 12)/stroke (2) (see table) 

778 YeP. cmep = 144 ( 1 .2) (0.24)(520) 0.75 = 1080Ycp. 

Taking the latter values from example 7-8, cmep is tabulated below. Com

pressor horsepower is �m:P
3��;6� and this is tabulated below. The brake horse

power is 100 X 0.8 minus the compressor horsepower, as tabulated. 
From eq 1-12,  

Bore, 
Type in 

a 3 . 96 
b 3 . 95 
c 3 . S2 
e 3 . 70 

. 2545 Isfc = 18,020(0.45) = 0.312 

bsfc = isfc (lOO)/bhp (tabulated below) 

Stroke, 
III rpm cmep chp 

4 . 75 1895 3 . 2  3 . 6  
4 . 74 1 900 4 . 47 5 . 0  
4 . 59 1 960 2 . 9S 3 . 1  
4 . 45 2020 3 . 35 3 . 2  

bhp bsfc 

76 . 4  0 . 409 
75 . 0  0 . 416  
77 . 9  0 . 401 
77 . 8  0 . 401  

It may be  noted that at  this moderate piston speed the differences in  size, 
output, and fuel economy between the four types is small, provided the assump
tions are realistic, which they are believed to be. 

* In the case of type (I') four cylinders is interpreted as four pistons. 
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Example 7-10. Scavenging-Pump Types. Compute the performance of 
engine (a) of example 7-9 if it were fitted with a crankcase type of scavenging 
pump whose volumetric efficiency was 0.7. 

Solution: From eq 7-28, assuming atmospheric temperature is 520oR, 

15 ( T ' ) R. "" 
16 52� 0.7 = 0.00134Ti 

Estimate Ti as 540oR, a = 49y540 = 1 140 ft/sec. Then R" = 0.00134(540) 
= 0.725. 

R.s/C(r - l/r) = 0.725(1500)/60(0.028)0.94 = 690 

From Fig 7-13, Pi/Pe = 1 .04. Yo = 0.01 13 and with compression efficiency 
0.75, 

T , = 520 ( 1 + 0.0113) = 546°R • 0.75 

T; was estimated at 540°R. Correcting for the new value, 

R. = 0.00134(546) = 0.732 

At this point, Fig 7-9 indicates e. :::: 0.47. 
Indicated power of engine (a) in example 7-9 was 100 hp, Correcting this 

value for the new values of Ti and e. gives 

P. = 0.0724 ·(i-H) = 0.0723 

'h = 100 (0.0724) 0.47 
= 72 1 P 0.0723 0.65 

cmep = ill (0.724) (0.732)0.24(520)0.01 13/0.75 = 0.54 

bhp = 72(0.8) - 0.54 = 57 hp 

To equal the brake power of the type (a) engine with separate scavenging pump 
at R. = 1 .2, the piston area would have to be increased in the ratio 76.4/57 = 

1 .34 and the bore with four cylinders to 3.96Y1 .34 = 4.6 in .  



 

Heat 
Losses -----,eight 

We have seen in Chapter 5 that the loss of heat from the working 
medium during the compression and expansion strokes accounts for re
ductions in power and efficiency up to about 10% of the power and 
efficiency of the equivalent fuel-air cycle . 

In addition to the heat transferred from the working fluid during the 
compression and expansion strokes, a significant amount is transferred 
to the cylinder structure, thence to the cooling medium, during the ex
haust process. Piston friction is also a source of a measurable amount of 
heat flow. Thus the total heat flow handled by the cooling system is 
much greater than the heat which flows from the gases during the work
ing cycle. 

It is the purpose of this chapter to discuss the question of heat flow in 
engines, both qualitatively and quantitatively, as it affects, and is af
fected by, operating conditions, cylinder design, and cooling-system 
capacity. 

G E N E R A L  C O N S I DE R A T I O N S  

In  the external-combustion power plant, examples of which are the 
steam engine, the steam turbine, and the closed-cycle gas turbine, heat 
must be added to the working fluid to bring it up to its maximum tem
perature. This being the case, at least a part of the surface of one heat 
exchanger must run at an even higher temperature. The physical 

266 
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strength of the material of the heat exchanger at this temperature thus 
limits the maximum cyclic temperature. 

In the internal-combustion power plant, on the other hand, exchange 
of heat is not an essential part of the cycle. For example, many internal
combustion turbines operate with an almost negligible amount of heat 
exchange. In this case parts of the combustion chamber and turbine 
must operate near the maximum cyclic temperature, and limitations on 
this temperature are imposed by strength considerations. 

In the reciprocating internal-combustion engine, however, the tem
perature of the working fluid in the combustion chamber varies with 
time so rapidly that, with the required wall thicknesses, the surface 
temperature would never equal the maximum cyclic temperature even 
in the absence of extenial cooling, However, without cooling, the max
imum cyclic temperature would still be limited by structural considera
tions, and therefore reciprocating internal-combustion engines are always 
provided with cooling systems to control the temperatures of the cyl
inders, pistons, valves, and associated parts. 

Sources of Heat Loss. The cooling process involves flow of heat 
from the gases whenever gas temperature exceeds wall temperature. 
Another cause of heat flow to various engine parts is friction. As is well 
known, mechanical or fluid friction raises the temperature of the lubri
cant and the parts involved, with the result that heat flows to the cooler 
surrounding parts and from there to the coolant. 

Heat losses, both direct and from friction, obviously reduce the output 
and efficiency compared to those of the corresponding fuel-air cycle. The 
study of engine heat losses is important not only from the point of view 
of efficiency but also for cooling-system design and, perhaps most im
pOltant of all , for an understanding of the effect of heat flow on the 
operating temperatures of engine parts. 

P R O C E S S E S  O F  H E A T  T R A N S FE R  

For purposes of this discussion, the following definitions of the usual 
heat-transfer processes are used. * 

Conduction is the process of heat transfer by molecular motion through 
solids and through fluids at rest. This is the mechanism by which heat 
flows through the engine structure. 

Radiation is the process of heat transfer through space. It takes place 
not only in vacua but also through solids and fluids which are transparent 

* For a more complete discussion of the mechanism of heat flow see ref 8.01. 
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to wavelengths in the visible and infrared range. A small fraction of the 
heat transferred to the cylinder walls from the hot gases flows by this 
process. 

Convection is the process of heat transfer through fluids in motion and 
between a fluid and a solid surface in relative motion. This type of heat 
transfer involves conduction as well as bulk motion of the fluid. 

Natural Convection is the term used when the fluid motion is caused by 
differences in density in a gravitational field. 

Forced Convection is the term used to designate the process of heat 
transfer between a fluid and a solid surface in relative motion, when the 
motion is caused by forces other than gravity. Most of the heat which 
flows between the working fluid and the engine parts and between the engine 
parts and the cooling fluid is transferred by this process. 

Heat Transfer by Forced Convection 

Since forced convection accounts for the major part of the heat which 
flows from the gases to the engine parts, a somewhat detailed considera
tion of this process is advisable at this point. 

ExperiInents in Forced Convection. Most of the quantitative 
work on heat transfer by forced convection has been done with fluids 
flowing steadily through tubular passages, arranged as shown in Fig 8-l. 
For the general case of a fluid flowing through such a tubular passage an 
equation of the following form has been used to correlate test results 

� Thermal insulation 
� Heating element (usual ly 

steam or electric) 

Fig 8-1. Typical apparatus for measuring heat flow between a surface and a moving 
fluid: 

Inlet reservoir 
2 Outlet reservoir 
3 Orifice for measuring maRR flow 
4-5 Tubular test section 
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over a wide range of experiments: 

hL = C (OL)n(CpJ.LgO)'" 
k J.Lgo k 

(8-1)  

where h = the coefficient of heat transfer, that is, the heat flow 
per unit time per unit area, divided by a mean dif
ference in temperature between the fluid and the sur
face of the passage 

L = a characteristic dimension of the passage 
k = the fluid coefficient of heat conductivity 
o = the mass flow of gas per unit time, divided by the cross

sectional area of the test passage J.L = the fluid viscosity Cp = the fluid specific heat at constant pressure go = the force-mass-acceleration constant 
C, n, and m = dimensionless numbers which depend on the geometry 

of the flow system and on the regime of flow 

The fraction (OL/ J.Lgo) is the Reynolds number of the flow system. 
Strictly speaking, a Reynolds number has significance only when it is 

Table 8-1 

Viscosity, Prandtl NUlllber, and Therlllal Conductivity of Water 

(For similar characteristics for gases see Fig 8-12) 

Viscosity * 

J.L lbf J.L(Jo Ibm 
Temperature sec ft-2 sec-I ft-I 

OF X 106 X 104 

250 4.0 1.28 
200 6.4 2.06 
180 7.25 2.34 
160 8.36 2.70 
140 9.82 3.16 
120 11.70 3.77 
100 14.30 4.60 

80 18.00 5.80 

* From International Critical Tables, Vol 5. 
t From McAdams, ref 8.01. 

Thermal 
Conductivity t 
Btu/sec ft OF 

X 104 

1.18 
1.12 
1.11 
1.08 
1.06 
1.03 
1.01 
0.98 

Prandtl t 
No 

1.10 
1.86 
2.13 
2.50 
3.00 
3.70 
4.55 
5.90 
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applied to systems of similar shape, in which case the typical dimension 
L can be taken as any dimension of the system, usually a diameter of the 
flow passage. With similar systems, all other dimensions are proportional 
to L. 

The fraction hL/k is often called the Nusselt number, since Nusselt 

500r--------,-------------,-------------.----�_. 

l00�------_+------------4_----��--�------� 

50�------_+------------4,�L-------�------� 

10�------�--���----_4------------_+------� 

5�------_4--��------_4------------_+------� 

<]1> 

4 100,000 2 

Fig 8-2. Nusselt number/Prandtl number vs Reynolds number for heated tubes. 
Various wall and gas temperatures : T.g = 672 - 1749°R; Tg = 563 - 770oR; k, P, 
and Jl. are evaluated at Tsg; T.g = tube surface temperature ; Tg = mean fluid tempera
ture (bulk); P = Prandtl number; Jl. = viscosity. All test points are for air, except 
black dots, which are for water. --hD/k = O.023(R)o.8(p)O.4 (Warren and 
Loudermilk, ref 8 . 12) 

(ref 8.20) was a pioneer in the use of this dimensionless parameter. Like 
the Reynolds number, it contains the characteristic dimension Land 
can be applied with rigor only to systems having similar geometry. 

The fraction (GpJ.Lgo/k) will be recognized as the Prandtl number of 
the fluid. For ordinary gases, this number is nearly constant and equal 
to 0.74. For liquids, the Prandtl number varies with composition and 
temperature. Values of this number together with other thermal char
acteristics for water are given in Table 8-l. 

The practical value of expression 8-1 depends on the observed fact 
that the coefficient Gand the exponents m and n tend to remain constant 
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over a wide range of experimental conditions, for a given shape of the 
flow passage, and provided proper average values are chosen for the fluid 
characteristics and the mean fluid and wall temperatures. 

In practice, the surface temperature of the passage is measured at 
several points and averaged. The fluid temperature is measured in large 
insulated tanks at the entrance and exit of the test section (Fig 8-1 ) ,  and 
the mean gas temperature is computed from these measurements. (See 
refs 8. 1-.) 

The best correlations are obtained when the fluid characteristics are 
taken at the mean surface temperature of the walls, or at a temperature 
which is half way between this temperature and the mean temperature of 
the entering and leaving fluid. (See ref 8 . 12.) 

Figure 8-2 shows correlations of measurements of heat transfer co
efficients in passages of uniform circular cross sections, based on eq 8-1 
for air and for water. The typical di
mension, L, was taken as the diameter 
of the passage. It is evident that at 
Reynolds numbers above 10,000 ex
pression 8-1 ,  with constant values of C, 
n, and m, represents the average re
sults quite well for both fluids. The 
dispersion of points is normal even for 
the most careful heat-transfer measure-
ments. 

Heat Exchanger 

As a next step in our analysis let us 
take two passages with a common wall, 
as illustrated in Fig 8-3. Let it be as
sumed that a hot gas flows through 
one passage and a cooler fluid, which 
may be a gas or a liquid, flows through 
the other. 

Fig 8-3. Heat exchange through 
a common wall section. Cross-
sectional view, with flow normal 

Let the subscript g apply to the gas to plane of drawing. 
and the subscript c apply to the coolant 
or fluid in the other passage. Let it be assumed that we can identify 
a section of the common wall between the passages such that all the heat 
which passes into this section from its surface, the area Ag  on the gas 
side, passes out from the area Ac  on the coolant side. In other words, 
let it be assumed that the net flow of heat through the dashed-line 
houndaries of the wall section shown in Fig 8-3 is zero. 
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The following symbols are used in this analysis : 

Q = the quantity of heat which flows, per unit time, through the 
surfaces Ag and Ae 

Te = the mean temperature of the coolant passing over the area in 
question 

Tg = the mean temperature of the gas passing over the area in ques-
tion 

Tsg = the mean surface temperature of the area Ag 
Tse = the mean surface temperature of the area Ae 
kw = the conductivity coefficient of the material of the wall section 

(dimensions Qt-I L -I) 
h = a heat-transfer coefficient, as already defined 
t = the thickness of the wall between Ag and Ae 

For the heat flow from the gas to the area Ag we can write 

Q/Ag = hg(Tg - Tsg) (8-2) 

Heat flow through the wall will be by conduction . With a uniform 
wall thickness, if heat flow is normal to the surfaces, we can write 

. kw 
Q/ Ag = [(Tog - Toe) 

Finally, for the heat flow from wall to coolant, 

Q/ Ae = he(Toe - TJ 

(8-3) 

(8-4) 

Equations 8-2, 8-3 , and 8-4 are evidently three simultaneous equations 
which express the heat flow in question. They can be combined to yield 
several useful expressions in the consideration of heat flow in engines. 

1. Heat flow per unit area of inner surface: 

1 
(8-5) 

2. Inner (hot) surface temperature: 

(8-f» 

3 .  Temperature difference across the tube wall: 

t/kw 
(8-7) 
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Having developed these relations * for the system shown in Fig 8-3, 
let us see how they can be used in connection with problems of heat flow 
in internal-combustion engines. 

Heat Transfer in Engines 

The process of heat-flow between the working fluid and the cooling 
medium of an engine can be approached by means of the assumption 
that it is analogous to the heat flow process in the heat-exchanger 
previously described. The differences in detail between the engine and 
the heat exchanger may be listed as follows: 

1. An appreciable fraction of the heat transferred to the cylinder walls 
and exhaust system is by radiation rather than by conduction. 

2. The rate of fluid flow on the gas side is unsteady. 
3. The geometry of the flow system is irregular and changes period

ically as the crankshaft rotates. 
4. Gas temperatures vary widely with position in the system and 

change periodically with crankshaft position. 
5. Conductivity of the walls varies with location and with the amount 

of oil, carbon, or other deposits on the inside and outside surfaces. 
6. The surface temperatures on both the gas and coolant sides vary 

from point to point in an irregular manner, and there is a small, but ap
preciable, variation of these temperatures with time (or crank angle) . 

7. Some of the heat transferred to the cylinder barrel is due to piston 
friction. 

8. Heat flows along the cylinder walls from hotter to cooler points. 

These considerations would indicate that analysis of heat flow in 
engines is a problem of formidable proportions. Fortunately, by the use 
of the heat-exchanger relations, together with appropriate approxima
tions, a method which gives useful results may be developed. First, 
however, it is necessary to discuss the above items in more detail. 

Radiation. Under the conditions existing in an engine cylinder it 
would appear that radiation can play an appreciable part in the heat 
transfer process only during combustion and expansion, that is, when the 
gases are inflamed. 

Investigations of the radiation from engine combustion flames (refs 
8.2-) have shown that the emissivity of the flame varies, both in total 

* Note that the assumption of uniform wall thickness and heat flow normal to the 
surfaces makes areas Ag and Ac equal. However, it is convenient to carry the ratio 
Ag/ Ac in the above equations for later reference. 
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intensity and in wavelength distribution, with time, with fuel-air ratio, 
with fuel composition, and with the amount of detonation present. 
Measurements indicate that radiation may account for 1 to 5% of the 
heat loss in engines. Although the probable error in such measurements 
is considerable, it seems safe to conclude that radiation accounts for 
only a small portion of the heat transferred from the gases to the engine 
parts. If this is true, no serious quantitative error will be introduced if 
the heat transferred by radiation is assumed to be included in a hypo
thetical convection process. 

Geometry. The shape of the gas and coolant flow systems in an 
engine is so complex that theory cannot predict in detail the flow patterns 
or temperature patterns involved. However, experience with steady
flow systems has shown that with proper choice of mean values systems 
with irregular but similar geometry can be correlated by means of equa
tions of the type developed for tubular passages. This experience leads 
to the hope that for a given cylinder, or for a series of similar * cylinders, 
equations similar to those developed for tubular passages will be found 
useful. 

Temperatures. The variation of temperature with time and position 
can be handled by defining each temperature as a mean effective tempera
ture, that is, the equivalent steady, uniform temperature which would 
result in the observed rate of heat flow over the same surface area. 
Methods of estimating such temperatures are discussed later. For the 
present only the definition is important. 

Heat of Friction. Some of the heat which flows from the cylinder 
barrel is caused by piston friction. In the heat-transfer equations which 
follow it is assumed that Q includes only heat transferred from the gases. 
Obviously, friction will not have an appreciable influence on the heat 
transferred to cylinder parts other than the barrel . 

B A S I C  E N G I N E  H E A T - T R A N S F E R  E QU A T I O N S  

Bearing in  mind the definitions and limitations already discussed, let 
us assume that relations 8-1-8-7 can be applied to the heat-flow process 
from the gases to the coolant of an internal-combustion engine in the 
following manner : 

Let the area Ag  represent a part of the cylinder-wall surface exposed 
to the hot gases, such as a portion of the inside surface of the cylinder 
head. Let Ac  represent an area on the coolant side so chosen that it 

* Similar cylinders have the same shape and use the same materials for correspond
ing parts. For a more complete discussion of similitude see Chapter 1 1 .  
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transmits to the coolant only the heat received by Ag• Let t be the 
average length of the heat-flow path between Ag and Ae, and let kw be 
the average coefficient of conductivity of the path. Let the typical 
length be the bore, b, and let the Prandtl number be a constant for both 
gases and coolant. The latter assumption is true for the gases and when 
air is used as the coolant. It is also true for a given liquid coolant over 
the small range of temperature used in a given practical case. 

With these assumptions we can write an equation similar to 8-1: 

lib 
- = KRn 
k 

(8-7a) 
The above relation applies to the gas side or coolant side of a given 
section of the cylinder. K in either case is cpm, where C is a dimension
less coefficient similar to C in eq 8-1 and P is the appropriate Prandtl 
number. 

Equations corresponding to 8-5, 8-6 and 8-7 may then be written as 
follows : 

1. Heat flow per unit area of surface: 

(8-8) 

2. Inner (hot) surface temperature: 

(8-9) 

3. Temperature difference across wall: 

(8-10) 

In these equations, 

Q = the heat flowing per unit time through the areas, Ag and Ac  
Tg = the mean effective gas temperature over the surface Ag 

T.g = the mean temperature of that surface 
Tc = the mean coolant temperature over the surface Ac 

T.e = the mean temperature of that surface 
R = the local Reynolds number, (Gb/!J.go), G being measured at the 

flow cross section adjacent to the area in question, on the gas 
and coolant sides respectively 

kg = the gas coefficient of conductivity 
kc = the coolant coefficient of conductivity 
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It will be noted that, in order to obtain the fraction on the right side 
of the equality sign, in each case the numerator and denominator in the 

8000 ,--,---.,.---,---y,---,---,---, 

Fig 8-4. Gas-side heat transfer coefficient and cylinder-head surface temperatures 
vs gas-side Reynolds number for three similar engines. For description of engines see 
Fig 6-15. T; = 634°R; FR = 1 . 17;  Tc = 630°R. (Toong et al., ref 8.47) 

heat-exchanger equations, eqs 8-5, 8-6, and 8-7 have been multiplied by 
the fraction kg/b. 

Validity of Eqs 8- 8 to 8-10. Figure 8-4 shows measured values of 
hgb/kg, Tsg, and T.c plotted against gas-side Reynolds number for the 
three geometrically similar engines at MIT. (See refs 8 .42-8.44.) 
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For these tests Tog and Toe were measured at corresponding points 
near the gas-side surface and coolant-side surface of the cylinder heads. 
Tg and Te were held constant. h was the heat transferred per unit time 
to the cylinder-head coolant, divided by Ap(Tg - Tag) . 

Coolant-side Reynolds and Prandtl numbers were constant and the 
same for all three engines. The cross-sectional area used in computing 
Reynolds numbers was the piston area, and the typical dimension was 
the bore, b. 

For the similar engines tlb is constant. so that the only variables beside 
gas-side Reynolds number were h, Tag , Toe, and the bore. 

Allowing for the unavoidable inaccuracies of heat-transfer measure
ments, Fig 8-4 shows satisfactory agreement with the theoretical rela
tions. 

Another support for the validity of eqs 8-8-8-10 is that the ratio of 
Ag to piston area obtained by substituting measured values of Q, Tog , 
and Tae in these equations turned out to be nearly the same ( =  2.0) for 
each test point shown in Fig 8-4. (See ref 8.43 . )  

Work by the NACA along similar lines also gives confirmation of  the 
validity of the heat-exchanger equations as applied to internal-combus
tion engines. (See refs 8.3-.) 

Another confirmation was obtained by Ku (ref 8.45) who exposed a 
water-cooled heat collector in the combustion chamber of an engine in 
operation. This work showed that the heat transfer coefficient between 
gases and heat-collector surface followed a relation similar to expression 
8-1 with n "-' 0.5. 

In all the foregoing work the values of n for both gas and coolant have 
been found to lie in the range of 0.5-0.9. 

General Implications of Engine Heat- Transfer Equations 

Having established their validity, but without attempting to assign 
particular values to the terms of eqs 8-8-8-10, we find it possible to use 
these relations to draw important conclusions regarding engine heat 
flow and wall temperatures. These equations are arranged to show 
effects on the three primary desiderata in engine heat-flow and cooling, 
namely : 

1. Heat loss per unit area, QIAg. From considerations of engine ef
ficiency and cooling-system capacity, it is evidently desirable to hold 
this quantity to a minimum. 

2. Inner surface temperature, Tag. This temperature is limited by con
siderations of strength and durability of the material and, in the case of 
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the cylinder bore and valve stems, by the necessity of maintaining a 
bearing surface free from excessive friction and wear. 

3. Temperature difference between hot and cool surfaces, (Tog - Toe). 
It may be shown (refs 8.5-) that with a given pattern of temperature 
distribution the stresses due to thermal expansion in a solid body of a 
given material are proportional to the difference in temperature between 
two points in the body. * This relation holds true for bodies of different 
size, provided their shape, material, and pattern of temperature distribu
tion remain the same. By applying these fundamental relations to the 
case of an engine cylinder, we may assume, as a working approximation, 
that the pattern of temperature distribution is dependent chiefly on 
shape and material. If this is the case, for a given design using given 
materials, we may conclude that stresses due to thermal expansion will 
be proportional to (Tog - Tse). Thus it may not always be advisable 
to reduce hot-surface temperature by methods which, at the same time, 
increase the difference in temperature between the hot and cold surfaces. 

Effect of Engine Output. As we have seen, maximum power output 
of an engine occurs when the rate of gas flow is maximum (maximum Gg) 
and when the fuel-air ratio is that for maximum power. In chapters 4 
and 5 we have seen that the fuel-air ratio for maximum power is also 
nearly that which gives maximum combustion and expansion tempera
tures and therefore has the maximum probable value of Tg in the fore
going equations. From these considerations and from eqs 8-8-8-10 it is 
obvious that maximum heat flow, Q/ Ag, and maximum values of Tsg 
and (Tsg - Tse) will generally occur at maximum engine output. Max
imum output is, therefore, the condition of primary interest in any dis
cussion of heat losses and cooling. 

It would be desirable to establish maximum output from considera
tions other than cooling. With good design, this is usually possible, un
less very high specific outputs are desired, as in supercharged engines or 
with very large cylinders. In such cases, in spite of careful design, 
temperatures may set a limit on the maximum output allowable. 

Local Temperatures. Let us assume that a particular cylinder is 
being operated at given values of fuel-air ratio, coolant temperature, and 
mass flow of gas and coolant. Under these conditions, expressions 8-9 
and 8-10 show that both Tsg and (Tsg - Tor;) will be high where local 
values of Tg, Rg , and the fraetion t/kw are large. Locations in which 

* For a given shape and temperature pattern thermal stress is a function of the 

elastic modulus, Poisson's ratio, coefficient of thermal expansion, and a typical tem

perature difference. 
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such conditions prevail are the following: 

1. A poppet exhaust valve. T g is high because much of the surface is 
exposed to the gases during exhaust, as well as during combustion and 
expansion. Gas velocity, and therefore local Reynolds number, is 
especially high during the exhaust process. The relative path from hot 
surface to coolant, t, is long, and kw is low, both because of the material 
and configuration of the valve and because heat received by the valve 
must pass from one part to another at the valve seat and valve-stem 
surface. 

It is evident that the poppet exhaust valve presents serious cooling 
difficulties. Fortunately, however, design and materials have been de
veloped so that exhaust valves can be allowed to operate at surface 
temperatures up to 1400°F (18600R) . Figure 8-5 �hows measured ex
haust-valve temperature plotted against Rg for an aircraft engine. 

2. Exhaust-port bridges on two-stroke engines. These operate with 
values of gas temperature and gas velocity similar to those of the poppet 
exhaust valve. However, they are limited to much lower surface tem
peratures because they form part of the piston bearing surface. For
tunately, for a given bore the path length is smaller than in the case of 
the poppet exhaust valve. With liquid cooling, there is the possibility 
of circulating coolant through the bridges, but, with air cooling, exhaust
port bridges may present serious cooling problems unless cylinder size is 
kept small. 

3. Piston crown. Unless the piston crown is directly cooled by a 
liquid, it is evident that the heat-flow path from the center of the crown 
to the nearest cooled surface (the outer cylinder wall surface) will be 
long and the effective value of t/kw will be large. 

4. Spark-plug points. These obviously have especially large values 
of t/kw. On the other hand, they can be allowed to run very hot, the 
limiting temperature usually being that which causes pre-ignition. 

Effect of Cylinder Size. Equations 8-8-8-10 and also Fig 8-4 
indicate that when cylinders of similar design, but of different size, are 
run at the same gas and coolant temperatures and the same gas and 
coolant Reynolds numbers Q/ Ag will be inversely proportional to the 
bore and temperatures at corresponding points will be the same. Under 
such conditions, gas flow and power output would be proportional to 
the bore, and heat loss per unit mass of gas would be the same for all 
sizes. Such operation would place a large handicap on big cylinders, 
since their weight and volume per unit of power output would increase 
as b2• 
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Fig 8-5. Exhaust-valve temperature VB gas-side Reynolds number : Tg = from Fig 
8-9, curve (c); Te = reading of thermocouple in exhaust pipe; T.g = temperature of 
exhaust-valve face; T.e = temperature of exhaust-valve guide at its mid-section; To = coolant temperature (80 °F) ; 678 x 7 in air-cooled cylinder ; F = 0.08; 2200 rpm. 
(Sanders et al., ref 8.381) 

In practice, for a given type of service, cylinders of different size tend 
to be operated at the same mean piston speed, the same inlet and ex
haust pressures, and the same gas and coolant temperatures. (See 
Chapter 1 1 . ) Under these circumstances, G will be the same and the 
Reynolds number will be proportional to the bore. Since n is less than 
one, it is evident that under these circumstances Q/ Ag  decreases as bore 
increases, T sg increases as bore increases, T sg - T sc increases as bore 
increases. Figure 8-6 confirms these conclusions. 

Cooling Problellls with Large Cylinders. From the foregoing 
considerations it is evident that in practice large cylinder size could in
volve serious problems due to high surface temperatures and large tem-
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Fig 8-6. Cylinder-head surface temperatures of three similar engines vs piston speed : 
Pi = 14.0 psia; Ti = 150°F;  P. = 14.0 psia; F = 0.078; F/Fe = 1 .175 ;  bpsa; Te = 
150°F; he constant. j 6-in cylinder, 180°F 

(Tag - Tac) at 1800 ft/min 4-in cylinder, 140°F 
2}+in cylinder, 125°F 

(Replotted from Fig 8-4) 

perature differences. The effect of increased cylinder size is most quickly 
felt in the case of surfaces for which the heat path is relatively long. 
Examples are the exhaust valve and the piston crown, already men
tioned. 

To avoid excessively high temperatures and thermal stresses, the de
tail design of cylinders is changed as size increases. Figure 8-7 shows how 
structures such as the exhaust valve, cylinder head, and piston crown 
can be modified to insure an acceptable value of t/kw while still retaining 
the necessary structural strength. The general method is to separate 
the structural components from the heat-transferring wall and therefore 
avoid the necessity of increasing the wall thickness in proportion to the 
bore. 

Even with the use of all these expedients, however, when very large 
cylinders are used, as in some marine and stationary Diesel engines, Gg 
and Tg may have to be limited in order to avoid excessive temperatures. 
Such conditions are accomplished by limiting the mean piston speed 
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Fig 8-7. Changes in design to avoid high thermal stress as cylinder-bore increases. 

(which limits Gg) and by using low fuel-air ratios to limit Tg. Thus 
eqs 8-8-8-10 show one important reason why the specific output * of 
engines with very large cylinders tends to be lower than that for engines 
with smaller cylinders designed for the same type of service. (See 
Chapter 11.) 

Use of High Conductivity Materials. From the point of view of 
minimizing T.g and (T.g - T.c) ,  the use of materials of high conductiv
ity, which thus increases the value of kw, is attractive. This effect ac-

* Specific output is defined as power per unit piston area. See Chapter 11 for a 
full discussion. 
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counts for the popularity of aluminum as a piston material and as a 
cylinder-head material for air-cooled cylinders. However, it must not 
be assumed that aluminum should always be used, since it has disad
vantages in respect to strength (especially at high temperatures), co
efficient of expansion (three times that of iron or steel), and hardness. 

Effect of Design Changes on Telllperature and Telllperature 
Difference. To give some idea of magnitudes applying to the fore
going discussion, Table 8-2 shows estimated effects on Tsg and on 

Table 8-2 

Effect of Changes in Heat-Flow Parallleters on Tsg 

Decrease Decrease 
Lower Tc B t/bkw 

Surface Base Value by 100°F 50% 50% 

Exhaust 
valve 1354 * 

Iron cylin-
der head 478 t 

Aluminum 
cylinder 
head 326 t 

* T8g when T g = 2230, 
t T8g when T g = 1180, 
B = (KRnA)gj(KRnA)c 

T8g OF 

1312 

Tc = 200, 
Tc = 180, 

408 

241 

1348 1022 

468 366 

310 270 

Ggo.5b-o.5t/kw = 50 } see eqs 
GgO.65b-o.35t/kw = 5 8-8-8-10 

(Tsg - Tse) of arbitrary changes in Te, hg/he, Ag/ Ae, and t/kw, for the 
case of a poppet exhaust valve, an iron cylinder head, and an aluminum 
cylinder head. Reduction in t/kw is effective in each case. On the other 
hand, it is important to note that the exhaust-valve temperature is not 
at all sensitive to changes in the other variables. This characteristic 
will hold for other points at which the local values of t/kw are large; this 
includes the spark-plug points and the crown of a piston not directly 
cooled by oil or water. 

Quantitative Use of Engine Heat-Flow Equations 

Evaluation of Mean Gas Telllperature. Quantitative use of eqs 
8-8-8-10 requires evaluation of the mean gas temperature, Tg. One 
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possibility of determining T g is by operating an engine in such a way 
as to measure typical values of Q vs T 8g, under circumstances in which 
hg and Tg are known or believed to remain constant, and then to solve 
eq 8-2 for T g .  

This method has been followed in tests made under the author's direc
tion. T8g was varied by varying the coolant temperature, in which case 
Tg and hg should not change. The results are given graphically in Fig 
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Fig 8-8. Method of evaluating Tg : Qh * is heat flow to cylinder-head coolant per unit 
time; b is cylinder bore. (Toong et aI., ref 8.47) 

8-8. The plotted points are based on measurements of Q, from the cyl
inder head only, together with readings of a thermocouple embedded in 
the cylinder head near its inner surface. The solution for T g for each 
group of points is given by the intercept of the dotted line on the hor
izontal axis. The main uncertainty of this method is whether the point 
chosen for measuring T8g is typical for the portion of the cylinder in 
question, in this case the whole cylinder head. 

The curves of Fig 8-9 have been determined by the method shown in 
Fig 8-8, or by methods similar in principle. (See references.) The 
shape of each curve is as expected from the variations of cyclic tempera
tures with fuel-air ratio discussed in Chapter 4. It is evident that the 
value of T g obtained depends on where the measurement of T 8g is made. 
Correlations of engine heat-loss data which appear later in this chapter 



2400 

2200 

2000 

1 800 

1 600 

u... 1400 0 
.. 

Eo< 1 200 

1000 

800 

600 

400 

200 

BASIC ENGINE HEAT-TRANSFER EQUATIONS 285 

JI'-.. • 
,/ � � 

!. 
� 

f"l 
"�. 

� 
V � 

� 

i� 
� �d) 

�-1--><; t--� 
'" 

� ./ r.... 

� 

./ V 
o 0.2 0.4 0.6 0.8 1 .0 1 .2 1.4 1 .6  1.8 2.0 

FIFe 
Fig 8-9. Mean effective gas temperatures VB fuel-air ratio :  Ti = 80°F; Pe = 14.7 
psia. 

Curve Engine Part Cooling Reference 

(a) aircraft cyl L 8.36 

(b) Diesel cyl L 8 ,46 

(c) aircraft ex valve A 8.35 

(d) aircraft head A 8.34 

X 81M * head L 8,43 

* Three MIT similar engines, ref 8,43. For other values of Ti, Tg = Tg80 + 0.35 
(Ti - SO). 

indicate that curves (a) and (b) give a good approximation of the mean 
effective gas temperature vs fuel-air ratio for the whole cylinder assembly 
for most types of engine with normal atmospheric exhaust pressure. 

Correction of Tg for Inlet Temperature. It is apparent that 
T g will vary with the inlet temperature, other things remaining the same. 
To correct the values of Tg given in Fig 8-9 to values of Ti, other than 
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80°F, ref 8 .37 shows tha.t the following relation may be used: 

Tg = Tg80 + 0.35 (Ti - 80) (8-11) 

All temperatures are in of. Tg80 is the value of Tg from Fig 8-9 .  
Correction of T g for Exhaust Pressure. Reference 8.36 shows 

that Tg increases somewhat with increasing exhaust pressure, other 
operating variables remaining the same. Figure 8-10 can be used when 
exhaust pressure is not equal to 1 atm. 

Operating variables other than fuel-air ratio and exhaust pressure 
seem to have minor effects on Tg. The fuel-air-ratio effect follows from 
our knowledge of cycle temperatures, discussed in Chapter 4. The in
creasing value of T g with increasing P. is due to the higher average 
temperature of residual gases and exhaust gases as their expansion ratio 
after leaving the cylinder decreases. (See Fig 4-5, i3 . )  

Coolant Temperature. In practice, the coolant is  circulated at a 
sufficiently rapid rate so that its rise in temperature as it passes through 
the engine is not large (20°F for liquid cooling and 5O-100°F for air 
cooling are typical values at rated power) . The arithmetic mean of the 
inlet and outlet temperatures is usually taken as the coolant tempera
ture, Te. 

Coolant Prandtl Number. Work by the NACA (ref 8.37) shows 
that the value of m in eq 8-1 is about 0.35 for engines. (See Table 8-1 
for values of the Prandtl number. )  
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Fig 8-10. Mean gas temperature VB fuel-air ratio and exhaust pressure, Ti = sooF. 
Solid lines from ref 8.36 and Fig 8-9, dashed lines estimated. For other values of Ti, 
Tg = Tg80 + 0.35 (Ti - SO). 
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Surface Temperatures. As we have seen, temperatures near, but 
not at, the gas-side and coolant-side surfaces can be measured by means 
of thermocouples. To obtain an average over any considerable portion 
of the cylinder assembly requires a considerable number of such couples. 
In much of the work on engine cooling Tsg and Tsc have each been 
measured at a single point (as in the work illustrated by Figs 8-4 and 
8-8). With this method, values of the coefficients and exponents in eqs 
8-8-8-10 and of the heat transfer coefficients on the gas and coolant side 
will depend on the location of the points chosen for measuring the sur
face temperatures. 

Surface Areas . In the case of the whole cylinder, or an isolated 
cylinder head, areas corresponding to Ag and Ac  can be  measured. Ex
cept for these two cases, accurate evaluation of Ag and Ac  is not usually 
practicable. However, the ratio Ag/ A c  can be computed from the 
equations when values of the other variables have been established. 
(See ref 8.43.)  

Heat Conductivity and Heat-Path Length. These quantities 
are difficult to evaluate except for thin walls of considerable extent, such 
as a section of cylinder head or cylinder wall . 

Heat Trans fer Coefficient. Obviously, values of hg and he deter
mined from eqs 8-8-8-10 will be valid only within the limitations on 
evaluating the other terms in these equations. References 8.3(}-8.47 
report evaluations based on particular methods of defining Tg and the 
surface temperatures. 

Heat Flow. Quantitative confirmation of eq 8-8 is obviously limited 
to conditions under which Q can be measured. This measurement is 
possible for a whole cylinder, or engine, by taking measurements of all 
the heat lost (to coolant, oil, and atmosphere) and subtracting the heat 
of friction. Wherever cylinder heads are separately cooled, measure
ment of heat flow to the head coolant gives values of Q free from friction 
effects and from heat escaping to the oil. Data of this kind may be 
found in refs 8.20-8.491 .  Especially valuable in this respect is ref 8.47. 

O V E R - A L L  H E A T - T R A N S F E R  C O E F F I C I E N T  

In  most practical cases data sufficient to  evaluate the coefficients in 
eqs 8-8-8-10 are not available. However, when interest centers on the 
total quantity of heat which is given up by the gases, rather than on local 
values of heat flow and temperature, the simplified approach which 
follows has proved very useful. 
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Let us define an over-all engine heat-transfer coefficient by the follow
ing relation : 

(8-12) 

Let it further be assumed that he can be expressed in a manner anal
ogous to that of eq 8-1: 

(8-13) 

In the above equations, 

Q = heat lost from the gases per unit time 
Ap = piston area (chosen, for convenience, as the reference area) 
Tg = mean effective gas temperature 
Tc = mean coolant temperature 

IL = gas viscosity, measured at Tg 
b = cylinder bore 

kg = gas conductivity measured at T g 
G = gas flow per unit time divided by the piston area 

cf>Rg = a function of the gas-side Reynolds number 

From eq 8-8 we see that Q, and, therefore, he, will also be a function 
of t/kw and the coolant-side Reynolds number. However, within the 
usual range of engine design and operation these variables appear to have 
only a limited influence. 

Figure 8-11 shows heb/kg against Rg for a large number of engines, in
cluding many different types, over a wide range of piston speed, fuel-air 
ratio, and inlet density. Cylinder bores range from 2t to 28 in. Values 
for Tg were obtained from curves (a) and (b) of Fig 8-9. Viscosity and 
conductivity for the gases were taken as the value for air at temperature 
Tg. Values of Tg, IL, and k used are plotted in Fig 8-12 vs F /Fc• 

Values of Q for Fig 8-11 were obtained from measurements of heat 
to the coolant, plus heat to the oil, minus heat of friction, wherever these 
data were available. In many cases only heat to the coolant was given. 
In these cases it was assumed that heat to the oil equaled the heat of 
friction, that is, Q was taken as the heat to the coolant only. 

From Fig 8-11 it appears that the following expression represents the 
average quite well: 

heb ( Gb)O' 75 - = 10.4 - (8-14) 
kg jJ.go g 

The dispersal of the points about the average is little greater than for 
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Fig 8-11. Engine over-all Nusselt number vs gas-side Reynolds number for com
mercial engines. 
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heat-transfer experiments with steady flow in tubes, when the work of 
different experimenters is included. (See refs 8 . 1-.) It is interesting 
to note that Fig 8-11 does not show a significant separation between 
two-stroke and four-stroke engines. 

A combination of eqs 8-14 and 8-12 gives 

� = 10.4 
kg (T _ T )R 0 .75 

A b g c g 
p 

(8-15) 

Expression 8-14 makes possible a reasonably accurate prediction of 
engine heat loss whenever fuel-air ratio and mass flow are known or can 
be estimated. 

For a given engine operating at a given fuel-air ratio eq 8-15 can he 
written � = K.GgO.75(Tg - Tc) 

p 

(8-16) 
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Ratio of Heat Loss to Heat of Combustion. This ratio is of 
interest in heat-balance computations. The heat of combustion of the 
fuel per unit piston area per unit time can be expressed as 

(8-17) 

where F is the fuel-air ratio and Qc is the heat of combustion per unit 
mass fuel. 

Dividing expression 8-16 by 8-17 gives 

Q KeGg -O .25 (Tg - Tc) ( 1 + F) 

Qf FQc 
(8-18) 

Ratio of Heat Loss to Power. 
pow�r is equal to J(i!',.,. 

From the definition of efficiency, 

Therefore, JQ 
P (8-19) 

The power, P, and the efficiency, 'YJ, may be indicated or brake values, 
as desired. Generally, indicated values of JQ/P are given wherever 
possible, since the indicated efficiency tends to remain constant over 
wide ranges of engine operation. Brake values can be computed by 
dividing by the mechanical efficiency. The brake values are of con
siderable practical importance because, by their use, the conditions for 
minimum heat loss for a given power output can be determined. 

E F F E C T  O F  O P E R A T I N G  V A R I A B L E S  O N  
H E A T  L O S S  T O  C O O LA N T  

The heat dissipated by an engine can be  expressed as follows: 

Qt = Q + Pm/J = Qj + Qo + Qr 
where Qt = total heat dissipated per unit time 

Q = heat lost by the gases 
Pm = power lost in mechanical friction 
Qj = heat to the coolant radiator 
Qo = heat to the oil radiator (if any) 

(8-20) 

(8-21)  

Qr = heat escaping directly from the engine, sometimes called 
"radiation" 
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The distribution of the total heat flow between j acket cooling, oil 
cooling, and direct cooling varies with design and with the arrangement 
of the cooling system. When engines have no separate oil radiator Qo 
is zero, and both Qj and QT are larger than they would be if a separate 
oil radiator were installed. In general, most small gasoline engines use 
1 1 0  oil radiator, and the oil is cooled partly by the jacket water (or air) 
and partly by direct loss from the engine. 

0.50 
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0 .30 

. c;-:&-
0.20 

0 . 10  

0 
0 

- - - - 13 x 16� in four-stroke Diesel. 1640 It/min  piston speed -, - same engine, 1 820 It/mi n  --- 1 6  x 20 in  two-stroke Diesel, 1000 It/min  

� 
(from private sources) 

'� . ... � ' --'-::r-- '-) Total 
..... .... ,,' (to oi l  - - _ _ _ ."" and water) -- - - --

---a-.- '_ . -0..- '_ } ' ---0.-- Oi l  _ _ _ _ _ - - only 

20 40 60 
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80 100 

Fig 8-13. Heat loss of two Diesel engines. 

1 20 

In gasoline engines of high specific output, such as aircraft and tank 
engines, separate oil coolers are always used. This practice is also 
general for Diesel engines in which the pistons are cooled by special oil 
circulation or spray systems. 

Figure 8-13 shows Qj and Qo for a Diesel engine with oil cooling of the 
piston. 

The curves presented to show the effect of engine variables on heat 
loss are in most cases based on measurements of Qj only. However, they 
can be taken as giving the relative effect of the same variables on the heat 
lost from the gases, Q. The principal uncertainty here is that frictional 
heat may change this relation. 

Piston Speed and Inlet Pressure. As shown in Chapters 6 and 7, 
these two variables chiefly affect gas flow, G *, with little effect on in-

* From this point on the symbol G refers to gas flow per unit time per unit piston 

area, with or without the subscript g. 
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Fig 8-14. Heat to water jackets of spark-ignition engines. 

dicated efficiency over the usual range of operation (provided fuel-air 
ratio is held constant) . With Pi proportional to a, both JQ/Pi and 
Q/Q/ will vary as an-I . 

Figure 8-14 shows heat transfer parameters plotted against a for 
typical spark-ignition engines. 

Effect of Exhaust Pressure. When exhaust pressure is the only 
independent variable both gas flow and Tg are affected. Figure 8-10 
shows the relation of Tg to exhaust pressure for a four-stroke spark
ignition engine, and Fig 8-15 shows the effect of Pe on jacket heat losses 
when mass flow was held constant by appropriate variations in the inlet 
pressure. In two-stroke engines exhaust pressure cannot be varied in-
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dependently of inlet pressure without large effects on G and on engine 
output. (See Chapter 7.) 

Effect of Fuel-Air Ratio (Fig 8-16). Here there are three im
portant influences, namely, the resultant changes in T g, in F, and in 
efficiency. 

The effect on Q/QJ curve reflects simultaneous changes in Tg and rate 
of fuel flow. The shape of the JQ/Pi curve is the result of the latter 
change and the change in efficiency. The latter curve shows why both 
rich and lean mixtures are effective in reducing engine temperatures at 
a given-power output. 

In unsupercharged engines the choice of fuel-air . ratio is usually 
dictated by power requirements rather than by heat-loss and tempera
ture considerations. On the other hand, with supercharged engines, 
advantage can be taken of the low ratios of JQ/Pi characteristic of rich 
and lean mixtures, since the required power can be obtained by the 
proper choice of supercharger capacity. The following table illustrates 
this point : 

Typical Values of FIt 

Type Regime U nsn percharged Supercharged 

Aircraft take-off 1 . 2  1 . 4  
Aircraft cruise 1 . 0  0 . 8  
Diesel rated 0 . 6  0 . 4-0 . 5  

The notion that engines overheat with lean mixtures is probably derived 
from the fact that the carburetors of many gasoline engines are set to 
give FR about 1 .2. Figure 8-16 shows that if the carburetor is adjusted 
to give FR """" 1 .0 and the same power is developed overheating may 
result. 

Effect of Spark Advance (Fig 8-17). Increasing spark advance 
increases the time during which the cylinder walls are exposed to hot 
gases. Thus advancing the spark effectively increases T g and Q/ Ap. 
Q/QJ follows the same trend because the denominator is constant. 

The curve of JQ/Pi reflects changes in efficiency as well as changes in 
Tg. 

CODlpression Ratio (Fig 8-18). Although not strictly an operating 
variable, compression ratio is here classed as such because changes in 
compression ratio can easily be made in spark-ignition engines. Here 
the principal variables are Tg and efficiency. Tg decreases as compres
sion ratio increases on account of the lowering of exhaust temperatures. 
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(See Fig 4-5, h I ,  il . )  This decrease in T g reduces QI Ap and QIQ" since 
the denominator in each case remains constant. JQIPi decreases faster 
than the other two parameters because 7Ji increases as compression ratio 
increases. The effectiveness of a high compression ratio in reducing 
heat flow at a given power output is apparent in Fig 8-18. It should be 
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Fig 8-17. Effect of spark timing on heat loss : CFR liquid-cooled engine; r = 6 ;  
s = 900 ft/min; P i  = 1 4 . 2 ;  P .  = 14.8 psia; FIFe = 1 .2 ;  Te = 1 70°F. (Sloan Auto
motive Laboratories) 

remembered, however, that this reduction in heat flow is confined chiefly 
to those parts exposed to the exhaust gases and that heat flow through 
the cylinder head may actually increase because of the increased max
imum temperatures. (See Fig 4-5, gl . )  

Effect o f  Detonation. Experiments to date on the effect of detona
tion on heat loss to the cooling medium are fragmentary and have 
yielded conflicting results. This is due in part to the technical diffi
culties involved in heat measurements of this kind and in part to the 
fact that in most of these experiments the intensity of detonation has 
been controlled by an independent variable, such as spark advance or 
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fuel-air ratio, which itself has had a pronounced effect on the heat loss. 
However, such experiments generally agree on the following points : 

1 . The temperature of spark plugs, or of a thermal plug in the cylinder 
head, increases with increasing intensity of detonation. 

2. Severe detonation sustained over long periods often results in 
burning of aluminum pistons and cylinder heads in a region which appears 
to be adjacent to the detonating zone. 

There is some uncertainty regarding the apparent effect of detonation 
on the rate of heat transfer to the cooling medium : some experiments 
(ref 8.6) show a negligible effect, whereas others indicate a significant 
increase . After rather exhaustive study of such tests, 
supplemented by general experience with engines in operation under 
controlled conditions, your author has come to the conclusion that 
detonation by itself increases the total heat loss by a small amount, often 
within the experimental error of heat-loss measurements. The increases 
in gas temperature and pressure associated with detonation are of very 
short duration and these increases are confined chiefly to the detonating 
portion of the charge. On the other hand, nearly all spark plugs contain 
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Fig 8-18. Effect of compression ratio on heat loss : CFR engine 3.25 x 4.5 in; 900 
ft/min; Pi = 14.2; Pe = 14.7 psia; Og = 0.21 Ibm/sec ft2 ;  T; = 120°F; F/Fe = 1 .13 ;  
bpsa. (Sloan Automotive Laboratories) 
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a small cavity behind the ignition points, and it is apparent that a rapidly 
fluctuating pressure will cause rapid flow of gases in and out of this 
cavity. Thus the gas velocity with respect to the ignition points will be 
increased, and the rate of heat transfer at this point will be increased 
accordingly. 

The local erosion of aluminum pistons and cylinder heads, which 
sometimes occurs with severe and long-continued detonation, is probably 
caused by high local heat transfer due to the high density and tempera
ture which exist together in the detonating portion of the charge. Thus, 
even though detonation may not markedly increase the total heat trans
fer, there may be very pronounced increases in the rate of heat transfer 
in certain local areas because of higher local temperatures and increased 
relative velocity. 
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Fig 8-19. Effect of inlet temperature on heat loss with constant air flow. Same engine 
as Fig 8-15;  Pi = 22.1 to 27 psia; P. = 14.3 psia; 8 = 2400 ft/min; Tc = 240°F; FR = 

1 .2 ;  Gg = 2.68 Ibm/sec ft2. (Povolny et al., ref 8.36) 
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Fig 8-20. Effect of coolant temperature and coolant composition on heat loss : 12-
cyl liquid-cooled aircraft engine, 5.4 x 6 in;  8 = 2700 ft/min; 950 ihp;  F /Fc =

. 1 .2 ;  
Gg = 0.823 Ibm/sec ft2; Ti = 138°F; P i  = 17 psia; Tg = 180°F;  A p  = 1 .91 ft2; Gc = 
15 Ibm/sec ft2. (Povolny et al., ref 8.36) 

Large increases in rate of heat transfer to the cooling system which 
might be attributed to detonation are probably due to pre-ignition which 
often accompanies detonation. In such cases detonation causes the 
spark plug points or carbon deposits to overheat to such an extent that 
there is early ignition and an increase in heat loss similar to that caused 
by an advanced spark. The increase in Q/ Ap with detonation, shown in 
Fig 8-18, is probably explainable in this manner. 

Inlet Telllperature. If mass flow is held constant, an increase in Ti 
increases T g, and thus the heat-flow parameters will increase with in
creasing Ti, as shown in Fig 8-19. As indicated by expression 8-1 1 ,  Tg 
appears to increase about 1 0  for each 30 increase in Ti. If, instead of 
mass flow, Pi is held constant, changes in Ti will affect the mass flow as 
well as Tg• (See Chapters 6 and 7 . )  Since these two influences oppose 
each other, the effect of Ti on Q is small under such circumstances. 

Coolant Telllperature. As we have seen, Q is directly proportional 
to (Tg - Tc) , so that if Tg can be estimated the effect of Tc on heat flow 
is easily predicted. Figure 8-20 shows the expected trend. Since effects 
of Tc on mass flow and power are small , the changes in Q/QJ and JQ/Pi 
are proportionately the same. 



300 HEAT LOSSES 

Coolant Com.position. We have already discussed the general 
effects of changing from liquid cooling to air cooling. As regards liquid 
coolants, they almost always have a water base, with various amounts 
of antifreeze added as necessary. Aircraft engine coolants may consist 
of as much as 50% ethylene glycol in water. Within the range from pure 
water to this mixture, the change in thermodynamic characteristics is 
appreciable and will have measurable, though small , effect on the heat
flow parameters. Figure 8-20 shows that increasing the fraction of 
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Fig 8-21. Effect of deposits on heat loss : Q = heat to jackets per unit time; Qcl = 

heat to jackets per unit time, clean engine. (Tests run by DuPont Company under 
laboratory conditions giving rapid deposit accumulation . Automobile engine.) 

glycol in the coolant reduces heat loss to the jackets. This effect is 
accounted for by the lower Prandtl number and coefficient of conductiv
ity of glycol as compared with water. Thus an increase in the glycol 
content reduces ko in eqs 8-8-8-10. Reference 8.36 gives additional 
data on the effects of coolant composition. 

Engine Deposits. Carbon deposits inside the cylinder and deposits 
such as lime in the water jackets decrease the effective values of kw and 
tend to decrease Q. Because of their poor heat conductivity the surfaces 
of deposits may reach temperatures considerably higher than that of the 
clean surface at the same point. Since heat flow decreases, the actual 
wall-surface temperatures, T8g and T8o, also decrease. Figure 8-21 gives 
an example of the effect of deposit build-up on heat loss. From this 
figure it appears that the effects of deposits may be large, especially 
when engines are run for long periods of time without cleaning, as in the 
case of road vehicles. 

Sometimes carbon deposits take the form of scaly projections from the 
cylinder walls or piston. For the exposed end of such deposits the ef-
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fective values of t/kw are very high, and, therefore, these projections run 
at high temperatures and may cause pre-ignition. 

TClnporary Methods of Controlling Engine Cooling. For short
time operation very rich mixtures may be used to reduce heat flow and, 
therefore, reduce cylinder temperatures at a given engine output. 
Figure 8-16 shows this effect, which is generally used for take-off condi-
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Fig 8-22. Heat loss map for a Diesel engine : Junkers 1-cyl; two-stroke opposed-piston 
engine; 3 .15 x 2 x 5.9-in, piston area = 15.5 in2• (Englisch, ref 8.27) 

tions in aircraft engines, unless water injection is used. Injection of 
water, or water-alcohol mixture, into the inlet system reduces Tg con
siderably. 

Heat Rej ection Map. Figure 8-22 shows JQ/P, where P is the brake 
power, over the entire useful range of speed and load for a two-stroke 
Diesel engine. Such a "map" is very useful for purposes of cooling
system design, but few engine builders have published such information. 
Another very important use for such data is to indicate how to run an 
engine so as to minimize heat loss at a given power output. For example, 
for minimum heat loss at 1 .0 hp/in2 piston area, the engine of Fig 8-22 
should be operated at 1 100 ft/min piston speed and bmep = 60 psi. The 
trends shown in Fig 8-22 are attributable to the changes in fuel-air ratio, 
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mass flow, and mechanical efficiency, which accompany changes in speed 
and load in this type of engine. The large values of JQ/P at light loads 
are due to low mechanical efficiency. 

Distribution of Heat Loss Over the Cylinder. Information on 
this subject has been obtained from tests made on a 5 x 5!  in single
cylinder engine. (See ref 8.40.) The water jacket was divided into com
partments comprising the cylinder barrel up to the top of piston travel, 
the cylinder head, and the exhaust-port, exclusive of the valve seat. 
The results are shown in Table 8-3. 

Table 8-3 

Distribution of Heat Flow to Various Parts of the Cylinder 

Fraction of Total Heat Flow to Coolant 

Part of Cylinder 

Head and valve seats 
Barrel 
Exhaust port 

Including Piston 
Friction 

0 . 50-0 . 55 
0 . 27-0 . 32 
0 . 17-0 . 22 

Not Including 
Piston Friction 

0 . 57-0 . 63 
0 . 16-0 . 18 
0 . 20-0 . 25 

From tests on a 5 x 5� in cylinder with water jackets divided as indicated. 
(Goldberg and Goldstein, ref 8 .40.) 

Previous tests had shown that no measurable amount of heat was 
transmitted from the intake port to the cooling water. Some idea of the 
importance of the exhaust process, in transmitting heat to the jackets, 
may be formed by noting that all of the exhaust-port heat came from this 
source, plus a portion of that collected by the cylinder head, especially 
through the exhaust-valve seat. 

Since in this particular engine there was no special provision for cooling 
of the piston, we may assume that the heat of piston friction was taken 
up by the coolant and appears in the j acket heat. An estimate of the 
piston friction indicates that approximately half of the heat rejected to 
the cylinder barrel came from piston friction. This being the case, the 
distribution of heat lost from the gases would be that given by the second 
column of Table 8-3 . From these results it appears that about 50% of 
the heat rejected to the coolant was transferred from the gases during 
the compression, combustion, and expansion strokes, where efficiency 
would be influenced. 
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Heat Loss and Efficiency Loss 

Figure 5-14 in Chapter 5 shows that the heat loss during the com
pression and expansion strokes was 20 to 50% of the heat lost to the 
j ackets. If these limits are taken as typical, the effect of heat loss on 
indicated efficiency can be roughly estimated from Fig 8-1 1 .  

Further research is needed t o  explore the variation of the ratio of 
heat loss during compression and expansion to jacket-heat loss for types 
of cylinder other than the one used as a basis for Fig 5-14. 

Control of Engine Heat Loss 

If given values of Tg and Gg are assumed, it is apparent that the 
requirements for cooling and for minimizing heat loss are generally in 
conflict because lowering of the surface temperatures always results in 
increased heat loss. 

Considering the whole cylinder, there is one method of reducing Q 
which does not affect temperatures, namely, a reduction of the area ex
posed to the hot gases. In four-stroke engines overhead-valve arrange
ments are attractive from this point of view. In two-stroke designs the 
opposed-piston arrangement, Fig 7-1c, affords the smallest surface area 
for a given bore and stroke. On the other hand, some of the combustion 
chambers which are especially resistant to detonation have large areas 
for heat transfer, and many successful compression-ignition chambers 
contain small throats through which hot gases pass at high velocity. 
Wherever such designs are used it is because gains to be made in other 
respects are considered to justify the greater heat losses involved. 

As we have seen, much of the heat rejected to the coolant may come 
from the exhaust system, including the exhaust ports and jacketed por
tions of the exhaust manifolds. Although reduction in these cooled areas 
reduces heat to be handled by the cooling system, it obviously does not 
contribute to improved efficiency. Wherever the supply of low tem
perature coolant is plentiful, as in marine installations, there may be no 
reason to minimize cooled surface areas other than those of the combus
tion chamber. 

Choice of Coolant Temperature. The only practical advantages 
of a low coolant temperature are reduced hot-surface temperatures and 
improved volumetric efficiency. (See Chapter 6. )  On the other hand, 
a low coolant temperature increases jacket loss, temperature stresses, 
and, if a radiator must be used, the required radiator size. With liquid 
coolants, the usual compromise is to carry the coolant outlet temperature 
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comfortably below the boiling point. * If it is important to minimize 
radiator capacity, high-boiling-point liquids may be used. (See dis
cussion under radiator design.) 

With air cooling, the mass flow of coolant used must be a compromise 
between the advantages of small temperature difference across the cyl
inder and power required to circulate the coolant, which can easily be
come excessive if the cooling system is improperly designed. 

R A D I A T O R  A N D  F I N  D E S I G N 

It is not within the scope of this book to deal in detail with the design 
of radiators. It may be of interest, however, to outline some basic con
siderations, since they are closely related to the foregoing material. 

The term radiator is here used to designate the heat exchanger used 
for transferring heat from a liquid coolant to the atmosphere. The heat
exchanging passages are formed by an assembly of sheets or tubes, called 
a cor(J, which contains many similar passages for air flow, the walls of 
which also form the passages to carry the coolant. Heat flow to the air 
is chiefly by forced convection. 

For the heat flow from radiator to air (from eq 8-1) , assuming that JJ. 
Prandtl number and kc are constant, we can write 

(8-22) 

where Kr = a coefficient, depending on the core design and the viscosity 
and thermal conductivity of the cooling air 

AT  = radiator surface area 
TT = average temperature of the radiator surface 
Ta = air temperature 
L = typical length of the core section 
G = mass flow of air per unit flow area 

Selection of an appropriate core design fixes the value of Kr, L, and n. 

Q is the engine jacket loss, determined from tests or from such data as 
have already been presented in this chapter. With Q, KT, n, and L de
termined, it is evident that increasing values of TT will reduce the value 
required for the remaining variable, (G)n Ar.  This is the reason that 
pressurized radiators or high-boiling-point liquids, such as ethylene
glycol solutions, are used when it is important to minimize radiator size 

* Many modern installations are designed to carry a pressure somewhat above 
atmospheric, in order to raise the boiling point in the cooling system. 
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and air-flow requirements, as in aircraft. The surface temperature, Tr, 
will always be lower than the coolant temperature (see expression 8-10) , 
but the drop between Tr and the coolant temperature can be minimized 
by using material of high conductivity for the core and making the path 
through this material, between coolant and air, as short as possible, 
that is, by minimizing t/kw in expression 8-10. In radiators in which the 
coolant and air are separated only by thin copper sheets T r can be taken 
as equal to the mean coolant temperature. 

Having selected a core design and having determined the minimum 
working value of (Tr - Ta) , it is evident from eq 8-22 that 

(8-23) 

where K is a constant depending on values selected for Kr, L, and 
(Tr - Ta) .  

Power Required to Cool. By assuming incompressible flow, we 
may use Bernoulli's theorem to express the power required to force air 
through a radiator. Thus 

(8-24) 

where P r = power required to force air through the radiator 
Cr = a coefficient depending on core design, including the ratio 

between flow area and surface area 
p = the air density 

Dividing eq 8-24 by eq 8-23 gives 

Pr CrG3-n 

Q = 
Kp2 

(8-25) 

Since n for radiators usually lies between 0.7 and 0.8, the ratio of 
power required to heat dissipated decreases as the air velocity through 
radiator decreases. However, if a given quantity of heat must be dis
sipated, it is evident from eq 8-23 that ArGn must be constant, that is, 
the size of the radiator must be increased as G decreases. How far this 
process can be carried depends on particular circumstances. In a sta
tionary installation it would be possible to make the radiator so large 
that the mass flow required would be furnished by natural convection. 
In most applications, however, it is more economical to use a more 
moderate radiator size, together with some forced circulation. 

In the case of aircraft, motion through the air is used to furnish power 
for air circulation through the radiator. The power consumed in this 
way can be large in the case of fast airplanes, unless velocity through the 
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radiator is much less than the flight velocity. (See refs 8.8-.) * In the 
case of road vehicles, the vehicle motion is used, but radiator size is 
limited, and a fan is usually necessary to provide adequate cooling at low 
vehicle speeds. 

Finning of Air-Cooled Cylinders. With reference to eqs 8-8-8-10, 
the value of the coefficient of conductivity ke with air is about is of ke 
with water at the temperatures at which these fluids are commonly used. 
In order to compensate for this difference, the area Ae is drastically in
creased by the use of fins on the outer surface of the cylinder. The over
all ratio Ae/ Ag is near 1 .2 for liquid-cooled cylinders, but it is usually 
between 5 and 20 for air-cooled cylinders, the latter value being used for 
high-output air-cooled cylinders which run at very high values of Gg• 
The increased value of Ae/ Ag,  together with the generally lower coolant 
temperature, makes possible values of T8g and T8e in air-cooled cylinders 
comparable with the corresponding values of liquid cooling. 

In air-cooled engines the radiator consists of the cylinder outer 
(finned) surfaces, together with the cowling and baffling necessary to 
conduct the air to and over the finned surfaces. Equations 8-8-8-10 can 
be applied to this problem by taking Te as the mean temperature of the 
cooling air and t as the average path length from the gas side to the 
surface of the fins. 

The basic principles are the same for the air-cooled type of radiator 
as for the liquid-cooled type, but with air cooling there is the additional 
restriction that the radiator must be part of the cylinder and therefore 
is subject to serious restrictions in size and shape. Again, however, a 

large surface area with a small value of Ge is the way to minimize power 
required to cool. 

Obviously, the largest cooling area for a given cylinder will be attained 
by using the largest practicable number of fins of the greatest practicable 
depth ; but the number of fins must not be so great that the flow passages 
between them become unduly restricted. Also, as the fins become deeper 
and thinner, the ratio t/kw becomes greater. Fin material of high con
ductivity is obviously desirable from this point of view. 

Research in the field of fin design indicates that the greatest values of 
fin depth and the greatest number of fins deemed practicable from con
siderations of cost, manufacturing difficulties, etc, are usually none too 
great from the point of view of economical cooling. (See reports by the 
United States National Advisory Committee for Aeronautics.) 

* With careful design of the flow passages, including the radiator, the drag of an 
airplane radiator may be zero or even negative. In the latter case the heat added to 
the stream of cooling air provides thrust through a ramjet effect. (See ref 8.8.) 
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H E A T  L O S S E S  IN G A S  T U R B I N E S  

In  most present or proposed gas turbines i t  has not been considered 
practicable to provide much cooling for the nozzles or blading, and these 
parts, therefore, must be designed to run at substantially the stagnation 
temperature of the gases which surround them. These conditions have 
imposed a limit on the maximum gas temperature which may be used, 
and this limit in turn sets a limit on the maximum fuel-air ratio. 

The stagnation temperature must, of course, be computed by using 
the relative velocity between the gas and the part in question. As an 
illustration, let us assume a single-stage impulse turbine with no cooling 
and the following characteristics : 

Stagnation temperature before nozzle 
Absolute velocity of gas issuing from nozzle 
Velocity of gas relative to rotating blades 

2000 oR 
2200 ft/sec 
1200 ft/sec 

The nozzle temperature would be 20000R without cooling. 
The true temperature of the gas issuing from the nozzle would be 

22002 
T = 2000 - -- = 2000 - 403 

2goJCp 

The blade temperature, Tb, without cooling, would be 

In actual practice a limited amount of cooling is always present. As 
a minimum, it is necessary to cool the bearings. In addition to cooling 
by conduction through the metal, the blades and nozzles may transfer 
considerable heat by direct radiation to cooler parts. 

The relatively small amount of cooling required by gas turbines is an 
important practical advantage of this type of prime mover, especially 
for use in aircraft. 

The effects of size on heat flow and temperature gradients are similar 
to these effects in reciprocating engines, since, due to stress limitations, 
turbines of varying size are run at nearly the same linear velocities of 
the blades and therefore at nearly the same values of Gg • 
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ILLUSTRATIVE EXAMPLES 

Exalllple 8-1. Local Heat Flow. Compute the heat flux through the cylin
der head of the 4-in bore engine (Figs 8-4, 8-6) at 1800 ft/min piston speed at the 
point where T.g and T8c were measured. The head is made of cast iron and is 
0.655 in thick at this point. 

Solution: Figure 8-6 shows that at 1800 ft/min for this engine Tag = 400°F, 
T.c = 260°F. The conductivity of cast iron is 7.8(10) -3 Btu/ft sec OF. There-Q 7.8(10) -3(400 - 260) 12 . 
fore, A = 

0.655 
= 20 Btu/sec ft2 of head area at the pomt of 

measurement. 

Exalllple 8-2. Local Telllperature. Estimate the temperature of the 
exhaust-valve face of an aircraft cylinder 6-in bore and stroke of design similar 
to that of Fig 8-5 running under the following conditions : 2000 rpm, F = 0.0675, 
inlet temperature 6200R, inlet pressure 30 psia, volumetric efficiency 1 .0. 

Solution: 
piston displacement = 170 in3 = 0.0985 W, Pi = 2.�;�0) = 0 .13 Ibm/ft3 

M
· 

= 
2000(0.0985)0.13(1 .0) = 0 214 lb / 

2(60) 
. m sec 

bore = 6 in = 0.5 ft 

piston area = 28.4 in2 = 0. 197 ft2 

From Fig 8-12, at F/Fe = 1 .0, Mo = 22(10) -6, and k = 8.3(10) -6, 

_ 0.214(0.5) _ 
( ) 3 Rg 

- 0 .197(22) (10) -6 - 24.6 10 

In Fig 8-5 Tg for the exhaust valve is 2100°F at F /Fc = 0.08/0.067 = 1 .2 .  
Figure 8-12 indicates that there i s  very little change in  Tg from FR = 1 .2 to 
FR = 1 .0. Therefore, Tg is taken as 2100° at Ti = 80°F = 540°R. The present 
Ti is 6200R, and the correction indicated is 0.35(620 - 540) = 28°F. The 
estimated Tg is 2100 + 28 = 2128°F.  Returning to Fig 8-5 at Kg = 24.6 ( 10)3 ,  
T8g is  given as 1200°F with Tg = 2100. The estimated valve temperature is 
therefore 1200 + 28 = 1228°F. 

Exalllple 8-3.  Lilllits on Size. It is desired to run an engine with cylinders 
similar to those of Fig 8-4 at a piston speed of 2000 ft/min supercharged to 2 atm 
inlet pressure ; other conditions are the same as in Fig 8-4. What is the largest 
cylinder bore feasible without design changes if the gas-side cylinder-head 
temperature is not to exceed 500°F? (See Figs 6-15 and 6-16 for particulars 
regarding the engine.) 

Solution: With the inlet pressure increased to 2 atm, Pe/Pi = 0.5. At r = 5.74, 
Fig 6-5 shows the volumetric efficiency correction to be about 1 .07. Figure 
6-16 shows volumetric efficiency at Pe/Pi = 1 and 2000 ft/min to be 0.81 . By 
definition, G = Ma ( 1  + F) /Ap and Ma = ApSPiev/4. Therefore, 

Pi = 2.7 (29 .4) /634 = 0 .125 Ibm/ft3 
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From Fig 8-12, p.go = 21 .8 (10)-6. Therefore, 

R = 
2000(0 .125) (0 .81) (1 .079)b 

= 4 18(1O)4b g 4(60)21.8(10) 6 
. 

From Fig 8-4, T.g reaches 500 when Reynolds index reaches SOOO. Therefore, 

b = 
4
���

0 
= 0. 192 ft = 2.3 in 

, 

If larger cylinders are desired, the head design must be changed along the lines in
dicated by Fig 8-7. 

Example 8-4. Heat to Jackets. Estimate the heat flow to the jackets of 
an 8-cylinder automobile engine of 3.75-in bore, 3.5-in stroke, fuel-air ratio 0.08, 
developing 200 hp with indicated thermal efficiency 0.30, T. = 100°F, To = 
180°F. Compute Q/ Ap, Q/Q!J and JQ/Pi. 

Solution: From eq 1-13, 

sac = 2545/0.08(19,020)0.30 = 5.67 Ibm/hp-hr 

FR = 0.08/0.067 = 1.2 

Ma = 200(5.67)/3600 = 0.315 Ibm/sec 

M, = 0.315(1 .08) = 0.34 Ibm/sec 

From Fig 8-12, p.go = 21.8(10) -6, k = 8.3(10) -6, T, = 760°F at Ti = sooF. 
Therefore, 

Til = 760 + 0.35(100 � 80) = 767°F 

piston area = 86.7 in2 = 0.603 ft2 

bore = 3.75/12 = 0.313 ft 

R" = 0.34(0.313)/0.603(21 .8) 10-6 = 8.1(10)3 

From Fig 8-11, the Nusselt number is 8.8(10) 3. Therefore, 

h. = 8.8(10) 3(8.3) (10) -6/0.313 = 0.234 Btu/sec ft2 of 
Q = h.Ap(Tg - To) 

Q = 0.234(0.603)(767 - ISO) = 82.5 Btu/sec 

Q/ Ap = 82.5/0.603 = 137 Btu/sec ft2 

Q/ = 200(5.67) (0.08) 19,020/3600 = 4SO Btu/sec 

Q/Q/ = 82.5/480 = 0.172 

JQ/P. = 82.5 X 60/200(42.4) = 0.585 

Compare these results with Fig 8-14 at Gg = 0.34/0.603 = 0.564 IL/sec ft2. 

Example 8-5. Heat to Jackets, Air-Cooled Engine. Estimate heat loss 
of the Continental 1790 in3 gasoline tank engine operating at 800 bhp, FR = 1.2, 
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Ti = 80°F, Te = 125°F. 12 cylinders, 5.75 X 5.75 in = 1790 in3• Compression 
ratio is 6.5. Compute also Q/ Ap, Q/QJ, and JQ/brake power. 

Solution: Fuel-air cycle efficiency at r = 6.5, FR = 1.2, is 0.32, estimating 
indicated efficiency as 0.85 times fuel-air, and mechanical efficiency 0.85, gives 
brake efficiency = 0.32(0.85)0.85 = 0.23. 

From eq 1-13 sac = 2545/19,020(0.08)0.23 = 7.3 Ib/bhp-hr. 

Ma = 800(7.3)/3600 = 1 .62 Ibm/sec 

A[g = 1.62(1.08) = 1 .75 Ibm/sec 

bore = 5.75/12 = 0.477 ft 

piston area = 12(26)/144 = 2.15 ft2 

At FR = 1 .2, Fig 8-12 shows Tg = 760, f.1Uo = 21 .8(10) -6 and k = 8.3( 10) -6. 
By definition, 

Rg = 1 . 75(0.477)/(2. 15) (21.8) (10) -6 = 1 .78(10)4 

From Fig 8-1 1, Nusselt No. = 1 . 1 ( 10)4, 

he = 1 .1(10)4(8.3) (10) -6/0.477 = 0.192 Btu/sec ft2 OF 

Q = 0. 192(2.15) (760 - 125) = 262 Btu/sec 

Q/ Ap = 262/2.15 = 122 Btu/sec ft2 

Qf = 1 .62(0 .08) 19,020 = 2470 Btu/sec 

Q/Qf = 262/2470 = 0. 106 

JQ/Pb = 262(60)/42.4(800) = 0.464 

Compare with Fig 8-14 at G, = 1.75/2. 15 = 0.815. 

Example 8-6. Heat to Jackets of Diesel Engine. The engine of example 
8-5 is also built as a supercharged Diesel engine with the same bore, stroke, and 
numbers of cylinders. In this form it is rated at 700 bhp at 2200 rpm with r = 17 
and FR = 0.6. Estimate heat to cooling air and heat-loss parameters at 120°F 
air temperature. 

Solution: From Fig 4-6, fuel-air cycle efficiency is 0 .55 and brake efficiency is 
estimated at 0.55(0.85) (0.85) = 0.40. Fuel-air ratio = 0.6 X 0.067 = 0.04. 
For light Diesel fuel from Table 3-1,  Qe = 18,250, Fe = 0.067. 

sac = 2545/0.04(18,250)0.40 = 8.7 Ibm/bhp-hr 

Ma = 700(8.7)/3600 = 1 .69 Ibm/sec 

if, = l .69(1 .04) = l .76 Ibm/sec 

At FR = 0.6 in Fig 8-12, Tg = 500°F. Correcting Tg for Ti = 120°F gives 
560 + 0.35(120 - 80) = 574°}<'. f.1Uo = 19 .2(10) -6 and k = 7.1(10) -6. Then 
R, = 1 .76(0.477)/2.15(19.2) (10) -6 = 2.04(10) 4. 
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From Fig 8-1 1 ,  Nusselt No. = 1.7(10)4. 

he = 1.7(10)4(7.1) (10) -6/0.477 = 0.253 Btu/sec ft2 of 
Q = 0.253(2.15) (577 - 120) = 248 Btu/sec 

Q/ Ap = 248/2.15 = 115 Btu/sec ft2 

Qt = 1.69(0.04)18,250 = 1230 Btu/sec 

Q/Qr = 248/1230 = 0.202 

JQ/P = 248(60)/42.4(700) = 0.501 

Example 8-7. Heat Exchanger. A steady-flow air cooler is made of very 
thin copper tubes 12 in long and t in in diameter. The coolant is water which 
surrounds the tubes, entering at 80°F and leaving the heat exchanger at 90°F. 
Air enters the tubes at 200°F and flows through them at a rate of 160 Ibm/min/ft2 
of cross-sectional tube area. Compute the exit temperature of the air and the 
effectiveness of the cooler. Viscosity times go for air at 80°F is 12.1(10) -6 
Ibm/sec ft, and its conductivity, 4.5(10) -6 Btu/ft sec OF. 

Solution: Since the tubes are thin and have a high conductivity, it may be 
assumed that the mean surface temperature on the air side is equal to the mean 
water temperature, that is, 85°F. The heat-transfer coefficient may be com
puted from eq 8-1,  using the tube diameter as the typical dimension. 

hd 
= C 

(Gd)n (p)m 
k J.Lgo 

Gd 
= 

160(0.25) 106 
= 4.58(10)3 

J.Lgo 60(12) 12.1 

The Prandtl number of air is 0.74. By including (p)m in the coefficient C, 
McAdams (ref 8.00) gives C as 0.026 and n as 0.8. Therefore, 

h(0.25) 106 
= 0 026(458 000)° · 8  

12(4.5) 
. , , h = 19(10) -4 Btu/sec ft2 oR 

The heat transfer area for 1 ft2 of flow area is 47rDL/7rD2 = 4L/D = 4(12)/0.25 
= 192 ft2. 

The air temperature drop : 

CpM llT = hA(Tl - T.) 

llT = 
19(10) -4(60)(192) (200 - 85) 

= 65 50F 
0.24(160) 

. 

exit air temperature = 200 - 65.5 = 134.5°F 

. 200 - 134.5 
effectIveness = 

200 _ 85 
= 0.57 



 

Friction, 
Lubrication, 

and Wear 
• 

--------llllle 

Under the general heading of friction it is convenient to include those 
items which account for the difference between the indicated and brake 
output of an engine. In an internal-combustion engine this difference 
always includes power absorbed by mechanical friction, that is, friction 
due to relative motion of the various bearing surfaces. In addition to 
mechanical friction, the difference between indicated and brake power 
may also include the following: 

Pumping power, defined as the net work per unit time done by the 
piston on the gases during the inlet and exhaust strokes. By this defini
tion, pumping power is zero in two-stroke engines. 

Compressor power, that is, power taken from the crankshaft to drive 
a scavenging pump or supercharger. In unsupercharged four-stroke en
gines, or in engines in which the supercharger is separately driven, this 
power is zero. 

A uxiliary power-the power required to drive auxiliaries, such as oil 
pump, water pump, cooling fan, and generator. 

The above items may be classed as "losses" because each one con
tributes to a reduction in the useful output of the engine. 

Turbine power. In some engines an exhaust turbine has been geared 
to the crankshaft. (See Chapters 10, 13.) In such cases the power 
developed by the turbine will add to the brake power of the engine and 
could be classed as a "negative" friction loss. 

312 
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Friction Mean Effective Pressure. It is often convenient to ex
press the differences between brake and indicated output in terms of 
mean effective pressure, that is, power divided by engine displacement 
per unit time. Using this definition, we can write * 

bmep = imep - mmep - pmep - cmep - amep + tmep 

= imep - fmep (9-1) 
In this equation, as before, imep includes the work of the compression 

and expansion strokes only, and bmep is the brake mean effective 
pressure, that is, net shaft work per unit time divided by the power
stroke displacement per unit time. 

mmep = that part of the indicated mean effective pressure used to 
overcome mechanical friction 

pmep = the mean effective pressure of the exhaust stroke, minus the 
mean effective pressure of the inlet stroke, and is zero in 
two-stroke engines 

cmep = that part of the indicated mean effective pressure used to 
drive a supercharger or scavenging pump 

amep = that portion of the indicated mean effective pressure used in 
driving the auxiliaries 

tmep = the power delivered to the crankshaft by an exhaust turbine 
divided by the power-stroke displacement per unit time ; in 
other words, the mean effective pressure added by the 
turbine 

fmep = the difference between indicated and brake mep, called 
friction mean effective pressure. 

In cases in which a supercharger is driven by an exhaust turbine, 
without mechanical connection of either component to the crankshaft 
system, cmep = tmep. The effect on engine output of such a system de
pends on its influence on inlet temperature and pressure and on exhaust 
pressure. Such systems are discussed in Chapter 13. 

Mechanical Efficiency. Since there are so many kinds of friction 
losses, this term has been used with a great many different meanings. 
Its use in this discussion is confined to the ratio bmep/imep, one which 
varies widely with design and operating conditions. It is evidently zero 
under idling conditions and can even be greater than unity when an 
exhaust-driven turbine is geared to the crankshaft. In practice, the 
range of variation of mechanical efficiency is so great that typical values 
cannot be given unless design d�tails and operating conditions are 

* See page 521 for calculation of these quantities. 
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specified in rather complete detail. For these reasons mechanical ef
ficiency is not a convenient parameter. 

Friction of Gas Turbines. Strictly speaking, the friction of gas 
turbines includes aerodynamic friction as well as the mechanical friction 
of the bearings and the loss due to driving the auxiliaries. However, 
since it is very difficult to separate aerodynamic friction from the other 
internal losses, the term friction is usually reserved for the sum of the 
bearing losses and auxiliary loss. These losses are often a much smaller 
fraction of the brake output than in reciprocating engines. 

M E CHANI C A L  FRI CTI O N  

Since this type of  friction i s  common to  all types of  engine, i t  i s  dealt 
with first. 

Types of Mechanical Friction. The friction associated with en-
gine bearing surfaces may be divided into four classes: 

1. Hydrodynamic, or fluid-film, friction 
2. Partial-film friction 
3. Rolling friction 
4. Dry friction 

The last type is unimportant in engines because some lubricant nearly 
always remains between the rubbing surfaces, even after long periods of 
disuse. 

Fluid friction is associated with surfaces entirely separated by a film 
of lubricant, in which case the friction force is due entirely to lubricant 
viscosity. As is shown later, the bearing surfaces in engines which con
tribute importantly to friction operate in the fluid-film regime most of 
the time. Therefore, this type of friction is the principal component of 
the mechanical friction losses in an engine. 

y �-'-<--F 

Fig 9-1. Definition of viscosity : F / A = p.(u/y) ; A = area of plate; F = force to 
move plate with velocity u; y = thickness of film of lubricant ; p. = film viscosity 
[FL-2t]. 
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The viscosity of a fluid is defined as the shearing force per unit area 
required to produce a velocity gradient of unit value. Figure 9-1 repre
sents a thin layer of liquid between two plates. If one of the plates is 
moved at a constant velocity u, a force, F, will be required to overcome 
the frictional resistance of the fluid. The layer of fluid adjacent to this 
plate will also have the velocity u, whereas the layer adjacent to the 

III 20 Q) III 
'0 a. :;::; c Q) u 
:i 10 

Seconds, Saybolt (SSU) 

Fig 9-2. Conversion from Saybolt viscosity to centipoises. From 32 to 35 sec Say
bolt is 1 to 2 centipoises. Above 150 sec, p. = 0.22 X sg X sec Saybolt. sy = specific 
gravity of liquid. (Theory of Lubrication, Hersey, Wiley, 1938, pp 30-31.) 

stationary plate will have zero velocity. For this arrangement, F / A 
p.(du/dy). 

If the distance between the plates is small, as in most bearings, the 
velocity varies linearly between the plates, and we may write 

where F = force required to move the plate 
A = area of the moving plate 
u = velocity of the moving plate 
y = perpendicular distance between plates 

(9-2) 

p. is, by definition, the viscosity of the fluid. The usual absolute unit 
of viscosity is the poise, which has the dimensions dyne seconds per square 
centimeter, * or FL -2t in fundamental units. 

• 1 poise = 2.09 X 10-3 Ib sec/ft2 

1 centipoise = 2.09 X 10-5 Ib sec/ft2 

See Fig 9-2 and Table 9-1 for other conversion data. 
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Table 9-1 
Viscosity Conversion 

One centipoise, dyne sec/IOO cm2 = 
1.02 X 10-4 kg sec/m2 
2.09 X 10-5 lbf sec/ft2 
1.45 X 1O-71bf sec/in2 
2.42 X 10-9 lbf min/in2 

For ordinary oils the viscosity is found to be nearly independent of the 
rate of shear, duldy, to decrease rapidly with increasing temperature, 
and, at high pressures, to increase with pressure. (See ref 9 .12.)  The 
effect of oil composition on viscosity is discussed later in this chapter. 

Theory of Fluid Friction. In the case of rubbing surfaces completely 
separated by a film of fluid, application of dimensional analysis leads to 
useful results. (See refs 9.0-.) Let the dependent variable be the co
efficient of friction, f, which is the ratio of frictional force, in the direction 
of motion, to load between the moving elements normal to the motion. 
It is apparent that this force will depend on the following variables: 

Variable Symbol Dimensions 

Viscosity of fluid )1. FL-2t 
Relative velocity of surfaces u Lt-1 
Load W F 
Typical dimension L L 
Shape of the surfaces, as de-

fined by the design ratios R1•·• Rn 0 

If we have included all the relevant variables, we can write 

CPl(f, )1., u, W, L, Rl ... Rn) = 0 (9-3) 
where CPl indicates a function of the terms in parenthesis .  This expres
sion may be rearranged by using dimensionless ratios : 

R··· Rn) = 0 (9-4) 

If we take L2 to be the typical area, we can define the unit pressure, p, 
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on the bearing as W /£2. Using this definition, and solving for j, gives 

(9-5) 

Bearing Deflection. Since the oil film in most bearings is very thin, 
small changes in the shape of the bearing surfaces may have appreciable 
effect on bearing friction. Therefore, eq 9-5 is strictly true only if de
flections under load are negligibly small or if the design ratios refer to the 
bearing in its deflected state. 

Partial-Film. Friction. When rubbing surfaces are lubricated, but 
there is also contact between the surfaces, they are said to operate in 
the partial-film regime. Engine bearing surfaces must operate in this 
regime in starting. However, in normal engine operation there appears 
to be very little metallic contact except between the piston rings and 
cylinder walls. It has been shown (ref 9 .41)  that even these parts operate 
without metallic contact except for a brief moment at the end of each 
stroke when the piston velocity is nearly zero. Another piece of evidence 
indicating that engine bearings operate normally in the fluid-film regime 
is the fact that lubricants which have been found to reduce partial-film 
friction have no measurable effect on engine friction. 

Thus partial-film friction, like dry friction, is of little importance as a 
contributor to engine friction. * Readers who are interested in this sub
ject will find appropriate references in the bibliography at the end of this 
book. 

Rolling Friction. This is the type of friction associated with ball 
and roller bearings and with cam-follower and tappet rollers. These 
bearings have a coefficient of friction which is nearly independent of 
load and speed. The frictional force is due partly to the fact that the 
roller is continuously "climbing" the face of a small depression in the 
track created by the contact surfaces as they deflect under the load. 
(See refs 9.35-.) 

JOU R N AL B E A R I N G S  

Journal bearings are defined as  bearings in which a circular cylin
drical shaft, the contact surface of which is called the journal, rotates 
against a cylindrical surface, called the bushing. Journal bearings are 
termed partial when the bearing surface is less than a full circumference. 

* This type of friction, however, may be an important contributor to wear. 
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The rotary motion may be continuous or oscillatory. Unless otherwise 
mentioned, this discussion is confined to full (360°) bearings w.ith con
tinuous rotation. A great deal of theoretical and experimental work has 
been done on the subject of journal bearings. (See refs 9.0- and 9.2-.) 
Here we confine the treatment to those aspects which are helpful in the 
study of engine friction. 

Let us consider an idealized bearing consisting of an exactly cylin
drical shaft and journal. The clearance space between them is filled 
with lubricant, the surfaces do not deflect under load, and there are no 
oil holes, grooves, or other interruptions in the bearing surfaces. In this 
case the geometry can be completely described by the ratios L/ D and 
C/D, in which L is the bearing length, D is the journal diameter, and C 
is the diametral clearance, that is, the difference between the bushing 
inside diameter and the journal outside diameter. Take the typical 
length as D: the relative velocity, u, is proportional to DN where N 
represents the revolutions per unit time, and the parameter p.u/pL in eq 
9-5 can be written in the more familiar form p.N /p. The unit pressure 
p is taken as the load, W, divided by the projected area, DL. Thus for 
ideal journal bearings eq 9-5 can be written 

f = CP4 
(!J.N, D

, 
L) 

p C D 

In theoretical work with j ournal bearings it has been found convenient 
to rearrange the above expression as follows : 

(9-6) 

The quantity [p.N/p] (D/C)2 is called the Sommerfeld variable and 
is widely used in plotting the performance of both theoretical and 
actual bearings. The symbol S will be used for this quantity. 

Petroff's Equation. A useful further simplification is the assump
tion that the journal runs concentric with the bearing. The tangential 
frictional force of such a bearing can be computed directly from the 

definition of viscosity. In this case referring to eq 9-2, u/y = u/�, and 

we can write 
F/A = !J.27rDN/C (9-7) 

where F iF! the tangential force and A is the area of the hearing surface, 
'trDD. 



JOURNAL BEARINGS 319 

If the load on this bearing is taken as W, f = F /W and p = W /DL. 
Dividing both sides of eq 9-7 by W gives 

or 

f (�) = 19.7 [�; X (�YJ (9-8) 

The foregoing expression is a form of Petroff's equation and is useful 
because the friction of real bearings approaches the Petroff value at high 
values of �N /p. 

Friction of Real Journal Bearings. Figures 9-3 and 9-4 show 
measured values of f (D/C) vs S for real journal bearings with steady uni
directional load. These results come from test bearings in which the 
structure was very stiff, hence deflections were minimized. Petroff's 
values are included in several cases for comparison. 

Important conclusions which have been drawn from such work are the 
following: 

1. The linear portion of such curves represents the zone of hydro
dynamic operation. The point at which the curves depart from linearity, 
as S decreases, indicates the beginning of metallic contact and partial
film operation. This point may be called the transition point. 

2. Effects due to bearing materials, oil composition, load, speed, etc, 
appear only in the partial-film region. This result confirms the validity 
of eq 9-6. 

3 .  In the hydrodynamic region the coefficient of friction of real j ournal 
bearings is of the form 

(9-9) 

in which the values of fo and fI depend on the geometry of the bearing, 
including the shape and location of oil grooves and holes. 

Although not strictly a question of friction, the following relations are 
of interest and importance in bearing design and operation. 

4. Because of the fact that oil viscosity decreases with increasing 
temperature operation at values of S above the transition point tends 
to be stable, whereas the reverse is true for operation at values of S below 
the transition point. This conclusion can be explained by noting that 
increased friction means increased heat generation and higher oil tem
perature. In the stable region anything which increases the work of 
friction lowers the oil viscosity and prevents f from increasing indefi-
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Fig 9-3.  Coefficients of friction vs Sommerfeld variable for journal bearings at low 
values of 8: 

8 = e:)(�Y 
(a) Different lubricants: DIG = 359 (ref 9.24). (b) Different loads : DIG = 1 100 ;  
LID = 1 (ref. 9.20). (e) Different speeds: DIG = 100; LID = 1 (ref 9.20) . 



Fig 9-4. Effect of oil supply geometry on journal-bearing performance, steady unidirec
tional load. Oil feed under pressure into (a) circumferential groove in bushing; (b) 
4 holes in bushing of 45°, 135°,225°, and 315° from load; (c) 2 holes in bushing at 120° 
and 3000 from load; (d) axial groove at feed hole in bushing, 78 in wide, 1800 from load, 
� length of bushing; (e) 1 hole in bushing, 1800 from load; (f) 1 hole in shaft, rotating 
with shaft. Center of hole or groove always lies in center plane of bearing. 
(McKee, refs 9.21 and 9.22) 

nitely. In the unstable region an increase in the work of friction lowers 
J.I., decreases 8, and increasesf. The increase inf leads to further heating, 
and so on to complete bearing failure, unless a point is reached at which 
the heat is dissipated with sufficient rapidity to prevent further increase 
in temperature. 

5. Grooves, oil holes, and similar interruptions in the bearing surfaces 
in the region of high oil-film pressure * increase friction and move the 
transition point toward higher values of S. (See Fig 9-4.) 

* This region lies between +900 and -900 of circumference measured from the 
point of load application on the bearing, except close to the ends of the bearing where 
the pressure is always small. (See ref 9.25.) 
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6. Work on the subject of bearing deflection (refs 9.24-) has shown 
that structural deflections may be helpful but are usually harmful. A 
type of deflection leading to serious increase in friction is lack of paral
lelism of the journal and shaft axes. 

Oscillating Journal Bearings. Present fluid-film theory (ref 9.26) 
does not account for the fact that oscillating bearings, such as piston 
pins and knuckle pins, can carry extraordinarily heavy loads without 
apparent rupture of the film. Apparently these bearings operate most 
of the time in the hydrodynamic region, for otherwise wear caused by 
surface contact would be much more serious than it proves to be in 
service (see later discussion of wear). One reason why such bearings are 
successful may be that the average linear velocity is very low, hence the 
rate of heat generation is small. 

The friction of oscillating bearings will depend on the parameters of 
eq 9-5 plus the angle of oscillation. The velocity u would ordinarily be 
taken as the average surface speed of the bearing. Few experimental 
data are available concerning the friction of such bearings. In engines 
these bearings normally oscillate through such small angles that their 
total contribution to engine friction must be small. 

Sliding Bearings (refs 9.3-). Figure 9-5 represents a flat slider 
moved over a lubricated plane surface by the horizontal force F applied 

Load 

Force 

----Motion 

(b) 
Fig 9-5. (a) Action of a plane slider under constant load and at constant velocity, 
(b) Michel or Kingsbury type bearing element, using the principle of the plane slider. 
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at the same point as the vertical load W v' If the point of load application 
is behind the center of the slider, with reference to the direction of mo
tion, the slider will take up a sloping position as indicated to form a 
wedge-shaped oil film as it moves over the lubricated surface. Similar 
action will result from a slider which has its leading edge slightly curved 
upward like the runner of a sled, even though the load is applied at or 
ahead of the center of the slider. Expression 9-5 again applies, and the 
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Fig 9-.6. Coefficients of friction of slider bearings. (Fogg, ref 9.33) 

coefficient of friction depends on the design ratios of the slider, and on 
the parameter J.Lu/pL, where L is the slider length. 

Figure 9-6 shows results of experiments on sliders. In the fluid
film region the coefficient of friction follows an expression of the 
form (J.LU)Yz 

f = fo + fi Lp (9-10) 

M E C H A NIC A L  F RI C TI O N  O F  E N G I N E S  

From the foregoing discussion it is evident that mechanical engine 
friction must consist chiefly of the friction of j ournal and sliding bearings 
operating in the fluid-film regime. 
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Fig 9-7. Bearing-load diagrams : (a) Polar diagram showing the magnitude of the 
resultant force on the crankpin of the Allison V-I710 engine and its direction with 
respect to the engine axis. Engine. speed, 3000 rpm; imep, 242 psi. (b) Polar dia
gram showing the magnitude of the resultant force on the crankpin of the Allison 
V-I710 engine and its direction with respect to the crank axis. Engine speed, 3000 
rpm; imep, 242 psi. (c) Polar diagram showing the magnitude of the resultant force 
on the crankpin bearing of the Allison V-I710 engine and its direction with respect 
to the fork-rod axis. Engine speed, 3000 rpm; imep, 242 psi. (Courtesy of NACA) 
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Journal-Bearing Friction. The main differences between journal 
bearings in engines and the bearings represented by Figs 9-3 and 9-4 is 
that in the principal engine bearings, loads vary with time both in direc
tion and magnitude. These loads can be computed from the indicator 
diagram and from the weights and dimensions of the moving parts. 
Reference 9.03 gives methods of computation and some data from typical 
engines. Figure 9-7 is an example of the crankpin bearing loading for 
one particular engine. 

The subject of the effect of load variation on j ournal-bearing friction 
has received considerable theoretical treatment (ref 9 .26) but does not 
yet give a completely satisfactory explanation of bearing behavior in 
engines. For example, theory indicates that when loads vary sinus
oidally at a frequency equal to ! the j ournal rpm the oil film will rupture, 
and the result will be high friction and wear. However, in four-stroke 
engines a large component of the load varies at ! j ournal speed, yet very 
heavy loads are carried. 

Another important difference between engine bearings and those rep
resented in the foregoing figures is that, in general, the supporting struc
ture in engines is more flexible and distortions are, therefore, relatively 
greater. Some data on the effect of distortion on bearing friction are 
given in refs 9 .24 and 9.241 .  

In  spite of these differences, the general behavior of j ournal bearings 
in engines appears to be similar to that of the test bearings of Figs 9-3 
and 9-4 and the same basic laws appear to apply, although absolute 
values of the coefficients are undoubtedly different. For example, in 
the absence of serious distortion the coefficient of friction of engine bear
ings must be a function of p.u/pL in which u and p are average values of 
the linear speed and the unit load. 

Piston Friction. Observation of piston behavior by means of glass 
cylinders (refs 9 .40-) has shown that qualitatively, at least, a trunk 
piston behaves like a pivoted plane slider. The piston tilts in such a way 
that on the loaded side the oil film at the leading edge is nearly always 
thicker than at the trailing edge. These tests also showed that the 
quantity of lubricant between the piston and the cylinder wall is 
normally insufficient to fill the entire space between the piston and the 
cylinder wall. The complete oil film is on the loaded side only and ex
tends for a limited distance on either side of the plane perpendicular to 
the crankshaft through the cylinder center line. Under these circum
stances, as with a plane slider, it is evident that the average oil-film 
thickness between piston and cylinder wall varies with load and speed. 

In order to assist in building up the oil film, piston skirts are sometimes 
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relieved slightly at each end to give a sled-runner effect. Although this 
alteration may assist the process, it is evidently not essential, since most 
successful pistons are not so designed. The very small amount of wear 
normally experienced on piston skirts is an indication that lubrication 
of this surface is for the most part in the complete-film region. What 
small wear there is usually occurs in a manner to create a sled-runner 
effect. 

Piston Ring Friction. Piston rings are of two kinds-compression 
rings designed to seal against gas pressure and oil rings designed to limit 
the passage of oil from the crankcase to the combustion space. 

In compression rings the force between the piston ring and the cyl
inder wall is due partly to the elasticity of the ring and partly to the gas 
pressure which leaks into the groove between the ring and the piston. 
Experiments have shown that the gas pressure in the top ring groove is 
nearly cylinder pressure, with less-than-cylinder pressure in the second 
ring groove and very little in the third (ref 9.47). Oil rings generally 
have their ring grooves vented by holes drilled into the piston interior, 
and therefore no gas pressure can build up in their grooves. In this case 
the pressure of the ring surface on the cylinder walls is due entirely to 
ring elasticity. 

Because of their spring action piston rings press against the cylinder 
walls at all times ; that is, there is no period without load. Theoretically, 
under these circumstances, hydrodynamic lubrication can exist only if 
(a) the sliding surface of the ring operates at an angle to the cylinder 
wall, or (b) the corners of the ring are rounded. However, even with 
rings whose corners are apparently sharp there is enough rounding and 
tilting so that piston rings normally operate without metallic contact 
except very near top and bottom of the stroke. (See ref 9 .41. )  Here the 
velocity is so low that this contact involves much less friction and wear 
than might at first be anticipated. 

Antifriction Bearings. The friction of ball and roller bearings 
(ref 9.35) and of such parts as tappet rollers is due in part to local 
deflection of the track, or race, which causes a slight ridge ahead of the 
roller, plus some local sliding which takes place in the interface between 
roller and race. Contrary to popular belief, the coefficient of friction of 
antifriction bearings is not much lower than that of well-lubricated 
journal bearings operating at normal values of S. Unless flooded with oil , 
the friction coefficient of antifriction bearings is nearly independent of 
of oil viscosity, and it is therefore evident that such bearings will have 
much lower fridion in starting and at low oil temperatureR than cor
reRponding journal hearings. Unfortunately, thiR characteriRtic iR of 



MECHANICAL FRICTION OF ENGINES 327 

little advantage in reciprocating engines because most of the friction 
in starting is due to pistons and piston rings. When antifriction bearings 
are used in engines it is because of characteristics not connected with 
friction. For example, ball and roller bearings do not require force
feed lubrication and take up less axial space than corresponding j ournal 
bearings. 

Since j ournal bearings in turbines normally have to run at very high 
values of S, hence high values of f, there is considerable advantage in 
using antifriction bearings in gas turbines. Here the low starting fric
tion of such bearings is an important advantage, especially since gas 
turbines require rather high rpm for starting. 

Mechanical Friction mep 

The most convenient measure of mechanical friction, as already sug
gested, is in terms of mean effective pressure. 

The power, Pm, absorbed by mechanical friction in an engine may be 
expressed as 

Pm = Fs = Wfs 

and the mean effective pressure as 

mmep = 

(2 or 4)Pm 

Aps 

(20r4)Wf 

Ap 

(9-11)  

(9-12) 

where F = a force which, multiplied by the piston speed will give the 
observed power, Pm 

S = mean piston speed 
f = a mean coefficient of friction 

W = a mean load, such that W = F If 
Ap = the piston area 

The numbers 2 and 4 are to be used for two-stroke and four-stroke 
engines, respectively. 

It is apparent that mechanical friction mean effective pressure in a 
given engine varies directly with the product Wf. Although we cannot 
evaluate these quantities separately, the conception is useful for purposes 
of explaining experimental results. 

The average loads on the bearing surfaces of any engine must be of the 
following types: 

1 .  Fixed loads include loads due to gravity, to piston-ring tension, and 
to spring tension on glands, oil seals, etc . 
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2. Inertia loads proportional to mass X (piston-speed) 2. 
3. Gas loads which can be taken to consist of a fixed mean load due to 

compression and expansion without firing, plus a load nearly proportional 
to the imep. 

Measurement of Mechanical Friction mep 

The mechanical friction mep of an engine can be measured by measur
ing indicated and pumping mep with an indicator and the bmep by 
means of a dynamometer, auxiliaries * being removed or separately 
driven. Since the result is a difference which is usually small compared 
to either quantity measured, the measurements must be very accurate. 
This method is the only one available for measuring mechanical friction 
with the engine in normal operation, but it has been little used on account 
of the scarcity of accurate indicators and the amount of work involved, 
especially in multicylinder engines, in which each cylinder must be in
dicated for each condition of operation. 

The commonest method of measuring friction is by motoring, that is, 
by determining the power required to drive a nonfiring engine by an 
outside source of power. 

In two-stroke engines, with auxiliaries removed, the motoring power 
is due to mechanical friction, except the very small work done to make 
up the heat lost during compression and expansion of the air in the 
cylinder. Cylinder pressures are those due to this compression and ex
pansion process. 

To measure mechanical friction in four-stroke engines the pump
ing loss must be eliminated. This may be accomplished by one of the 
following means : 

1 .  Cylinder heads or valves are removed. In this case there is no gas
pressure load on the pistons. 

2. Valves are kept closed. In this case there is compression and ex
pansion of air during each revolution, but the average cylinder pressure 
is near atmospheric, due to leakage. 

3. The engine is not altered, but an estimated or measured pumping 
mep is subtracted from the motoring mep. 

* Usually only the important power-absorbing auxiliaries, such as compressor or 
scavenging pump, fan, and generator, are removed. The power absorbed by water 
and oil pumps is usually considered part of the mechanical friction. In most cases 
the power absorbed by these pumps is relatively small. 
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The obvious objection to all motoring methods is that the engine is 
not firing, and therefore neither pressures on nor temperatures of the 
bearing surfaces are representative of conditions under normal operation. 
The amount of error which these differences involve will appear as the 
discussion proceeds. 

Finally, friction may be measured by means of especially designed 
apparatus, several examples of which are included in the subsequent 
discussion. 

In presenting the results of friction measurements the method used, 
together with comments on its probable significance and accuracy, is 
given in each case. 
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·60 psi steady pressure on pistons. See table page 332. 

Fig 9-8. Mechanical fmep of several engines. Methods : (a) motoring without 
cylinder heads or valves ; (b) motoring with compression and expansion of air. Jacket 
temperature normal in all cases (150-180°F). Oil viscosity unknown. 
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Figure 9-8 shows the experimental data available to your author on 
the mechanical friction mep of typical engines. The method by which 
each curve was obtained is indicated below the figure. The mep plotted 
for the two-stroke engines is doubled so as to be comparable with that 
of four-stroke engines. In both cases mep is normally computed on the 
basis of the firing strokes only. 

The greater friction of the two-stroke engines shown in Fig 9-8 is due 
to the following factors : 

1. The two-stroke engines were motored with cylinder heads in place, 
hence with gas loads during each revolution. Cylinder pressures are 
especially high in the Diesel engine, curve F, which has a compression 
ratio of 16. The four-stroke engines were motored without any cylinder 
pressure, except in the case of curve C, which had a steady pressure of 
240 psi in the cylinders. 

2. Two-stroke engines have longer and heavier pistons and usually 
have more piston rings than corresponding four-stroke engines. Thus 
the inertia loads and ring loads are generally higher. 

Based on the power stroke only, the two-stroke engines have mechan
ical friction mep quite comparable with that of four-stroke engines, which 
indicates that their actual friction forces are nearly double those of cor
responding four-stroke engines. 

Distribution of Mechanical Friction. Figure 9-9 is computed 
from motoring tests made on two quite different engines. Mechanical 
friction was measured by motoring with auxiliaries removed and valves 
closed. Piston friction was taken as mechanical friction minus twice the 
friction measured with pistons and rods removed. If this assumption is 
accepted, the results indicate that piston friction accounts for ! of the 
mechanical friction in the average multicylinder engine. 

Effect of Cylinder Pressure. Since the curves of Fig 9-8 were not 
made with normal cylinder pressures, it is of interest to explore the effect 
of cylinder pressure on mechanical friction. Interesting information in 
this connection is provided by M. Taylor. (See ref 9.561.) In this 
work motoring friction of a six-cylinder engine was measured with a 
steady pressure on the pistons. For this purpose the valves were re
moved and the openings to the atmosphere of the inlet and exhaust 
manifolds were closed so that a constant air pressure could be applied to 
the space above the pistons. Figure 9-10 shows that mechanical friction 
increases with increasing steady pressure on the pistons. 

Allowing for the fact that the high pressures in an engine cycle occur 
near top center where piston motion is slow, your author has estimated 
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Fig 9-9. Distribution of mechanical friction: 

o Chrysler 6-cyl auto engine, 3� x 4% in (Sloan Automotive Laboratories) 
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Fig 9-10. Effect of a constant gas pressure on mechanical friction. Results of motor
ing tests on Chrysler 6-cyl engine with valves removed and air pressure applied to 
closed inlet and exhaust manifolds. P, = steady gas pressure on pistons. 
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that, in the case of four-stroke spark-ignition engines, the steady pres
sure which would have an effect on friction equivalent to that shown in 
Fig 9-10 would be about one fourth of the mean effective pressure. Cor
respondingly, for four-stroke Diesel engines, the equivalent steady pres
sure will be about half the mean effective pressure. For two-stroke 
engines, the equivalent steady pressure will be twice those of the cor
responding four-stroke types. Thus the effect of changes in mean effec
tive pressure on friction can be estimated from Fig 9-10 by means of the 
following table : 

To Obtain Equivalent Steady 

Engine Type Pressure Multiply imep by 

Four-stroke SI 0.25 
Two-stroke SI } 

k D 
0.5 

Four-stro e iesel 
Two-stroke Diesel 1.0 

Effect of Oil Viscosity. Figure 9-11 shows mechanical friction mep 
plotted against nominal oil viscosity at jacket temperature. Since oil
pan temperature was not changed, it is probable that the oil viscosity in 
the journal bearings was nearly constant. Thus the effects shown must 
be due chiefly to changes in piston friction. The fact that the curves 
tend to become horizontal at the higher viscosities is partly due to the 
square root relation for sliders. (See expression 9-10.) Observations 
with glass cylinders (refs 9.41-9.421) show that pistons operate with an oil 
film covering only part of the piston. The fact that oil is supplied to the 
pistons by throw-off from the rods introduces the possibility that the oil 
film becomes smaller in area as viscosity increases. Such a reduction in 
film area would tend to offset the greater shearing resistance of the film 
as viscosity increases. However, most engines operate in the range in 
which oil viscosity has a marked effect on friction. 

Piston and Ring Friction. A method rec<1ntly used to study piston 
friction (ref 9.48) employed a special engine with a cylinder sleeve free 
to move axially against a stiff spring (Fig 9-12) . By measuring the very 
small axial motion of the barrel, piston friction forces have been measured 
directly under actual operating conditions. 
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M. P. Taylor, Jour. SAE, May 1936, ref 9.561 

-x-x- Piston only, firing, Livengood and Wallour, 
NACA Tech Note 1249, 1947, ref 9.481 

Fig 9-11. Effect of oil viscosity on engine friction. 

Figure 9-13 shows friction force vs piston position for a typical set of 
operation conditions. The following features are notable : 

1 .  The average force of friction on the compression and exhaust 
strokes is nearly the same. 

2. The average force of friction on the power stroke (15 lbf) is about 
twice that on the suction stroke (7 lbf) . 

3 .  Forces tend to be high just after top and bottom centers, probably 
because these are the points where the piston rings have metallic contact 
with the cylinder walls. 

4. The force is not zero at top and bottom centers. This is probably 
due to deflection of the engine parts such that piston velocity does not 
reach zero exactly at the top and bottom center positions of the crank. 

Figure 9-14 shows the effect of several operating variables on piston
friction mep, as measured in diagrams such as those of Fig 9-13. These 
curves show that: 

1. Piston friction mep increases with increasing oil viscosity in a man
ner similar to that shown in Fig 9-11. 
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��C+-- Water jacket 

Crosshead seals 

i5f0E7i---iiiii-- Crosshead 

Fig 9-12. Friction-research engine with spring-mounted cylinder barrel: 3.25 in bore; 
4.50 in stroke; r = 5.05; can be used with or without crosshead. (Livengood and 
Wallour, ref 9.481) 
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2. Piston friction mep increases with increasing piston speed, as al
ready indicated by Figs 9-8-9-10. 

3. Piston friction mep increases with increasing imep. The increase 
is about 3 lb for 100 lb increase in imep, which is nearly the same as 
predicted by means of the table on page 332 and the tests of Fig 9-10. 
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Fig 9-13. Piston-friction diagrams. Engine of Fig 9-12 without crosshead; piston 
speed 900 ft/min; bmep 85 psi; Tc = 180°F; oil temp 180°. (Leary and Jovella.nos, 
ref 9.48) 

For the runs shown by dashed lines in Fig 9-14, the piston was guided 
by a cross-head in such a way that only the rings came in contact with 
the cylinder sleeve. Under these conditions the friction of the rings 
only was about 80% of the friction of the whole piston assembly. From 
this result it seems safe to conclude that the greater part of piston fric
tion under operating conditions is caused by the piston rings. 

Effect of Design on Mechanical Friction. A striking feature of 
Fig 9-8 is the relatively low mechanical friction of the aircraft engine, 
compared to the others. The important features which contribute to 
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Fig 9-14. Piston and piston-ring friction, (Engine of Fig 9-12) 

this result appear to be the following : 

1. Light reciprocating parts, which minimize inertia loads. 

140 

2. Large piston-to-cylinder clearances, which limit the extent of the 
piston oil film. 

3 .  Short pistons, with the nonthrust surfaces cut away. 
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4. Few piston rings and light ring pressure. 
5. Low Die ratios of the j ournal bearings. (See eq 9-8.) 

In general, the differences between curves A and e and between curves 
F and D of Fig 9-8 are due to the combined effects of the foregoing items 
listed. When a low engine noise level is required, as in automobiles, 
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Fig 9-15. Effect of stroke-bore ratio on mechanical friction. Automobile engines 
with cylinder heads removed : 

Symbol 

o 
X 

No. cyl 

6 
8 

(Hardig et aI., ref 9.713) 

Bore, in 

3.31 
3.38 

Stroke, in 

4.75 
3.25 

Sib 

1 .43 
0.96 

piston and bearing clearances must be minimized, and thus requirements 
for low friction are in conflict with those for low noise level. 

Stroke-Bore Ratio. In recent years the stroke-bore ratio has been 
reduced to 1 .00 or even less in many automobile engines, and claims have 
been made that this change reduces friction mep. 

Figure 9-15 shows the results of mechanical-friction tests on two auto
mobile engines with almost the same bore. It is evident that mechan
ical friction mep is nearly independent of the stroke at a given piston 
speed. (See also Fig 9-28.)  At the same rpm, of course, mmep is larger 
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for the engine with the longer stroke. This relation is the basis for the 
claim of "less friction" for small stroke-bore ratios. 

Effect of Engine Size on Mechanical Friction. It is readily shown 
(see Appendix 7) that in similar engines running at the same piston speed 
and imep unit pressures will be the same ; therefore, W / Ap in eq 9-12 will 
be the same in such engines. Since piston speed is constant, it follows 
that for constant }J.u/Lp the ratio }J./L must be constant. It is thus 
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Fig 9-16. Motoring friction mep of MIT similar engines. Jacket water temperature 
150°F in, 180°F out. Oil viscosities at 250°F proportional to bore. (Aroner and 
O'Reilly, ref 9.582) 

evident that if the viscosity in oil films is held proportional to the bore 
the friction coefficients in similar engines should be the same at the same 
piston speed. Friction forces will then be proportional to bearing areas, 
and the mechanical friction mep should be the same regardless of size. 

Figure 9-16 shows motoring friction mep vs piston speed, obtained by 
motoring, for the three geometrically similar engines at MIT. (See 
Fig 6-15.)  The oil viscosity was chosen to be proportional to the bores 
at 250°F. The figure shows that friction mep at a given piston speed 
is nearly the same for the three engines. A slight tendency toward re
duced fmep with increasing bore might be read from the curves made 
without cylinder heads. If this is not experimental error, it could be 
attributed to the fact that the oil-film temperatures on the cylinder walls 
are higher as the bore becomes larger due to heat-flow considerations 
explained in Chapter 8 .  
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PUM P I N G  M E P  I N  F O U R - S T R O K E  E N GI N E S  

Pumping mep o f  Ideal Cycles. The pumping mep of  four-stroke 
cycles with ideal inlet and exhaust processes, as described in Chapter 6, 
is evidently (Pe - Pi) . 

Pumping mcp of Real Cycles. Typical light-spring diagrams have 
already been shown (Figs 6-7 and 6-8) and discussed from the point of 
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Fig 9-17. Light-spring diagrams : a-b is the exhaust blowdown process ; CFR 3.25 x 
4.5 in engine : 

(a) 
Throttled 

Inlet pressure, psia 7.4 
Exhaust pressure, psia 15.0 
Inlet-valve Z factor 0.4 
Approx mean piston 2200 
Speed ft/min 

( Grisdale and French, ref 9.61) 

(b) 
Normal 

14.8 
15.0 
0.4 

2200 

(c) 
Supercharged 

22. 1 
15.0 
0.4 

2200 

view of their relation to air capacity. Figure 9-17 shows additional light
spring diagrams. 

For convenience, discussion of the pumping work is divided into 
separate discussions of the exhaust stroke and the inlet stroke. 
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Exhaust Stroke 

Exhaust Blowdown. As we have seen in Chapter 6, it is necessary 
to open the exhaust valve before bottom center on the expansion stroke 
in order to get the cylinder pressure down to the exhaust-system pressure, 
if possible early in the exhaust stroke. At bottom center the cylinder 
pressure is usually still considerably higher than the exhaust-system 
pressure, but, as the exhaust stroke proceeds, the pressure falls rapidly 
and at some point arrives at, or approaches very closely, the exhaust
system pressure, Po. The process from bottom center to the point at 
which cylinder pressure reaches or closely approaches Po (process a-b in 
Fig 9-17) is called the blowdown. A considerable part of this process 
may be, and usually is, in the critical range in which the ratio of Po to 
cylinder pressure is below about 0.54 * and the gas velocity in the small
est flow cross section is the velocity of sound in the gases at that point. 
Since exhaust-gas temperatures are high, the gas velocity through the 
valve opening is very high during the critical portion of blowdown. 

Since the speed of the gases through the exhaust valve is independent 
of piston speed during the critical part of blowdown, the process occupies 
an increasing number of crank degrees as piston speed increases. This 
trend is clearly shown in Figs 6-7 and 6-8. 

Exhaust Process After Blowdown. In many cases, at the end of 
the blowdown process, the inertia of the exhaust gases causes the pressure 
to fall below Po.  In such cases the cylinder pressure will fluctuate at a 
frequency dependent on the design of the exhaust system as well as on 
the operating conditions. 

In the absence of appreciable dynamic effects the exhaust stroke mep 
can be quite accurately predicted from the equations of fluid flow through 
an orifice, provided the area and flow coefficient of the exhaust valve as a 
function of crank angle are known, together with the rpm, cylinder pres
sure, and density at the time of exhaust-valve opening and the pressure 
in the exhaust system. For an example of such an analysis see ref 6.42. 
Unfortunately, such calculations are extremely laborious, and in most 
practical cases the necessary data on which they must be based are not 
available. 

Figures 6-7 and 6-8 were made from an engine in which ,,/, the ratio of 
exhaust-valve flow capacity to inlet-valve flow capacity, was abnormally 
large (about 2.0) because the inlet valve was shrouded t for 180°. In 
engines with the more normal value of 'Y (0.60-1.00) , near the end of the 

* Taking k as 1 .35 for the exhaust gases, the critical pressure ratio is 0.542. 
t The shroud closes part of the flow area in order to create air swirl in the cylinder. 
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exhaust stroke, there may be an appreciable rise in pressure due to the 
fact that the flow area is being restricted by the closing of the exhaust 
valve. 

Ratio of Exhaust Dlep to Ideal Exhaust Dlep. The ratio of actual 
exhaust work to theoretical exhaust work is equal to mepe/Pe, where 
mepe is the mean pressure during the exhaust-- stroke. Assuming a 
steady exhaust-system pressure, we can say, from our knowledge of the 
laws of fluid flow, that the cylinder pressures during the exhaust process 
will be a function of the following: 

Pe = exhaust-system pressure 
Po = pressure at exhaust-valve opening 
To = temperature at exhaust-valve opening 

8 = mean piston speed 
de = diameter of the exhaust valve 
Ce = mean flow coefficient of the exhaust valve 

b = cylinder bore 

We have seen that the pressure and temperature at exhaust-valve 
opening is chiefly dependent on the volumetric efficiency, the fuel-air 
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Fig 9-18. Ratio of exhaust-stroke mep to exhaust pre:;sure : CFR engine, 37,l: x 47'2 in,  
r = 4.9 ; Ti = 580 °F ; Pe/Pi = 1 .0, 0.5, and 0.25 ; "Y � 1 .2. (From indicator diagrams 
taken by Livengood and Eppes in connection with ref 6.44) 
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ratio, and the compression ratio. Taking the volumetric efficiency as a 
function of Pe/Pi and the inlet-valve Mach index Z (see Chapter 6) , for 
four-stroke engines, we can write 

(9-1 3) 

where "I is (De/Di)2 X (Ce/Ci) , the ratio of exhaust-valve area X flow co
efficient to the same product for the inlet valve. The cylinder bore and 
piston speed are included in the value of Z, and the valve timing in the 
design ratios. 

Figure 9-18 shows mepe/Pe plotted against Z for a number of tests on 
spark-ignition engines running at constant values of F, r, and the design 
ratios. At low values of Z, IXe "-' 1 as would be expected from Figs 6-7 
and 6-8. These curves were made with "I, the exhaust/inlet-valve 
flow capacity near 1.0 .  Smaller values of "I would increase IXe at given 
values of Z and thus increase the exhaust-stroke loss. 

Inlet Stroke 

The curve of cylinder pressure vs cylinder volume during the inlet 
stroke can also be quite accurately predicted from compressible flow 
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Fig 9-19. Ratio of inlet-stroke mep to inlet pressure : CFR engine 3>-4: x 472 in ; r = 
4.9 ; Ti = 580°F; P./Pi = 1 .0, 0.5, and 0.25 ; 'Y � 1 .2. (From indicator diagrams taken 
by Livengood and Eppes in connection with ref 6.44.) 
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equations under the same limitations stated for the exhaust process. An 
illustration of this method is also available in ref 6 .42. Again, however, 
the method is laborious, and adequate data are seldom available. In 
general we can predict that the ratio of inlet-stroke mep to inlet pres
sure will be a function of those factors which were found in Chapter 6 
to affect volumetric efficiency. If heat-transfer effects are assumed to be 
negligible, the prevailing influences will be Pe/Pi, the inlet-valve Mach 
index, and the design ratios, including 'Y. Thus we may write 

(Xi = 
mepi 

= q, (pe
, Z, 'Y, Rl . . .  Rn) 

Pi Pi 
(9-14) 

Curves of mepi/Pi are shown in Fig 9-19. Because of pressure losses 
through the inlet valve, mepi/pi decreases with increasing values of Z. 

As in the case of the exhaust process, the actual mep is close to the 
ideal mep at low values of Z. These curves can be taken to have more 
general validity than those for the exhaust mep (Fig 9-18) because the 
inlet process is not greatly affected by subsequent events in the cycle. 

Pumping mep. This quantity is defined as the net work done by 
the piston during the inlet and exhaust strokes, divided by the piston 
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displacement. Also, 

pmep = exhaust mep - inlet mep (9-15 ) 

at low piston 
Figure 9-20 

Except in the case of highly supercharged engines 
speeds, the exhaust mep is higher than the inlet mep. 
shows pmep vs (Pe - Pi) for a typical four-stroke engine. 

Effect of Engine Size on Pumping Losses. As we have seen in 
Chapter 6, similar four-stroke engines running at the same piston speed 
and same inlet and exhaust conditions have nearly identical indicator 
diagrams. Under these conditions, pmep will be the same, and the 
power of pumping will be proportional to the square of the character
istic dimension. 

Effect of Design on Pumping Loss. From the foregoing discussion 
and from the discussion of the light-spring indicator diagrams in Chapter 
6 it is evident that many of the factors which lead toward high air 
capacity also lead toward reduced pumping loss. Among such factors 
are increased valve opening areas, increased valve flow coefficients, and 
increased exhaust-and-inlet-system passage areas. 

It appears from ref 6.43 that at high values of Z a small value of 'Y 
(less than 1 .0) may cause high pumping loss. Thus exhaust valve size 
should not be too small from this point of view as well as for good vol
umetric efficiency. (See Chapter 6 . )  

On the other hand, there are some factors tending toward increased 
air capacity which also increase pumping loss. Figure 9-21 ,  for example, 
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Fig 9-22. Effect of throttling on pumping diagram : (a) Single-cylinder engine, 
short inlet pipe ; (b) six-cylinder engine, normal manifold. Both engines, 1200 
rpm, p. = 14.7 psia. (Sloan Automotive Laboratories) 

shows how a change in inlet-pipe length may increase pumping loss while 
also increasing volumetric efficiency. Although the inlet loss is increased 
by the longer pipe, the air capacity is increased by the higher pressure 
at the end of the inlet stroke. 

Figure 9-22 compares throttled and unthrottled pumping diagrams for 
two different engines. The single-cylinder engine, shown at (a) had only 
a small volume of intake pipe between the inlet valve and the throttle. 
Thus, during the time that the inlet valve is not open, atmospheric 
pressure is restored in the inlet pipe by flow through the throttle opening. 
In this case the throttled cycle starts with atmospheric pressure in the 
inlet pipe at the beginning of the inlet stroke. 

In the multicylinder engine, Fig 9-22b, the gases in the inlet manifold 
are held at nearly constant pressure by the suction for six cylinders. In 
this case, cylinder pressure is low throughout most of the inlet stroke. 
A single-cylinder engine with a large tank between throttle and inlet 
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valve would show a similar effect. Conversely, the pumping diagram for 
the multicylinder engine would resemble that of the single-cylinder en
gine if individual throttles were used at the inlet port of each cylinder. 
Obviously, under throttled conditions, the number of cylinders connected 
to one inlet manifold and the volume of the inlet manifold between 
throttle and inlet ports will affect the pumping loss. 
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Fig 9-23. Effect of exhaust-valve opening angle on indicator diagram. Single
cylinder variable timing engine, 5�6 x 5.5 in; r = 5.5. (From diagrams taken at 
Sloan Automotive Laboratories by Livengood and Eppes, ref 6.43) 

Effect of Exhaust-Valve Opening on PUlnping lDep. Figure 9-23 
shows the effect on the indicator diagram of varying the crank angle of 
exhaust-valve opening. It is obvious from this figure that opening the 
exhaust valve earlier reduces exhaust-stroke mep at the expense of re
ducing the imep. The effect on over-all engine performance is small be
cause there is little effect on volumetric efficiency, and the reduction in 
imep is almost exactly equal to the reduction in exhaust-stroke mep. 
Most four-stroke engines use an exhaust-valve-opening angle which 
divides the pressure drop during blowdown about equally between the 
expansion and exhaust strokes. 
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If blowdown is completed well before top center on the exhaust stroke, 
the exhaust-valve opening angle will have little effect on the inlet 
process. On the other hand, the time of exhaust-valve closing may affect 
cylinder pressure both during the latter part of the exhaust process and 
the early part of the inlet process. Since it is desirable to minimize 
cylinder pressure at the end of exhaust from considerations of air capacity 
as well as for minimizing exhaust mep, the exhaust-valve closing point 
should be delayed as far after top center as is consistent with valve
overlap limitations. 

Exhaust Systmn. In the exhaust system, design changes which 
reduce exhaust losses generally tend to increase air capacity because they 
tend to lower the residual-gas pressure at the time of inlet-valve opening. 
(See Chapter 6 . )  Exceptions to this statement might include the case 
in which a long exhaust pipe would lower the average cylinder pressure 
during exhaust while increasing the cylinder pressure at inlet-valve 
openmg. 

Effect of Fuel-Air Ratio. In spark-ignition engines variations in 
fuel-air ratio are generally within the range in which the effect on pump
ing losses is small. In compression-ignition engines increasing fuel-air 
ratio means increasing cylinder pressure at the time of exhaust-valve 
opening, hence greater exhaust-stroke mep. At the same time, the imep 
increases, so that the effect on the ratio of pumping mep to imep is small . 

T H E  M O T O R I N G  T E S T  O N  F O U R - S T R O K E  
E N G I N E S  

A s  we have already indicated, most of the published data on the fric
tion of engines has been obtained by motoring the complete engine, 
holding the operating temperatures as nearly as possible the same as 
while firing. In an attempt to simulate firing conditions motoring tests 
are usually made soon after a firing run. Figure 9-24 shows that the 
readings thus obtained stabilize about one minute after ignition cut-off. 

Attention has already been invited to the fact that bearing loads and 
oil-film temperatures are not the same when motoring and firing. Motor
ing tests of four-stroke engines are generally made without alteration of 
the engine and therefore include pumping work as well as mechanical 
friction. Figure 9-25 compares typical light-spring diagrams, motoring 
and firing. It is evident that, although the inlet-stroke diagrams are 
nearly the same, the exhaust-stroke diagrams are quite different. The 
differences are due to the absence of blowdown and the much lower tem-
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perature of the exhaust gas during the motoring process. The drop in 
temperature means that both density and Mach number are higher and 
the pressure difference therefore greater during the latter part of the 
motoring exhaust process. As a result, exhaust mep tends to be higher 
in motoring than in firing. 
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Fig 9-26. Comparison o f  bmep plus motoring mep with indicated mep. 

Oddly enough, careful tests indicate that for unsupercharged engines, 
motoring friction is usually quite close to the difference between bmep 
and imep obtained from indicator diagrams. Figure 9-26 shows imep 
measured by an accurate indicator (5.03, 5.04) compared with the sum 
of measured bmep and motoring mep for both two- and four-stroke 
engines. If the motoring test was accurate, the points would lie on the 
450 line. Actually, the maximum error is little more than 5% of the 
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Fig 9-27. Friction mean effective pressure of four-stroke engines. 
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imep and the probable error much less than 5%. If Fig 9-26 is rep
resentative, the motoring test would give a probable error in fmep of 
about ±7% at mechanical efficiency 0.70 and ±20% at mechanical 
efficiency 0.90. Although such errors may seem large, they are no larger 
than the variation in motoring-friction readings obtained in practice 
under supposedly identical operating conditions. 
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3000 

Thus it appears that the motoring (without auxiliaries) test is a reason
ably good measure _ of mmep + pmep for unsupercharged four-stroke 
engines and of mmep for unsupercharged two-stroke engines. When an 
electric dynamometer is available it is certainly the most convenient 
method. 

Figures 9-27 and 9-28 give, respectively, the results of motoring tests 
on a considerable number of four-stroke and two-stroke engines. These 
data show a wide range in values of four-stroke friction depending on 
design. No aircraft or passenger-car types are included in the two-stroke 
engines, and the range is much smaller. Figure 9-28, which includes en
gines with 1 . 1  to 28.4 in bore, demonstrates convincingly the dependence 
of friction on piston speed rather than on rpm. 

The motoring-test results shown in Fig 9-27 were made with exhaust 
and inlet pressures nearly equal. Furthermore, the good agreement 
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Fig 9-29. Effect of throttling on motoring friction of a foUl'-fitroke automobile engine. 
Exhaust pressure was 30 in Hg absolute. (Furphy, ref 9.714) 

shown in Fig 9-26 between motoring and firing results applies only to 
engines operating with imep near 100 psi. Thus, with four-stroke en
gines, when Pe and Pi are not nearly equal, or in either type when imep 
is greatly different from 100 psi, the data shown in Figs 9-27 and 9-28 
should be modified as explained under Friction Estimates. 
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Fig 9-30. Effect of compression ratio on motoring friction : 8-cyl, 3.75 x 3.25 in 
automobile engine without auxiliaries. (Roensch, ref 9.57) 
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Effect of Throttling on Motoring Friction. Figure 9-29 shows 
motoring mep of an automobile engine with various throttle settings. 
These effects are qualitatively predictable from Figs 9-18 and 9-19. 

Effect of COIn pression Ratio on Motoring Friction. Figure 9-30 
shows an appreciable increase in motoring friction with increasing com
pression ratio. The higher cylinder pressures, perhaps together with 
more heat loss at the higher ratios, account for this trend. However, the 
absolute values of the increases in fmep seem high in view of the cylinder 
pressure effects shown in Fig 9-10. Further study of this effect would be 
desirable. 

F R I C T I O N  E S TI M A T E S  

In  order to  estimate friction mep for a new design, or for an  existing 
design under new operating conditions, it is necessary to refer to friction 
measurements for the type of engine in question. 

Friction measurements by means of indicator diagrams are rare, and 
in most cases the basic data must come from the results of motoring tests 
such as those of Figs 9-27 and 9-28 . It has been shown that motoring
test results are a reasonably accurate measure of mechanical-pIus-pump
ing friction when imep is in the range of 100 psi and, in the case of four
stroke engines, when Pe/Pi is nearly 1 .0. Thus in estimating friction for 
supercharged or throttled engines, in which these conditions do not hold, 
suitable correction factors must be applied to motoring-test data. 

Since, in four-stroke engines, the motoring test includes pumping mep, 
usually with Pe and Pi both near one atmosphere, a correction must be 
made when these conditions do not apply. Figure 9-3 1 shows results of a 
limited number of motoring tests in which Pe and Pi have been varied. 
The results, for a given value of 'Y, appear to correlate fairly well on the 
basis of the empirical relation : 

fmep = fmepo + X (Pe - Pi) 
where fmep is the sum of mechanical and pumping mep with the new 
values of Pe and Pi and fmepo is the motoring mep determined when Pe 
and Pi are one atmosphere, as was the case for Fig 9-27 . Figs 9-18, 9-19, 
and 9-20 indicate that x should be a function of Z, and this appears to 
be the case, as indicated by Fig 9-31 .  

The results of tests with varying pressure on  the pistons, shown in 
Fig 9-10, indicate that friction mep increases with imep. Since the 
motoring tests correlate with firing friction when imep is in the neighbor-
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hood of 100 psi, the effect of a departure from this value can be expressed 
as follows : 

fmep = fmepo + y(imep - 100) 

where fmepo is the result of motoring tests with pe and Pi near one 
atmosphere. Values of y, computed on the basis of Fig 9-10, are given 
in Fig 9-3 1 .  Finally, the estimated sum of mechanical and pumping 
friction mep can be expressed as follows : 

fmep = fmepo + x (Pe - Pi) + y(imep - 100) (9-16) 

where for four-stroke engines fmepo is the result of a motoring test at the 
required piston speed with Pe and Pi near one atmosphere. Since there 
is no pumping work within the cylinders of two-stroke engines, x is 
taken as zero for this type. Illustrations of the use of the foregoing 
relation are given in the examples for this chapter and also for Chapters 
12 and 13. 
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Auxiliary Friction. Figure 9-32 gives such data as the author has 
been able to find on the subject of "friction" due to auxiliaries. 

COlnpressor and Turbine Power. This subject is treated in detail 
in Chapter 10. 

W E A R  

The subject of wear of moving parts i s  a complex one. Basic research 
in this field is just beginning, and it is not proposed to treat this subject 
in detail here. However, there is one aspect of wear with respect to 
engines which can be treated theoretically in such a way as to point out 
some trends of great practical significance. Since this particular subject 
has received very little attention, it is covered briefly in the discussion 
which follows. 

Effect of Cylinder Size on Wear 

Experience shows that the chief causes of wear in engines are foreign 
matter, corrosion, and, in some cases, direct metallic contact. 

It can be safely assumed that the depth of corrosive wear per unit 
time is independent of size. However, the depth of wear which can be 
tolerated is proportional to the size of the part in question. Thus for 
similar engines we can define wear damage as dlL, where d is the depth of 
wear and L is the typical dimension. It is evident that the larger the 
cylinder bore or bearing diameter, the less the damage from corrosive 
wear in a given time. 
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The wear due to abrasives is a function of the concentration of abrasive 

material in the oil and the ratio of its average particle size to the bearing 
clearances. Here, again, large engines will have a great advantage, since, 

presumably, concentration and particle size are independent of cylinder 

Slze. 
Finally, in cases in which contact wear may be a factor there is much 

experimental evidence to indicate that the depth of contact wear on 
rubbing surfaces tends to be proportional to the product of unit load 
and distance traveled and inversely proportional to the hardness of the 

material. If these relations are assumed, we can write 

Ktpu 
d = -

h 
(9-17) 

where d is the depth of wear, t is time, p is unit pressure, u is relative 

velocity of the surfaces, and h is the hardness of the surface in question. 
K is a coefficient, depending on materials, lubrication, surface finish, etc . 
In similar machines using the same materials and running at the same 
linear velocities and unit pressures for the same length of time it is 
evident that d will be a constant. Thus the wear damage per unit time is 

expressed by the relation 
d Ktpu 

L hL 
(9-18) 

The equation indicates that for constant unit pressure, velocity, and 

hardness, contact wear damage in a given time is inversely proportional 
to the characteristic dimension. 

Thus, for all types of wear, engines with large cylinders and large bear
ings have a theoretical advantage over engines in which these parts are 
small. In actual practice, of course, wear depends heavily on particular 
conditions of operation. No reliable data on the effect of size on wear 
have been taken under otherwise comparable operating conditions. 
General experience indicates that large cylinders tend to have longer 

life than small ones, but this result may be influenced in part by the 

fact that large engines are generally used under conditions relatively 
free from dust and with excellent systems of oil filtration. 

ILLUSTRATIVE EXAMPLES 

Example 9-1. Petroff's Equation. Estimate the power and mep lost in 
the crankshaft and rod bearings of an 8-cylinder automobile engine 4-in bore, 
3 .5-in stroke, running at 4000 rpm. The bearing dimensions are as follows : 
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No Length Diameter Clearance 

Main bearings 
Rod bearings 

5 
8 

1 . 5  
1 .0 

2.7 
2.5 

0.003 
0.003 

The oil viscosity is 5(10) -5 lbf sec/W, and the arrangement of oil feed holes 
is similar to arrangement e of Fig 9-4. 

Solution: Since the bearing loads are not given, use Petroff's equation (9-7) : 
For Main Bearings: 

D/G = 2.7/0.003 = 900, N = .!f&.Q. = 66.7 rps 

F / A = 5(10) -5211'(66.7)900 = 18.9 

t = 
18.9(5)2.711'( 1 .5) 1 .35 

= 0 94 lbf ft orque 
144 X 1 2  

. 

For Rod Bearings: 

Power Loss: 

D/G = 2 .5/(0.003) = 833 

F/A = 5(10)-5211'(66.7)833 = 17.4 

= 
17.4(8)2.511'(1 .0) 1 .25 

= 0 79 lbf ft torque 
144 X 12 

. 

P = 
211' (0.94 + 0.79)66.7 

= 1 32 h 
550 . P 

engine displacement = 352 in3 [352(66.7) ] . 
mep = 1 .32(550)/ 

12  X 2 
= 0.74 pSI 

Example 9-2. Journal-Bearing Friction. If the average load on the main 
bearings of problem 9-1 is 3000 lbf and on the rod bearings, 3500 lbf, and if the 
bearings are lubricated as in curve e of Fig 9-4, estimate the power and mep lost 
in friction. 

Solution: 
For Main Bearings: 

3000 . 
p 

= 
2.7 (1 .5) 

= 740 pSI 

S = 5(1O) -566.7(90W/740(144) = 0.0256 

from Fig 9-4 curve e, f (�) = 1 .3 and f = 1 .3/900 = 0.00145 

F = 5(3000)0.00145 = 21 .8 lbf 
torque = 21.8(2.7/2 X 12) = 2.45 lbf ft 
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For Rod Bearings: 

p = 3500/2.5(1 .0) = 1400 
S = 5(10) -566.7 (833) 2/1400(144) = 0.01 15  

from Fig 9-4 curve e ,  f (�) = 0.75 

Power Loss: 

f = 0.75/833 = 0.0009 
F = 8(3500)0.0009 = 25.2 lbf 

torque = 25.2(2.5/2 X 12) = 2.62 lbf ft 

P _ 211'(2.45 + 2.62)66.7 _ 3 h -
550 

- .86 p 

engine displacement = 352 in3 : 
352(66.7) . mep = 3.86(550)/ 

12 X 2 
= 2.17 pSI 

Example 9-3. Estimate of Piston Friction. Experiments have shown that 
the oil film between piston and cylinder wall covers about t of the piston surface 
and has a thickness of about -to the piston clearance. With oil of 5(10) -5 lbf 
sec/ft2 viscosity, estimate the power lost in piston friction (not including the 
rings) for an 8-cylinder engine with 4-in bore, 3.5-in stroke, at 4000 rpm. Pistons 
are 3 in long and have skirt clearance of 0.010 in. 

Solution: Assuming friction is due only to shearing of the oil film, use definition 
of viscosity eq 9-2. 

F = A p. (u/y) 

Average velocity u = 4000[(2)3 .5/12(60)] = 39 ft/sec 

F = 8 (�:!) 5(10-5) (39r·��I) = 122 lbf 

122(39) 
Power loss = � = 8.6 hp 

which gives a loss in mep of 4.8 psi. This estimate confirms attempts at meas
urement which indicate that piston friction is chiefly due to the rings, and not 
much of it is attributable to the piston itself. 

Example 9-4. Distribution of Friction. A four-stroke Diesel engine with 
8 cylinders 10 x 12 in shows 1000 brake hp and 1300 indicated hp at 1500 rpm. 
The auxiliaries driven by the engine absorb 18 hp, and the indicator diagram 
shows 40 hp due to inlet and exhaust pumping work. Estimate the power and 
mep lost due to (a) pistons and rings and (b) bearings and valve gear. 

Solution: The mechanical friction power is evidently 1300 - 1000 - 18 - 40 = 
242 hp. 

displacement of engine = 7520 in3 / 7520 . 
mmep = 242(33,000) 

2 X 12 
(1500) = 17  pSI 
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According to Fig 9-9, 27% of mechanical friction is due to bearings and valve 
gear and 73% to pistons and rings. Therefore, 

hp mep 

Loss due to pistons and rings 176 12 . 4  
Loss due to bearings, etc 66 4 . 6  
Total mechanical loss 242 17 

Example 9-5. Effect of Gas Pressure. Estimate the mechanical friction 
mep of the engine of Fig 9-10 if it is operated as a four-stroke spark-ignition 
engine at 1600 ft/min with imep = 150 psi . 

Solution : From Fig 9-10 and the table on page 332, the equivalent steady 
pressure is 150 X 0.25 = 37.5 psi. Reading Fig 9-10 at this pressure and at 
1600 ft/min gives mmep = 18 psi. 

Example 9-6. Effect of Gas Pressure. Estimate mechanical friction mep 
of the engine of Fig 9-10 if operated as a four-stroke Diesel engine at 1600 
ft/min piston speed and imep = 150 psi . 

Solution: From Fig 9-10 and the table on page 332, the equivalent steady 
pressure is 150 X 0.5 = 75 psi . Reading Fig 9-10 at this pressure and at 1600 
ft/min gives mmep = 21 psi . 

Example 9-7. Effect of Stroke-Bore Ratio. An automobile engine of 
4-in bore and 4-in stroke operating at 4000 rpm shows a mechanical friction. mep 
of 20 psi . If the stroke is shortened to 3.5 in, estimate the friction (a) at the 
same rpm and (b) at the same piston speed. 

Solution: At the same rpm, the piston speed is reduced from 4000(4)-h = 2670 
ft/min (44.5 ft/sec) to 2330 ft/min (39 ft/sec) . If we assume that the curve is 
parallel to that of Fig 9-15 (upper figure) , fmep at 39 ft/sec = 17 psi. At the 
former piston speed (44.5 ft/sec) , the fmep will be the same as before (20 psi) , 
but the rpm will be increased to 4000(4)/3.5 = 4570. 

Example 9-8. Pumping Loss. An unsupercharged four-stroke engine 
operates under the following conditions : 

Z = 0.4, 'Y = 1 .2, Pi = 13 .8, Pe = 15.0 psia 

(a) Estimate the pumping mep ; (b) estimate the pumping mep if the engine is 
to be operated supercharged at 20% higher speed with Pi = 28, p. = 15.  

Solution: 
(a) From Fig 9-18, a. = 1 . 1  and, from Fig 9-19, ai = 0.76. Therefore, from 

eq 9-15, 
pmep = 15(1 . 1) - 13.8(0.76) = 6.0 psi 

(b) At Z = 0.4 X 1 .2 = 4.8 and p,/pi = -H = 0.54 ;  from Fig 9-18, ae = 1 .6 
and, from Fig 9-19, ai = 0.68. Therefore, from eq 9-15, 

pmep = 15(1 .6) - 28(0.68) = 5 psi 
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As a check, Fig 9-20 shows pmep/pi = 0.16.  Using this relation, 

pmep = 28(0 .16) = 4.5 psi 

Both results are within limits of accuracy of such estimates. 

Example 9-9. Four-Stroke Friction Estimate. Estimate fmep for a 
supercharged four-stroke automotive Diesel engine operating under the following 
conditions : 

Pi = 40 psia, pe = 15 psia, 8 = 2000 ft/min, 

imep = 200. Inlet and exhaust valves have nearly equal areas. 

Z = 0.4 

Solution: From Fig 9-27, the unsupercharged fmep is estimated at 30 psi. 
From Fig 9-31 ,  x is 0.3 and y is 0.044. Then, from eq 9-16, 

fmep = 30 + 0.3(15 - 40) + 0.044(200 - 100) = 26.9 psi 

Example 9-10. Four-Stroke Friction Estimate. A four-stroke super
charged Diesel engine is designed to operate under the following conditions, 
with Z = 0.5, 'Y = 1 .0. 

imep 180 psi 
rpm 1000 

Pi 37 psia 
p. 30 

The bore is 9 in and the stroke, 12 in, with 9 cylinders. All auxiliaries are 
separately driven. Estimate the brake mep, brake hp, and mechanical efficiency. 

Solution: 
piston speed = 1000(12) 12

2 = 2000 ft/min 

piston area = (9)63.5 (area 9-in circle) = 571 in2 

Pe/Pi = � � = 0.80 

From Fig 9-27, the fmep measured by motoring with Pe/Pi ::::: 1 .0 is estimated 
at 33 psi. From Fig 9-31 ,  x = 0.14 and y = 0.044. Then, from eq 9-16, 

fmep = 33 + 0.14(30 - 37) + 0.044(180 - 100) = 35 psi 

bmep = 180 - 35 = 145 

mech eff = ill = 0.805 

bhp = (145)571(�)/3300 = 1260 

Example 9-11. Friction Estimate, Two-Stroke Engine. If the Diesel 
engine of example 9-9 were to be designed as a two-stroke engine operating at 
imep = 140, with other conditions the same, estimate the brake mep, brake 
power, and mechanical efficiency. Scavenging pump takes 23 mep. 

Solution: From Fig 9-28, the motoring fmep at 2000 ft/min is estimated at 
19 psi. For two-stroke engines x is zero and y, from Fig 9-31 , is 0.082. From 
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fmep = 19 + 0.082(140 - 100) + 23 = 45.3 psi 

bmep = 140 - 45.3 = 94.7 psi 

bhp = (94.7)571(�%9·Q.)j33,000 = 1635 bhp 

mech eff = 94.5/140 = 0.675 

Example 9-12. Effect of Throttling, Four-Stroke Engine. Estimate the 
mechanical efficiency of an automobile engine under the following conditions : 

(a) Full throttle, 8 = 2500 ft/min, Z = 0.4, imep = 165, Pi = 14.0, P. = 17 .5 
psia. 

(b) Throttled to 8 = 1000 ft/min, imep = 45, Pi = 8.0, P. = 15.0 psia. 
Solution: 
(a) From Fig 9-27, motoring mep = 32. From Fig 9-31,  x = 0.3 and y = 

0.022. Then, from eq 9-16, 

fmep = 32 + 0.3(17.5 - 14.0) + 0.022(165 - 100) = 36.4 

mech eff = (165 - 36)/165 = 0.78 

Solution: 
(b) At 1000 ftjmin, Z = 0.4 X H-8-& = 0.16.  From Fig 9-27, motoring 

mep = 14. From Fig 9-31,  x = 0.7 and y = 0.014. 

fmep = 14 + 0.7(15 - 8) + 0.014(45 - 100) = 18 .1  

mech eff = (45 - 18)/45 = 0.60 

Example 9-13. Effect of Compression Ratio, Four-Stroke Engine. If 
the engine of example 9-12 had a compression ratio of 8, estimate the mechanical 
efficiency at 2500 ft/min full throttle, with a compression ratio of 12. 

Solution: If we assume that the increase in thermal efficiency is proportional 
to air-cycle efficiency, the new imep may be estimated from Fig 2-4 as follows : 

imep = 165(0.63)/0.57 = 182 

From Fig 9-30, we estimate the increase in friction mep from r = 8 to r = 12 
at 6 psi, and the new motoring fmep is 33 + 6 = 39 psi. From eq 9-16, 

fmep = 39 + 0.3(17.5 - 14.0) + 0.022(185 - 100) = 42 

mech eff = (182 - 42)/182 = 0.77 
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All two-stroke engines use some kind of compressor, though in many 
cases the compressor is formed by the crank chambers and is scarcely 
noticeable, externally. All large aircraft engines, as well as many Diesel 
engines, use compressors for supercharging. In many cases an exhaust 
turbine drives the compressor or adds power to the shaft. Heat ex
changers are often used in the inlet flow passages. Such equipment has 
become an integral part of many commercial internal-combustion power 
plants. 

IDEAL COMPRESSOR 

The ideal compression process is usually taken as a reversible adiabatic 
compression from PI> an initial steady pressure, to Pz, a steady delivery 
pressure. If pressures and temperatures are measured in large surge 
tanks in which velocity is zero (Fig 10-1), from eq 1-16 

(10-1) 

Wca is the shaft work per unit mass, * E and H are internal energy and 

* For convenience in working with compressors we are considering work supplied 
and heat lost to have positive signs. 
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Fig 10-1. Ideal compression process: (a) Flow system. 1 and 2 are surge tanks with 
velocity � O. (b) p-v diagram. v is specific volume. (c) T-S diagram. S is entropy. 

enthalpy per unit mass, and v is specific volume. The subscript a in
dicates that the process is reversible and adiabatic. 

If the gas handled is assumed to be a perfect gas, eq 10-1 can be 
written 

where 
Wea = JCptTtYe 

(P2) (k-l)/k 
Ye = - - 1 Pt 

(10-2) 

(10-3) 

Since power is work per unit time, we can write for an ideal compressor 
using a perfect gas 

(10-4) 

where Pea is the power of an ideal compressor and 111 is the mass flow 
delivered by the compressor per unit time. 

If the pressures, temperatures, and enthalpies in the foregoing equa
tions are measured in passages in which the velocity is considerable, 
instead of in large tanks, their stagnation values should be used. (See 
Appendix 3.) In the subsequent discussion it is assumed that this 
procedure is followed. 

Equation 10-4 is generally used as indicating ideal performance for air 
compressors or compressors handling dry gases. 
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Fig 10-2. Adiabatic compression and expansion factors: 

Yc = (P2!PI)O.285 - 1 
Yt = 1 - (P6!P5)O.256 

(k = 1.4, Cp = 0.24) 
(k = 1.343, Cp = 0.27) 

PI = compressor inlet pressme; P2 = compressor outlet pressure; P3 = turbine inlet 
pressure; P4 = tmbine exhaust pressure. 

For air at temperatures below 1000 oR, k may be taken as 1.4, 
(k - l)/k = 0.285. 

Values of Yc vs P2/PI for k = 1.4 are given in Fig 10-2. Values of k 
for fuel-air mixtures are given in Tables 3-1 and 6-2. 

REAL COMPRESSORS 

In a real compressor the process is neither reversible nor adiabatic. 
For such a process, using eq 1-18 as a basis, we may write 

(10-5) 
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where HI and H 2 are the enthalpies measured before and after compres
sion and Q is the heat lost by the compressor per unit time. 

For the relatively high flow rates used in engine practice Q is usually 
small enough to be neglected. If Q is negligible and the gas handled by 
the compressor is assumed to be a perfect gas, 

(10-6) 

The efficiency of compressors is usually defined as the ratio of adiabatic 
shaft power to actual shaft power. If eq 10-4 is divided by eq 10-6, 

T1Yc 
(10-7) 'IIc = 

T2 - TI 
so that 

Pc = JMCpITIYc/'IIc (10-8) 
and 

T2 = TI(l + Yc/'IIc) (10-9) 

For compressors used with engines eqs 10-6-10-9 are sufficiently ac
curate for engineering purposes and are generally accepted as valid in 
this field. 

COMPRESSOR TYPES 

Compressor types may be classified as follows: 

1. Displacement types (Fig 10-3) 
Reciprocating 

(a) Piston (including the crankcase compressors used with two
stroke engines) 

(b) Oscillating vane 
Rotating 

(c) Roots 
(d) Lysolm 
(e) Rotating vane 

2. Dynamic types (Fig 10-4) 
(a) Centrifugal (or radial flow) 
(b) Axial 
(c) Combined radial and axial 
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(a) 

(b) 

(e) (e) 

(d) 
Fig 10-3. Displacement compressors. Reciprocating: (a) normal piston type (left); 
(a) crankcase type (right); (b) oscillating-vane type. Rotating: (c) Roots type; (d) 
Lysholm; (e) vane type. 
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Ix 

Fig 10-4. Dynamic compressors. (a) centrifugal; (b) multistage axial. 

The types most frequently used with internal-combustion engines are 

la. Both crankcase and normal types 
le. Roots type 
2a. Centrifugal type 

When axial or combined types are used they are invariably of several 
stages. 
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COMPRESSOR CHARACTERISTICS 

The problem of compressor performance can be handled in a manner 
similar to that used for air capacity of four-stroke engines, that is, by 
starting with the equation for ideal adiabatic flow of a perfect gas through 
a fixed orifice. Equation A-23 (see Appendix 3) can be written in gen
eral terms as follows: 

For a compressor, retaining the assumption of a perfect gas and as
suming heat flow to be negligible, it is necessary to add arguments con
taining the speed of shaft rotation, the Reynolds index, and the design 
ratios. Thus we may write 

� = CPl (P2, k, N 
D , M ,Rl ... Rn) 

M* Pl a Dp.go 

where N = angular velocity of the compressor shaft 

( 10-10) 

D = a typical dimension, taken as the rotor diameter or piston 
diameter as the case may be 

Pl = inlet stagnation pressure 

P2 = delivery pressure 
a = sound velocity based on inlet stagnation temperature 
p. = inlet gas viscosity 

M* = the ideal critical, or choking, flow with the given inlet con
ditions, assuming the throat area to be 7rD2j4. 

Thus, from eq A-22, 

where p is inlet stagnation density. 
For air with k = ] A, 

( 10-1 1) 

From experience with four-stroke engines (Fig 6-16), it seems safe to 
assume that Reynolds number effects will be small. If we confine the 
problem to air as the fluid medium, k may be considered constant over 
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the compressor range. Thus the foregoing equation can be written 

� = CP2 (P2, �'Rl ... Rn) 
M* Pl a 

(10-12) 

where ND has been replaced by 8, the rotor tip velocity or the mean piston 
speed. 

If this equation is correct, dimensionless performance parameters 
other than M / M* will depend on the same variables, and we may write 

(P2 8 ) 'Y/c = CP3 -, -, Rl ... Rn Pl a 

ee = CP4 (P2, �, Rl ... Rn) Pl a 

(10-12a) 

(1O-12b) 

where 'Y/e is compressor efficiency and ee is compressor volumetric ef
ficiency, M/NVd p. Here Vd is the displaced volume per revolution and 
p, the compressor inlet air density. 

If these equations are correct, experiments should show that M/M*, 
'YJe, and ee are unique functions of P2/Pl and 8/a for air compressors. 

COMPRESSOR PERFORMANCE CURVES 

Figure 10-5 gives comparative performance characteristics of typical 
examples of several compressor types. The curves are plotted on the 
basis of eq 10-12. 

Flow Capacity. In interpreting Fig 10-5 it may be noted that M / M* 
is a measure of the flow capacity of each type in relation to its rotor (or 
piston) area. It is evident that in the useful range the flow capacities 
per unit rotor (or piston) area are highest for the dynamic types. Ef
ficiencies given in Fig 10-5 are based on shaft power, except in the re
ciprocating compressor, in which efficiency is based on indicator di
agrams. 

One thing not shown by Fig 10-5 is the fact that piston compressors 
can give excellent indicated efficiencies in the range of pressure ratios 
between 1 and 2. Thus, if friction is small, this type of compressor may 
be quite efficient for scavenging two-stroke engines. This matter is dis
cussed further under "choice of compressor type." 

Pressure Ratio. Figure 10-5 shows that only the piston-type com
pressor is suitable for pressure ratios greater than about 4 in a single 
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Fig 10-5. Comparative performance of compressors. 
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stage. The axial and centrifugal types lend themselves especially well 
to multistage construction. 

Individual Performance Curves. Figures 10-6, 10-7, and 10-9 show 
performance curves of three of the more important compressor types used 
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Fig 10-6. Performance of a piston compressor with automatic valves: Z' = 
(Ap/Av)s/a; M* = 0.578 Appa; eo = M/NVp; Ap = piston area; A. = valve area 
(length X width of ports); a = inlet sound velocity; M = mass flow of air; M* = 
critical mass flow; N = angular velocity of shaft; PI = inlet pressure; P2 = outlet 
pre5Sure; 8 = mean piston speed; V = piston displacement per revolution; p = inlet 
density; 'I = compressor efficiency; 1 cyl, single-acting compressor; 3.25-in bore; 
4.5-in stroke; 5.65% clearance volume; Ap/A. = 12.08. Compressor has automatic 
valves, per diagram. (Costagliola, ref 10.10) 
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Fig 10-7. Roots compressor characteristics: 51* = 0.578 (7rD2/4)pa; eo = 51/NVp; 
a = inlet sound velocity; D = rotor diameter; L = rotor length; 51 = mass flow; 
51* = choking mass flow; N = angular speed of shaft; PI = inlet pressure; P2 = 
delivery pressure; B = 7rDN; V = displaced volume per revolution; p = inlet 
density. (Ware and Wilson, ref 10.23, tables I-V) 

with engines. These curves are similar to those of Fig 10-5 but are on a 
larger scale and contain additional information. 

For displacement type compressors (Figs 10-6 and 10-7) the volumetric 
efficiency is a useful parameter. This quantity is defined in the same way 
as for four-stroke engines, namely, 

(10-13) 
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where eo = compressor volumetric efficiency 
M = mass flow per unit time 
No = revolutions per unit time of the compressor shaft V 0 = compressor displacement volume in one revolution 

p = gas density at compressor inlet. 

Substituting eq 10-1 1  in eq 10-13 gives 

for rotary displacement compressors (M) D3/VC 
ec = 1.42 -.- ---

M* s/a 
and for piston compressors 

ec = 1.156 (�) _
1
_ 

M* s/a 

Lines of constant eo are given in Figs 10-6 and 10-7. 

(10-14) 

(1O-14a) 

Figures 10-5, 10-6, and 10-7 show that a special characteristic of dis
placement-type compressors is small variation of mass flow as pressure 
ratio varies, speed (s/a) being constant. The reason for this character
istic is explained by noting in eq 10-14 that, with a given speed, displace
ment, and inlet density, M varies only with the volumetric efficiency of 
the compressor. Since the change in volumetric efficiency with pressure 
ratio is small (see Figs 10-6 and 10-7), the mass flow changes little at 
constant speed. As we shall see, this characteristic is very desirable 
when the resistance to flow of the system is not accurately predictable 
or when this resistance may change under service conditions. 

RECIPROCATING COMPRESSORS 

The reciprocating compressor with automatic valves (Fig 1O-3a) is in 
common use as a scavenging pump for large and medium-sized two-stroke 
Diesel engines. It is also a very widely used mechanism for pumping 
fluids in many other applications. In spite of its wide use, very little 
basic information on this type of machine is available in the literature 
(refs 10.1-). Therefore, it seems appropriate to give it some special 
attention here. 

By analogy with the four-stroke reciprocating engine (Chapter 6), 
it would seem that the inlet and outlet valves of a compressor will have 
a powerful influence on compressor performance. If an adequate outlet
valve area is assumed, it would appear, again by analogy with the four-
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stroke engine, that an important parameter affecting the performance of 
reciprocating compressors would be a Mach index based on the inlet 
valves, similar to the factor Z of Chapter 6. We may recall from that 
chapter that 

where s = mean piston speed 
a = inlet sound velocity 

Ap = piston area 
Ai = nominal inlet-valve area 

(10-15) 

Ci = inlet-valve mean steady-flow coefficient based on the nominal 
valve area. 

Little information is available in the literature concerning the flow 
coefficients of automatic valves. Furthermore, because these valves are 
opened by pressure difference the flow coefficient probably varies con
siderably with speed and pressure ratio. However, when valves of a 
given design are used it may be assumed that Ci does not change with 
the number or size of valves of a given design. In this case the above 
parameter may be simplified to 

s A 
Z' = - X � 

a Ai 
(10-16) 

Figure 10-6 shows curves of constant Z' as well as the other quantities 
already mentioned. This figure is the result of tests made on a small 
(3.25 x 4.5 in) compressor at the Sloan Laboratories, MIT, and rep
resents the only data available to your author in which speed and pres
sure ratio have been varied over a wide range. Most published data on 
reciprocating compressors cover only design-point values. Whether or 
not Fig 10-6 can be taken as representative of the performance of piston 
compressors, generally, remains a question which can be answered only 
when similar test data on other piston compressors become available. 

Use of Fig 10-6 in Compressor Design. Let it be assumed that 
this figure gives a good indication of the indicated performance of piston
type compressors having these characteristics: 

1. Inlet-valve area = exhaust-valve area 
2. Small clearance volume (6% or less of the piston displacement) 
3. Steady pressures at the compressor inlet and discharge 
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From the figure it may be seen that for high volumetric and thermal 
efficiency at a given pressure ratio Z' should be kept below 0.19. In
creasing the ratio valve-area-to-piston-area should increase the piston 
speed at which satisfactory performance can be obtained. 

Valve Stresses. Among similar mechanical systems impact stresses 
are proportional to velocity of impact. From this relation it may be 
deduced that stresses in the reed valves will be proportional to the 
product (valve length X rpm). Therefore, the smaller the valves, the 
higher the rpm at which they will perform without breakage or serious 
wear. The valves used in the compressor of Fig 10-6 are said to have 
satisfactory life up to 1500 rpm. Therefore, any valve of this design 
should be satisfactory in this respect when (valve length X rpm) does 
not exceed 372 ft/min. 

Over-All Efficiency. Over-all efficiency of this type of compressor 
will be its indicated efficiency mUltiplied by its mechanical efficiency, 
the latter being equal to (imep - fmep)c/imepc' The indicated mean 
effective pressure in the compressor cylinder can be computed from the 
following expression, obtained by dividing both sides of eq 10-8 by N eVe: 

( 10-17) 

This indicated mep is not to be confused with cmep in expressions 
10-25 and 10-26, which is the engine mep required to drive the com
pressor. 

The friction mep will'depend on piston speed and on the design of the 
compressor. Few data on compressor friction appear to be available. 
On piston compressors used for scavenging two-stroke engines, rings have 
sometimes been omitted in order to minimize friction. However, this 
device is evidently practicable only when pressure ratios are so low that 
leakage past the piston is relatively small. 

Crankcase COInpressors. These are piston-type compressors with 
special limitations due to the fact that they are combined with the crank
case and piston of an engine. In practice, such compressors must have a 
large ratio of clearance volume to displacement volume. Because of this 
limitation such compressors cannot give satisfactory efficiencies except 
at low pressure ratios. Automatic inlet valves are often used, although 
it is also common to find inlet ports controlled by the piston skirt 
(Fig 10-3) or by a rotating valve driven by or incorporated in the crank
shaft. Outlet ports are always piston-controlled. 

Except for a brief test made under the author's direction (ref 10.12), 
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no test data on crankcase compressors have been found. The test re
ferred to, made on a relatively small engine, showed volumetric effi
ciencies of the order 0.50-0.60 when delivering through the cylinder. 

The attractive features of this type of compressor are 

1. Mechanical simplicity and low cost 
2. No friction losses need be charged to the compressor 
3. Little space or weight is added by the compressor 

Such compressors would seem worthy of more scientific attention and 
development than they appear to have had up to this time. 

Oscillating-Vane Type. This type (Fig 10-3) should have char
acteristics similar to those of the normal piston compressor. It has been 
used occasionally for scavenging two-stroke engines. The chief dis
advantage would seem to be the difficulties associated with sealing 
against leakage between vane and casing. 

Roots COlllpressor (Fig IO-3c). The mechanical simplicity of this 
type is very attractive. However, it suffers from the fact that compres
sion is accomplished by back flow from the high pressure receiver, and 
not only the fresh charge of air but also the air which has flowed back 
into the rotor space must be delivered against the outlet pressure. 

The shaft work required to deliver a volume V of gas against a con
stant pressure P2 from an inlet pressure PI is 

(10-lS) 

An ideal Roots compressor would have no leakage and the volume de
livered would be the displaced volume. Under these circumstances, 

(10-19) 

giving a diagram of pressure against volume as shown by the solid lines 
of Fig 1O-S. Under these circumstances, from eqs 10-4 and 10-13, 

TJcr = 
P2 - PI 

where TJcr is the ideal Roots efficiency, which can also be written 

(10-20) 

(10-21) 
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where m is the molecular weight of the gas and R, the universal gas 
constant. 

It is evident from the above expression that efficiency of an ideal Roots 

O --r---------------�--------------+_ 
Shaft angle (J 

---- Ideal Roots process 

-- - -- Real Roots process (estimated) 

- - - - Reversible adiabatic process 

CD Inlet port open, outlet port closed 

@ Outlet port open, inlet port closed 

Fig 10-8. Pressure vs shaft-angle diagrams for a Roots compressor. Diagram refers 
to pressures in the space indicated by cross hatching. 

compressor falls rapidly as P2/Pl increases. Figure 10-7 shows this 
trend. An actual Roots compressor has leakage losses which increase 
with increasing pressure ratio, and pressure fluctuations as indicated by 
the real curve of Fig 10-8. Table 10-1 compares actual with ideal Root" 
efficiencies for an exceptionally well-designed compressor. 



378 COMPRESSORS, EXHAUST TURBINES, HEAT EXCHANGERS 

Table 10-1 

Ideal and Actual Roots-COInpressor Efficiencies 

TJC1' From Fig 10-7 at M/M* = 0.06 TJc 
e. = 1 .0 TJCT TJCT 

pdP! (1) e. TJc (2) (3) 

1 . 0  1 . 0  
1 . 2  0 . 937 0 . 97 0 . 79 0 . 900 0 . 878 
1 . 4  0 . 920 0 . 96 0 . 77 0 . 882 0.872 
1 . 6  0 . 835 0 . 95 0 . 74 0 . 795 0 . 930 
1 . 8  0 . 805 0 . 935- 0 . 71 0 . 752 0 . 945 
2 . 0  0 . 765 0 . 917 0 . 675 0 . 700 0 . 964 

(1) From expression 10-21 ; (2) (column 2) X (column 3) ; (3) (column 4)/ 
(column 5). 

Lysohn and Rotating Vane COlllpressors (refs 10.3-). These 
displacement types can be built to compress the gas to delivery pressure 
before the outlet ports open. Thus their indicated efficiencies can be 
better than those of the Roots type under similar conditions. However, 
their mechanical complications, compared to the Roots type or the 
dynamic compressors, have prevented their extensive commercial use. 

Centrifugal and Axial COlllpressors. These types are so well 
covered in the literature (refs 10.4-) that their treatment here will be 
confined to problems in connection with their use as compressors or 
superchargers for engines. 

Figure 10-9 shows characteristic curves of a single-stage centrifugal 
compressor. As shown by Fig 10-5, these curves are similar in character 
to those of axial compressors. 

It may be noted from Figs 10-5 and 10-9 that the curves of constant 
sla are not nearly vertical, as in the case of displacement compressors. 
Furthermore, as MIM* is reduced at constant sla, the curves end at a 
surge line. To the left of this surge line the pressure pulsates severely, 
and performance becomes quite unsatisfactory. It can also be noted 
that if the operating point at a given speed is at the flow for maximum 
efficiency, a small decrease in mass flow will throw the machine into surge. 

From the above considerations it is evident that if dynamic-type com
pressors are to be used care must be exercised to see that the mass flow 
is not decreased in service to the point at which surge is encountered. 
An exception to this statement may be made for the case in which the 
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Fig 10-9. Typical centrifugal compressor characteristics: M* = 0.578 (1rD2/4)pa; 
a = inlet sound velocity; D = rotor diameter; M = mass flow; M* = choking mass 
flow through impeller area; N = revolutions per unit time of shaft; PI = inlet pressure; 
P2 = delivery pressure; 8 = 1rDN; p = inlet density. (Campbell and Talbert, ref 10.40) 

air supply is controlled by a throttle, as in supercharged spark-ignition 
engines. When the throttle is closed far enough to reduce the inlet
manifold pressure below atmospheric, surge may occur in the com
pressor. However, since the compressor is now not being usefully em
ployed, the surge may be tolerable under these conditions. 

With systems whose flow characteristics are known, it is not difficult 
to choose the size and speed of the compressor for a given regime of 
operation. Unfortunately, in the case of engines the flow characteristics 
may be altered by deposits on the ports or valves or by a change in 
exhaust piping or exhaust silencer. When such changes are not under the 
control of the engine manufacturer the use of dynamic-type compressors 
has serious disadvantages. Some allowance can be made for reduced 
flow by setting the operating point well to the right of the surge line. 
However, as indicated by Figs 10-5 and 10-9, a considerable sacrifice in 
efficiency may be necessary. 
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In spite of these disadvantages, the centrifugal type compressor is 
widely used for the following reasons: 

1 .  It operates at rotational speeds appropriate for direct drive by an 
exhaust turbine. 

2. It is relatively simple, small, and cheap to manufacture. 
3 .  It can have very good efficiency in the range of pressure ratios from 

1 .5 to 3 .0 where many superchargers are designed to operate. (See 
Chapter 13.) 

Axial COlllpressors. In order to furnish pressure ratios appropriate 
for use with engines, multiple stages must be used. As indicated by 
Fig 10-5, maximum efficiency can be higher than that of a single-stage 
centrifugal type. However, the higher cost of the axial type, together 
with the fact that it does not lend itself so well to operation over a wide 
range of operating conditions, has caused most engine designers to prefer 
the centrifugal type. 

COMPRESSOR-ENGINE RELATIONS 

In practice, under normal operating conditions, the compressor sup
plies all the air used by the engine. Under these conditions, the mass 
flow through the compressor can be expressed as a function of engine 
characteristics: 

For four-stroke engines 

. Aps 
M = - Paev( 1 + Fi) ( 10-22) 

4 

For two-stroke engines 

. Aps (r) 
M = - p.R. -- ( 1  + Fi) 

2 r - 1 
(10-23) 

1M is the mass flow of gas per unit time through the compressor. Fi is 
ratio of gaseous fuel to air in the compressor and is zero for Diesel en
gines and for spark-ignition engines in which the compressor is upstream 
from the carburetor or injector. The other symbols are defined in 
Chapters 6 and 7 and should be familiar to the reader. 

In eq 10-22 ev is the engine volumetric efficiency, which should not 
be confused with the compressor volumetric efficiency, ee, used in eqs 
10-12-10-14 and in eq 10-17.  
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In work with engines it is convenient to express the compressor power 
requirement in terms of engine mean effective pressure. Let compressor 
mean effective pressure be defined as 

cmep compressor power 

imep indicated engine power 
( 10-24) 

From this definition, dividing compressor power (eq 10-8) by engine dis
placed volume per unit time gives the compressor mean effective pres
sure. Performing this operation for four-stroke engines, 

(10-25) 

For two-stroke engines evpi is replaced by p.R8(r/r - 1) .  
In engine computations it is also convenient to determine the ratio of 

compressor mep to engine imep. Dividing eq 10-25 by eq 6-9 and per
forming a similar operation for two-stroke engines gives, for both four
stroke and two-stroke engines, 

cmep _ 1 + Fi {CP1T1Yc} 
------

imep QcF'rli' 77cr (10-26) 

The use of this equation is demonstrated in the Illustrative Examples at 
the end of this chapter. 

ENERGY AVAILABLE IN THE EXHAUST 

Figure 10-10 illustrates a constant-volume fuel-air cycle. If the ex
pansion line is continued reversibly and adiabatically to point 5, where 
the exhaust pressure is Pe, the work done by ( 1 + F) Ibm of gas between 
points 4 and 5 is E4* - E5*. (See Chapters 3 and 4.) For a repetitive 
process it would be necessary to discharge (1 - f) (1 + F) Ibm of the 
gas from an exhaust receiver at pressure P5, so that the net work avail
able from the process 4-5-5a would be 

Wba * = J(l - f) (E4* - E5*) - P5(V5* - v4*) 

= J(l - f) (H4* - H5*) - V4*(P4 - P5) 
(10-27) 

where H 5 * is the enthalpy of (1 + F) Ibm after reversible adiabatic 
expansion from H4* to P5. The foregoing is the additional work which 
would be available from a perfect turbine which expanded the gases 
from 4 to 5 without losses and discharged the gases at P5. 
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Fig 10-10. Work available from idealized exhaust processes. (Steady-flow work 
area assumes no blowdown work. If ideal blowdown work is used, remaining steady
flow work would be an extension of the 4-5 expansion line.) 

If the exhaust gases are considered perfect gases, 

where 

(See Fig 10-2.) 

(P5)(k-l)/k 
Ytb = 1 - -P4 

(10-28) 

(10-29) 

In all these relations the process 4-5 is reversible and adiabatic. For 
convenience, the process 4-5-5a is called t.he blowdown process. 

If the gases were discharged from successive cycles into a tank at the 
steady pressure P5, additional work could be obtained by allowing the 
gas to flow from the tank through another turbine to atmospheric pres
sure, P6. The work available from a reversible adiabatic turbine would 
be 

(10-30) 

where W.a * is the reversible adiabatic work obtainable when the cylinder 
contains (1 + F) Ibm of gas. H6* is the enthalpy after reversible 
adiabatic expansion from point 5 to atmospheric pressure. 



EXHAUST TURBINES IN PRACTICE 383 

If the exhaust gas can be considered a perfect gas: 

(10-31) 
where 

(10-32) 
(See Fig 10-2.) 

A turbine designed to operate on this process is called a steady-flow 
turbine.* 

EXHAUST TURBINES IN PRACTICE 

In practice, exhaust turbines may be designed to operate as blowdown 
turbines, or as steady-flow turbines, or they may be designed to use part 
blowdown energy and part steady-flow energy. 

Steady-Flow Turbines 

For this type a number of cylinders are manifolded together to deliver 
exhaust gas directly to a turbine nozzle box which acts as a receiver and 
is expected to hold a reasonably steady pressure during operation. 

From eqs 10-31 and 10-32 the power of such a turbine can be written 

(10-33) 

where TIts is the efficiency of the steady-flow turbine, which is defined as 
the ratio of actual turbine power to the reversible adiabatic power. Cpe 
is the specific heat of the exhaust gases at constant pressure. t 

E�haust Temperature. If conditions at point 4 and the heat flow 
during the exhaust process were known, or measurable, the temperature 
in the exhaust receiver could be computed. However, in any actual 
installation these data are seldom available. Therefore, it is necessary to 
resort to measured values of Te in order to make use of eq 10-33. Figure 
10-1 1 gives available data on temperatures measured at the turbine 
inlet for typical installations. 

t For purposes of computation, the characteristics of exhaust gases from internal
combustion engines can be taken as follows: 

Cpe = 0.27 Btu/lbmoR, ke = 1.343 

me = 29 ae = 48yTe ft/sec 

if e * = 0.58(CA)aePe in consistent units 

= 0.522(CA)Pe/YTe in ft-lb-sec-oR system 

* If the gases discharge to P5 without passing through a blowdown turbine, the 
temperature in the receiver will be higher than P5 and the steady-flow turbine will 
operate between P5' and P6' as indicated in Fig 10-10. 
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1 .2 

Exhaust Pressure. In order to scavenge two-stroke engines, their 
exhaust pressure must be less than their scavenging pressure. The 
pressure ratio across the engine is established by the required scavenging 
ratio and the engine flow coefficient. (See Chapter 7.) If the inlet 
pressure and exhaust/inlet pressure ratio is known, Pe is determined. 

In four-stroke engines there is no fixed limit on exhaust pressure. 
However, with a given inlet pressure, there is an optimum pressure ratio 
which gives maximum power of turbine-pIus-engine and also one which 
gives best fuel economy. References 13.12 and 13.15 show the optimum 
Pe/Pi ratio to be nearly 1.0 for typical cases. 

For turbines which drive the compressor only, the turbine power must 
equal the compressor power. In this case the exhaust pressure is fixed 
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by compressor requirements. This question is taken up later in this 
chapter. 

Efficiency of Steady-Flow Turbines. Figure 10-12 shows perform
ance curves for an axial-flow single-stage impulse turbine of the type 
generally used as an engine-exhaust turbine. Radial-flow turbines are 
also frequently used. (For their characteristics see refs 10.83-10.87.) 
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Fig 10-12. Typical steady-flow turbine characteristics (single stage, free vortex 
type). 

Steady-Flow Turbine Performance. Having determined proper 
values for pe, Pa, Te, and 7]t8, we can compute the power available from a 
steady-flow exhaust turbine from eq 10-33. Example 10-4, as well as 
some of the examples of Chapter 13, illustrates such computations. 

Blowdown Turbines 

A blowdown turbine is a turbine designed to utilize as much as pos
sible of the blowdown energy (4-5-5a) shown in Fig 10-10. In order to 
accomplish this result, the turbine nozzles must be supplied through 
separate exhaust pipes from each cylinder, or from each group of three 
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Fig 10-13. Pressure vs crank angle curves with blowdown turbines: a cylinder pres
sure; b pressure before nozzle; c inlet pressure; d exhaust pressure. (a) two-stroke 
engine, ref 10.74; (b) four-stroke engine, ref 10.75. 

cylinders or less. The pipes have a diameter near that of the exhaust 
ports, and there is no surge tank nor its equivalent between cylinder 
and turbine nozzle box. For multicylinder engines each turbine has 
separate nozzle boxes, each of which is served by not more than three 
cylinders. The arrangement must be such that one blowdown process 
will not overlap another and thus interfere with proper blowdown action. 
The maximum desirable number of cylinders on a single exhaust pipe is 
three, provided their exhaust processes are equally spaced in terms of 
crank angle. Thus three four-stroke cylinders with 2500 exhaust open
ings will overlap their exhaust openings only 10°, and three two-stroke 
cylinders with 120° exhaust opening will have no overlapping. 

Blowdown turbines will also act, in part, as steady-flow turbines if 
the nozzle area is so small that the pressure in the nozzle box is always 
higher than atmospheric. When this is the case the action of the turbine 
may be considered as blowdown to the minimum nozzle-box pressure and 
as steady-flow from that presBure to atmospheric. In such cases the 
turbine may be called a mixed flow type. 

In practice, it is difficult to realize more than a modest fraction of the 
theoretical blowdown energy for the following reasons: 

1. The unsteady nature of the flow through the turbine 
2. Pressure losses in the exhaust valve or ports 
3. Heat losses between exhaust valve and turbine 

Figure 10-13 shows typical curves of cylinder pressure and pressure 
at turbine nozzle vs crank angle. Nozzle pressure has a sharp rise soon 
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after blowdown starts, followed by falling and usually fluctuating pres
sure, as illustrated. 

Several fundamental limitations of the blowdown arrangement may 
be noted: 

1. The volume of the pipe should be small in relation to the cylinder 
volume in order to minimize loss of kinetic energy between exhaust port 
and turbine nozzle. (See ref 10.76.) 

2. Pipe area should be small in order to minimize heat loss. In other 
words; pipes should be as short as possible. 

3. The larger the exhaust valve in relation to the nozzle and the more 
quickly it opens, the less...the pressure loss between cylinder and nozzle 
and the higher the mean pressure at the nozzle entrance. 

4. For a given cylinder pressure at exhaust-valve opening, the smaller 
the nozzle, the greater the crank angle occupied by blowdown. 

Computation of Blowdown Turbine Power. Because of the many 
unknown losses involved it is difficult to compute actual blowdown tur
bine characteristics and their effects on engine behavior. Thus most of 
the quantitative information available is the result of experiments which 
have generally approached the problem from the point of view of ex
haust-gas kinetic energy rather than from the thermodynamic relations 
indicated by eqs 10-2 7-10-33. 

For steady flow of a perfect gas through a nozzle we have seen from 
Appendix 3 that the mass flow depends on the nozzle area, the pressure 
ratio, the upstream density and sonic velocity, and the specific-heat 
ratio of the gas. Since velocity in the nozzle is mass flow divided by CpA, we may write 

_M_' _ = �a = cf> (!!.P-4e . k, RI ... Rn) CnAnap 
In order to eliminate P4, we may substitute Ma/CnAngo as a variable and 
write 

U (PeCnAngo ) 
- = cf> • • k, RI ... Rn a M a 

where u = velocity through the nozzle a = upstream sonic velocity Pe = downstream pressure 
. CnAn = nozzle area times flow coefficient M = mass flow 

k = specific-heat ratio 
RI . . .  Rn = design ratios 

(10-34) 
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Viscosity effects (Reynolds number) are omitted as being unimportant 
in the high-velocity range under consideration. 

If we assume that the same relations hold for the blowdown process in 
the engine, where u, a, and M represent average values, we could expect 
the mean nozzle velocity to be a function of p.CllAngo/ M a (1 + F) a. 
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Fig 10-14. Blowdown turbines, nozzle velocity ratio VB blowdown parameter. (a 
from Pinkel,  ref 10.61 ,  four-stroke aircraft cylinders. Other data from Witter and 
Lobkovitch, ref 10.68 . )  Ap is piston area of one cylinder. 

This relation has been found valid, as illustrated in Fig 10-14. For 
this figure, the mean nozzle velocity was computed from the meas
ured thrust on a plate placed opposite the nozzle exit. (See refs 10.68, 
10.70. ) If we assume that the average velocity u has been determined, 
the power of a blowdown turbine can be written 

( 10-35) 
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1Jkb is the kinetic efficiency of the turbine, that is, the ratio of measured 
turbine power to the theoretical power at velocity u . For blowdown 
turbines of good design 0.75 > 1Jkb  > 0.70, according to ref 10.70. 

Nozzle Area. From the foregoing discussion it is evident that a very 
critical problem in fitting a blowdown turbine to an engine is the flow 
capacity (flow area X flow coefficient) of the nozzles connected to one 
group of cylinders. If this area is too large, little energy will be captured, 
and, if it is too small, flow through the whole compressor-engine-turbine 
system will be too restricted. 

Figure 10-14 indicates that with a given mass flow the smaller the 
nozzle area, the greater the turbine output. However, it is evident that 
for a given output the exhaust pressure, hence all cylinder pressures 
during the cycle, must rise as nozzle area decreases. The optimum 
nozzle area, which depends on engine type and operating conditions, is 
discussed more fully in Chapter 13.  Nozzle-area to piston-area ratios 
between 0.05 and 0. 10 are generally used for blowdown turbines in prac
tice. (See Table 13-3 .)  Area ratios below 0.05 usually involve nozzle 
pressures which never go down to atmospheric pressure and therefore 
turn the turbine into a mixed-flow type. 

Comparison of Blowdown and Steady-Flow Turbines 

Figure 10-15 compares the performance of steady-flow and blowdown 
turbines applied to a four-stroke Diesel engine with FR' = 0.6 and 

Pe/Pi = 1 .0. Quantitatively, such curves vary with the type of engine 
and its operating regime, but for comparing the various turbine types 
Fig 10-15 may be considered typical. 

The figure shows that the output of the pure blowdown turbine exceeds 
that of the steady-flow turbine up to a compressor pressure ratio of 1 .2, 
above which the steady-flow turbine is clearly superior in output. Be
Iow a pressure ratio of 1 .2  the blowdown turbine has enough power to 
drive the compressor and the advantage of operating with a lower mean 
exhaust pressure than a corresponding steady-flow unit. Thus the blow
down turbine is widely used with installations operating at low com
pressor-pressure ratios. 

Mixed-Flow Turbines. Curve 5 of Fig 10-15 shows the turbine 
output obtainable under the assumed conditions by using a turbine of 
the mixed-flow type. The nozzle areas have been selected so that the 
minimum pressure in the nozzle box equals the inlet pressure, as in the 
case of the steady-flow turbine. The design change required to achieve 
this result would be to provide separate exhaust piping from each group 
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Fig 10-15.  Blowdown and steady-flow t.urhine performance : 

1 Steady-flow only 

2 Blowdown, CA n/Ap = 0. 10 
3 Blowdown, CAn/Ap = 0.05 
4 Compressor mep 
5 Blowdown plus steady flow, CAn/ Ap = 0.10 

= 

Computed from Fig 10-14 (Diesel curves) and eqs 10-33-10-39 : engine, four-stroke 
Diesel; FR' = 0.6 ; ev = 0.85 at Ti = 560oR; P./pi = 1 .0; compressor, '1c = 0.75 ; 
aftercooler, Co = 0.75, 3% pressure drop; PI = atmospheric pressure ; P2 = compressor
delivery pressure. Blowdown turhine when used alone operates down to atmospheric 
pressure. When used with steady-flow turhine, it operates doV'm to Pe = Pi = 0.97p2 ' 
T/kb = 0.70. Steady-flow turhine operates between Pe = Pi and atmosphere. T/ts = 
0.80. 

of three or less cylinders whose firing is evenly spaced and to divide the 
turbine-nozzle box into separate compartments, each serving one group 
of cylinders, In this case the exhaust piping and nozzle compartments 
act as the necessary reservoir for the steady-flow portion of the process. 
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Many commercial exhaust turbines used in the range of compressor
pressure ratios from 1 .2 to 3 .0 are the mixed-flow type. For very high 
pressure ratios the relative gain by using the mixed-flow type would 
seldom justify the added complication of separate exhaust pipes and 
multiple turbine-nozzle boxes. 

TURBINE-ENGINE COMBINATIONS 

By analogy with expression 10-26 , we can write 

(a) For steady-flow turbines (from eq 10-33) 

tmep. 
= 

(1 + F) {Cp.T. Yt 7/t 1 
imep QcF'r/i' r J 

(b) For blowdown turbines (from eq 10-35) 

tmepb 
= 

( 1  + F) { U27/kb 1 
imep QcF'r/i' 2goJr J 

( 10-36) 

( 10-37) 

Thus the relations between engine and turbine performance are estab
lished once we know the operating conditions for the engine and T. 7/t 
or U27/kb for the turbine. Examples following this chapter and Chapter 13 
illustrate the use of the foregoing relations. 

Turbo-Supercharger Perforlllance. For the turbo-supercharger 
compressor and turbine power must be equal, hence their mep must be 
equal. For a steady-flow turbine setting cmep from eq 10-26 equal to 
tmep from eq 10-36 gives 

Cp1 T1 Yc (1 + Fi) 
----------------

= 1 
( 1  + F) Cp.T. Yt 7/t. 7/c 

and for the blowdown turbine 

_C_p1_T_l_Y_c (_1 _+_F_i)_2g_oJ_ = 1 
( 1  + F)U27/kb7/c 

( 10-38) 

( 10-39) 

From these equations proper values of the pressure ratio across the 
steady-flow turbine or the proper value of u (hence, nozzle area) for the 
blowdown turbine can be determined. (See examples 10-4-10-7 .)  
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AFTERCOOLERS 

The performance of compressor-engine combinations can often be im
proved by inserting a cooler between the compressor and the engine 
inlet. 

The temperature drop through an aftercooler is usually expressed in 
terms of effectiveness, defined as the ratio between the measured tem
perature drop and the maximum possible temperature drop, which 
would bring the cooled fluid to the coolant temperature. Thus 

Tl - T2 Cc = ---Tl - Tw 
where Tl = entrance stagnation temperature 

T2 = exit stagnation temperature 
T w = coolant entrance temperature 
Cc  = the cooler effectiveness 

( 1 0-40) 

Obviously, an effectiveness of unity would require an infinitely large 
cooler. Under circumstances in which cooling is worthwhile an effective
ness of 0.6 to 0.8 usually keeps cooler size within reasonable limits. 

The use of a cooler inevitably involves a pressure loss. For estimating 
purposes it can be assumed that well-designed coolers will involve a loss 
of 2-3% of the entering absolute pressure. 

Whether or not an aftercooler is desirable depends chiefly on space 
limitations and on whether or not a good supply of coolant is available. 
Air-cooled aftercoolers are sometimes used in aircraft but are not often 
considered worthwhile for land vehicles which have to operate in warm 
climates. Water-cooled aftercoolers are particularly attractive for marine 
installations and for stationary installations which have a copious supply 
of cooling water. 

References 10 .9- give design information for the types of heat
exchanger used for aftercooling. Example 10-8 shows the effect of an 
aftercooler on inlet density, and several examples following Chapter 13 
Hhow the effect of an aftercooler on engine performance. 

COMPRESSOR DRIVES 

Compressor drive arrangements used in practice may be classified as 
follows: 



1. Electric drive 
2. Mechanical drive 
3. Exhaust-turbine drive 
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Electric Drive. This method has been used in some marine and 
stationary installations of large engines. An advantage of this system 
is that one or two compressors can be made to serve several engines. 
Disadvantages are the cost and bulk of the electrical equipment, in
cluding motors and controls. This type of drive is attractive only where 
electric current is available for purposes other than compressor drive. 

Mechanical Drive. This method is generally used for unsuper
charged two-stroke engines and frequently for supercharging four-stroke 
engines to moderate pressure ratios. Mechanical drive with a single 
fixed ratio is the usual way of driving displacement compressors. Be
cause of their limited operating range (Fig 10-5) dynamic compressors 
often require more than one ratio of compressor-to-engine speed. 

References 10.5- show design details of typical mechanical drives for 
compressors used for supercharging. One problem common to most such 
drives is the possibility of torsional vibration of the compressor rotor 
against the rotating mass of the engine. Often some form of flexible or 
friction-type coupling is required in order to reduce the resonant fre
quency of this vibration to a point below the operating range, or to damp 
the vibratory motion. 

In two-speed arrangements the design is further complicated by the 
problem of shifting speeds during operation. 

Exhaust-Turbine Drive. This method of driving superchargers is 
popular for both two- and four-stroke engines. The reasons for this 
popularity are because this type of drive has these advantages : 

1. It affords higher over-all power-plant efficiencies than other types 
of drive. 

2. It is mechanically very simple when turbine and compressor are 
mounted on the same shaft. 

3 .  It can be added to existing engines or changed without altering the 
basic engine structure. 

The reason for higher over-all efficiency is that with this type of drive 
the loss in engine power due to increased exhaust pressure is usually 
smaller than the power which would be required to drive the compressor 
mechanically. 

The reason for mechanical simplicity is that if a centrifugal compressor 
is used it can be designed to run at the same shaft speed as a single-stage 
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turbine, since the compressor and turbine both handle substantially the 
same mass flow with comparable pressure ratios. Therefore, these 
machines usually consist of a single-stage compressor and single-stage 
turbine mounted on the same shaft. (See refs 10.01-10.04.) 

Displacement compressors, on the other hand, cannot be run at turbine 
speeds and therefore would require gearing between turbine and com
pressor. Such combinations are not used commercially. 

The possibility of adding an exhaust-driven supercharger to an exist
ing unsupercharged engine depends on whether or not the engine can 
be operated at an inlet pressure above atmospheric. In spark-ignition 
engines inlet pressure is usually limited by detonation, and in Diesel 
engines , by stresses due to peak cylinder pressure. The question of 
whether or not supercharging is advisable in any particular case ·is dis
cussed more fully in Chapter 13. 

The disadvantages of exhaust-turbine drive can be summarized as 
follows: 

1. It requires special exhaust piping, which runs at high temperature. 
2. It is attractive only in connection with dynamic compressors. 
3. It usually has an acceleration lag, as compared to the engine. 
4. It may be more expensive and may require more maintenance than 

other types of drive. 

COMPRESSOR -ENGINE- T U R BINE COM BINATIONS 

When an exhaust turbine is used its power output may be employed 
separately from the engine to drive a compressor, or it may be geared 
to the engine crankshaft so as to add its power to that of the engine. 
Combinations of this kind are discussed ill Chapter 13. 

ILLUSTRATIVE EXAMPLES 

In computing compressor and turbine performance, the following assumptions 
will be made : 

For Air Compressors: Cp � 0.24 Btu/Ibm OR, k = 1 .4, m = 29, a = 49;y"Tl 
ft/ s e c , with T i n  O R .  M *  = 0 . 578A a lP l  i n  cons i ste n t  u n i t s ,  o r M *  = 
0.53Apl/ yTl in the ft-Ib sec OR system. A is 7rD2/4 where D is rotor diameter. 

For Exhaust Turbines: Cpe =. 0.27 Btu/Ibm oR, k = 1 .34, m = 29, .ae = 
48.yT. ft/sec, with Te in oR . M *  = 0.58AaePe in consistent units, or M *  = 
0.522Ape/ yT-: in the ft-lb sec OR system. A iS 7rD2/4 where D is rotor diameter. 
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Example 10-1 . Roots Compressor. A Diesel engine runs at 1500 rpm and 
uses 20 Ibm of air/min at an inlet pressure of 1 .5 atm. Select the size and speed
ratio required for a Roots supercharger, when ambient air conditions are 5600R 
and 14.7 psia. Determine the power required to drive the compressor. 

Solution: From Fig 10-7, at P2/P I = 1 .5, maximum efficiency (0.755) occurs at 
1ID/1I*L = 0.47, B/a = 0.08. Compute : ai = 49V560 = 1 1 60 ft/sec, P I = 

2.7(14.7) /560 = 0.071 lbm/ft3. Then, 

1ID (20/60)D = 0.047 
1I*L 

= 

0.578(1I"D2/4)0.071 (1 160)L 

Let D/L = 1, and solving for D, 

D = 0.435 ft = 5.22 in 

1I"(0.435)N 
B/a = 

1 160 
= 0.08, N = 68 rps = 4080 rpm 

Thus a Roots supercharger for maximum efficiency will have the following 
characteristics : D = 5.22", L = 5.22", N = 4080 rpm, gear ratio = 4080/1500 
= 2.72, and efficiency = 0.755. 

Power Required: From Fig 10-2, 

Yc = 0. 125 

From expression 10-8, 

778 Pc = 
33,000 

X 20 X 0.24 X 560 X 0.125/0.755 = 10.5 hp 

Example 10-2. Centrifugal Compressor. Determine the rotor diameter, 
gear ratio, and power for a centrifugal compressor to serve the engine of example 
10-1 . 

Solution: From Fig 10-9, at pressure ratio 1 .5, best efficiency will be at 11/11* 
= 0.066, B/a = 0.65, 1/c = 0.81 .  
From previous example P I = 0.071 ,  a l  = 1 160. Therefore, 

11/11* = (20/60)/0.578(1I"D2/4)0.071 ( 1 160) = 0.066 

D2 = 0.135 ft2, D = 0.368 ft = 4.4 in 

N = 12(0.65) 1 1 60(60)/4.411" = 39,400 rpm 

Gear ratio = 39,400/1500 = 26.2 .  Power (from previous example) = 

10.5(0.755/0.81) = 9.8 hp 

Example 10-3. Piston Compressor. A 5000-hp, 9-cylinder, two-stroke 
Diesel engine requires piston-type scavenging pumps running at engine speed, 
which is 150 rpm. The engine uses 1000 Ibm of air/min with a scavenging 
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pressure of 4 psi gage. Determine the size of the compressor cylinders and the 
power required by the compressor with ambient air at 70°F, 14.7 psia. 

Solution: The pressure ratio of the compressor will be ( 14 .7 + 4) /14.7 = 1 .27. 
From Fig 10-6, an efficiency of 70% can be obtained by operating at Z' = 0 . 1 1 ,  
M/M* = 0.0073, e o  = 0.95. a l = 49V530 = 1 130 ft/sec. 

It should be possible to design the compressor so that its inlet-valve area can 
be t its piston area. Therefore, 

Z' = � X 8 = s X rl3 0 /60 = 0.000118  s ft/min 
a 

s = 0 . 1 1 /0.0001 18  = 930 ft/min 

Since s = 2SN , the stroke of the compressor will be 

930 stroke = 
2 X 150 

= 3 . 10  ft 

PI = 2.7(14.7)/530 = 0.075 

and from the definition of volumetric efficiency, 

A p = 2(1000)/0.95(0.075)930 = 30.2 ft2 

If 9 double-acting cylinders are used, arranged as in Fig 7-24d, the piston area 
of each cylinder would be 30.2/18 = 1 .68 ft2 and the piston diameter, 1 .46 ft. 

If a compressor in a single unit is preferred, 1 double-acting cylinder can be 
used, with a piston diameter of 4.38 ft. 

Exalllple 10-4. Steady-Flow Turbo-Supercharger. A four-stroke Diesle 
engine having 8 cylinders of 7 .25-in bore requires an inlet pressure of 2 atm from 
an exhaust-driven centrifugal supercharger. The trapped fuel-air ratio is 0.75 X 
stoichiometric with r = 0.8 .  The air consumption is 100 lb/min at standard 
atmospheric conditions. No aftercooler is used . 

Determine the characteristics of a steady-flow compressor-turbine unit and 
the required turbine-nozzle area. Assume that compressor and turbine have the 
characteristics shown in Figs 10-9 and 10-12. 

Compressor: From Fig 10-9, select the compressor operating point at pdp 1 = 

2.0, M/M* = 0. 10,  s/a = 0.86, 'Y/c = 0 .81 ,  Yo (Fig 10-2) = 0.22, P I = 0.0765 . 

a = 49'\1 520 = 1 1 20 ft/sec 

Air flow through compressor = )�rf2. = 1 .67 lb/sec. 
M 1 .67 

M* = 0 .10  = 0.578(7I"D2/4) 1 1 20(0.0765) 
D2 = 0.43 ft D = 7.88 in 

Since s/a = 0.86, the speed of the compressor should be 

N
o 

= 
12 X 1 120 X 60 X 0.86 

= 28 000 rpm 
7 .8871" ' 
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The compressor outlet temperature is computed from expression 10-9 : 

T2 = T1 + T1 Yc/TJc = 520 + 520 X 0.22/0.81 = 661 °R 

Since there is no cooling, the engine inlet temperature Ti is equal to T2• 
Turbine : From Fig 10- 1 1 ,  the exhaust temperature at FH = 0.75 (0.80) = 0.6 

is 1000°F above inlet temperature. Therefore, 

T. = 661 + 1000 = 1 661 °R 
and 

a. = 48Vi66i = 1960 ft/sec 

As a trial value, take TJt8 as 0.80. Using eq 10-38, 

0.24 X 520 ��� ______ = 1 1 .041 X 0.27 X 1661 X Yt X 0.81 X 0.80 

Yt = 0.09 and, from Fig 10-2, P6/P5 = 0.68, P5/P6 = 1/0.68 = 1 .47. 
Refer to Fig 10-12 ; at this pressure ratio the efficiency is 0.80 or better be

tween s/a = 0.38 and 0.44. 
From Fig 10-12 at P5/P6 = 1 .47 and l1t maximum, read s/a = 0.44. 

if s M 
-.- - = 0.087. Then - = 0.087/0.44 = 0. 198 
M* a M* 

� 
= 

1 .67 X 4yi661 ( 1 .041) (0.68) 
= 0. 198 

M* 0.522 X 7rD2 X 14 .7  

from which D2 = 40.4, D = 6.35 in. 

Nt = 

12 X 1960 X 60 X 0.44 
= 31 200 6 .357r ' rpm 

In order to mount the turbine directly on the compressor shaft, it must be run 
at the compressor speed of 28,400 rpm. In this case 

and 

s/a = 0.44 X 28,400 
= 0 40 

31 ,200 
. 

M s  

M* ; = 0 . 198 X 0.40 = 0.079 

This value is also in the range in which turbine efficiency is 0.80 or better, and 
therefore the design is balanced. The engine exhaust pressure will be 14.7 X 
1 .47 = 21 .6  psia. 

Turbine Nozzle Area: At pressure ratio 1/1 .47 and k = 1 .34, the value of cf>1 
in eq A-17 is computed as follows : ------------------v' 2 2 2.34 

cf>1 = 
0.34 

(0.68 1•34 - 0.68 1•34) = 0.555 

Po = 2.7(14.7) 1 .47/1661 = 0.035 Ibm/ft3 
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From eq A-15, 

GnAn = lf1/a.p.tPl 

1 00( 1 .04) 144 _ . 2 60( 1960)0.035(0.555) - 6.55 
III 

GnAn/Ap = 6.55/8(41 .3) = 0.0198 

Example 10-5. Blowdown Turbo-Supercharger. Determine nozzle size 
and exhaust-manifold pressure for a blowdown turbine for the engine of example 
10-4. Assume the kinetic efficiency of the turbine is 0.70 and that the engine has 
the following characteristics in addition to those given in example 10-4 : Qc = 

18,000, rli' = 0.40. 
Solution: The principal uncertainty in exhaust-turbine calculations, especially 

for blowdown turbines, is the exhaust-gas temperature. Without heat loss, the 
blowdown process starts at the stagnation temperature of the cylinder gases at 
exhaust opening and falls nearly isentropically as the gases expand during blow
down. In the actual case, heat loss is large during the blowdown process, and 
there is no good way of estimating temperatures actually entering the turbine. 
As an estimate on the conservative side, it is recommended that the estimating 
curve of Fig 10-1 1 be used for both steady-flow and blowdown turbines. 

F' = 0.067(0.75) = 0.05 F = 0.05(0.80) = 0.04 

Required Turbine Output: The required value of cmep/imep is computed from 
eq 10-26 as follows : 

QcF'TJ/ = 18,000(0.05)0.40 = 360 

From eq 10-26 using values from example 10-4, 

cmep = _1_ 5 0.24(520)0.22 t = 0 . 1 1 8  
imep 360 1 0.81 (0.8) \ 

The value of tmepb/imep must therefore be 0. 1 18 .  
Required Nozzle Velocity: In ft-lb-sec units 2g oJ = 64.4(778) = 50,000. 

Using eq 10-39, we have 
0.24(520) (0.22)50,000 _ 2 

1 .05(0.70) (0.81 )  - u 

and u2 = 2,320,000, u = 1 525 ft/sec. 
From example 10-4, a. = 1960 ft/sec so that u/a = 1 525/1960 = 0.78. 
From Fig 10-14, this value can be obtained with GnAn/ A p = 0.10 when the 

value of the abscissa parameter is 1 . 1  or less. Since GnAn/ Ap is based on one 
cylinder, with Ap = 41 in2, 

CnAn = 4. 1 in2 = 0.0285 ft2 

From example 10-4, gas flow for one cylinder will be ( 1 .041) 100/8(60) = 
0 .218  Ibm/sec. From these data, the abscissa value for Fig 10-14 is 

14.7 (144)0.0285(32.2) = 4 54 
0.218(1960) 

. 

at which point u/a = 0.51 which is too low. A nozzle half as large would still 
give a parameter of 2.27 and u/ a = 0.58. Thus, it is not possible to achieve a 
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compressor-compression ratio of 2.0 with a pure blowdown turbine of 0.70 
kinetic efficiency. This can also be inferred from an examination of Fig 10-15. 

Example 10-6. Mixed-Flow Turbo-Supercharger. Determine the char
acteristics of a mixed-flow turbine to drive the compressor of examples 10-4 and 
10-5. 

Solution: The objective of using a mixed-flow turbine will be to lower the mean 
exhaust pressure. From example 10-4, the required exhaust pressure for a 
steady-flow turbine is 1 .47 atmospheres. The mixed-flow turbine should be 
able to operate with a considerably lower mean exhaust pressure. 

It is not possible to determine the exact nozzle size required without a detailed 
analysis of the flow process through the exhaust valve and turbine. However, 
an approximation of the nozzle size and turbine performance can be obtained 
as follows : 

Nozzle A.rea: For the blowdown turbine with an 8-cylinder engine, two cylin
ders will be connected to each nozzle. Thus, the flow through each nozzle will 
be (1 .041) 100/4 X 60 = 0.434 lb/sec. With an average exhaust temperature 
entering the blowdown nozzles of 1661 °R (from example 10-4) , the area required 
to pass this amount of gas will depend on the pressure ratio across the nozzles, 
which varies with crank angle. An approximation can be made by assuming 
trial values for the effective inlet pressure of the steady-flow portion of the 
process. 

For a trial, assume that the steady-pressure portion of the turbine operates at 
a pressure ratio of 1/1 .25 = 0.80, and that the temperature entering the steady
pressure element is 1500°R. 

From Fig A-2 (page 505) , cf>1 = 0.475. Density p = 2.7(14.7) 1 .25/1500 = 
0.033 and a = 48V1500 = 1860 ft/sec. From eq A-15, 

and 

C A -
0.434 

- 0 0148 f 2 - 2 4 · 2 n n -
0.033(1860)0.475 - . t - .1 III 

CnAn/Ap = 2.14/41 = 0.052 

Actually, the nozzles will be somewhat smaller than this. Assume a value 
CnA n/ Ap = 0.05 for use with Fig 10-14. Note that the total nozzle area for the 
engine is 4(2.14) = 8.56 in2 which is appreciably larger than the 6.55 in2 re
quired for the steady-flow turbine of example 10-4. 

Blowdown Performance: The parameter for Fig 10-14 is based on a flow of 
0.475/2 = 0.238 lb/sec from one cylinder. Its value is (14.7 X 1 .25 X 144) X 
0.05(32.2)/0.238(1860) = 9.62. From Fig 10-14, u/a = 0.315 and u = 
0.315(1860) = 586 ft/sec. From eq 10-37, 

tmepb = 1 .0� ( (586)20.70 ) = 0 0174 
imep 360 0.80(50,000) 

. 

Steady-Flow Performance: From Fig 10-2, Yt = 0.06 and from eq 10-36, 

�mep. = 1 .041 (0.27(1500)0.06(0.81)) = 0.071 
lmep 360 0.80 

The total turbine output is represented by the sum of the two outputs so that, 

tmep 
imep 

= 0.0174 + 0.071 = 0.0884 
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The required value from example 10-5 was 0 .1 18, so we have underestimated the 
required steady-flow pressure. Trial values higher than pressure ratio 1 .25 
should be tried until a value is found that gives the required tmep/imep. The 
resulting estimate would require experimental verification as to nozzle size and 
performance of the turbine. 

Example 10-7. Mixed-Flow Geared Turbine. Using Fig 10-15, compare 
the engine output at P2/Pl = 2.5 with a geared-in mixed-flow turbine with the 
output when a mixed-flow turbine is used for a free turbo-supercharger. Use 
engine data given with Fig 10-15 with the following additional data : 711 = 0.48, 
T w = 5400R, fmepo = 20, s = 1800 ft/min, Z = 0.30, r = 1 .0.  With turbo
supercharger P,/Pl = 0.75 and ev' = 0.88. 

Solution: From eq 6-9, imep = i I � PI 0.85(18,000) (0.6) (0.067) (0.48) = 1593 Pl' 
From Fig 10-2, Yc = 0.30 and T2 = 560(1 + 0.30/0.75) = 785°R. From eq 
10-40, Tl = 785 - 0.75(785-540) = 601°R ; PI = 14.7(2 .5)0.97 = 35.6 psia ; 
PI = 2.7(35.6)/601 = 0.16 Ibm/fe ; imep = 1593 (0. 16) = 255 psi. This is the 
imep when P./Pt = 1 .0 as assumed in Fig 10-15 .  

With Turbo-supercharger: imep = 255(0 .88/0.85) = 264. From eq 9-16, 
fmep = 20 + 0.47 (35.6) (0.75 - 1) + 0.04 (270 - 100) = 23 ; isfc = 2545/0.48 
(18,000) = 0.295 ; bmep = 264 - 23 = 241 ; bsfc = 0.295 (264/241) = 0.324. 

With Geared Supercharger: According to Fig 10-15, at P2/Pl = 2.5,  the tmep 
of a mixed-flow supercharger will be 52 psi. The compressor mep, from eq 
10-26 is 

255 (0.24(560)0.30) . 
cmep = -:-:18:-:,0=-=-0-=-0(=0--=-.04

-:-:
0)0.48 0.75 

= 40 pSI 

From eq 9-16,  fmep = 20 + 0.04(261 - 100) = 26.2 ; bmep = 255 - 40 -
26.2 + 52 = 241 ; bsfc = 0.295(255/241) = 0.312. 

The performance with the geared system would be significantly improved 
with a higher compressor efficiency. From Fig 10-9, this could have been 0.80 
in which case, cmep = 40(0.75/0.80) = 37.5 ; bmep = 241 + (40 - 37.5) = 
243.5 ;  bsfc = 0.295(255/243.5) = 0.309. 

Example 10-8. Aftercooler. The compressor of example 10-1 is equipped 
with a water-cooled aftercooler of 0.70 effectiveness. The cooling-water tempera
ture is 80°F. Pressure loss through the cooler is 2%. Compute the engine-inlet 
density as compared with no cooling. 

Solution: The temperature drop through the cooler is computed as follows : 

T2 = 560 + 560 X 0.125/0.81 = 647°R ; Tw = 460 + 80 = 540°R. 

From eq 10-40, 
647° - Tt 

0.70 = 
6470 - 540 ' 

Pt = 14.7 X 1 .5 X 0.98 = 21 X 0.98 = 20.6 psia 

The inlet density with cooling compared to the inlet density without cooling is 

20.6 647 = 1 07 
21 .0 

X 
592 

. 



 

eleven-----

Influence 
of 
Cylinder 
Size 
on Engine 
Performance 

Basic to a fundamental understanding of engine performance is an 
appreciation of the influence of cylinder size. In order to isolate the 
effects of size, it is necessary to use the concept of mechanical similitude, 
to which frequent reference has already been made. This concept was 
introduced and defined in Chapter 6, and cylinder-size effects have been 
discussed in connection with several aspects of engine operation. Ref
erences 11.10-11.44 discuss the influence of cylinder size in detail. 

In a group of cylinders of different size, but of similar design and the 
same materials of construction, the effects of cylinder size may be sum
marized as follows: 

1. Stresses due to gas pressure and inertia of the parts * will be the 
same at the same crank angle, provided (a) mean piston speed is the 
same, (b) indicator diagrams (p - fJ) are the same, and (c) there is no 
serious feed-back of vibratory forces from the crankshaft or other parts 
of the engine structure. In good design practice this should be true. 
Theoretical proof of these relations is given in Appendix 7. 

2. When inlet and exhaust conditions and fuel-air ratio are the same, 
similar cylinders will have the same indicator diagrams at the same piston 
speed (Fig 6-16) and the same friction mean effective pressure. (See 

* The parts of a cylinder assembly are taken to include cylinder, piston, connecting 
rod, and valve-gear parts which pertain to that particular cylinder. 

401 
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Fig 11-1. Effect of cylinder bore on detonation. MIT similar engines with spark 
ignition: FR = 1.2; Tc = 170°F. For klimep curve, Pc = 15.7. For other curves 
Pi = 12.1, Pc = 15.5 psia. * 82.5 ON at 8 = 1000, 71 ON at 8 = 2000 ft/min 

Fig 9-15.) Under these conditions brake power is proportional to bore 
squared or to piston area. (See also ref 11.6.) 

3. Since the weight of a cylinder is proportional to the bore cubed or 
to the total piston displacement, when the mean pressure and piston 
speed are the same, the weight per horsepower increases directly with 
the bore. 

4. Unless design changes are made to keep heat-flow paths short, the 
temperatures of the parts exposed to hot gases will increase as cylinder 
size increases. (See Fig 8-6 and ref 11.30.) 
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5. With spark-ignition, as the cylinder bore increases the tendency to 
detonate increases, and therefore fuels of increasing octane number, or 
reduced compression ratios, are required, as shown in Fig 11-1. (See 
refs 11.41-11.44.) 

6. In Diesel engines, as cylinder bore increases, because of reduced 
speed of revolution it becomes easier to control maximum cylinder pres
sures and maximum rates of pressure rise. Consequently, fuels of lower 
ignition quality can be used. 

7. In both types, as cylinder bore increases, wear damage in a given 
period of time decreases; that is, the engine lasts longer between over
hauls or parts replacement. (See ref 11.36.) 

8. With the same fuel, fuel-air ratio, and compression ratio, efficiency 
tends to increase with increasing cylinder size due to reduced direct 
heat loss. 

Experience to date with the MIT similar engines shows that they be
have approximately in accordance with the foregoing "rules." An ex
ception is rule 7, regarding wear, which has not yet been verified by 
measurements but which is undoubtedly true at least in a qualitative 
sense. 

SIMILITUDE IN C OMMERCIAL ENGINE S 

In practice, the greatest differences in cylinder design are caused by 
the differing requirements of various types of service. Within each 
service category, however, a surprising degree of similitude in cylinder 
design is found. Thus the principles governing similar designs can be 
used to obtain qualitative comparisons of engine design and performance 
within a given category. 

CYLINDER- SIZE EFFECT S IN PRACTICE 

Since ratings constitute the only easily available data on the output 
of commercial engines, the rated power and rated speed have to be used 
in any over-all study of cylinder-size effects in practice. In considering 
the data here presented, it should be remembered that the rating of an 
engine is partly a subjective decision, based on the manufacturers' 
estimate of what the engine will be able to do with adequate reliability 
and durability. 

Partly because of detonation limitations and partly because of re
strictions imposed by automotive and aircraft service, spark-ignition 
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engines for a given purpose are designed within a small range of cylinder 
size. * Effects of cylinder size are, therefore, likely to be somewhat ob
scured by design variations. 

Diesel engines, on the other hand, are built in a wide range of cylinder 
sizes, and for a given type of service the cylinder designs used are quite 
similar. Therefore, data obtained from Diesel engine ratings should tend 
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Fig 11-4. Brake horsepower per sq in piston area VB bore of Diesel engines. (Data 
from Diesel P01Ver Aprll1954.) 

to reflect the effects of size which have been shown to hold for similar 
cylinder designs. 

Figures 11-2, 11-3, and 11-4 show rated bmep, piston speed, and 
specific output of US Diesel engine plotted vs bore. It is evident from 
these plots that mean values of bmep, piston speed, and specific output 
all tend to fall as bore increases. These trends are easily explained: 

1. Small cylinders are generally used in automotive applications in 
which high output in proportion to size and weight is very important. 

2. In general, large cylinders are used only in services in which there 
is great emphasis on reliability, durability, and fuel economy. This 
emphasis encourages low ratings in terms of bmep and piston speed. 

* An exception is the case of very large stationary gas engines, which are essentially 
converted Diesel engines. 
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3. Stresses due to temperature gradients increase with increasing 
cylinder size (Chapter 8) unless gas temperatures are reduced. This re
lation leads toward lower fuel-air ratios, hence lower rated bmep as the 
bore increases. 

4. Extensive development work, and especially destructive testing, 
become less practicable as cylinder size increases. With little develop
ment testing, both bmep and piston-speed ratings must be low in order 
to insure proper reliability. 

5\ With increasing cylinder size, it becomes necessary to build up 
such elements as crankcases, crankshafts, and cylinders out of many 
parts fastened together, whereas, with small cylinder sizes, one-piece 
construction is generally used. Since built-up construction is less rigid 
than one-piece construction, lower ratings are called for. 

The foregoing factors appear sufficient to account for the fact that 
average rated bmep and piston speed grow smaller as cylinder size in
creases. In spite of this fact, rated power is much more nearly pro
portional to piston area than to piston displacement, as indicated by 
Table 11-1. 

Table 11-1 
Ratio of Rated Power to Piston Area and Piston Displacement 

(From Fig 11-4) 

Highest Rating Mean Rating Lowest Rating 

Bore, in hp/in2 hp/in3 hp/in2 hp/in3 hp/in2 hp/in3 

29 1.38 0. 041 1 .2  0. 035 0.87 0.025 
4 2.6 0.55 1 . 6  0.34 0.75 0.16 

Ratio 
4/29 in 1.9 13.4 1 . 33 9.7 0.86 6.4 

(Bore-stroke ratio taken as 0.85 in each case. ) 

Minimum Ratings. It is interesting to note from Figs 11-2-11-4 
that minimum values of bmep, piston speed, and specific output are in
dependent of the bore over the whole range. Presumably, the lowest 
ratings at each bore size are for services in which long life and great re
liability are important. Apparently, for this type of service the ap
propriate values are near bmep = 80 psi, s = 1000 - 1200 ft/min, and 
P / Ap = 0.75. A question of efficiency probably enters the choice of 
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piston speed because engines designed for long life are generally used 
when low fuel consumption is very important. In Chapter 12 it is shown 
that the piston speed for highest efficiency lies near 1200 ft/min. 

Weight VB Cylinder Size. Similar engines will, of course, have 
weights proportional to their piston displacements. Figure 11-5 shows 
that commercial engines tend to conform to this relationship. If power 
is proportional to piston area, for similar cylinders weight per horse
power increases in direct proportion to the bore. Figure 11-5 shows a 
real trend in the expected direction. Weights lying far above the average 
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curve apply largely to obsolescent designs. Designs lying well below the 
average might be questioned as to their reliability and durability. 

EFFECT OF CYLINDER SIZE ON EFFICIENCY 

Figure 11-6 shows such data as your author has been able to obtain 
regarding the effects of cylinder size on thermal efficiency and on specific 
fuel consumption. 
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In the case of Diesel engines, if we consider the most economical 
engines of each size, these data do not indicate a trend toward higher 
efficiency or improved fuel economy as cylinder bore increases. A pos
sible explanation is that as cylinders are made larger the maximum 
cylinder pressures are reduced and rates of pressure rise are also lowered. 
Both of these trends tend to reduce cyclic efficiency and, therefore, to 
offset the smaller relative heat losses of larger cylinders. 

With reference to the data on spark-ignition engines, one curve is 
taken from measurements on the three MIT similar engines at the same 
compression ratio and the other is computed from that curve on the 
assumption that knock-limited compression ratio is used with a given 
fuel. Evidently, when advantage is taken of the increase in compression 
ratio which the lower octane requirements of small cylinders allow (ref 
11.44) , indicated efficiency will not suffer as cylinder size decreases down 
to 2!-in bore. 

Very SIllaU Cylinders. Tests on cylinders of less than 2-in bore 
(ref 11.35) usually show very poor brake thermal efficiency. This trend 
can be explained as follows: 

1. Very small cylinders have high relative heat loss. (See Chapter 8.) 
2. Very small cylinders are used only in services in which fuel econ

omy is relatively unimportant, such as lawnmowers, outboard motors, 
and model airplanes. 

3. Very small cylinders are usually carbureted, with very short inlet 
manifolds. Therefore, at a given gas velocity the time for mixing of fuel 
and air is very short. There is evidence that much of the fuel which is 
supplied by the carburetor in such engines goes through unevaporated 
and unburned. 

4. Because of low cylinder-wall temperatures (giving high ratios of oil 
viscosity to bore) and generally careless detail design, very small engines 
may have abnormally high friction mep. * 

5. The effective Reynolds number corresponding to gas flow in such 
engines may be so low that viscous forces add an appreciable increment 
to the forces resisting gas flow. 

It is evident that many of the foregoing characteristics of very small 
engines should be subject to improvement through careful study and 
development. 

* That this is not always the case is shown by Fig 9-27. 
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Fig 11-7. Comparison of large Diesel engine with a model airplane engine: 

Per Cylinder Model Diesel 

Bore in 0.495 29.0 
Stroke in 0.516 40.0 
Displacement in3 0.10 26,500 
bhp 0.136 710 
rpm 11,400 164 
bmep psi 47 66 
Piston speed ft/min 980 1,100 

See Table 11-2 for further details. 
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EXTREME EXAMPLE OF SIZE EFFECTS 

Figure 11-7 shows the largest and smallest engines for which reliable 
data are available to the author. Table 11-2 shows the main character-

Table 11-2 
COInparison of a Large Diesel Engine with a 

Model-Airplane Engine 

(Both engines are two-stroke, loop-scavenged types. Model-airplane engine 
has crankcase compression.) 

Extensive Characteristics 
Bore, in 
Stroke, in 
Displacement (1 cyl), in3 
Powet per cylinder, hp 
Rotational speed, rpm 
Weight per cylinder, lb 
Power per cubic inch, hp/in3 

Comparable Characteristics 
Brake mean pressure, psi 
Mean piston speed, ft/min 
Specific output, bhp/in2 
Weight/displ., lb/in3 

* From tests at MIT. 
t Manufacturer's rating. 

Model
Airplane 
Engine 

0. 495 
0. 516 
0. 10 
0. 136 * 

11 ,400 * 
0. 26 
1 . 36 

47 
980 

0. 71 
2. 6 

Large 
Diesel 
Engine 

29 
40 
26 ,500 

710t 
164 t 

78,300 
0. 027 

66 
1100 

1. 075 
2.94 

Ratio 
Small to 

Large 

0. 017 
0. 013 

3. 8 XIO-6 
1.9 X 10-4 

69. 5 
3 . 3  X 10-6 

50 . 3  

0. 71 
0 . 89 
0 . 66 
1. 29 

istics of these two engines. In extensive characteristics, that is, dimen
sions, power, and weight, these engines are poles apart. However, when 
examined from the point of view of factors controlled by stresses and 
air capacity, namely, bmep, piston speed, power/piston-area, and 
weight/displacement, their characteristics are quite comparable. It is 
obvious that the designs are very different in detail, but there is enough 
basic similarity so that the size effects predicted by theory are verified 
in a striking manner. 
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IMPLICATIONS OF CYLINDER- SIZE EFFE CT S 

It is apparent that the use of small cylinders is a very powerful 
method of reducing engine size and weight for a given power output, 
especially in the case of spark-ignition engines in which the efficiency 
can be improved at the same time by increasing the compression ratio. 
In practice, this relationship has not always been fully appreciated, al
though the use of multicylinder engines, or more than one engine in 
aircraft and ships, is a tacit admission of its validity. (See refs 11.50-
11.53.) 

Sacrifices which have to be made when the size of cylinders is reduced 
and the number of cylinders is increased include the following: 

1. In the case of Diesel engines, more expensive fuel may be required. 
2. A larger number of parts will have to be serviced. 
3. The life of wearing parts will be shorter. 
4. A reduction gear may be required because of the increased rpm. 
5. If only one engine is used, it may be necessary to use complicated 

cylinder �rangements such as the multirow radial. 

If, as cylinder size is reduced, the number of engines is increased rather 
than the number of cylinders per engine, the following additional ad
vantages may be realized: 

6. Possibility of varying the load by cutting in or cutting out ap
propriate units, thus allowing those in operation to run at ratings where 
efficiency is high. 

7. Greater plant reliability because the failure of one engine does not 
reduce power to zero. 

8. Possibility of continuous maintenance without shutting down the 
whole plant. 

9. More convenient maintenance because of small size of parts. 
10. Possibility of savings in cost due to adaptability of small parts 

to automatic production. Figure 11-8 gives some data on costs vs cyl
inder size. 

On the other hand, use of more than one engine introduces the follow
ing disadvantages in addition to Nos. 1-4: 

11. A transmission system (either electric, hydraulic, or mechanical) 
is required if the power is to be taken from fewer shafts than there are 
engines. 
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12. Problems of control of the relative outputs of the various engines 
are introduced. 

Item No 11 indicates that the use of a number of small engines in 
place of one large engine is particularly attractive when each engine can 
be connected to its own separate load, or when electric power is to be 
generated, because in such cases the problem of connecting the units is 
minimized. Examples in practice are: 

Diesel-engine generating stations 
Diesel-engine or gas-engine pumping stations 
Multiengine Diesel locomotives 
Multiengine airplanes 
Multiengine ships 

In the latter category is an interesting example of a multiengine in
stallation with eight engines geared to two shafts (ref 11.52) . (See also 
ref 11.53.) 
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ILLUSTRATIVE EXAMPLES 

Example 11-1. Relation of Size and Weight to Bore. A passenger
automobile engine has the following characteristics: 8 cylinders, 4-in bore, 3t-in 
stroke, max rating 250 hp at 5000 rpm, comp ratio 7.2, weight 550 lb, over-all 
length 38 in, width 30 in, height 30 in. 

By using the same detail design in a 12-cylinder Vee engine with the same 
maximum output at the same stress level, compute the weight and dimensions. 
Assume that the angle between cylinder blocks remains at 90°. 

Solution: At the same stress level, the 12-cylinder engine will operate at the 
same mep and piston speed and will therefore have the same total piston area. 
Bore = 4y?; = 3.26 in. Weight", displacement, which is proportional to 
piston area X stroke. Since stroke is proportional to bore, 

weight = 550 X 3.26/4.0 = 4481b 

Width and height will be proportional to bore: 

width = (30 in)3.26/4.0 = 24.5 in 

height = (30 in)3.26/4.0 = 24.5 in 

Length will be proportional to number of cylinders X bore: 

length = (38 in) (-\2) 3.26/40 = 46.5 in 

Exalllple 11-2. Relation of Bore to Knock-Limit. Example 11-1 was 
solved on the assumption of no change in compression ratio. However, Fig 11-1 
shows that the compression ratio with the smaller bore could be raised from 7.2 
to 7.9 with a corresponding increase in indicated efficiency from a fuel-air cycle 
value of 0.34 to 0.35 at FR = 1.2. Thus, with the same fuel, the 12-cylinder 
engine could give greater power by a factor of 0.35/0.34 = 1.03, or its bore 
could be decreased by l/Yl.03 = 0.985 to 0.985(3.26) = 3.2 m. The re
sultant weights and dimensions would be 

width = (30 in)3.2/4.0 = 24 in 

height = (30 in)3.2/4.0 = 24 in 

length = (38 in)(-\!)3.2/4.0 = 45.6 in 

weight = 550 X 3.2/4 = 440 lb 

Figure 11-1 shows that with the further decrease in bore from 3.26 in to 3.2 in 
the compression ratio could be raised to give a slightly increased output and 
efficiency, but the increment is within the limit of accuracy of the estimate. 

Example 11-3. Effect of Cylinder Size, Automohile Engines. Estimate 
the weight, length, and relative fuel economy of 6-cylinder and 4-cylinder engines 
to give the Rame output tlR the R-cylinder engine of example 11-1, using the same 
fuel. 
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Solution: If the engines run at the same compression ratio and piston speed, 
the cylinder bores required will be 

40 = 4.62, in for 6-cylinder engine 

40 = 5.65 in for 4-cylinder engine 

Reading from Fig 11-1, the knock-limited compression ratio at these bores would 
be 6.7 and 5.8. At FR = 1.2, the corresponding fuel-air-cycle efficiencies from 
Fig 4-5 are 0.33 and 0.315. To equal the power of the 8-cylinder engine, the 
bores will have to be enlarged so that the product of piston area and efficiency 
is the same as that of the eight. 

For the 6-cylinder engine: 
4.62 YO.35/0.33 = 4.75 in 
Knock limited r at this bore (Fig 11-1) = 6.6 
Fuel-air efficiency at this ratio is so close to 0.33 that no further correction 

is necessary. 
For the 4-cylinder engine: 

No 

5.65 YO.35/0.315 = 5.95 in 
Knock-limited r (Fig 11-1) = 5.6 
Fuel-air efficiency at this ratio is 0.31 so that a further enlargement of the 

bore is required. 
5.95 YO.315/0.31 = 6.0 in at which bore the knock-limited r is 5.6 and 

fuel-air-cycle efficiency is 0.31 as required. The following tabulation can 
now be made: 

bsfc at 
Cyl- Fuel-Air Full Power Length Weight 

inders Bore r Eff (1) in (2) Ibm (3) 

12 3 . 20 7 . 9  0. 35 0 . 53 45. 6 440 
8 4.00 7.2  0. 34 0 . 547 38. 0 550 
6 4 . 75 6.6  0. 33 0. 563 67. 7  652 
4 6 . 00 5 . 5  0. 31 0. 600 57.0 825 

(1) Fuel-air eff by 0.85(0.80), Qc = 19,000, eq 1-12. 
(2) 38 (no cylinders in line/4) (bore/4) . 
(3) 550 (bore/4). 

Example 11-4. Multiple vs Single Diesel Engines. A freight ship is 
propelled by a 12-cylinder direct-drive Diesel engine of 3D-in bore giving 10,000 
hp and weighing 120 lb/bhp. The engine is 25 ft high, 8 ft wide and 45 ft long. 
It has been suggested that 8-cylinder engines of 12-in bore be substituted, with 
gearing to the propeller shaft. The gearing is estimated to weigh 20% as much 
as the engines and to add 15% to the floor space of the engine to which it is 
connected. Estimate the new dimensions and floor area required, assuming the 
smaller engines operate at the same stress level. 
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Solution: For the same output at the same piston speed and mep, the number 
of 12-in bore cylinders required will be 12( r �)2 = 75. Since there may be some 
loss in the gears, take 10 8-cylinder engines or 80 12-in cylinders. 

Total engine weight = 10,000(120)U �)(t-R-) = 512,000 Ibm, compared with 
1,200,000 Ibm for the single engine. To this must be added 20% for the gears 
so that the total weight of engines and gears will be 614,000 Ibm. The height 
of the engines will be 250 �) = 10 ft, which will allow two more useful decks over 
the engine room. The floor area covered by the engines plus gears will be 
15(¥S) = 16% greater than that of the single engine because floor area is propor
tional to piston area with engines of similar design. 

Example 11-5. Multiple vs Single Diesel Engines. The 1958-1959 
Diesel engine catalog shows the Cleveland (GM) model 12-498 marine engine 
rated at 2100 hp supercharged, with 12 cylinders 8.75" x 10.5 in. The engine 
weighs 39,000 Ibm and is 5.33 ft wide and 16.1 ft long. 

Compute the weight and floor area required for the same total output from 
Detroit (GM) Diesel model 6-71 supercharged engines rated at 235 hp each, for 
marine duty, and each 3.04 ft wide, 5.7 ft long and weighing 2740 Ibm. 

Solution: Number of 6-71's required �m = 9. Total weight 9(2740) = 

24,500 Ibm. Floor area 9(3.04)5.7 = 156 W, compared with 5.33(16.1) = 86 ft2 
for the single engine. The single large engine, being of Vee type, occupies less 
floor area than the same power in 6-cylinder in-line engines. If the in-line engines 
were made in Vee type, the floor area would be nearly the same as that occupied 
by the single large engine. 

Example 11-6. Comparative Stresses. The large engine of example 11-5 
has 12 cylinders, 8.75 x 10.5 in, and is rated at 2100 hp at 850 rpm. The 6-71 
engines have 6 cylinders, 4.25 x 5.0 in, and are rated at 235 hp at 1800 rpm for 
commercial marine purposes. Which engine has the higher stresses due to 
inertia forces and which has higher stress due to gas loads? 

Solution: If engines are of similar design (and they are nearly so), inertia 
stresses will be approximately proportional to piston-speed squared. For the 
Cleveland 12-498, 

8 = 850(10.5)fz = 1485 ft/min 

For the Detroit 6-71, 

8 = 1800(5.0h\ = 1500 ft/min 

The inertia stresses, therefore, are nearly the same. Gas loads will be nearly 
proportional to the indicated mep. If we assume that mechanical efficiency is 
the same, imep will be proportional to bmep. For the Cleveland Diesel, piston 
area = 12(60) = 720 in2• Therefore, 

b - (2100)33,000(2) - 130 R· mep -
720(1485) 

- p
.1 

For the Detroit Diesel, piston area = 6(14.2) = 85.2 in2, 

b - (235)33,000(2) - 121 
. 

mep -
85.2(1500) 

- pSI 
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The larger engine (Cleveland 12-498) appears to carry slightly higher stress due 
to gas pressure. However, the stress levels are surprisingly close in these two 
engines. 

Exalllple 11-7. Aircraft Application. A typical large reciprocating air
craft engine has 18 cylinders of about 6-in bore and stroke and is rated for take
off at 3500 hp at bmep = 250 psi, piston speed = 3000 ft/min. The compression 
ratio is 7.0, and the weight close to 1.0 Ibm per take-off horsepower. How much 
weight could be saved by using 4 x 4 in cylinders at the same inertia-stress level, 
supercharged to the same detonation level with the same fuel? How many 
cylinders would be required? 

Solution: Figure 11-1 shows that the ratio of knock-limited imep between a 
4-in and 6-in cylinder is W = 1.6. For the same inertia-stress level, the same 
piston speed would be used. The weight per bhp will be proportional to the 
stroke and inversely proportional to the mep. Therefore, 

weight/bhp of 4-in cylinder = 1.0 G) (/
6
) = 0.42 lbm/hp 

Comparative weights of the engines using 6 x 6 in and 4 x 4 in cylinders are 

3500 x 1.0 = 3500 Ibm for 6-in bore 

3500 x 0.42 = 1470 Ibm for 4-in bore 

The number of cylinders required for the 4-in bore engine would be 

18(!)2/1.6 = 25 

Exalllple 11-8. The General Motors Corporation makes two lines of nearly 
similar Diesel engines, one with cylinders of 4.25-in bore and 5.0-in stroke and 
one with cylinders 3.875-in bore and 4.5-in stroke. A 6-cylinder engine of the 
larger size gives 218 bhp at 2200 rpm with a brake specific fuel consumption of 
0.412 lbm/bhp-hr. Estimate the power, rpm, and bsfc of the smaller engine 
at the same piston speed. 

Solution: At the same piston speed, the brake mean effective pressure should 
be the same and the power will be proportional to piston area. Therefore, 

bhp (small engine) = 218 (��7
5
5y = 180 bhp 

The rpm will be inversely as the stroke: 

rpm (small engine) = 2200 G:�) = 2440 

And, since efficiency should not be affected within this small range of bore 
(see Fig 11-5), the bsfc of the smaller engine should be the same, namely 0.412. 

The manufacturer's data on these engines (ref 11.6, Fig 32) confirms these 
computations. 



 

The 
Performance 

of 
Unsupercharged ---twelve 

Engines 
Under the heading of engine performance may be listed the following 

factors, all of which are important to the user of an internal-combustion 
engine: 

1. Maximum power (or torque) available at each speed within the 
useful range (a) for short-time operation and (b) for continuous operation. 

2. Range of speed and power over which satisfactory operation is 
possible. 

3. Fuel consumption at all points within the expected range of opera-
tion. 

4. Transient operation and control. 
5. Reliability, that is, relative freedom from failure in operation. 
6. Durability, that is, maximum practicable running time between 

overhaul and parts replacement. 
7. Maintenance requirements, that is, ratio of overhaul time to operat

ing time, and costs of overhaul in relation to first cost and to other 
operating costs. 

Only items 1, 2, and 3 are considered in detail here, since the others do 
not fall within the scope of this volume. This omission, however, is not 
intended to minimize the great importance of items 4 through 7 for most 
types of service. 

418 
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For the purposes of this discussion the following definitions are used: 
Absolute Maximum Power. The highest power which the engine 

could develop at sea level with no arbitrary limitations on speed, fuel-air 
ratio, or throttle opening. 

Maximum Rated Power. The highest power which an engine is 
allowed to develop in service. 

Normal Rated Power. The highest power specified for continuous 
operation. 

Rated Speed. The rpm at rated power. 
Load. Ratio of power (or torque) developed to normal rated power 

(or torque) at the same speed. 
Speed. The revolutions per unit time of the crankshaft. 
Piston Speed. Distance traveled by one piston in a unit time. 
Torque. The turning effort at the crankshaft. 
Automotive Engines. Engines used in passenger automobiles, buses, 

and trucks. 
Industrial Engines. Engines used for quasi-stationary purposes, 

such as portable electric-power generation, pumping, farm machinery, 
and contractors' machinery. 

Marine Engines. Engines used for ship and boat propulsion. 
Stationary Engines. Engines intended for permanent installation 

at one location. 
Smoke Limit. The maximum fuel-air ratio which can be used with

out excessive exhaust smoke. 

B A S I C  P E R F O R M AN C E  M E A S U R E S  

The engineer interested in new design, or in appraising existing-engine 
performance, needs data in a form which will furnish qualitative com
parisons. The discussion up to this point indicates that from the point 
of view of over-all engine performance the following measures of perform
ance will have comparative significance within a given category, assuming 
that reliability, durability, and maintenance are satisfactory for the given 
type of service. 

I. At maximum rating points: 
Mean Piston Speed 
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This quantity measures comparative success in handling the loads due 
to inertia of the parts and the resulting vibratory stresses. 

Brake Mean Effective Pressure 
In unsupercharged engines this quantity is generally not stress limited. 

It then reflects the produet of volumetric effieieney, brake thermal ef
ficiency, and fuel-air ratio at the rating point. In supercharged engines 
it indicates the degree of success in handling gas-pressure loads and 
thermal loading. 

Specific Output or Power per Unit Piston Area 

This affords a measure of the designer's success in utilizing the avail
able piston area regardless of cylinder size. This quantity is, of eourse, 
proportional to the product of bmep and piston speed. 

Weight per Unit of Power 
This quantity indicates relative economy in the use of materials. 
Total Engine Volume per Unit of Power 
This quantity indicates relative economy in engine space requirements. 
II. At all speeds at which the engine will be used with full throttle or 

with maximum fuel-pump setting: 
Maximum bmep 
III. At all useful regimes of operation and particularly in those re

gimes in which the engine is run for long periods of time: 
Brake Thermal Efficiency, or 
Brake Specific Fuel Consumption and Heating Value of Fuel 

C O M M E R C I A L  E N G I NE RAT ING S  

Commercial engine ratings usually indicate the highest power at 
which the manufacturer believes his product will give satisfactory 
economy, reliability, and durability under service conditions. 

Figure 12-1 shows ratings of commercial engines on the basis of bmep, 
piston speed, and power per unit of piston area. Since stresses play such 
a large part in limiting these ratings, it is not surprising to find them fall
ing into groups according to service type. 

Maximum Power Ratings. Since structural failure in engines is 
nearly always due to metal fatigue, the rated bmep and piston speed can 
be higher for short-time than for long-time operation. Thus the take-off 
ratings of the aircraft engines are at much higher bmep and piston speed 
than can be used for continuous operation. 

The only engines of Fig 12-1 which are rated at their absolute max
imum output are US passenger-automobile engines and two-stroke out-
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board engines. In both these cases air capacity tends to approach its 
peak at a piston speed below that at which inertia stresses become 
critical. In passenger-car engines the rating is usually based on the 
highest available power determined on the test-bed without muffler, fan, 
or air cleaner. Thus rated power is even higher than can be obtained in 
service (ref 12.2). In passenger automobiles maximum power is seldom 
used in actual service, and this system of rating is valuable chiefly for 
sales purposes and as a measure of relative engine ability. 

In outboard engines the system of crankcase scavenging (Chapter 7) 
causes the power to peak at piston speeds well below the speed at which 
inertia stresses become critical. In supercharged aircraft engines the 
highest or take-off rating is limited entirely by considerations of mechan
ical and thermal stresses. 

The maximum, or overload, ratings of Diesel engines are usually 
based on a fuel-air ratio giving a moderately smoky exhaust. Even these 
overload ratings are well below the absolute maximum, which occurs at 
fuel-air ratios so high as to give serious trouble on account of smoke and 
deposits. 
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Overload, take-off, or absolute maximum ratings are seldom limited by 
questions of fuel-economy, since the fraction of total operating time at 
which such outputs are employed is always small. 

Effect of Developlllent Tillle on Engine Ratings 

Effect of Developlllent Tillle on Power Ratings. Figures 12-2 
and 12-3 show rated mep and piston speed vs year of manufacture for 
US aircraft and passenger-car engines. These figures bring out the strong 
influence of development time on the characteristics of an engine model 
which is constantly improved as a result of an energetic development 
program, involving both engine and fuel, carried out concurrently with 
production and service experience. Rapid improvement in aircraft en
gines has been shown particularly in wartime when the work has been 
heavily underwritten by government funds. Since it takes at least four 
years to bring a new engine model from the design to the production 
stage, the designer of a new model must take into account the expected 
improvement of existing competitive models in setting his specifications 
and objectives. 

In general, the increases in piston speed shown in Figs 12-2 and 12-3 
have been made possible by improved detail design, whereas the im
provements in bmep and bsfc are due partly to improvement in design 
and partly to increased octane number of the available fuel (Fig 12-4) . 
These two factors have allowed compression-ratio to increase, as shown 
in this figure. 

B A S I C P E R F O R M A N C E  E Q UATI O N S  F O R  
U N SUP E R C H A R GED E N GIN E S  

Unsupercharged engines are defined as including four-stroke engines 
without compressor or exhaust turbine and two-stroke engines which 
exhaust directly to the atmosphere. The performance of supercharged 
engines is covered in Chapter 13. Basic performance equations for all 
types of engines are summarized in Appendix 8. 

From previous definitions, for a change from conditions 1 to condi
tions 2, we can write: 

P2 imep2 - fmep2 82 
----- x-

PI imepi - fmepi 81 
(12-1) 

where P is brake power output and 8 is piston speed. 
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When speed is constant, power becomes proportional to bmep, and we 
write 

bmepl imepl - fmepl 
(12-2) 

In the case of unsupercharged four-stroke engines, we have seen from 
Chapter 9 that, for a given engine, fmep remains substantially constant 
at a given speed. Two-stroke unsupercharged engines include a gear
driven blower. Equation 10-25 indicates that compressor mep will vary 
with p.R.T1, assuming that pressure ratio and compressor efficiency 
remain constant. However, in most two-stroke engines at constant 
speed, variations in cmep are so small that it can be considered a con
stant without serious effect on brake performance. Therefore, when 
conditions at constant engine speed are under consideration it will be 
assumed that for two-stroke engines 

fmep = mmep + cmep = constant (12-2a) 

From the definitions of indicated mean effective pressure in Chapters 6 
and 7, for a given four-stroke engine: 

and for a given two-stroke engine: 
imep2 (p.R.r)2 (F'r!i'h 
-- = = R· 
imepl (p.R.rh (F'rli'h 

• 

Combining eqs 12-1 and 12-2 with either eq 12-3 or 12-4 gives 

fmep 
Ri - -. --

From eq 1-6, 

and for any condition, 

Imepl 
--= ----

fmep 
1 - -

imepl 

( imep) 
bsfc = isfc --

bmep 

(12-3) 

(12-4) 

(12-5) 

(12-6) 

(12-7) 
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E F F E C T  O F  ATM O SP H E R I C  C O N D I T I O N S  ON 
P E R F O R M AN C E  

Under this heading we will examine effects of variations in tem
perature, pressure, and humidity and also the combination of changes 
in these factors which occurs with changing altitude. From eq 6-6 

Pa2 Til [Pi2[1 + Fi(29/mj) + 1.6hlt ] 
Pal 

= 

Ti2 Pil[1 + Fi(29/mj) + 1.6hb 

where Pa = density of dry air in inlet manifold 
Ti = inlet temperature 
Pi = inlet pressure 
Fi = inlet fuel-vapor to dry-air ratio 

h = moisture content, mass water vapor to mass dry air 
mj = molecular weight of fuel 

(12-8) 

A similar equation can be written for two-stroke engines by sub
stituting PB for Pa and Pe for Pi. 

When atmospheric conditions change let it be assumed that engine 
speed remains constant. 

It seems reasonable to assume that when atmospheric conditions are 
the only variable the pressure and temperature in the inlet manifold 
will be proportional to atmospheric pressure and temperature and that 
the ratio of water vapor to dry air will remain the same in the inlet mani
fold as in the atmosphere. Under this assumption we may write, for a 
change from condition 1 to condition 2, 

Pa2 B2 TI [1 - Fi(29/mj) - 1.6hlt 
- = - X ----------

Pal Bl T2 [1 - Fi(29/mj) - 1 .6hb 
(12-9) 

where B = barometric pressure 
T = atmospheric temperature 

Effects of Changes in Atm.ospheric Pressure and Tem.perature 

For this discussion it is assumed that Fi and hand Pe/Pi remain con
stant while barometric pressure and atmospheric temperature change. 
In Diesel engines Fi is zero in all cases. In carburetor engines the 
changes in Fi due to atmospheric changes should be small after the engine 
is well warmed up. Three cases are considered. 
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Case 1. Combustion fuel-air ratio is held constant while atmospheric 
pressure and temperature change, and detonation is not involved. This 
case approximates the operation of spark-ignition engines at a constant 
throttle setting and of Diesel engines in which the fuel-pump control is 
adjusted to hold fuel-air ratio constant. 

With Pe/Pi and fuel-air ratio constant, indicated thermal efficiency and 
trapping efficiency can be assumed constant. Under these conditions it 
has been shown in Chapters 6 and 7 that paev and psRs vary nearly in pro
portion to 1/�. Therefore, under the assumed conditions, the value 
of Ri in eqs 12-5 and 12-7 can be written 

(12-10) 

Effects of atmospheric temperature changes on measured engine per
formance are shown in Fig 12-5. This figure shows that for multicyl
inder aircraft engines at fixed throttle and in the absence of a detonation 
limit, bmep is nearly proportional to 1/�. This relation indicates 
that fmep/imep was small and that, possibly, fuel distribution improved 
with increasing temperature enough to compensate for the friction effect 
indicated by eq 12-5. 

Types other than aircraft engines show a larger reduction in bmep, 
with increasing Ti, because of their higher ratio of fmep to imep. This 
trend would be expected from the foregoing equations. 

Figure 12-5 also indicates that Diesel engines operated with constant 
fuel-air ratio show the same trends as spark-ignition engines when al
lowance is made for their higher friction mep as compared to aircraft 
engines. (See Chapter 9.) 

Case 2. Diesel Engines at Constant Fuel-Pulllp Setting. At 
constant engine speed this setting gives a constant rate of fuel flow. 
Under these conditions fuel-air ratio varies inversely as the mass flow of 
air, and from eq 12-10 the combustion fuel-air ratio will be proportional 
to (BdB2)(y'T2/T1). 

Since the rate of fuel flow remains constant, the effect on indicated 
power must be, by definition, affected only by the resulting change in 
indicated thermal efficiency, and for this case 

imep2 
= 

(Mrflih 
= 

('I1i)2 
= Ri 

imepl (Mf'YJi)l ('I1ih 
(12-11) 

Figure 12-5 shows a curve for a Diesel engine operated under these con-
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Test results from spark-ignition engines: 

• Wright aero engines, no detonation (ref 12.178) 

o liberty-12 aero engine, no detonation (ref 12.12) 

700 

6 Hispano Suiza aero engine, no detonation (ref 12.13) 

\l CFR one-cylinder engine, no detonation (Sloan labs) 

--- Pratt and Whitney aero engine, knock-limited (ref 12.174) 

Test results from Diesel engines: 

• Multicylinder four-stroke engine, (ref 12.181) 

o One-cylinder four-stroke engine, constant F (ref 12.180) 

"- , 

o One-cylinder four-stroke engine, constant fuel flow (ref 12.180) 

x Four-stroke sleeve-valve cylinder (ref 12.184) 

All data at constant speed, constant barometer. 

Throttle setting constant except - - -

Fuel-air ratio constant except curve d 
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Fig 12-5. Effect of atmospheric temperature on engine output: 

Theoretical curves 
a bmep rv 1/0 
b from eqs 12-5 and 12-10, fmep/imep "" 0.15 at 5200R 
c from eqs 12-5 and 12-10, fmep/imep = 0.30 at 5200R 
d from eqs 12-5 and 12-11 for Diesel engines at constant pump setting, fmep/imep 

= 0.80 at 5200R 

ditions and compares it with results calculated from eq 12-11 with in
dicated efficiency proportional to fuel-air-cycle efficiency (curve d) . 

Case 3. Detonation Limited. In a spark-ignition engine, when 
atmospheric temperature or pressure increases to the point at which 
detonation appears, it is necessary to close the throttle or retard the 
spark as temperature increases_ The resulting curve of bmep vs Ti de
pends on the character of the fuel used and on details of design and 
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operation. If the engine is air-cooled, the increase in atmospheric tem
perature will raise cylinder-wall temperatures also, and the detonation 
limit may be reached at a lower temperature than would be the case in 
a liquid-cooled engine with thermostat-controlled coolant tempera
ture. (See refs 12.41-12.45, 12.185, 1.10; also Chapter 6 and Vol 2 of 
this series.) 

Atmospheric Pressure Effects 

For the small changes in atmospheric pressure encountered at a given 
altitude the use of expressions 12-5, 12-7, 12-10, and 12-11 gives results 
very close to measured engine performance. 

Case 1. From eq 12-10 it is evident that when barometric pressure 
is the only variable and indicated efficiency remains constant Ri = B2/ B1• 
General experience shows that this assumption holds very well for en
gines at constant speed with constant fuel-air ratio and fixed throttle 
opening. (See refs 12.10-12.184.) 

Case 2. In Diesel engines at fixed fuel rate the shape of the curve is 
predicted by eq 12-11, using the variation of efficiency with fuel-air 
ratio shown in Fig 5-27. 

Case 3. As barometric pressure increases if detonation appears, 
the throttle must be closed or the spark retarded to limit inlet pressure. 
The shape of the imep vs B curve will depend on particular circumstances, 
including the type of fuel. (See refs 12.177, 12.186, 12.188, 12.36-12.40.) 

Effects of Atmospheric Humidity 

Humidity Effects-Spark-Ignition Engines. The effects of 
humidity on the performance of spark-ignition engine are complicated by 
the fact that, in general, a change in humidity affects all of the following 
factors: 

1. Inlet-air density 
2. Combustion fuel-air ratio 
3. Indicated thermal efficiency 
4. Volumetric efficiency 
5. Detonation limits 

The inlet-air density effect is easily calculated from eq 12-8, assuming 
that h is the only variable. 

The effect on combustion fuel-air ratio in carburetor engines depends, 
of course, on carburetor behavior. From Appendix 3, expression A-15, 
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it is evident that the mass flow of gas through a carburetor at a given 
pressure drop will depend on the density, molecular weight, and specific 
heat ratio of the gas. The changes in these characteristics of air as the 
humidity changes are given in Fig 3-2. Application of these relations 
to expression A-16 gives a curve which is approximated closely by the 
relation 

F2 
'" 

(1 + 1.6h2)� 
Fl 1 + 1.6h1 

(12-12) 

The indicated thermal efficiency will, of course, vary with the fuel-air 
ratio, but it will also be affected by the influence of water vapor on 
thermodynamic characteristics of the gases before and after combustion. 
Thermodynamic data (Fig 3-2) show that water vapor increases specific 
heat and therefore reduces fuel-air-cycle efficiency. It is also known 
that water vapor slows down combustion and increases time losses unless 
the spark is properly advanced as humidity increases (ref 12.185) . 
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:Fig 12-6. Effect of humidity on indicated efficiency: carbureted spark-ignition engine 
with constant inlet pressure and temperature, constant spark timing, constant car
buretor adjustment, rw detonation. (Based on data in ref 12.189. Courtesy. Curtiss
Wright Corporation, Wright Aeronautical Division.) 
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Volumetric efficiency is affected by the change in sound velocity caused 
by humidity changes. However, over the usual range, this effect is so 
small as to be negligible. 

Figure 12-6 is based on measured values of indicated thermal efficiency 
vs humidity, without readjustment in carburetor setting or spark timing, 
under conditions in which detonation was not involved. The drop in ef
ficiency as humidity increases could be somewhat reduced by readjust
ment of carburetor and spark timing, but such readjustments are never 
made in practice as a function of varying humidity. Since fuel flow re
mains constant as humidity varies (and t:.p across the carburetor does 
not change appreciably) , the effect of humidity on indicated mep will 
be the same as the effect on efficiency. Thus, by means of Fig 12-6 and 
eqs 12-5 and 12-7 the effect of humidity on brake performance can be 
predicted, provided detonation does not appear. 

Effect of Humidity on Detonation. When spark-ignition engines 
are run near the detonation limit humidity seems to act as a knock 
suppressor. Figure 12-7 shows octane requirement vs h for an automobile 
engine using commercial fuel. 

If fixed spark timing is assumed, in order to take advantage of the 
knock-suppressing aspect of increasing humidity, it is necessary to be 
able to increase the inlet pressure by opening the throttle. Opening the 

0,02 f-+----t----j----+----+--+-""';;-

----
O� ______ � ____ � ______ _L ______ L_ ____ -L ______ � 

30 4 0  50 6 0  7 0  80 90 
Dry-bulb temperature, OF 

Fig 12-7'. Octane-number requirement vs atmospheric humidity. Typical passenger
car engine using commercial fuel. (Potter et aI., ref 12.188) 



EFFECT OF ALTITUDE ON ENGINE PERFORMANCE 433 

throttle, of course, is possible only if it is not fully open at the lower 
value of humidity. This situation generally prevails in the case of super
charged aircraft engines at low altitudes but not with most other types. 
With unsupercharged engines, it is generally not possible to take ad
vantage of the antiknock value of increased humidity, in which case the 
full-throttle performance is affected as shown in Fig 12-6. 

Diesel Engines. Since the fuel-pump setting is never changed as a 
function of humidity, and since detonation is not involved, the only 
change would be in efficiency, due to change in dry fuel-air ratio and 
thermodynamic characteristics. Although no test data appear to be 
available, it seems safe to conclude that at the low fuel-air ratios used 
for Diesel engines humidity has little effect on indicated efficiency and 
therefore little effect on performance. 

E F F E C T  O F  ALTITUDE ON 
E N G I N E  P E R F O R M A N C E  

The question of the effect of altitude on engine performance is of im
portance when engines are to be operated in mountainous regions and, 
of course, in aircraft. Standard altitude conditions, based on average 
atmospheric conditions in the United States are given in Table 12-1. 
Since barometric pressure at a given height varies from day to day, 
altitude, for aeronautical purposes at least, is usually defined by the 
barometric pressure rather than by the exact height above sea level. 
Thus a barometric pressure of 20.58 in Hg is taken as 10,000 ft altitude, 
whatever the actual height above sea level happens to be. Altitudes de
fined in this way are called pressure altitudes. 

Since temperature at a given pressure varies according to the weather, 
and since engine power varies with temperature, the temperature range 
to be normally expected at a given pressure altitude is of interest. 
Figure 12-8 shows temperature range vs altitude for the United States. 

Figure 12-9 shows curves of bmep vs altitude for a number of engine 
types with the standard temperatures of Table 12-1. Generally, the 
effects shown are predictable on the basis of eqs 12-1-12-11. There is 
an extensive literature on the subject of altitude effects, for which see 
refs 12.10-12.189 . 

. In Diesel engines a fixed fuel rate can be maintained only over a 
moderate range of altitude, if excessive smoke and deposits are to be 
avoided. Actually, if the maximum allowable fuel-air ratio is used at 
sea level, this ratio must be maintained as altitude increases, and the 
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Table 12-1 
Standard Atmosphere Table 

"X 107 

Alt T a � p p P lb sec 

ft of OR ft/sec Po Vp/Po in Hg lb/sq in Ib/ft3 ft" 

0 59.0 518.4 1118 1.0000 1.0000 29.92 14.70 0.07651 3.66 
1,000 55.4 514.8 1114 0.9710 0.9854 28.86 14.17 0.07430 
2,000 51.8 511.3 1110 0.9428 0.9710 27.82 13.66 0.07213 
3,000 48.3 507.7 1106 0.9151 0.9566 26.81 13.17 0.07001 

4,000 44.7 504.1 1103 0.8881 0.9424 25.84 12.69 0.06794 
5,000 41.2 500.6 1098 0.8616 0.9282 24.89 12.22 0.06592 3.58 

6,000 37.6 497.0 1094 0.8358 0.9142 23.98 11.77 0.06395 
7,000 34.0 493.4 1091 0.8106 0.9003 23.09 11.34 0.06202 
8,000 30.5 489.9 1087 0.7859 0.8865 22.22 10.90 0.06013 
9,000 26.9 486.3 1082 0.7619 0.8729 21.38 10.50 0.05829 

10,000 23.3 482.7 1078 0.7384 0.8593 20.58 10.10 0.05649 3.50 

11 ,000 19.8 479.1 1074 0.7154 0.8458 19.79 9.72 0.05474 
12,000 16.2 475.6 1071 0.6931 0.8325 19.03 9.35 0.05303 
13,000 12.6 472.0 1067 0.6712 0.8193 18.29 8.99 0.05136 
14,000 9.1 468.5 1063 0.6499 0.8062 17.57 8.64 0.04973 
15,000 5.5 464.9 1059 0.6291 0.7932 16.88 8.30 0.04814 3.43 

16,000 1.9 461.3 1055 0.6088 0.7803 16.21 7.97 0.04658 
17,000 -1.6 457.8 1051 0.5891 0.7675 15.56 7.65 0.04507 
18,000 -5.2 454.2 1047 0.5698 0.7549 14.94 7.34 0.04359 
19,000 -8.8 450.6 1042 0.5509 0.7422 14.33 7.04 0.04216 
20,000 -12.3 447.1 1038 0.5327 0.7299 13.75 6.76 0.04075 3.34 

21,000 -15.9 444.5 1034 0.5148 0.7175 13.18 6.48 0.03938 
22,000 -19.5 439.9 1030 0.4974 0.7053 12.63 6.21 0.03806 
23,000 -23.0 436.4 1026 0.4805 0.6932 12.10 5.94 0.03676 
24,000 -26.6 432.8 1022 0.4640 0.6812 11.59 5.69 0.03550 
25,000 -30.1 429.2 1017 0.4480 0.6693 11.10 5.46 0.03427 3.24 
26,000 -33.7 425.7 1013 0.4323 0.6575 10.62 5.22 0.03308 
27,000 -37.3 422.1 1008 0.4171 0.6458 10.16 4.99 0.03192 
28,000 -40.9 418.5 1004 0.4023 0.6343 9.72 4.77 0.03078 
29,000 -44.4 415.0 999 0.3879 0.6228 9.29 4.56 0.02968 
30,000 -48.0 411.4 995 0.3740 0.6116 8.88 4.36 0.02861 3.14 

31,000 -51.6 407.8 991 0.3603 0.6002 8.48 4.17 0.02757 
32,000 -55.1 404.3 987 0.3472 0.5892 8.10 3.98 0.02656 
33,000 -58.7 400.7 982 0.3343 0.5782 7.73 3.80 0.02558 
34,000 -62.3 397.2 978 0.3218 0.5673 7.38 3.62 0.02463 
35,000 -65.8 393.6 973 0.3098 0.5566 7.04 3.45 0.02369 
36,000 -67.0 392.4 972 0.2962 0.5442 6.71 3.30 0.02265 3.01 
37,000 -67.0 392.4 972 0.2824 0.5314 6.39 3.14 0.02160 
38,000 -67.0 392.4 972 0.2692 0.5188 6.10 2.99 0.02059 
39,000 -67.0 392.4 972 0.2566 0.5066 5.81 2.85 0.01963 
40,000 -67.0 392.4 972 0.2447 0.4950 5.54 2.72 0.01872 3.01 

Condensed from Standard Atmosphere-Ta.bles and Data. Technical Note No. 218, NACA, 1940. 
Diehl, Walter S. 
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Fig 12-8. Approximate temperature range vs altitude. (Adapted from Byers, Gen
eral Meteorology, McGraw-HilI, 1944.) 

power and fuel economy curves will vary in the same way as in spark
ignition engines. (See Fig 12-9.) 

Specific Fuel ConsuInption vs Altitude. In spark ignition engines, 
with proper adjustment of spark timing and at a given fuel-air ratio, 
indicated specific fuel consumption remains nearly constant over wide 
ranges of inlet density, provided distribution is not affected. If wet fuel 
is distributed in a multicylinder inlet manifold, the lowering of inlet 
temperature as altitude increases may have an adverse effect on in
dicated efficiency, causing a larger reduction in power than would be 
obtained with constant indicated efficiency. For this reason many air
craft engines use fuel injection to the individual cylinders. 

A similar situation may be present in Diesel engines because of the 
fact that the spray geometry, hence the mixing process, varies with 
charge density. Therefore, if the injection system is designed for best 
results at sea level, there may be a reduction in indicated thermal ef
ficiency as altitude increases, even though fuel-air ratio is held constant. 
This effect would cause power and fuel economy to fall off more rapidly 
with increasing altitude than in comparable spark-ignition engines. How
ever, the effects of altitude on distribution and on mixing should be 
small in well-designed engines, and the assumption of constant indicated 
efficiency will give a good approximation to actual results in most cases. 
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Fig 12-9. Effect of altitude on engine power. Constant speed, full throttle, constant 
coolant temperature, constant fuel-air ratio except curve b. Temperatures standard 
(Table 12-1). 

When altitude changes involve limits imposed by detonation or gas
pressure stresses, indicated mep must be controlled by suitable manipula
tion of the throttle or fuel-pump control. Under these circumstances, 
fuel economy vs altitude characteristics are complex functions of fuel 
and engine characteristics, plus the maker's j udgement on what con
stitutes safe and reliable operation. 

Sample calculations of the effect of altitude on performance are given 
in the Illustrative Examples at the end of this chapter. 
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E F F E C T  O F  F U E L-AI R  R A T I O  
O N  P E R F O R M A N C E  

In Chapters 4 and 5 w e  saw the profound effect of fuel-air ratio on 
indicated output and efficiency, and in Chapters 6 and 7 we saw its 
much smaller effects on air capacity. 

If it is assumed that the air capacity effect can be neglected, we can 
write from eq 12-3 or 12-4 

imep2 (F'r/i')2 

-. - = (F' ') = R, Imepl l1i 1 
(12-13) 

where F' is the combustion fuel-air ratio and 11/ is the indicated efficiency 
based on fuel retained. 

It has been shown in Chapter 5 that well-designed engines, either 
spark-ignition or Diesel, will give 0.80 to 0.90 times the corresponding 
fuel-air cycle efficiency. (See Figs 5-21 and 5-27.) Figure 12-10 shows 
the product Fl1 for fuel-air cycles taken from Figs 4-5 and 4-6. 
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-- Constant-volume cycles 
- - - Limited-pressure cycles. r = 15. Pal PI = 70 

I I I 
0.2 0.4 0.6 0.8 

FR 
1 .0 
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8 

6-

1 . 2  1 .4 1 . 6  

Fig 12-10. Product F."  for fuel-air cycles. (From Figs 4-5 and 4-6) 

It is thus possible, by means of the foregoing equations, to predict 
the effect of fuel-air ratio on engine performance, provided the friction 
mep is properly estimated. Chapter 9 has furnished data for friction 
estimates. 

Figures 12-11 and 12-12 compare results computed by means of eqs 
12-5, 12-7 and 12-13 with the results of actual engine tests. The as
sumptions used are given below the figures. 
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For a spark-ignition engine it is evident in Fig 12-11 that the calculated 
results agree with the measured results to a very satisfactory degree, 
except perhaps at t load, where small errors in estimating fmep will give 
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Fig 12-11. Effect of fuel-air ratio on the performance of a spark-ignition engine. 
- - - - - - - - - - calculated from eqs 12-5, 12-7, and 12-13. Test points are from Fawkes 
et al., ref 12.30. 

large errors in specific fuel consumption. In this case actual measure
ments of imep and friction mep at full load, FR' = 1.2, were available 
and were used as the basis of the estimate. The indicated efficiency was 
taken as 0.80 X fuel-air-cycle efficiency. (See Fig 5-21.) 

In Fig 12-12 measurements of fmep and imep also were available. 
Values of these quantities at F R' = 0.6 were used to establish the base 
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Fig 12-12. Effect of fuel-air ratio on the performance of a Diesel engine. 

Computed from eqs 12-5, 12-7 and 12-13 
r = 15, P'/Pl = 70, '1. = 0.85 X'1fa 
fmep/imep = 0.29 at FR 0.6 

o 6 Single-cylinder four-stroke Diesel engine, 
r = 15, fmep/imep = 0.29 at FR = 0.6, (Whitney, ref 12.51) 

value of fmep/imep for the calculations. Indicated efficiency was taken 
as 0.85 of the efficiency of the limited-pressure cycle. (See Fig 5-27.) 
The results show that indicated efficiency of the actual engine falls 
somewhat below 0.85 of the fuel-air cycle efficiency except at FR' = 0.6. 
Values of FR' above 0.8 are seldom used in practice. 

Figure 12-13 shows combustion fuel-air ratios used in practice for 
spark-ignition and Diesel engines. 

In spark-ignition engines the fuel-air ratio for highest power at each 
throttle setting is at FR' = 1.1, as in the fuel-air cycle. (See Fig 4-5.) 
At full load the best brake economy in this case occurs at FR' = 0.9. As 
load decreases, because fmep remains constant, the best economy point 
increases toward FR' = 1.1 at zero load. The differences between in
dicated fuel economy and brake fuel economy are, of course, due to the 
influence of fmep, illustrated by eq 12-7. In spark-ignition engines 
control of output is achieved by throttling and by changing fuel-air 
ratio. (The latter control is usually built into the carburetor.) Thus 
when maximum power is desired FR' must be at least 1.1. In practice, 
1.2 is a more typical full-load value, used in order to allow for imperfect 
distribution and variations in carburetor performance. At less than full 
load, the best-economy fuel-air ratio, or more often a slightly higher ratio, 
is used to allow for variations in carburetion and distribution. 
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In supercharged aircraft engines the power used for take-off is well 
above the limits of continuous operation, and for this condition very rich 
mixtures are used to control cylinder temperatures and detonation. 
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Fig 12-13. Combustion fuel-air ratios normally used in engine operation. Upper 
graph is for spark-ignition engines. Lower graph is for Diesel engines. 

Water-alcohol injection may be used in place of such rich mixtures, in 
which case the fuel-air ratio is held at about FR' = 1.3 for take-off. 
The carburetors of some gasoline engines used in trucks are set so that the 
fuel-air ratio cannot exceed about FR' = 1.0 (curve c, Fig 12-13) . The 
reason for this limitation is to conserve fuel (in competition with Diesel 
engines) . In this case maximum engine output is sacrificed for the sake 
of fuel economy. 
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More detailed discussion of the question of fuel-air requirements of 
spark-ignition engines may be found in refs 1.10 and 12.3- and in Vol 2 
of this series. 

In Diesel engines the maximum allowable combustion fuel-air ratio 
is that above which smoke and deposits exceed allowable limits. This 
point is seldom above FR' = 0.7 and is often as low as FR' = 0.5, depend
ing on design and on the type of service. When fuel economy and long 
life between overhauls are very important, the rating point may be 
below FR' = 0.5. In most cases operation above FR' = 0.6 is considered 
overload operation and is limited to short periods. Best economy 
usually occurs near FR' = 0.5 unless friction mep is large, as in the 
engine of Fig 12-12. 

E F F E C T  O F  S P A R K  T I M I N G  O N  P E R F O R M AN C E  

The effect of a change only in spark timing on engine performance 
must rest on its influence on indicated thermal efficiency. In this case, 
therefore, the variable in eqs 12-3 and 12-4 will be r/i' . 

Figure 12-14 shows that variations in spark timing, from that for 
maximum power, have the same percentage effect on brake mep at all 
loads and speeds. This correlation makes it possible to predict the effect 
of a given departure from best-power spark advance on both output and 
fuel economy. (See Illustrative Example 12-9.) 

Generally, the purpose of using a spark timing other than that for best 
power is either to control detonation or to make it unnecessary to re
adjust the spark as a function of engine operating conditions. 

A retarded spark is, within limits, a powerful means of controlling 
detonation. Thus, if the spark is retarded under conditions in which 
detonation is imminent, it is possible to use a higher compression ratio 
than would be permissible if the spark were always set for highest power. 
In this case best-power spark timing can be used under conditions in 
which detonation is not imminent, and better over-all fuel economy is 
obtained than with a lower compression ratio. Specifically, engines run 
most of the time at part throttle, as in road vehicles, use this system of 
detonation control. How effective it can be is illustrated in the next 
section under compression-ratio effects. 
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Chapter 6 shows that compression ratio has only a small effect on the 
volumetric efficiency of four-stroke engines. The same is true of the 
effect of compression ratio on friction (Chapter 9) . Thus, in the case 
of four-stroke engines, the effect of compression ratio comes purely from 
its influence on thermal efficiency, 1Ji'. 

In the case of two-stroke engines (eq 12-4) , since scavenging ratio is 
based on total cylinder volume, scavenging pump capacity would have 
to be changed in proportion to (r - 1) /r in order to hold the scavenging 
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ratio constant. If this is done, Ri for two-stroke engines will be pro
portional to 1/i[r / (r - 1) ] .  

Four-Stroke Engines with No Detonation. Curve b of Fig 12-15 
shows the effect of a compression ratio increase from 7.3 to 19 on the 
performance of an automobile engine using nondetonating fuel. Curve 
(a) shows the performance of the same engine computed from eq 12-5 
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Fig 12-15. Effect of compression ratio on brake output and efficiency. Four-stroke 
spark-ignition engine : (a) from eq 12-5, TJi = 0.85 X fuel-air-cycle efficiency at l/R = 

1.2 ;  fmep/imep = 0.12 at r = 7.3; (b) no detonation, ref 12.49 ;  (c) spark advanced to 
incipient detonation, fuel B, ref 12.42 ; (d) spark advanced to incipient detonation, 
85 ON reference fuel, ref 12.42. 

with the assumption that indicated efficiency remains proportional to 
fuel-air-cycle efficiency. As already shown in Fig 5-21, the ratio in
dicated efficiency to fuel-air-cycle efficiency decreases as compression 
ratio rises. Probably the fact that the combustion chamber grows more 
attenuated and has an increasing surface-to-volume ratio accounts for 
this decrease in efficiency ratio. At a ratio of 19 the combustion chamber 
is a very thin disk, which probably means reduced flame speed and in
creased heat loss as compared to the situation with a lower compression 
ratio. Probably the shape of curves such as (b) of Fig 12-15 will vary 
appreciably with the details of combustion-chamber design. The peak 
of brake output at r = 17 should not be considered typical until more 
extensive test results on a number of different engines are available. 
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Four-Stroke Engines, Detonation Lintited. With most fuels, the 
power output at the borderline of detonation can be maintained for a 
considerable increase in compression ratio by properly retarding the 
spark. Figure 12-15 shows that for a particular engine and two fuels, 
which are knock-limited to 7.3 compression ratio with best-power spark 
advance, compression ratio can be raised to 8 or more without power loss 
if the spark is properly retarded. Between ratio 7.3 and 8 a small gain 
in maximum power is even possible. Quantitatively, such curves vary 
with engine design, operating conditions, and fuel composition, but, 
qualitatively, the knock-limited curves of Fig 12-15 are typical. If an 
automatic spark-timing control is used, as in most automotive spark
ignition engines, the benefits of a high compression ratio can be realized 
by advancing the spark whenever detonation is not imminent, as may be 
the case at part throttle or at high speeds. 

Two-Stroke Engines. Test results, such as those given in Fig 12-15, 
do not appear to be available for two-stroke spark-ignition engines. 
However, the use of eq 12-4 combined with 12-5 and 12-7 should give 
reliable results, assuming actual indicated efficiency 0.80 times fuel-air 
efficiency. 

Effect of Contpression Ratio in Diesel Engines. Within the range 
used, variations in compression ratio have small effect on efficiency, as 
indicated by Fig 4-6. Equations 12-5 and 12-7, suitably used, should 
give reliable results. 

C H A R A C T E R I S T I C  P E R F O R M A N C E  C URVES 

Methods of  Presentation of  Perforntance Data. To the user of a 
given engine, curves of power, torque, and fuel consumption per unit 
time covering the useful range of speed and load are usually sufficient. 
However, such curves do not lend themselves readily to critical analysis 
or to comparison with other engines as to quality. For our purposes, 
therefore, it is useful to present performance data on the basis of more 
generalized parameters, such as bmep, bsfc, piston speed, and specific 
power output (that is, power output per unit of piston area) . As we have 
seen, these measures are reasonably independent of cylinder size and so 
are directly comparable between different engines, even though cylinder 
size may be quite different. 

Figures 12-16, 12-17, and 12-18 show curves of bmep, bsfc, and specific 
output at sea level vs piston speed for typical engines over their useful 
range. These curves were made with the normal adjustments recom-
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mended by the manufacturer and with normal operating temper
atures. 

Generally speaking, all of these engines show a region of lowest specific 
fuel consumption (highest efficiency) at a relatively low piston speed 

140 
hpjsq i n  piston area 
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Fig 12-16. Performance map of a typical US passenger-car engine as installed. 
(Author's estimate from accumulated test data.) 

with a relatively high bmep. This region is evidently the one in which 
the product of indicated and mechanical efficiency is highest. 

Moving from the region of lowest bsfc along a line of constant piston 
speed, mechanical efficiency falls off, as bmep is reduced, because imep 
decreases while fmep remains nearly constant (Chapter 9). As bmep is 
increased from the highest efficiency point along a line of constant piston 
speed, fuel-air ratio increases at such a rate that the indicated efficiency 
decreases faster than mechanical efficiency increases. 

Moving from the region of highest efficiency along a line of constant 
bmep, friction mep rises as piston speed increases (Chapter 9) , and in
dicated efficiency remains nearly constant. In spark-ignition engines, 
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moving toward lower piston speed, although friction mep decreases, 
indicated efficiency falls off because of poor fuel distribution and in
creased relative heat losses (Chapter 8) . 

In Diesel engines, as speed is reduced from the point of best economy 
along a line of constant bmep, the product of mechanical and indicated 
efficiency appears to remain about constant down to the lowest operat
ing speed. The reduction in fmep with speed is apparently balanced by 
a reduction in indicated efficiency due to poor spray characteristics at 
very low speeds. 

Attention is invited to the ratio of power at the normal rating point 
to power at the point of best economy. The ratios of power and 
economy at these points are a measure of the compromise between the 
need for high specific output and low fuel consumption in any particular 
service. The following comparison is interesting: 

Best Economy Ratio 
SO SO at BE 

Fig Type bmep 8 SO Max SO Max 

12-1 6 Passenger car 100 1050 0.8 2.0 0040 
12-17 Four-stroke Diesel 85 1 1 50 0.7 1 . 7  0.41 
12-18' Two-stroke Diesel 80 1000 1 .2 204 0.50 

SO = specific output. BE = best economy. Max = maximum. 8 = piston 
speed, ft/min. 

It is surprising that among such different types the best-economy point 
should occur at so nearly the same piston speed and the same ratio of 
power output to maximum output. 

In Fig 12-16 a typical curve of bmep required vs piston speed for level
road operation in high gear is included. As passenger automobiles are 
now built, it is not possible to run on a level road at constant speed any
where near the regime of best fuel economy. This penalty is accepted 
in order to achieve high acceleration and good hill-climbing ability in 
high gear and to make very high speeds possible. The use of much 
higher ratios of wheel speed to engine speed would improve fuel economy 
at the expense of more complicated transmissions and more frequent gear 
shifts. Overdrive is a step in this direction. For a more complete discus
sion of this subject, see refs 12.70-12.72. 

In heavy vehicles, such as trucks, buses, and railroad locomotives, 

the power-weight ratio is much lower than in passenger cars. In this 
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type of service average-trip speed is limited more by engine output 
than by legal speed limits. Since short trip time is of great economic 
importance, the tendency is to operate these engines most of the time 
near their point of maximum output rather than maximum economy. 

In large aircraft cruising fuel economy is of such great importance 
that the point of best economy is usually chosen for the cruising regime. 
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Fig 12- 17. Performance curves of a four-stroke prechamber Diesel engine, 5% x 6 in 
(Manufacturer's test, November 1947) 

Adj ustable pitch propellers make this choice possible. At take-off, fuel 
economy is of little importance because the time in which take-off power 
is used is so very short. Figure 12-13 shows how fuel-air ratio is ad
j usted to attain maximum rated output in take-off and climb and best 
fuel economy during cruise operation. 

Large stationary and marine engines are usually rated at one speed, 
and no maps, such as Figs 12-16-12-18, appear to be available. In both 
of these services, however, good fuel economy at or near the engine rating 
is usually of great importance. Thus such engines tend to be rated at 
piston speeds and mean effective pressures nearer to the region of best 
economy than engines for road and rail service. 
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Fig 12-18. Performance curves of a two-stroke, open-chamber Diesel engine, 4� x 5 
in; r = 16. (Manufacturer's test, 1947) 

ILLUSTRATIVE EXAMPLES 

Exantple 12-1. Developntent Tinte. In designing an automobile engine 
to be in production in 1961 , what values for compression ratio and mean piston 
speed would be specified? What fuel octane number? 

Solution: By projecting the piston-speed curve of Fig 12-3, one might estimate 
that to be competitive the 1961 rated piston speed should be not less than 3000 
ft/min. From Fig 12-4, the compression ratio for 1961 should be not less than 
1 1 .0, and the expected octane numbers, 105 for premium fuel and 97 for regular 
grade. 

Exantple 12-2. Engine Rating. In designing a four-stroke automotive 
Diesel for 1962, what values of bmep and piston speed should be aimed for? 

Solution: The 1962 four-stroke automotive Diesel should be supercharged. 
Figure 12-1 shows average values for four-stroke supercharged Diesels of bmep = 
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1 50, 8 = 1 500 ft/min in 1954. By 1962 one would expect these averages to reach 
bmep = 175 and 8 = 1800. The design for 1962 to be competitive, should have 
bmep and piston speed not less than these values. 

Exalllple 12-3. Effect of Atlllospheric Pressure and Telllperature, 
Spark-Ignition Engine. An 8-cylinder automobile engine of 4-in bore, 
3t-in stroke, r = 8.3 gives 300 bhp at FH = 1 .2, 4500 rpm, bsfc = 0.55 with at
mospheric conditions 60°F, barometer 29.92 in Hg, dry air. Estimate the power 
and bsfc under the following conditions : 

(a) Barometer 29.0 temperature 120°F 
(b) Barometer 30.5 temperature 20°F 
Solution: 

Piston speed = 450G(3.5)l2 = 2620 ft/min 

Piston area = 80 2.6) = 101  in2 

bmep = 300(33,000)4/2620(101) = 1 50 psi 

From Fig 9-27, motoring fmep = 35 psi . 
From eq 9-16  and Fig 9-31 ,  

fmep = 35  + 0.01 0 ( 1 .'50 - l OG) = 36  pRi 
From eq 12-10, 

(a) 29.0 /520 
Ri = 

29.92 '\J 580 
= 0.92 

From eq 12-5, 

[
0 92 - _!L6 ] 

bmep = 1 50 ' 1 5 0 = 134 1 - .J!.-'L 1 5 0  
bhp = 300(134/150) = 268 

Using eq 1 2-7, we have 

(b) 

isfc = 0.55(150/186) = 0.443 

bsfc = 0.443 C·9���86)
) = 0.565 

30.5 • /5i6 Ri = 29.92 V 480 = 1 .06 

bmep = 150 [ 1 .06:: �� ] = 162, bhp = 300(162/150) = 324 1 1 5 0  

bsfc = 0.443 (
1 .0���86) ) = 0.54 

Exalllple 12-4. Effect of HUlllidity. Estimate the power and bsfc of the 
engine of example 12-3 if the humidity had been 80% under conditions (a) and 
50% under conditions (b) . 
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Solution: (a) From Fig 3-1 ,  h = 0.55. Fig 6-2 shows that at FR = 1 .2 the 
dry air density is decreased in the ratio 0.90/0.98 = 0.92. Fig 12-6 shows that 
indicated efficiency is decreased by 4%. Therefore, the decrease in indicated 
power due to humidity is 0.92 (0.96) = 0.883. In example 12-3 (a) , RI was 0.92. 
Therefore, the new value of RI is 0.92 (0.883) = 0.812 and from eqs 12-5 and 12-7, 
b 0(0.812 - 0.193) bh / . 

mep2 = 15 1 _ 0.193 = 1 15, P2 = 300(115 150) = 230, Imep2 = 
1 15 + 35 = 150, bsfc2 = 0 .443(150/115) = 0.575. 

(b) From Fig 3-1 ,  h = 0.001 1 .  From Fig 6-2, decrease in Pa is from 0 .98 to 0.96. Fig 12-6 shows that efficiency decrease is negligible. Rt in (b) of example 12-3 RI was 1 .06. Therefore, Rt for this example is 1 .06 (0.96/0.98) = 1 .04. 
From eqs 12-5 and 12-7, bmep2 = 150C·�4_-0�·�:3) = 158, bhp2 = 300 
(158/150) = 318, imep2 = 158 + 36 = 194, bsfc2 =- 0.443(194/158) = 0.545. 

Exalllple 12-5. Effect of HUlllidity. An aircraft engine gives 3000 hp at 
take off with standard sea-level barometer, air temperature 100°F, humidity 
zero. Mechanical efficiency is 0.90 and FIl = 1 .4. Estimate take-off power 
with saturated air. 

Solution: From Fig 3-1 , h = 0.040 at 100°F saturated. From Fig 6-2, reduc
tion in dry-air density is from 0.98 to 0.92. From Fig 12-6 indicated efficiency 
will be 0.97 of dry-air value. Therefore, 

RI = (0.92/0.98)0.97 = 0.91 
At mechanical efficiency 0.90, fmep/imepl = 0.10. From eq 12-5 : 

bhp2 = 3000(0.91 - 0.10)/1 - 0.10 = 2430 
Exalllple 12-6. Effect of Altitude, Spark-Ignition Engine. An unsuper

charged airplane engine gives 125 hp, bsfc = 0.50 at sea level, F R = 1 . 1 ,  barome
ter = 29.92 in Hg, temperature 60°F, humidity 40%. Mechanical efficjency 
under these conditions is 0.80. Estimate power at 10,000 ft, humidity zero, 
temperature average. 

Solution: From Table 12-1 at 10,000 ft, barometer = 20.58 in Hg, temp = 483°R. From Fig 3-1 ,  h at sea level = 0.0047 .  From Fig 12-6, this hmnidity 
at FR = 1 . 1  reduces indicated efficiency a negligible amount. 

20.58(1 - 0) /520 R; = 29.92(1 _ 1 .6(0 .0047» "\j 483 = 0.7 1 

bh = 125 (0.71 - 0.20) 
= 

80 p 1 - 0.20 
isfc = 0.50(0.80) = 0.40 

b f 0 40 [0.71 (125/0.80) J 0 4 s c = . 80 = .55 
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ExaIIlple 12-7. Effect of AtIIlospheric Changes, Diesel Engine at Fixed 
PUIIlP Setting. A Diesel engine with r = 15 gives 1000 bhp, bsfc = 0.38, with 
FR = 0.6, barometer 29.8 in, temp 60°F, humidity 60%. Mechanical efficiency 
is 0.82. Estimate its power and fuel economy with the same fuel-pump setting 
at 5000 ft altitude, normal temperature and pressure, humidity 30%. 

Solution: Since fuel-flow remains the same, any change in power will be due to 
a change in efficiency. From Table 12-1 the standard conditions at 5000 ft are 
temperature 41 °F, barometer 24.89 in. The new value of FR will be inversely 
as the dry air flow. From Fig 3-1 ,  h at sea level = 0.007 and at 5000 ft = 
0.0007 ; then, 

F = 0 6  [ 29.8[1 - 1 .6(0.007)]  /520J = 0 7  R • 24.89[1 _ 1 .6(0.0007)] '\J 501 
. 4 

From Fig 4-6, the fuel-air cycle efficiency at r = 1 5, Pa/Pi = 70 (average value) 
is 0.54 at FR = 0.6, and 0.52 at FR = 0.74. If the indicated efficiency remains 
proportional to the fuel-air cycle efficiency, Ri from eq 1 2-1 1 = 0.52/0.54 = 
0.964. At 0.82, mechanical efficiency fmep/imepl = 0 . 1 8 ; then from eq 12-5, 

bh = 1000 [0.964 - 0.18J = 957 p 
1 - 0.18 

Since fuel flow remains constant, bsfc will be inversely proportional to bhp, and 

bsfc = 0.38(1000/957) = 0.397 

ExaIIlple 12-8. Effect of Fuel-Air Ratio. A two-stroke Diesel engine of 
8-in bore and lO-in stroke, r = 1 5, gives 1200 bhp, 0.36 bsfc at 1000 rpm, bmep = 
100 psi, FR' = 0.6. Estimate the power when the fuel rate is reduced 50% at 
the same speed. Scavenging pump requires 6 mep. 

Solution: Piston speed = 1000(10)/2 = 1 665 ft/min. 
From Fig 9-27, motoring friction mep is estimated at 18 psi . Friction plus 

scavenging is, therefore, 18 + 6 = 24 mep. Fuel-air cycle efficiency, from Fig 
4-6, is 0 .54 at FR = 0.6 and 0.59 at FR = 0.3.  

imepl = 100 + 24 = 1 24, isfcl = 0.36(100/124) = 0.29 

Ri = 0.3(0.59) /0.6(0.54) = 0.546, imep2 = 1 24(0.546) = 67 .6 

b = 100 
0.546 - 24/124 = 43 6 bh = 1200 

43.6 = 524 mep2 1 _ 24/124 
. ,  P2 100 

bsfc2 = 0.29(0.59/0.54) (67.6/43.6) = 0.491 

ExaIIlple 12-9. Effect of Spark Advance. An automobile engine with r = 7, FR = 1 .0 gives 100 bmep at 2000 ft/min piston speed, best-power spark 
advance, without detonation. The fuel consumption is 0.50 lbm/bhp-hr. To 
increase the compression ratio to 8 .5 without detonation requires the spark to 
be retarded 10° .  Estimate the power and fuel economy under these conditions. 
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Solution: At FR = 1 .0, Fig 4-5 gives fuel-air cycle efficiency as 0.405 at r = 7 
and 0.44 at r = 8.5. Figure 12-14 shows a loss in bmep of 4% when spark is 
retarded 10° from optimum. For the change in compression ratio, R; = 
0.44/0.405 = 1 .085. From Fig 9-26, fmep is estimated at 28 psi . Therefore, 
from eq 12-5, 

bmep2 = 100(0.96) 
j 1 .085 �� t = 105 1 1 - 1 2 8  � 

imep1 = 100 + 28 = 128, imep2 = 105 + 28 = 133, isfcl = 0.50(100/128) 
0.39. Since fuel flow is unchanged, isfc2 = 0.39 (128/133) = 0.375 and from 
eq 12-7, bsfc2 = 0.375(133/105) = 0.475 

Example 12-10. Use of Characteristic Performance Curves. An auto
mobile engine having the characteristics shown in Fig 12-16 has 8 cylinders, 
4-in bore, and 3t-in stroke. It drives a passenger automobile which requires 
35 hp at 60 mph from the engine on a level highway. The rear axle ratio is 3.0, 
which in high gear (1 :1) gives 2200 revolutions per mile. 

(a) Compute miles per gal of gasoline at 60 mph level road. 
(b) Compute the gear-box ratio for best mileage and the miles per gal for this 

gear ratio. 
Solution: (a) Piston area = 8(12.55) = 100 in2

• Piston speed at 60 mph = 
22oo(3.5)-f¥ = 1280 ft/min. bmep = 35(33,000)4/100(1280) = 36 psi. 

Figure 12-16 shows bsfc at this point to be 0.63 ; therefore, with 6 Ibm fuel per 
gallon, 

. 60(6) 
miles per gal = 

35(0.63) 
= 16.3 

(b) Power required by a car is the same at any gear ratio. Following a line of 
P / Ap = 0.35 on Fig 12-16 shows minimum bsfc = 0.51 at bmep = 90, 8 = 500. 
The new mileage is computed 

60(6) 
mpg = 

35(0.51) 
= 20 

and the gear box ratio, engine to drive shaft is 

1 .0( l20lo) = 0.39 

Example 12-11. Use of Performance Maps. A certain electric power 
station needs 5000 hp from new Diesel engines of the type whose characteristics 
are shown in Fig 12-17. The maximum continuous rating of these engines is at 
1 800 ft/min and bmep = 100. The engines cost $60 per rated hp and the carry
ing charges, including maintenance and housing, are 20% of the engine cost. 
Fuel costs $0.10  per gal. Will it pay to operate the engines at their best-economy 
point rather than at the rating point? Operation will be continuous, 24 hr per 
day at 5000 hp. 
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Solution: From Fig 12-17, the bsfc at rating (8 = 1800, bmep = 100) is 0.42. 
The best economy is bsfc = 0.37 at 8 = 1200, bmep = 85. The total rated 
power required to operate at the best economy point is 

(100) 1800 
5000 

(85) 1200 
= 8830 hp 

The extra carrying cost per year will be 

(8830 - 5000) (60)0.20 = $46,000 

The cost of fuel saved in one year will be, at 7 .6 Ibm per gallon, 

5000(24)365(0.42 - 0.37)0. 10/7.6 = $28,800 

The investment in extra engine power is not j ustified. 

Example 12-12. Optimum Scavenging Ratio. Determine the scavenging 
ratio for best output and for best fuel economy for a two-stroke Diesel engine 
with the following specifications : 

FR' = 0.6, r = 17,  P3/Pl = 70, 8 = 2000 ft/min, C = 0.025, gear driven 
compressor with 0.80 efficiency, light Diesel oil. No aftercooler, atmospheric 
conditions 14.7 psia, 100°F. Scavenging efficiency VB scavenging ratio from 
eq 7-14.  

Solution: From Fig 4-6, fuel-air cycle efficiency = 0.54(0.49/0.47) = 0.56, 
actual indicated efficiency = 0.56(0.85) = 0.475. From Table 3-1 ,  Fe = 0.0666, 

Qc = 18,250, F'QcT/' = 0.6(0.0666) 18,250(0.475) = 346 

. 2545 
Isfc = 

0.475(18,250) 
= 0.294 

p. = 2.7 (14.7)/ T; = 39.7/ 7'; 

. 778 (39.7) 17 e. 
Imep = 

144 Ti e8(346)
1 6 

= 78,800 T� 
From eq 10-26, 

�mep = _1_ (0.24 TiYC) = 0.000866 
7'iY

e 
Imep 346 0.80r r 

From Fig 9-28 and eq 9-16, 

fmep = 20 + 0.08(imep - 100) 
From eq 7-19,  ( 16) ( ai ) ( Pi ) R. = 2(0.025) 

17 33.3 14.7 
CPl = 0.OOO096aiPiCPl 

where CPl is the compreRRible-fiow function (Fig A-2) for P,/pi. 
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From the above equations, the following tabulation can be made : 

cmep 

P2/PI y. T; ai <1>1 R. t. imep r imep C31ep fmep bmep bofe 

1 2 4 5 10 1 1  1 2  1 3  1 4  

1 . 25 0 . 0656 606 1202 0 . 472 1 . 0  0 . 64 83 0 . 640 0 . 054 4 . 5  20 59 0 . 415 
1 . 35 0 . 089 622 1220 0. 517 1 . 2  0 . 70 89 0 . 583 0 . 082 7 . 3  20 71 0 . 369 
1 . 50 0 . 125 648 1250 0 . 550 1 . 46 0 . 77 94 0 . 527 0 . 133 12 . 3  20 62 0 . 445 
2 . 0  0. 218 713 1310 0 . 577 2 . 13 0. 88 97 0 . 413 0 . 326 31 . 6  20 45 0 . 634 

independent variable 8 previous equation 

2 Fig 10-2 9 _./R. 
560(1 + YclO.80) 10 previous equation 

4 49YTi 1 1  imep(emep/imep) 
5 Fig A-2 12  Fig 9-27 
6 previous equation 13 imep-cmep-fmep 
7 eq 7-14 14 (imep/bmep)isfe 

The optimum scavenging ratio for both output and fuel economy is 1 .2.  



 

Supercharged 
Engines 
and Their 
Performance 

DEFINITIONS 

----thirteen 

A four-stroke engine is defined as supercharged when, through the use 
of a compressor, its inlet pressure is higher than that of the surrounding 
atmosphere. A two-stroke engine is called supercharged when it is 
equipped with an exhaust-driven turbine. 

Figure 13-1 shows several possible arrangements of engine, compressor, 
and turbine. The following designations are used : 

A .  Engine with compressor but no turbine. Unsupercharged two
stroke engines and many supercharged aircraft and Diesel engines are 
this type. 

B. Engine with free exhaust-driven compressor. Engines so equipped 
are said to be turbo-supercharged. 

C. Compressor, engine, and turbine all geared together. The Wright 
"Turbo-Compound" airplane engine is a commercial example. (See 
ref 13.21.) The Napier Nomad (ref 13.22) was an experimental engine 
of this type. 

D. Gas-generator type. In this case an engine drives only the com
pressor. Air from the compressor flows through the engine, and the 
exhaust gases drive a power turbine. The experimental "Orion" power 

456 
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plant (ref 13.23) and most free-piston power units (refs 13.30-) are this 
type. 

A common variant of arrangement B consists of two stages of com
pression, the first stage being turbine driven and the second geared to 
the engine. This arrangement is common in two-stroke engines, where it 

Arrangement A 
C-E 

Arrangement C 
C-E-T 

Arrangement B 

C-T,E 

�w 

Arrangement D 
C -E, T 

p 

Fig 13-1. Compressor-engine-turbine arrangements: C indicates compressor; E in
dicates engine; P indicates power take-off; T indicates turbine; W indicates coolant 
entering aftercooler. 
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is difficult to design a type B arrangement which will properly scavenge 
the engine at all speeds and loads. (See refs 13.08, 13.26. )  

Wherever a compressor is  used it  is  possible to insert a cooler on the 
upstream side of the compressor or between compressor stages. (See 
Chapter 10.) 

In arrangements containing an exhaust turbine the use of an aflRr
burner, which consists of a combustion chamber between engine and 
turbine, has also been suggested as a means of increasing the overload 
output of the plant, as for take-off purposes. However, no such ar
rangement is yet in commercial use. 

Notation. The following sYf'ltem of notation is used in subsequent 
figures and discussion in order to identify the stations at which pres
sures, temperatures, and other fluid characteristics are measured or 
defined. 

Station 1 .  

Station 2. 
Station i. 

Station e. 
Station 3. 
Station 4. 

Station W. 

Entrance to the compressor. In most cases the condi
tions at this point will be close to those of the surrounding 
atmosphere 
Compressor outlet and entrance to aftercooler (if used) 
Engine inlet system 
Engine exhaust system 
Turbine nozzle box 
Turbine exhaust. In most cases the turbine exhausts to 
atmospheric pressure 

Coolant entering aftercooler or intercooler 

Unless otherwise noted, steady-state stagnation values are assumed at 
the above measuring points. 

Reasons for Supercharging 

Supercharging may be used for anyone, or any combination, of the 
following purposes : to increase in the maximum output of a given engine, 
to maintain sea-level power at higher altitudes, to reduce the size of an 
engine required for a given duty, and to improve fuel economy for engines 
used mostly at or near full load. 
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SUPERCHARGING OF SPARK-IGNITION 
ENGINES 

In the case of spark-ignition engines, the use of supercharging is com
plicated by the problem of detonation or "knocking. " This phenomenon 
is discussed in detail in Chapters 2 and 4 of Volume 2, where it is shown 
that with most available fuels the maximum allowable mep is limited by 
the occurrence of detonation. 

Figure 13-2 shows knock-limited performance as a function of compres
sion ratio, inlet-air density, and fuel octane number for a spark-ignition 
engine at one particular set of operating conditions, including best power 
spark timing and fuel-air ratio, and constant inlet-air temperature. It is 

180 
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'iii c. 
0: .., 140 
.§ 

120 

100 

4' 0.50 
c. .s:: -.Q ,. 
:; 0.40 

4 

..... 0.080 Lines of constant Po 
.......... .s>s' (inlet air density) 

..... -< 0",' 0.075 ..... , -' 
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.... 
, �- , .... -( " ..-"- �Q :-.,0.070 .... , ""'" -, <, �<..- , _-< , 0.065 

.... '< 
''I(''''-��Q ' 

, ..- , � 0.060 , ",'< 
",'<: , , ", .... ',< '" 0.055 
", , 

' 
, 

'< ' ;>, .......... -'<' Po", ...... _-""'"" ..... , ..... -, , Lines ofconstan!/f' ..... >..�'<, ...... '::: .. -0.045 octane number <: ,:So",.... _;:a,- .... 

5 6 

',-,,",,�-< ...... ............. .... �" ...... .... 0"'...... '.> __ ........ 0.040 ' ...... -::::..- -

7 8 9 
Compression ratio 

10 

Fig 13-2. Detonation-limited imep and octane requirement vs. compression ratio 
and inlet density. ON = fuel octane number; imep values are for 1500 rpm; FR = 1.2; 
T. = 70'F. (Barber, ref. 12.41) 
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evident that with a given fuel the compression ratio must be reduced as 
the imep is increased by raising the inlet density. For example, with a 
90-octane fuel the engine gives 148 imep at inlet density 0.065 at com
pression ratio 7.6. To raise the imep to 170 psi requires reducing the 
compression ratio to 6.5, with an inlet density of 0.078. The increase in 
indicated specific fuel consumption is 7%, for a 15% gain in specific 
output. In an actual case, the inlet temperature rises as the inlet pressure 
is increased; this would require an even lower compression ratio. It is 
evident that the supercharging of spark-ignition engines requires a com
promise between power output and efficiency. 

SUP E RCHA RG I NG O F  A I RC R A FT E NG I N E S 

Superchargers were first developed for airplane engines, for the purpose 
of offsetting the drop in air density as altitude increases (see pp. 433-436) . 
Credit for the invention of the turbo supercharger (type B, Fig 13-1) , 
around 19 15, is given to Rateau. [For a history of aircraft superchargers 
see Taylor, Aircraft Propulsion (Smithsonian Institution Press, 1971) .1 

600 r-��--r---r---r---r---r---' 

O'l c: 
� 

500 

- 400 ci OJ E 
.0 300 

200 

0.45 

-ti- 0.35 .0 

0, "-
.......... ......... 

30,000 --_ ----

Compression ratio 
Fig 13-3. Effect of compression ratio and altitude on net mean effective pressure and 
net specific fuel consumption of a compound aircraft engine (type C, Fig 13-1): knock

limited operation with AN-F-28 fuel; FR=1.2; pe=pi. (Humble and Martin, ref 

13-25) 
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The General Electric Company took up the development of that type and 
was a principal supplier of aircraft turbochargers until reciprocating en
gines were superseded by jet engines for large military and commercial 
aircraft. 

Early large aircraft engines usually used type A, with centrifugal 
superchargers built into the engine structure and geared to the crank
shaft. These could sustain sea-level power to 10,000-15,000 feet. Where 
still higher altitude capability was required, a turbocharger was added, 
usually with an intercooler, to serve as a first stage of compression (ref. 
13. 16) . One of the last of the large radial engines used arrangement C, 
called "turbo-compound, " with three exhaust-driven power turbines 
geared to the crankshaft plus a gear-driven centrifugal supercharger (ref. 
13 .2 1 ) .  Figure 13-3 shows the effect of compression ratio on the knock
limited performance of this very highly developed supercharged engine. 
A compression ratio of 7.2 was finally chosen for production. This was the 
last of the large reciprocating airplane engines. 

A high-altitude supercharger system makes it possible to supercharge 
an aircraft engine to extra high power for takeoff. Since this phase lasts 
only a very short time, fuel economy is unimportant. Measures to allow 
extra-high output without detonation include a very rich fuel-air ratio 
and water or water-alcohol injection. Aircraft gasoline has much higher 
resistance to detonation that motor-vehicle gasoline (see Volume 2, pp. 
145-147) . 

Contemporary reciprocating spark-ignition airplane engines are built 
in sizes ranging up to about 500 hp. When supercharged, they use turbo 
rather than gear-driven superchargers (see Volume 2, table 10-15, p. 421 ) .  

SUP E RCHA RG I NG O F  AUT OM OB I L E  E NG I N E S  

Since the engines of passenger automobiles and other light vehicles 
operate at light loads most of the time, efficiency under supercharged 
conditions can be sacrificed for efficient performance in the light-load 
range. 

As shown in Chapter 2 of Volume 2, for an engine using a given fuel, as 
the inlet pressure is increased detonation can be delayed by retarding the 
spark, by increasing the fuel-air ratio, and (as a last resort) by reducing 
the compression ratio. In the case of automobile engines, present practice 
in applying supercharging is to retard the spark and enrich the mixture to 
allow the highest supercharger pressure feasible with minimum reduction 
in the compression ratio. 
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The use of superchargers for road vehicles was rare before the develop
ment and introduction in the late 1970s of electronic (computerized) 
control systems with the necessary sensors and actuators to control not 
only spark timing and fuel-air ratio but also many other variables that 
affect engine performance and the onset of detonation. A most important 
sensor in a supercharged engine is one that signals detonation by respond
ing to its characteristic vibration frequency (see Volume 2, Chapter 2) . 
The control system can then adjust ignition timing, supercharger pres
sure, fuel-air ratio, and many other variables to the most favorable values 
for maximum engine torque without detonation. With equipment of this 
type, remarkable gains in vehicle performance have been achieved by 
supercharging without serious reduction in road fuel economy. Few man
ufacturers have yet employed supercharging for reducing the size and/or 
the speed of the engine rather than increasing road performance. The use 
of those alternatives should offer significant gains in road fuel economy. 

·iii c. 
cl. Q) 
E ..c 

200 

175 

150 

/: " " " Turbocharged / 

" ,- ", --,-- , ,/,. , " , 125 �/ \ \ \ 
100 

8 
Engine speed ( x 1 02 rpm) 

(a) 

1 80 
1 60 
1 40 

1 20 

a.. 
I 
a;l 

.r:: .8 
c. 
� .7 � ..c � ---.i .6 _._ 1 . 50 Ul 

___ _  1 .45 P2 ..c 1.40 PI .5 "-
"-1 75 

·iii � c. 
cl. 1 70 Q) --E --

..... -..c 
",../ 

1 65 ;'" / 

7 8 9 
Compression ratio, r 

(b) 
Fig. 13-4. Full-throttle performance of 1982 spark-ignition automobile engine, super

charged and un supercharged. Engine is vertical 4-cylinder, 3.39-in. bore, 3.1-in. 
stroke, 168 in.3 (2.75 liters), with compression ratios of 7.4 (supercharged) and 8.8 
(unsupercharged). (a) Performance; (b) bmep and bsfc vs. r at three supercharger 
pressure ratios, where circled point is chosen design point. From Matsumura et al., 
"The Turbocharged 2.8 liter Engine for the Datsun 280ZX," SAE Paper 820442, 
Report SP-514, February 1982, reprinted with permission from the Society of Auto
motive Engineers, Inc., the copyright holder. 
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Figure 13-4 shows full-throttle performance of a typical 1982 spark
ignition automobile engine, supercharged and unsupercharged. These 
data are at the detonation limit as controlled by signals from a knock 
detector. This engine is equipped with fuel injection at the inlet ports and 
with a very complete electronic system that controls not only spark 
timing but also many other engine variables so as to give best perform
ance with minimum fuel consumption and lowest practicable exhaust 
emissions (see also Volume 2, Chapters 6 and 7). 

Table 13-1 gives comparisons between supercharged and unsuper
charged automobile engines. When installed in the same car, the super
charged versions give 5%-15% lower road mileage. 

S UPERCHARGING OF DIES EL ENGINES 

In Diesel engines, supercharging introduces no fuel or combustion 
difficulties. Actually, the higher compression temperature and pressure 
resulting from supercharging tend to reduce the ignition-delay period, 
and thus to improve the combustion characteristics with a given fuel or 
to allow the use of fuel of poorer ignition quality. (See discussions of 
Diesel combustion in ref. 1. 10 and in Volume 2.)  Thus, the limits on 
specific output of supercharged Diesel engines are set chiefly by consider
ations of reliability and durability. 

As the specific output increases, due to supercharging, cylinder pres
sures and heat flow must increase accordingly, and therefore both 
mechanical and thermal stresses increase unless suitable design changes 
can be made to control them. Whether or not such stress increases lead to 
unsatisfactory reliability and durability depends on the quality of the 
design, the type of service, and the specific output expected. References 
13.4 ff. give some record of actual experience in this regard. 

Another consideration that makes supercharging of Diesel engines 
attractive is that, for a given power output, it is possible to use lower 
fuel-air ratios as the engine's inlet density is increased. When starting 
with an engine designed for unsupercharged operation, it is often;found 
that an increase in power and an improvement in reliability and dura
bility can be obtained by supercharging. This comes about when the 
increase in air flow achieved by supercharging is accompanied by a some
what smaller increase in fuel flow, which leads to lower combustion, 
expansion, and exhaust temperatures and to reduced smoke and deposits. 
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The emphasis on fuel conservation in the 1970s stimulated the use of 
supercharging to improve the fuel economy of those Diesel engines that 
run at or near full load for long periods of time. This category includes 
marine, stationary, and heavy-road-vehicle engines. By improving struc
tural design, many engines in these services are supercharged to high 
mean effective pressure, often accompanied by reduced piston speed, 
with resulting improved mechanical efficiency. This trend has been espe
cially notable for the giant marine engines used in long-distance ocean 
service (tankers and cargo ships). Some of these have brake thermal 
efficiencies at cruise rating of close to 50% (see Volume 2, Figs. 11-18, 
1 1-20, 11-21) .  

Supercharging o f  AutOlnobile Diesel Engines 

In most cases, Diesel passenger cars are offered as an alternative to 
similar vehicles with spark-ignition engines. Since the output of an unsu
percharged Diesel engine is lower than that of its spark-ignition counter
part of the same cylinder dimensions and the weight is usually somewhat 
greater, either poorer vehicle performance must be accepted, or a larger 
engine must be used, or the Diesel must be supercharged. The latter 
solution is now frequent. 

Most passenger-car Diesels use divided combustion chambers. (gener
ally designated "indirect inj ection," or ID I) , because such chambers tend 
to give lower emission levels than open ("direct injectIon, " or DI) cham
bers. IDI chambers also have advantages in cold-weather starting. Figure 
13-5 gives performance data for a typical 1982 Diesel automobile engine, 
supercharged and naturally aspirated. Figure 13-6 is a cross-section of its 
turbosupercharger. (Figures 13-5 and 13-6 are from Brandstetter and 
Dziggel, "The 4- and 5�Cylinder Diesel Engines for Volkswagen and 
Audi ,"  Paper no. 820441 ,  SAE Report SP-514, February 1982, and are 
reprinted with the permission of the copyright holder, the Society of 
Automotive Engineers. The engine is a 4-cylinder vertical in-line with a 
bore and stroke of 3 X 3.4 in., a displacement of 98 in. 3, and an r value 
of 23.) 

Where limits on exhaust emissions are in force, as in the United States, 
a changeover to Diesel power must be accompanied by emission-control 
devices, as explained in Volume 2, Chapter 7. When electronic systems 
are used for this purpose they are designed to include controls for fuel 
flow and injection timing that adjust to the best fuel economy consistent 
with atmospheric and engine conditions and minimum undesirable emis
sions. Such systems are still under active development. 
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Fig 13-5. Full-throttle performance of a typical automobile Diesel engine, super
charged (solid lines) and unsupercharged (broken lines). 

SUP E RCH A RG I NG FO R H E AVY V EH IC L E S  

Most heavy road vehicles (trucks and buses) use Diesel engines, many 
of them supercharged and many of these with aftercooling. Open com
bustion chambers (DI) are generally used. Data for engines of this type 
are included in Table 13-2 here and in Table 10-8 of Volume 2. 

Although four-cycle engines predominate, there are a considerable 
number of two-cycle engines in this category (see Volume 2, Fig 11-13) .  
When these engines are supercharged, the scavenging pump is usually 
retained, with the turbosupercharger feeding into the pump inlet. 



A 

Fig 13-6. Cross-sectional view of turbosupercharger for engine of fig 13-5. (A) Ex
haust inlet; (B) compressor outlet. 

Diesel-Engine COInpression Ratio. In Diesel engines changes in 
compression ratio have a limited effect on efficiency. (See Fig 4-6. ) In 
order to avoid excessive peak pressures, there is a tendency to use the 
lowest compression ratio consistent with easy starting. Engines con
fined within heated rooms, such as large marine and stationary power 
plants, have a great advantage here, as is also the case when super
chargers are separately driven and the temperature rise thus provided 
is available for starting. 

A FT E RC O O LI NG 

Figure 13-7 shows compressor outlet temperature vs. pressure ratio 
assuming 75% compressor efficiency and 75% aftercooler effectiveness 
(see pp. 392 and 400) .  The desirability of aftercooling is evident. Whether 
it is used depends on space, weight, cost, and availability of a suitable 
cooling medium. For moving vehicles, the coolant must be the atmo
sphere and space, weight, and cost are always limited. The result in prac
tice is that aftercooling is more often used in the larger and more expen
sive passenger cars and is used more widely in heavy vehicles. 

Aftercooling in vehicles may be accomplished with a water-cooled 
exchanger connected to the engine cooling system, with a suitably en-
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400 r-------------------------� 

300 

200 

1.5 2.5 3.0 

Fig 13-7. Temperature rise due to supercharging. P2/Pl = compressor pressure ratio; 
t2 = compressor outlet temperature; compressor inlet temperature = 100°F. Solid line : 
without aftercooling. Broken line: aftercooler with lOO°F coolant, effectiveness 0.75 
(see p. 392). 

larged radiator. Alternatively, a separate water-cooled system with its 
own radiator is possible. A third alternative is an air-to-air exchanger 
between the compressor and the engine inlet manifold (see Volume 2 ,  
Fig 11-9) .  These alternatives are discussed further in SAE Report SP-524, 
1983, paper 821051 by Emmerling and Kiser. 

FURTHER READING 

More complete tabular data on supercharged engines will be found in 
Chapters 10 and 11 of Volume 2. 

The reports of the Society of Automotive Engineers (see p. 522) are 
recommended for further reading on supercharged engines for road vehi
cles. Important recent reports include nos. SP-514 (1982) , SP-524 (1983) , 
P122 (1983) ,  PT-23 (1983), and MEP153 (1982) . 

P E R FO RM A NC E C OMPUT AT I O N S  

The performance of supercharged engines can b e  predicted with reason
able accuracy by means of the relations developed up to this point in this 

book. 
For the sake of convenience, the basic performance equations developed 

in other chapters are assembled in Appendix 8. The quantities which 
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must be evaluated in order to u"e these equations are as follows (ex
cluding coefficient" depending on unit" of mea"ure alone): 

Efficiencies 

Indicated, Ti' (hased on fuel retained) 
Compressor, Tic 
Turbine, Tit. or Tlkb 

Parameters of effectiveness 

Volumetric efficiency, ev 
Scavenging ratio, R. 
Trapping efficiency, r 
Cooler effectiveness, C c 

Important design ratios 

Compression ratio, r 

Turbine-nozzle area/piston area, An/ Ap 
Engine flow coefficient, C 

Properties of fuel and air 

Heat of combustion, Qc 
Specific heat of inlet air, CpI 
Specific heat of exhaust gases, Cpe 
Atmospheric water-vapor content, h 

Operating variables 

Fuel-air ratio, F' (based on fuel retained) 
Mean piston speed, s 

Compressor-inlet pressure, PI 
Compressor-inlet temperature, T I 
Compressor pressure ratio, P2/PI 
Aftercooler coolant temperature, T w 
Aftercooler pressure loss Pi!P2 

Evaluation of Variables in Performance Equations 

For new designs, or for existing designs under unknown conditions, it 
is necessary to assign realistic values to the dimensionless parameters 
previously listed, in order to use the performance equations. The fol
lowing methods are based on the discussion and analysis in the preceding 
chapters of this book. 

Indicated Efficiency. Ti' 
= (0.80 - 0.90)'1/ of equivalent fuel-air 

cycle. (See Chapter 5.) 
Compressor Efficiency. Estimate this quantity from Figs 10-6-10-9. 
Turbine Efficiency. (See Chapter 10.) Suggested design values : 

'l/t. = 0.85, 'l/kb = 0.70 
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Volumetric Efficiency. Chapter 6 discusses the question of the 
volumetric efficiency of four-stroke engines and its relation to design 
and operating conditions . The Illustrative Examples in Chapter G 
show in detail how volumetric efficiency may be estimated. 

S cavenging Ratio. This ratio is determined by compressor char
acteristics and their relation to engine characteristics. (See Chapter 7 . )  
Except for crankcase-scavenged engines, the compressor design is usually 
chosen to give a scavenging ratio between 1.00 and 1.4 at the rating 
point. (See Chapter 7 for crankcase-scavenged characteristics.) 

Engine Flow Coefficient. This parameter depends on port sizes 
and port design in relation to piston area. (See Chapter 7 .)  Figures 
7-10-7-12 show values achieved in practice . 

Trapping Efficiency. Chapters 6 and 7 discuss this factor in detail. 
Figures 6-22 and 7-7-7-9 may be used in making estimates of this 
parameter. (See also Illustrative Examples in Chapters 6 and 7.) 

Use of Intercooler or Aftercooler. In general, charge cooling is 
desirable, but it is not justified unless a supply of coolant at a tempera
ture well below compressor-outlet temperature is available. Effectiveness 
values from 0.6-0.8 are achievable in practice, depending on how much 
space and weight are allowable for the unit. Reference 13.10 shows the 
effect of charge cooling on a type A aircraft engine. 

Compression Ratio. The choice of compression ratio for super
charged engines is discussed in this chapter. 

Nozzle Area for S teady-Flow Turbines. For this type the desired 
exhaust pressure must first be established. In type B installations the 
exhaust pressure is chosen so that the turbine power balances the com
pressor power under the desired operating condition. Example 10-4 
illustrates this computation. The ratio P4/P3 is then determined, and 
the turbine nozzle area can be computed from the steady-flow orifire 
equations of Appendix 3. 

In two-cycle engines, if P4/P3 is high enough to require a Pc/Pi ratio 
greater than that necessary for the desired scavenging ratio, a gear
driven scavenging pump must be used in series with the turbine-drivell 
compressor. Four-stroke engines will operate with Pe/Pi ratios slightly 
greater than 1.0 without serious effects on performance. 

For type C installations (all units geared together) refs 13.13-13.lG 

show that the optimum exhaust pressure for maximum output is equal 
to or slightly less than the inlet pressure, whereas that for maximum 
economy tends toward higher ratios of exhaust to inlet pressure . 
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Only steady-flow turbines have been used with type D installations. 
The turbine nozzle area is chosen to achieve the deHign-point pressure 
ratio across the turbine. (See Illustrative Examples at the end of thiH 
chapter.) 

Nozzle-Area for Blowdown Turbines. Figure 10-14 has shown that 
for a given mass flow the smaller the nozzle area the greater the turbine 
output. For free-turbine (type B) installatiollH the llozzle area iH chosen 
to give turbine power equal to compressor power. Agaill , ill two-Htroke 
engines it may not be possible to secure enough turbine power to give 
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Fig 13-8. Effect of nozzle-area on the performance of compressor, engine, and blow
down turbine: net imep = imep - cmep + tmep; P2/pi = compressor pressure ratio; 
GM-71 Diesel cyl; 8 = 1330 ft/min; Ma = 0.09 lb/sec; FR = 0.4; T; = 75-82°F; 

P4 = 14.5 psia. Tests made with GM-71 single cylinder. Exhaust pipe 2 ft long. 
Well-rounded nozzles, coefficient ",1.0. Thrust at nozzle was measured on circular 
plate 1 in from nozzle outlet. tmep is turbine output in terms of engine mep, cal
culated from thrust at 70% kinetic efficiency. cmep is compressor (scavenging-pump) 
power in terms of engine mep, 75% adiabatic efficiency. (Crowley et aI., ref 10.69) 
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the desired scavenging ratio, in which case a gear-driven scavenging 
pump must be added in series with the turbine-driven unit. 

Figure 13-8 shows results of tests in which the nozzle area for a blow
down turbine was varied while mass air flow was held constant by ap
propriate adjustment of the engine inlet pressure. A two-stroke Diesel 
engine was used. These curves show that turbine mep and the re
quired compressor mep both increase as nozzle area decreases. If the 
three units are geared together, maximum output occurs at An/ Ap near 
0. 10. This is also the smallest nozzle area with which the turbine will 
drive the compressor with sufficient power to maintain the air flow con
stant and with the assumed compressor and turbine efficiencies. The 
engine used had a low flow coefficient (curve e of Fig 7-12). With a larger 
flow coefficient, or higher component efficiencies, a more favorable ratio 
of turbine to compressor mep would be obtained. 

The optimum ratio of nozzle area to piston area will undoubtedly vary 
somewhat with component chara('teristics alld operating regime. Area 
ratios used in practice are shown ill Table 13-3, 

Engine Type 

Spark ignition 
Diesel 
Diesel 
Diesel 
Spark ignition 

Table 13-3 
Turbine-Nozzle Areas Usetl in Practice 

Service Cycle Turbine Type 

aircraft 4 blowdown 
railroad 4 blowdown 
large marine 4 blowdown 
large marine 2 steady flow 
gas 4 blowdown 

Effective 
An/Ap * 

0.06± 
0.05--0.07 
0.04-0.05 

0.001-0.0015 
0.049 

* Effective nozzle area is actual area X flow coefficient. For blowdown tur
bines nozzle area of one group is divided by area of one piston. For steady-flow 
turbines total nozzle area/total piston area is given. Figures are taken from 
recent design data. 

Properties of Fuel and Fuel-Air Mixtures. These are discussed 
in Chapter 3 and presented in summary form in Table 3-1.  * 

* For purposes of calculating engine performance the following assumptions give 
results of sufficient accuracy: 

Air 
Exhau�t gaR 

k 

1.40 
1.34 

Units are in Ibm, ft, sec, Btu, oR, 

0.24 
0.27 

Sound Velocity a 

49y'l' 
48y'l' 
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Fuel-Air Ratio. The effects of fuel-air ratio and the appropriate 
fuel-air ratios to use under various conditions are discussed briefly in 
Chapter 12. More complete treatment of this subject may be found in 
ref 1.10 and in Vol 2 of this series. 

Mean Piston Speed. Due to the influence of piston speed on friction 
m.e.p. (Chap. 9) and on volumetric or scavenging efficiency (Chaps. 6 
and 7) , the full-load power of any engine will reach a peak volume as 
speed increases, provided stress limitations allow operation at this point. 
For both spark-ignition and Diesel engines, performance maps (Figs. 
12-16, 17, 18) nearly always show best fuel economy in the range 1000-
1400 ft/min. Engines designed to operate at constant speed tend to be 
rated in that range. Road-vehicle engines are usually rated at or near 
their peak power. 

Current practice in ratings is illustrated in tables 13-1 and 13-2 and in 
the tables of Vol. 2, Chap. 10. Speeds much above 3000 ft Imino are used 
only for specially designed sports or racing engines. 

COInpressor Inlet Pressure, Telllperature, and Vapor Content. 

These are usually at or near those of the surrounding atmosphere. In 
new designs allowance should be made for the highest temperature, 
highest humidity, and lowest barometric pressure under which the de
signed output is expected, and also for pressure loss in air cleaners and 
ducts. 

COlllpressor Pressure Ratio. For spark-ignition engines the higher 
this ratio the lower the compression ratio, as explained earlier in this 
chapter. Figures 13-2-13-4 will be helpful in deciding on the compression 
ratio to be used. 

In Diesel engines no fuel limitations are involved, and the output is 
limited almost entirely by considerations of reliability and durability, 
as affected by maximum cylinder pressures and heat flow per unit wall 
area. In general, higher pressure ratios may be used as more after
cooling can be employed and compression ratios can be lowered. Few 
commercial Diesel engines are designed for pressure ratios greater than 
2.5. Free-piston units are generally designed for pressure ratios of 4 to 6. 

In new designs a plot of performance characteristic against P2/Pl is 
essential before deciding on the pressure ratio at which to rate the en
gine. The construction of such plots is discussed in the following 
section. 
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Aftercooler Characteristics. To decide on aftercooler character
istics or whether or not a cooler is to be used requires data on the highest 
coolant temperature which is likely to prevail under service conditions. 
Pressure losses through aftercoolers can generally be held below 4% of 
the inlet absolute pressure. 

Examples of Performance Computations 

The utility of performance computations based on the equations in 
Appendix 8 and on the foregoing discussion is illustrated here by a few 
examples. Methods of calculation are shown in detail in the Illustrative 
Examples at the end of this chapter. 

Example 1. Determine the best fuel-air ratio to use in a type C, 
supercharged, two-stroke Diesel engine, assuming that stress considera-

240 
imep 

220 

200 ...---� 
timep ./' 

180 

'" 
160 :::: 

u ., � 140 :::I iii 
'" 120 c: '" 

'" 
1 00 .s --

B 80 

60 

./ 
/"" / 

V / 
Q/Ap /"'" 

./ 

L ,/ 

� V 

� ......... ...... P2/Pl : 1 0  

40 ........ , 
-r-- - --

20 --:: " JQ/bhp 
0 

i ::I�t�---+--kf I�I ----+-----1\ I 

0.8 

0.6 

0.4 

0.2 

o 

0.2 L--__ -'--__ --'-__ --J.. ___ "---__ -'--__ ...J 
0.1 0.2 0.3 0.4 0.5 0.6 0.7 

F� 

Fig 13-9. Effect of combustion fuel-air ratio on performance of C-E-T system: two
stroke engine, type C, Fig 13-1; R. = 1.4; e. = 0.75; P./Pi = 0.80; Ce = 0.50; Tw = 
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tions limit the imep to 224 psi. The imep will be held constant by lower
ing the supercharger pressure ratio as the combustion fuel-air ratio is 
increased. 

Figure 13-9 shows plots of bmep, bsfc, and heat-flow parameters vs 
fuel-air ratio for this example. Heat-flow parameters were computed 
from Fig 8-11. Other assumptions used are given below the figure. 

From the plot it is evident from the point of view of brake specific 
output and fuel economy that the highest practicable fuel-air ratio 
should be used. Smoke and deposits usually limit FR' to 0.6 or less. 

If stresses caused by heat flow are limiting, the plot shows that the 
lowest ratio of heat flow to brake power occurs at F R' = 0.3. For a given 
brake output, however, the engine would have to have 20% more piston 
area at this fuel-air ratio that'!. at FR' = 0.5, and the brake specific fuel 
consumption would be 5% greater. 

Example 2. Determine relative characteristics of arrangements, B, 
C, D (Fig 13-1) for high-output Diesel engines. 

The following arrangements will be considered: 

1. Four-stroke engine, with free turbo-compres�;or, arrangement B 
2. Four-stroke engine with turbine and compressor geared to shaft, 

arrangement C 
3. Four-stroke engine driving compressor and furnishing hot gas to a 

steady-flOW power turbine, arrangement D 
4. Same as 2, except that a two-stroke engine is used 
5. Same as 3, except that a two-stroke engine is used. (This is the 

usual free-piston arrangement) 

Systems 1, 2, and 4 are assumed to use combined blowdown and 
steady-flow turbines in order to secure the maximum feasible turbine 
output. Other assumptions are given in Table 13-4. 

All of the engines have been assumed to have the same combustion 
fuel-air ratio and the same indicated efficiency. Another important as
sumption is that the piston speed of the four-stroke engines is 2000 ft/min 
and of the two-stroke engines, 1800 ft/min. This relation is based on the 
difficulties involved in properly scavenging two-stroke engines at high 
piston speed (see Chapter 7) and on current practice which indicates 
generally lower piston speeds for two-stroke engines in commercial prac
tice. (See Table 13-2.) If the two-stroke engines were to be operated 
at 2000 ft/min piston speed, their specific output would be approximately 
10% higher and their fuel economy slightly reduced, as compared to 
the results obtained at 1800 ft/min. These are design-point computa-
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tions; that is, the optimum design of compressor, engine, and turbine is 
used at each value of the pressure ratio. For a fixed design these curves 
would apply only at one particular pressure ratio and would give inferior 
performance as the pressure ratio was varied on either side of the design 
point. 

The compressor pressure ratio, P2/P1, was taken as the independent 
variable. lmep, bmep, specific output, and specific fuel consumption 
are plotted against P2/Pl in Fig 13-10. Computations were made by 
means of the relations given in Appendix 8. 
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" Napier Nomad two-stroke type C, take-off rating, S = 2520 Itlmin (ref \3.22) 

d General Motors two-stroke type D, free-piston, normal rating, S = 1330 ft/min (ref 13.38)· 

Fig 13-10. Performance of Diesel compressor-engine-turbine combinations (see Fig 

13-1) : 

1 Four-eycle engine, free turbosupercharger, type E, Pe/Pi variable 
2 Four-cycle engine, turbine and compressor geared to shaft, type C, P./Pi = 1.0 
3 Four-eycle engine drives compressor, generating gas for a power turbine, type D, 

P./Pi = 1.0. Air not needed by engine is bypassed to turbine 
4 Two-cycle engine, turbine and compressor geared to shaft, type C, Pe/Pi = 0.9 
5 Two-cycle, free-piston gas generator with power turbine, type D, Pe!Pi = 0.9. 

Scavenging ratio varied to keep engine power equal to compressor power. In all 
cases FR' = 0.6. See Table 13-4 for other details 
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HIGHLY SUPERCHARGED DIESEL ENGINES 

For purposes of the discussion, let highly supercharged Diesel engines 

be those operated with a compressor-pressure ratio greater than 2. 
Figure 13-10 makes it possible to examine the relative characteristics 

of five different types of highly supercharged engines. In the discussion 

which follows it is assumed that arrangement No 5 is a- two-stroke 

engine of the free-piston design which is later discussed in some detail. 

Relative Type Characteristics. Let it be assumed that for adequate 

reliability and durability the four-stroke engines, arrangements 1, 2, 

and 3 of Fig 13-10, and the free-piston engine, No 5, are limited to an 

imep of 250 psi and that the two-stroke crankshaft engine, No 4, is 

limited to 200 psi. These limitations, based on experienre to date (1958), 

would appear reasonable. 

Table 13-5, taken from Fig 13-10, rompares the fi\'e types on this 

Table 13-5 
Comparative Performance of Engines of Fig 13-10 with imep and 

Piston Speed Limited to Assumed 'Iaximum Service Values 

Maximum 
Engine 

No Cyrle Type imep s ]i) PI hmep PIAp h"fc 

1 4 B 250 2000 2.65 217 3.3 0.34 

2 4 C 250 2000 2.65 240 :3. {j 0.:32 
3 4 D 250 2000 2.90 195 2.9 O.H 
4 2 C 200 LSOO 2.75 175 4 . 1"  O.:J5 
.5 2 D 250 1�00 3.50 I�.'i 5.0 O.H 

See Table 13-4 for further details. 

basis. From this table it is seen that under the assumed limitations the 

four-stroke Band C engines, �os I and 2, are the most eeonomical, 

whereas the highest specific outputs are attainable from two-stroke 

engines Nos 4 and 5. The type D engines, � os 3 and 5, are poorest ill 

fuel economy. 

Highly supercharged Diesel engines must incorporate refinements in 
design for taking care of the high thermal and mechaniral stresses that 

are unavoidable when very high sperine outputs are developed. Table 

13-5 shows that arrangement C, an engine with turbine and compressor 

geared to the shaft (No 2 in the table), gives performance appreciably 
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Symbol Make Cycle Scavo Service Status Regime Type Ref. 

e Napier Nomad 2 L a e TO C 13.22 
... Napier Nomad 2 L a e TOW C 13.22 
'*' Napier Nomad 2 L a e TOWA C 13.22 
I Junkers J u mo 207 2 OP a e TO B 13.44 
... G M  2 PV I s M AB 13.29 
... G M  2 PV m s M AB 13.09 
.. FM 2 OP I s M AB 13.29 
v ALCO 4 I s M B 13.29 
• Gotawerken 2 OP m s M A 13.291 
0 Maybach 4 I s M ' B 13.29 
0 Cu mmins 4 r e M A 13.091 
0 Hansh in  4 m s M B mf 
• Su lzer 2 PV m 5 M B mf 

Fig 13-11. Ratings of highly supercharged Diesel engines. Symbols : L = loop
scavenged ; OP = opposed-piston ; PV = poppet exhaust valves;  a = aircraft ; 1 =  
locomotive ; m = marine ; r = racing ; t = tank (military) ;  e = experimental ; s =  
in service ; TO = take-off; TOW = take-off with water injection; TOW A = take-off 
with water injection and afterburner ; M = maximum rating. Type letters refer to 
Fig 13-1. mf = manufacturer's specifications. 
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better than a similar engine with free turbo compressor, No. 1 ,  at the 
same stress level. However, since the use of a free turbo compressor 
eliminates gearing between engine and turbo-compressor unit, it is the 
most popular in both four-stroke and two-stroke practice. In two
stroke engines for road vehicles, which have to run over a wide range of 
speeds and loads, the engine-driven scavenging pump is retained, with 
the turbosupercharger feeding into it. 

Figure 13- 1 1  shows piston speed, bmep, and specific output for a 
number of highly supercharged Diesel engines. The Napier "Nomad" 
was an experimental two-cycle sleeve-valve airplane engine that used the 
type C system. It never saw service (ref. 13.22) . The Junkers "Jumo" 
was an opposed-piston, two-cycle, six-in-line airplane engine. When su
percharged, it used a type B arrangement. It was used in German 
civilian and military aircraft up to the end of W orld War II. 

F R E E - P I S T O N  P O W E R  P L A N T S 

Figure 13-12 shows an arrangement for a free-piston Diesel power 
plant that attracted much attention in the 1950s. Without the power 
turbine, small units of this type were used as air compressors in German 
submarines. With the power-turbine element the system is basically 
type D (fig 13-1 ) .  A calculated performance of such a unit is shown in 
fig 13-10 (curves 5) .  Attached directly to the Diesel pistons are the 
compressor pistons with the necessary bounce chambers. The compressor 
acts as scavenging pump for the cylinders, and the exhaust gases are led 
through suitable ducts to the power turbine. 

It has been generally assumed that the free-piston Diesel cylinder 
could be operated at much higher imep than has proved feasible with a 
conventional Diesel engine. Development work has not yet convincingly 
supported this assumption. 

Under the limitations assumed in Table 13-5, the highest specific out
put is possible with the two-stroke type D engine, that is, the free-piston 
type. However, it should be remembered that in this engine there must 
be a turbine and reduction gear in addition to the gas-generating unit. 
Thus the whole power plant will be larger and heavier than indicated 
by the specific output figures. Free-piston units have been rated at piston 
speeds considerably less than the 1800 ft/min assumed in Table 13-5 and 
therefore give lower specific outputs than those shown in that table. 

The free-piston power plant has the following theoretical advantages 
over conventional Diesel engines of equal piston area : 
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Fig 13-12. Diagrammatic section of a free-piston power unit. 

1. Replacement of the crankshaft and connecting rods of a conven
tional engine by a gas turbine may save some weight and will simplify 
problems of lubrication and of vibration control (the opposed-piston 
units are perfectly balanced). 

2. A number of gas-generator units can be connected in parallel to a 
single power turbine. This feature makes it easy to take advantage of 
the weight- and space-saving features of small cylinders as opposed to 
large ones. (See Chapter 11.) 

3 .  The free-piston Diesel engine apparently has greater tolerance of 
low-ignition-quality fuel than a comparable conventional engine be
cause the compression stroke will usually continue until ignition occurs. 
Thus the compression ratio adjusts to the fuel's ignition requirements. 

4. If such a power plant is used for road or rail vehicles, the turbine 
will act as a torque convertor with a ratio of stall torque to rated torque 
of about 2.0. Thus a somewhat less elaborate transmission can be em
ployed than in a conventional engine. Also, if the torque-conversion 
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feature is used, no cooling system is required to take care of the con
vertor losses, since these are discharged in the exhaust from the turbine. 

On the other hand, several serious disadvantages appear to be char
acteristic of such systems. These include the following: 

1 .  Relatively poor fuel economy at rated output, as indicated by 
Fig 13-10 and Table 13-5 (No 5) . 

2. Still poorer relative fuel economy at part load and particularly at 
very light loads. However, there are some applications, such as marine 
service, in which light-load operation is so brief that this defect would 
not be considered serious. 

The basic reason for the poor part-load efficiency of this power plant 
is that the speed of reciprocation of the gas-generator units is confined 
within much narrower limits than that of the conventional reciprocating 
engine. The free-piston unit must run at a frequency controlled by the 
mass of the piston assembly and the gas pressure used to return the 
pistons, and the stroke must always be long enough to uncover the ports. 
Up to the present time it has been found necessary, in order to run the 
turbine at light loads, to waste some of the air from the compressor. As 
long as this method of operation prevails, the efficiency at light loads 
obviously will be low. 

3. The geared power turbine running on hot gas is an expensive and 
highly stressed piece of equipment. 

A number of power plants of this type were developed for marine and 
stationary service after W orId War II. General Motors even built one 
for an automobile. The results in each case have been unsatisfactory, 
and the type may now be considered obsolete. See Volume 2, p. 583, and 
references 13.30-13.392 in this volume. 

E FFECT S O F  Pe/Pi R AT I O  

Figure 13-13 shows the effects o n  specific output and fuel economy of 
changing Pe/Pi from 0.9 to 0.8 and compressor efficiency from 0.75 to 
0.85. These curves show that type D units are somewhat more sensitive 
to such changes than are type C units . Achieving a pressure ratio of 0.9 
across a two-stroke engine at high piston speeds and high scavenging 
ratios would require engine flow coefficients considerably higher than 
those now current .  (See Fig 7-12 . )  Compressor efficiencies of 0.85 are 
difficult to achieve in the types appropriate for use with reeiprocating 
engmes. (See Chapter 10 . )  
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Fig 13-13. Effect of exhaust-to-inlet pressure ratio and compressor efficiency on per
formance of two-stroke C-E-T combinations: 

Arrange-
Curve ment P./pi 'Ie 

4 C 0.9 0.75 
4a C 0.8 0.75 
4b C 0.9 0.85 
5 D 0.9 0.75 
5a D 0.8 0.75 
5b D 0.9 0.85 
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The foregoing examples show how the material presented in this book 
can be brought together and used to solve practical design problems. 
Details of the methods of computation used, together with other ex
amples of performance calculations, may be found in the Illustrative 
Examples which follow. 

ILLUSTRATIVE EXAMPLES 

( Measuring stations are defined by Fig 13-1 )  

Example 13-1 .  Turbo-Compound Spark-Ignition Engine. Calculate 
the power output and fuel economy of the Wright Turbo-compound air-cooled 
airplane engine at take-off, 2900 rpm, Pi = 29.4 psi , FR = 1 .49. Specifications 
are arrangement C, Fig 13- 1 ,  no aftercooler, 18 cylinders, 6. 125-in bore x 6 .312-in 
stroke, r = 6 .70 .  BlowdOlm exhaust turbines. Fuel injected into cylinders 
during compression. 

A ssumptions: Turbine nozzle, CA n/ A p = 0.06 ,  atmospheric conditions 14 . 7  
psi, 5200R, h = 0.009, compressor efficiency, 0 .80, turbine kinetic efficiel1('�·. 
0 .75, Z = 0.5, valve overlap 90°, inlet closes 60° late . 

Solution: Preliminary computations : F = 1 .49(0.0670) = 0. 10 ,  piston speed = 
2900(6 .32 1)1"2 = 3050 ft/min = 5 1  ft/sec,  piston area = 1 8(29 .5) = 530 in2 , 

pdP! for compressor = 29.4/14 .7  = 2.0 .  
Inlet temperature is  computed from eq 1 0-9 and from Fig 10-2 . At pressure 

ratio 2.0, Yc = 0.22 , T2 = 520(1  + (0.22)/0 .80) = 520 + 143 = 663, and, since 
there is no cooler, Ti = T2 = 663°R. 

From eq 6-6, 
_ 29.4(2.7) ( 1 

) _ 
/ 3 Po - 663 1 + 1 .6(0 .009) 

- 0. 1 18 Ibm ft 

Volumetric efficiency is computed in accordance with Chapter G as follows : 
From Fig 6-13 ,  ev at Z = 0 .5 is 0.83, with base conditions given on that figure. 

Correction for fuel-air ratio (Fig 6-18) = 1 .0. Correction for inlet temperature 
(Fig 6-19) = V¥·n: = 1 .07 . Correction for Tc applies to water-cooled engines 
only-assume no correction here. Correction for valve overlap (Fig 6-22) at 
Pe/Pi is 0.51,  e./e.b = 1 . 19, r = 0.93. Correction for inlet timing-none. 

e. = 0.83(1 .07) ( 1 . 19) = 1 .07 

eo' = evr = 1 .07(0.93) = 1 .00 

Indicated Efficiency: Fn' = 1 .49/0.93 = 1 .6.  Fuel-air cycle efficiency at this 
ratio is 0.24 from Fig 4-5. 

F' = 1 .6(0.0670) = 0. 107, F = 1 .49(0.0670) = 0.10 

F'Qc'T'Ji = (0. 107) 19,020(0.24) (0.85) = 413 

imep = ffi(0.1 18) (1 .0)413 = 264 psi 
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Compressor mep: From eq 10-26, 

cmep = � (0.24(520)0.22) = 0 089 
imep 413 0.80(0.93) 

. 

cmep = 264(0.089) = 23.5 psi 

Turbine mep: Preparing to URe Fig 10-14, (T. - Ti) ,  from Fig 10-11 ,  at 
FB = 1 .49 is estimated at 1200°F and therefore T. = Ta = 663 + 1200 = 
1863°R. 

a = 48�1863 = 2080 ft/sec 

1M = (1 + F)(1 + h)PaevAps/4 = 1 . 10(1 .009)0. 1 18(1 .07)Ap51/4 = l .79Ap 

p.C�A ngo 
= 

(144) 14.7(0.06)(32.2) = 1 .1 1  
Ma L 79(2080) 

u/aa from the four-stroke spark-ignition curve of Fig 10-14  is 1 . 1 8  and u = 
1 . 18(2080) = 2460 ft/sec. 

From eq 10-37, 

tmep 
= 

1 . 10(1 .009) (2460) 2 0.75 = 
0 264 

imep 413 50,000(0.93) 
. 

tmep = 264(0.264) = 70 psi 

Friction mep: From Fig 9-27, the motoring friction mep for an aircraft engine 
at 3060 ft/min is 33 psi. From eq 9-16, and Fig 9-31 ,  

fmep = 33  + 1 .2 (14.7 - 29.4) + 0.03 (264 - 100) = 30 psi 

Performance: 

bmep = 264 - 30 - 23.5 + 70 = 280 psi 

bhp = 280(530)51/550(4) = 3440 

isfc = 2545/0.85(0.24) 19,020 = 0.66 

bsfc = 0.66(264)/280 = 0.622 

This engine is rated by the manufacturer at 3400 hp for take off. 

Example 13-2. Supercharged Four-Stroke Diesel Engine, Steady-Flow 
Turbine. Compute power and fuel economy of a four-stroke Diesel engine with 
the following specifications : 8 cylinders, 8 x 10 in, r = 15,  1020 rpm FB' = 0.6, 
inlet pressure, 30 psia, exhaust pressure, 24 psia, single-stage steady-flow turbine 
and centrifugal compressor both geared to the crankshaft. Valve overlap is 140° 
and inlet valve closes 60° late. Z = 0.4 .  Max. cylinder pressure is limited to 
1800 psia. Atmospheric conditions are 14 .7 psi pressure, 100°F, h = 0.005. 
Aftercooler has 0.70 effectiveness with coolant temperature 80°F, 3% pressure 
loss. Fuel is medium Diesel oi l .  

Solution: Preliminary ralrulations : F' = 0.6(0.0664) = 0.04, piston area = 

S(I,)0.2) = 40� in2•  Piston speed = 1020( lOh� = 1 700 ft/min, 28 .3 ft/ser .  

712 = 30/0.!l7 = 3 1  psi a 

pdPl = 3 1 / 1 4 . 7  = 2. 1 ,  Pe/Pi = � (\  = O . S  



I nlet Conditions: 
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Yc = 0.235 from Fig 10-2 
T2 = 560(\  + 0.235/0.8 1 )  = 560 + 162 = 722 °R 
Ti = 722 - 0.70(722 - 540) = 722 - 127 = 505°R 
pa = 2 .7(30)/( 1  + 1 .6(0.005))595 = 0 . 135 Ibm/ft3 

Yolurnetric Efficien('y: From Fig 6- 13 ,  base value is 0.83. Correction for fuel
air ratio from Fig 6- 1 k  = 1 .057, inlet temp correction ylI-H = 1 . 025, valve 
overlap correction , FiR fi-22, (p,I7Ji = 0.80) 1 .3, r = 0.82. Therefore, 

e, = 0.83 ( 1 .057) 1 .025( 1 .3) = 1 . 1 7  
e,T = 1 . 1 7(0.82) = 0.06 

imep: At Pmax/Pl = .l!� 0 = 60, r = 1 S, fuel-ai l' cycle efficiency (Fig 4-6) is 
(J • •  51 and 1]' = 0.85(0 . . 5 1 )  = 0.432. 

F'Qc1]' = 0.04(1 8,000) (0.432) = 3 1 0  
imep = fH(0 . 135)0.06(3 1O) = 2 1 8  

��ep 
= 

_1_ [ 0.24(�62) J = 0 1 53 
imep 310  0.82 . 

cmep = 218(0. 1 53) = 33 psi 

tmep: From Fig 1O-1 l ,  at over-all fuel-air ratio, FR = 0.6(0 .82) = O.4n. Te is 
computed as 595 + 840 = 1435°R. 

trnep: Fig 10-12 shows that at P3/P4 = 24/14 .7  = 1 .63 best turbine efficiency 
= 0.81 ,  F = 0.49(0.0667) = 0.0328. Yt at P4/P3 = 1/1 .63 = 0.613 ,  from Fig 
10-2, is 0. 12 .  Then, 

�mep 
= 

1 .0328 [ 0.27( 1435) (0�1 2)Q.81 J = 0. 1 53 
Imep 310  0 .82 
tmep = 0 . 1 53(218) = 33 

Fmep: From Fig 9-27, motoring mep is estimated at 27 psi. Correcting this 
value by means of eq 9-16  and Fig 9-31 ,  

fmep = 27 + 0.3 (24 - 30) + 0.04 (2 . 18  - 100) = 30  psi 

bmep = 218 - 33 - 30 + 33 = 188 

bh = 
188(403) 1 700 

= 970 p (33,000)4 
isfc = 2545/0.432(18,000) = 0.33 

bsfc = 0.33(218)/188 = 0 .382 

Note that compressor and turbine have equal power and that gearing to the 
crankshaft would be unnecessary at this operating point. 



488 SUPERCHARGED ENGINES AND THEIR PERFORMANCE 

Example 13-3. Supercharged Two-Stroke Diesel . Estimate the power 
and fuel economy of a two-stroke engine of the same number of cylinders and 
cylinder dimensions as the four-stroke engine of example 13-2. Assume that, 
for the same reliability, piston speed must be reduced 20%, imep 20%, and 
maximum cylinder pressure to 1 500 psia. The engine uses cylinders similar to 
configuration II of Fig 7-7. Other specifications are scavenging ratio 1 .2, single 
stage centrifugal scavenging pump and steady-flow exhaust turbine, both geared 
to shaft and each having 0.80 efficiency. All other operating conditions are the 
same as in example 13-2. 

Preliminary Computations: For Rs = 1 .2, Fig 7-7 shows that es = 0.58 and 
r = 0.48. From the specification, imep = 218(0.80) = 174 .  

From e q  7-10, 
II 1Ps1/i(0.58) (0.04) ( 18,OOO)H = 174 

or P.7'Ji = 0.072. 
Exhaust Pressure: Estimating 1/i at 0.42 (3% less than four-stroke engine) 

gives p. = 0 . 169,  and, estimating Ti at 600oR, 2 .7 (p.)/600 = 0. 1 69 and 
p. = 37.5 psia. Figure 7-1 1  shows that the flow coefficient of this cylinder 
type is 0.023 at 1700(0.80) = 1360 ft/min = 22.6 ft/sec . Rss/C(r - l/r) = 
1 .2 (22.6)/0.023(H) = 1 263 and, from Fig 7-13 ,  Pi/PO = 1 . 1 9. The estimates 
must now be verified. 

Indicated Efficiency: Pmax/Pl = 1500/37.5 = 40. Figure 4-6 shows that fuel
air cycle efficiency is about 0.50. Therefore, indicated efficiency may be 
0.50(0.85) = 0.425 for a four-stroke engine, or 0.425(0.97) = 0.4 13  for the two
stroke engine. The assumption of 0.42 is close enough and will be used . 

Inlet Conditions: 

Pi = 37.5(1 . 1 9) = 44.6 psia 

1'2/1'1 = 44 .6/(0.97) 14.7 = 3 . 1 2  

Yc = 0.383 and T2 = 560(1 + 0.383/0.80) = 8300R 

Ti = 830 - 0.70(830 - 540) = 61 5°R 
Ti was underestimated Taking a new estimate of Ti at 630oR, 

71 ,  = 37.3(630)/600 = 3!1.2 

7 1 i  = 39.2( 1 . 19) = 46 .7 ,  7'2 = 46.7/0.97 = 48.2 
Pz/7'l = 48.2/ 14 .7  = 3.28, Yc = 0.403 

T2 = 560( 1  + 0.403/80) = 842°R 

Ti = 842 - 0.70(842 - 540) = 626°R 

This is close to the estimate. Therefore, 7'i will he taken as 46.7 psi and Ti as 
626°R. 

Ps = 2 .7(39.2)/626 = 0 . 1 69 

F'Qc1/' = 0.04(18,000)0.42 = 302 

imep = m(0.169)0.58(302)H = 1 7 1 

which verifies the requirement as closely as necessary. 
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cmep: From efJ 10-26, 

�mep = �_ (0.24(560)0.403 ) = 0 4!lS 
imep 302 0 .80(0.4S) . 

cmep = 0.468( 17 1) = 80 
tmep: FR = 0.6(0.48) = 0.288, F = 0.288(0.0667) = 0.0192.  
From Fig 1 0- 1 1 ,  Te = 626 + 510 = 1 136°R, P4/Pa = 14 .7/39.2 = 0.375,  and 

Yt , from Fig 10-2, is 0.2 1 . From eq 1 0-36, 
tmep = 1 .0192 (0.27( 1 136)0 .21 (0.80) ) = 0 352 
imep 302 0.48 . 

tmep = 0.352( 17 1 )  = 60 
!mep: From Fig 9-27, motoring mep at 1 700(0.SO) = 1 360 ft/min is 15 psi . 

Correction by efJ 9-1 6  and Fig 9-28, 
fmep = 15 + 0.068( 1 7 1  - 1 00) = 20 psi 
hmep = 1 7 1  - 80 - 20 + 60 = 1 3 l  

hhp = 1 3 1 (403) 1360/2(33,000) = 1 1 00 
isfc = 2545/1 8,000(0.42) = 0.337 

bsfc = 0.337(171 )/131  = 0.440 
Example 13-4. More-Complete-Expansion Engine. Some four-stroke 

engines are designed to use an expansion ratio larger than the compression 
rat io, the latter being limited either by detonation or by maximum cylinder 
pressure . In order to accomplish this result, the expansion ratio is set by 
selecting the appropriate combustion-chamber volume and the compression 
ratio is reduced below this value by very early closing of the inlet va lve .  Com
pare this arrangement with a normal onp l lnd�r the following assumptions . 
Four-stroke Diesel engine, F R' = 0.6, piston speed 1800 ft/min, inlet air stand
ard dry (60°F, 14.7 psi ) r = 15, cooler effectiveness, 0 .8, cooler coolant tem
perature, 50°F, 3% pressure loss in coolers . Pressure at beginning of inlet 
stroke limited to 1 .5 atm, 

Normal Engine 

pdP! = 1 .5  
Valve overlap = 90° 
Coolant temp, 160°F 
Z = 0.4, 'Y = 1 .0 
F' = 0.04, FR' = 0.5 
Medium Diesel fuel 
Turbosupercharger drives 

compressor at Pe/Pi = 0.80 

Special Engine 

P2/Pl = 2.0 
Inlet-valve closing timed so that 

pressure at beginning of com
pression is 1 . 5  atm 

Other conditions same as for nor
mal engine 
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Solution: 
Normal Special 

Ye, Fig 10-2 0 . 13 0 . 30 
T1Ye/7}e 85 1 95 
T2 605 7 1 5  
Ti(ee = 0.8) 553 575 

Pa 0 . 1 08 0 . 1 72 

Pi 21 .6 28 .6 
Po 17 .6 22.8 

The air in the special engine is delivered to the cylinder at an inlet temperature 
of 575°R, and the inlet valve is closed so as to expand this air from 2 to 1 .5 atm 
at the end of the inlet stroke. The relative mass of air taken in by the two engines 
can be estimated on the basis of the theoretical temperature at beginning of 
expansion without heat transfer or mixing with residuals ; that is, Tl theoretical 
for normal engine = Ti = 553°R, Tl theoretical for special engine = 575 X 
( 1 .5/2.0)0 . 285 = 497°R, relative mass = tH = 1 . 1 1  in favor of the special engine . 

Volumetric Efficiency of Normal Engine: At Z = 0.4, the base value from 
Fig 6-13 is 0.83. Inlet-temp correction v'H! = 0.975, fuel-air ratio correction 
(Fig 6-18) = 1 .057, coolant-temp correction, negligible, valve overlap correction 
(Fig 6-22) = 1 . 1 2, r = 0.97, 

ev = 0.83(0.975) ( 1 .057) 1 . 1 2  = 0.957 

evr = 0.957(0.97) = 0.93 

Volumetric Efficiency for the Special Engine: The inlet valve of the special 
engine is so timed that its retained air capacity is equal to that of the normal 
engine increased in proportion to the density at the beginning of compression,  
that is ,  by the factor 1 . 1 1 .  I n  other words, pressures during compression are 
equal, but temperatures are lower in the special engine by the factor 1 /1 . 1 1 .  

isfc: Assuming 85% of fuel-air cycle efficiency at Pa/Pi = 70, the indicated 
efficiency of both engines is 0.54(0.85) = 0.46 and isfc = 2545/18,000(0.46) = 
0 .308 . 

imep: F'QeT/' = 0.04(18,000)0.46 = 332 for both engines. 
For normal engine from eq 6-9, 

imep = fH(0.108)0.93(332) = 180 

For the special engine, since the efficiency and fuel-air ratio are the same, 

imep = 180(1 . 1 1) = 198 

fmep: From Fig 9-26, fmepo = 28 and, from eq 9-16  and Fig 9-28, with 
Pe/Pi = 0.80, 

fmep (normal engine) = 28 + 0.3(17.6  - 22) + 0.04( 180 - 100) = 30 

fmep (special engine) = 28 + 0.3(23.5 - 29.4) + 0.04(198 - 100) = 30 
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bhp (special engine) 
= 

198 - 30 
= 1 12 

bhp (normal engine) 180 - 30 . 

bsfc (normal engine) = 0.308(180)/(180 - 30) = 0.370 
bsfc (special engine) = 0.308(198)/(198 - 30) = 0.364 

Under the assumptions, the special engine shows a small improvement in both 
output and fuel economy. It should be noted that this advantage is based on 
the assumption that both engines are running at their practical limit of imep and 
piston speed and that the higher allowable imep of the special engine is due to 
its lower cyclic temperatures. Otherwise, the inlet pressure of the normal engine 
could be increased to give equal performance. 

Example 13-5. Optimum Scavenging Ratio, Supercharged. If the 
engine of example 12-12 is supercharged to an exhaust pressure of 2 atm and 
equipped with a steady-flow exhaust turbine of 0.80 efficiency geared to the 
crankshaft, what is the optimum scavenging ratio? An aftercooler of effective
ness 0.75, coolant temperature 90°F is added. 

Solution: For the cooler, from eq 10-40, 
T, = T2 - 0.75(T2 - 550) 

and for the turbine, P4/P3 = 0.5 and, from Fig 10-2, Yt = 0. 1 7 ;  from eq 10-36, 
�mep 

= 
1 + F (0.27Te(0 . 17)0.80) = 0.000106 (l + F) T. 

1mep 346 r r 

Equations from example 12-12 will be modified as follows : 

R. = (0.OO0096/2)aiPi¢1 = 0.OOO048aiPi¢1 
imep = 78,800(2)e./Ti = 157,600e./T, 

cmep/imep remains the same as in example 12-12. 
The following tabulation can be made : 

P2/PI P2 Pi Pi/P, y. T2 T. a. <PI R, 

1 2 4 6 9 10 

2 . 58 37 . 9 36. 7 1 .  25 0. 310 778 607 1205 0 . 472 1 . 00 
2 . 78 4 1 . 0 39 . 7  1 . 35 0. 338 748 612 12 1 1  0. 517 1 .  20 
3 . 10 45 . 6  44 . 0  1 . 50 0. 370 820 618 1215 0 . 550 1 . 41  
4 . 13  60. 7 58 . 8  2 . 00 0 . 477 895 630 1230 0. 577 2 . 00 

cmep tmep 

P2/PI imep imep cmep PR Ta - T. Ta imep tmep fmep 

1 13  14 15 16  1 7  18 19 20 21 

2 . 58 166 0. 255 42 . 4  0 . 39 690 1297 0. 212 35 . 2  26 
2 . 78 180 0 . 303 54 . 5  0 . 35  610 1222 0 . 2 1 7  39. 7 27 
3 . 10 191 0 . 377 70. 0 0 . 32 560 1 178 0 . 232 43 . 0  28 
4 . 13 215  0. 605 130. 0 0. 26 470 1000 0. 240 52. 6 30 

t, r 
1 1  1 2  

0. 64 0 . 64 
0. 70 0. 58 
0. 75 0. 53 
0. 86 0 . 43 

bmep bsfo 

22 23 

134 0. 364 
137 0. 386 
136 0.415 
138 0. 458 
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1 Independent variable 9 Fig A-2 1 7 Fig 10-11 
2 14.7(P2/PI ) 10  Previous equation 1 8 T. + Ts - T. 
3 0.971'2 1 1  6. = l - e - R• 19 From previous equation 
4 Pi/29.4 12 •• /R. 20 imep X .01 19  
5 Fig 10-2 13 Previous equation 2 1  From Fig 9-28 and e q  9-1 6 
6 560(1 + Y./0.80) 1 4 Equation of example 1 2-1 2 22 imep - .mep - fmep + tmep 
7 To - 0.75 (T2 - 550) 1 5 imep (cmep/imep) 23 0.294 (imep/bmep) 
8 49y-Ti 1 6  0.6f 

The tabulation shows a scavenging ratio of 1 .0, or even less, to be optimum for 
fuel economy. Since power is nearly independent of scavenging ratio, 1 .0 is 
optimum for power also. A larger flow coefficient would greatly improve the 
performance of this engine and would probably raise the optimum scavenging 
ratio. 

Example 13-6. Free-Piston Engine. Estimate the maximum output and 
fuel economy at maximum output of a free-piston, exhaust-turbine arrangement 
of the type shown in Fig 1 3-12 under the following conditions : bore 6-in, stroke 
(each of two cylinders) , 8 in, mean piston speed, 1200 ft/min, comp ratio at max 
output, 12, inlet pressure, 4 atm, atmospheric temperature, 100°F, turbine inlet 
pressure, 3.2 atm, fuel-air ratio adjusted so that Diesel cylinder output meets 
compressor requirements, turbine efficiency (steady flow) , 0.80, compressor 
efficiency, 0.80, scavenging ratio, 1 .4, fuel is medium Diesel oil, Fe = 0.0664, 
Q. = 18,000 Btu/lb, max pressure is 50 times inlet pressure. 

Solution: For this type of power plant, the indicated output of the engine 
minus friction must equal the power required by the compressor. In other words, 
eq 10-26 must be written 

cmep 
= _1_ [CpTIY'] 

= 
1 + fmep 

imep F'Q,rl' n.r imep 

For this problem TI = 560oR, Ye, from Fig 10-2, = 0 .485. For the opposed
piston type of cylinder at R. = 1 .4, Fig 7-9 shows e. = 0.74, r = 0.74/ 1 .4 = 

0 .53 . At 1200 ft/min piston speed, Fig 9-27 shows a motoring friction for two
stroke engines of 15 psi . If we assume that the rings and pistons of the com
pressor would have the same friction as the crankshaft system of a Diesel engine, 
this figure could be used as a first approximation for the free-piston estimate, and 
fmep is taken at 15 psi, provided imep is near 100 psi .  

or  

Equation 1 0-26 can now be written 

1 [0.24(560)0.485
J F'n'(18,000) 0.80(0.53)- = 1 

F' , 1 n = 1 1 7 ( 1  - 1 5/imep) 

15  
imep 

Furthermore, Ti = 560 + 560(0 .485)/0.80 = 900oR, P. = 2 .7(3.2) 14 .7/900 = 
0 . 141  Ibm/fta, and, therefore, from eq 7-9, 

imep = -Ht(0. 141) 1 .4(0 .53) (H)F'n'(18,000) = 1 l , l ooF'r/ 
A combination of the foregoing two equations gives 

F' , ( 1 1 5 ) 1 
n - 1 1 , 100F'n' = ill 

F'n' = 0.0099 
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To find the separate values of F' and '1/' , tabulate from Fig 4-6 as follows : 

'1/ fuel-air 
from '1/' = 

F' F'/Fc Fig 4-6 0 . 85'1/ F''I/' 

0 . 03 0 . 452 0 . 54 0 . 460 0 . 0138 
0 . 02 0 . 302 0 . 57 0 . 484 0 . 0097 
0 . 025 0 . 377 0 . 56 0 . 447 0 . 0 1 1 2 
0 . 023 0 . 357 0 . 562 0 . 450 0 . 01 03 
0 . 022 0 . 332 0 . .  565 0 . 452 0 . 0099 

The correct values are evidently F' = 0.022 and '1/' = 0.452. The imep is 
then 1 l , 1 00(0.0099) = 1 10, which is near enough 100 psi so that the original 
estimate of 15 psi fmep is correct. F = 0.022(0.53) = 0.01 l7 .  

Turbine Performance: From Fig lO-l l at  FR = 0.022(0.53) /0.0664 = 0 . 175, 
T. = Ti + 320 = 560 ( 1  + 0.485/0.80) + 320 = 1 220oR, P6/P5 = 14 .7/14.7 (4) (0.80) 
= 0.313,  and , from Fig 10-2, Yt = 0.251 . 

From eq 10-36, 
tmep 

= 
1 .0 1 1 7  (0.27 ( 1 220)0.251 (0.80» ) = 0 7 1 2  

imep 18,000(0.0099) 0 .53 . 

tmep = 0.7 12 ( 1 10) = 78.5 
Power output is entirely from the turbine. The piston area of the gasifier 

is 2(28.3) = 56.6 in2 and therefore 

bh = 
56.6(78.5) 1200 

= 8 p (2)33,000 1 

isfc = 2545/0.452(18,000) = 0.312 
bsfc = 0.312 ( 1 10)/78.5 = 0.437 

It should be noted that the examples of Chapter 13 involve every preceding 
chapter in this volume, with the exception of Chapter 2. It is hoped that the 
foregoing examples will serve as a final illustration of the practical application 
of the material in this volume. 



 

appendix one--

Symbol 

A 
a 

amep 
B 
B 
Btu 
b 
bpsa 
bmep 
bsfc 
C 

Cc 

area 
velocity of sound 
accessory-drive mep 
a coefficient 
barometric pressure 
British thermal unit 
bore 

Name 

best-power spark advance 
brake mean effective pressure 
brake specific fuel consumption 
a flow coefficient, 
a dimensionless coefficient, or 
clearance (of a bearing) 
cooler effectiveness 
inlet-valve flow coefficient 
exhaust-valve flow coefficient 
specific heat at constant pressure 
specific heat at constant volume 
centimeter 

Symbols 
and Their 
Dimensions 

Dimension 

L2 

Lt-2 

FL-2 

any 
FL-2 

Q 
L 
1 * 
FL-2 

MF-IL-l 
1 
1 
L 
1 

1 
QM-1e-1 

QM-1e-1 

L 

Ci 
C. 
Cp 
Cu 
cm 
cmep 
D 

mean effective pressure to drive compressor 
diameter 

FL-2 

L 
d diameter 

* The number 1 indicates no dimension. 
495 

L 
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d 
d 
E 

f 
fmep 
ft 
G 
g 
go 

H 
Hlg 
Ho 
H* 
HO 
h 
h 
h 
hp 
hp-hr 
I 
imep 
isfc 
in 
J 
K 
k 
kg 
ke 
k,<c 
ks 
L 

differential operator 
depth of wear 
internal energy (excluding potential, electric, etc.) per 

unit mass 
Same for (1 + F) Ibm 
Same for 1 lb mole 
internal energy of liquid referred to gaseous state 
measured or actual volumetric efficiency 
volumetric efficiency based on air retained 
volumetric efficiency with the ideal induction process 
volumetric efficiency without heat transfer 
volumetric efficiency when pyylpi = 1.0 
volumetric efficiency at reference conditions, or base 

volumetric efficiency 
scavenging efficiency 
force (fundamental unit) 
fuel-air ratio 
combustion fuel-air ratio 
stoichiometric fuel-air ratio 

= FIFe 
degrees Fahrenheit 
residual-gas fraction, coefficient of friction 
imep-bmep, friction mean effective pressure 
foot or feet 
mass flow/unit area, or "mass velocity" 
acceleration of gravity 
force-mass-acceleration coefficient or Newton's law 

coefficient 
enthalpy/unit mass 
enthalpy of liquid referred to gaseol1s state 
stagnation enthalpy lunit mass 
enthalpy of (1 + F) Ibm 
enthalpy lIb mole 
mass ratio water vapor to ail' 
heat-transfer coefficient 
hardness 
horsepower 
horsepower hour 
mass moment of inertia 
indicated mean effective pressure 
indicated specific fuel consumption 
inches 
Joule's law coefficient 
coefficient with dimensions 
specific heat ratio eplCv 
thermal-conductivity coefficient of gas 
coefficient of heat conductivity of coolant 
coefficient of heat conductivity of a Rolin wall 
stiffness coefficient 
length (fundamental unit) 

QM-l 
QM-1 
QM-l 
1 
1 
I 
1 
I 

1 
F 
1 
1 
1 
1 
e 
1 
FL-2 
L 
ML-2t-1 
Lt-2 
MLt-2p-l 

QM-l 
QM-l 
QM-l 
QM-l 
QM-l 
I 
Qe-1L-2t-1 
FL-2 
FLt-1 
FL 
MI} 
FL-2 
MF-1L-l 
L 
FLQ-l 
any 
1 
QL-1e-1t-1 
QL-1e-1t-1 
QL -lO-lt-1 
FL-1 
L 



Ibm 
lbf 
M 
£1 
£1* 
M 
m 

mep 
min 
mmep 
N 
n 

n 

o 
p 
p 
p 

P 
pmep 
Po 
psia 
psi 

8 
Qc 
q 
R 
R 
OR 
Ri 
R. 
R 
r 

Tp 

rpm 
S 
S 
8 

sec 
sfc 
T 
To 
t 

tmep 
U 
u 

V 
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length 
pound mass 
pound force 
mass (fundamental unit) 
mass flow per unit time 
critical mass flow per unit time 
Mach number 
molecular weight 
mean effective pressure 
minute 
mechanical-friction mean effective pressure 
revolutions per unit time 
a number 
an exponent 
zero 
power 
load due to pressure 
Prandtl number 
pressure, absolute 
pumping mean effective pressure 
stagnation pressure, absolute 
pounds per square inch absolute 
pounds per square inch 
quantity of heat (fundamental unit) 
heat flow per unit time 
heat of combustion per unit mass 
internal energy of residual gas per unit mass 
a design ratio (R1, R2 ... Rn) 
universal gas constant 
degrees Rankine (OF + 460) 
ratio imep to reference imep 
scavenging efficiency 
Reynolds number 
compression ratio 
pressure ratio (absolute) 
revolutions per minute 
stroke 
entropy per unit mass 
mean piston speed 
second 
specific fuel cons. 
temperature (fundamental unit) 
stagnation temperature 
time (fundamental unit) 
thickness 
turbine mean effective pressure 
internal energy, total from all sources 
velocity (usually of a fluid stream) 
volume 

L 
M 
/:I' 
M 
Mt-1 
Mt-1 
1 
1 
FL-2 

t 
FL-2 

t-1 
1 
1 
1 
FLt-1 
F 
1 
FL-2 

/:I'L-2 

FL-2 

FL-2 
FL-2 

Q 
Qt-1 
QM-l 
QM-l 

1 
FLe-1M-l 
e 
] 
] 
1 
1 
1 
t-1 
L 
Qe-1M-l 
Lt-1 
t 
MF-1L-l 
e 
e 
t 
L 
FL-2 
Q 
Lt-l 
I} 
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w 

w. 

x 

x 

Yc 
Yt 
y 
y 
Z 
Z' 
ex 

ex 

{j 
r 

'Y 

A 
li 

r 
1/ 
1/' 

1/0 
1/; 
1/c 
7Jt. 
7Jkb 
7Jm 
e 
() 
A 
p. 

P 
pa 
Pi 
Po 
p. 
f1' 

T 
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volume of (1 + F) Ibm 
volume of 1 lb mole 
maximum cylinder volume 
displacement volume 
volume of a unit mass 
weight, load 
work 
shaft work 
an unknown quantity 
a length 
adiabatic compression factor, (p2lPl)(k-l)/k - 1 
adiabatic expansion factor, 1 - (p2/Pl) (k-l)/k 

ratio of stroke at inlet-valve closing to total strokc 
a length 
inlet-valve Mach index 
inlet Mach index with C = 1 
ratio of inlet work to ideal inlet work 
an angle or a ratio 
an angle or a ratio 
trapping efficiency 
ratio exhaust-valve-to-inlet valve flow capacity = 

C.A./CiAi 
increment sign (AT, Ap, etc.) 
partial differential sign 
base of N aperian logarithms 
a dimensionless coefficient used with compressors 
efficiency 
efficiency based on fuel retained for combustion 
efficiency of the fuel-air cycle 
indicated efficiency 
compressor efficiency 
turbine efficiency, steady-flow 
blowdown-turbine kinetic efficiellcy 
mechanical efficiency 
temperature (fundamental unit) 
crank angle 
reduced port area divided by piston area 
viscosity 
circumference / diameter 
density 
density of air at inlet valve 
inlet density 
stagnation density 
scavenging density 
unit stress 
torque 
a function of what follows 
compressible-flow function (Fig A-2) 
compressible-flow function (Fig A-3) 

ML3-1 
ML3-1 
L3 
L3 
L3M-l 

F 
FL 
FL 
any 
L 
1 

1 
L 
1 

1 
1 
1 
1 

1 

e 
1 
1 
FL-2t 
1 
ML-3 
ML-3 
ML-3 
ML-3 
ML-3 
FL-2 
FL 



w 
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a function of what follows 
angular velocity 
angular frequency 

SUBSCRIPTS AND SUPERSCRIPTS 

Subscript 

a 
b 
c 

d 
e 

J 
g 
i 
l 
m 

n 

n 

o 

p 
R 
r 

8 

v 

W 

x 

y 

.. 

m 

b2,etc } 
A, B, etc 
* 

air or atmosphere 
brake, base value 

Meaning 

coolant or combustion or conductivity or compressor 
or chemically correct 

displacement (volume) 
exhaust 
fuel 
gas 
inlet, indica ted, ideal 
liquid 
mixture of fuel and air 
natural (frequency) 
turbine nozzle 
reference state or stagnation state 
refers to horsepower constant, or piston, or pressure 
relative or ratio 
residual gas 
stiffness, sensible, surface, scavenging 
volumetric, or constant-volume, or water vapor 
wall (material) or water 
at point of inlet-valve opening 
at point of inlet-valve closing 
indicates special condition 
leading, degrees of temperature 
following, per Ib mole or degrees of angle 
exponent for Reynolds number 
exponent for Prandtl number 
subscripts referring to specified locations or conditions or 
to points in the cycle 
applies to (1 + F) Ibm or indicates critical flow 



 

Properties 
of a 

Perfect 
Gas 

--appendix two 

A perfect gas is defined as a gas having constant specific heat and con
forming to the equation of state: 

M pV = -RT 
m 

where p = unit pressure of gas 
V = total volume of gas 

M = mass of gas 
m = molecular weight of gas (m for air = 29) 
T = absolute temperature of gas 

(A-I) 

R = universal gas constant which in English units is 1545 ft lhf 
per oR for m pounds of gas 

Since a perfect gas is assumed to have a constant specific heat, the 
specific heat ratio k = Cpl C v is constant. Combining this relation with 
A-I gives 

Cp - Cv = RlmJ (A-2) 
From the definitions of internal energy and enthalpy per unit mass 

RT 
H=E+pVjJ=E+mJ 

500 

(A-3) 
(A-4) 
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where Tb is the base temperature, that is, the temperature at which E is 
taken as zero. 

For a reversible adiabatic process in a perfect gas from state (1) to 
state (2) 

P2/Pl = (VdV2)k 

T2/Tl = (P2/pdk-1)Ik = (VdV2)k-l 
(A-5) 

(A-G) 

Stagnation Telllperature of a Perfect Gas. From the definition 
of stagnation enthalpy (eq 1-19) for a perfect gas we define the stagnation 
temperature of a perfect gas as 

Ho 
2 To = - = T + u /2JgoCp 

Cp 
(A-7) 

In real gases not near the condensation point of any of their compo
nents a stationary thermometer placed in the moving stream measures 
more nearly stagnation temperature than static, or true, temperature. 
Some thermometers measure stagnation temperature very well. (See 
ref A-2.2.) 

Stagnation pressure, or total pressure, as it is more often called, is the 
pressure resulting when a moving fluid is brought to rest reversibly and 
adiabatically. Thus, from eq A-5, the total pressure of a perfect gas is 
given by the relation 

(To)
kl(k-l) 

Po = P - (A-8) T 

In real gases a Pitot tube, that is, a small tube with its opening facing 
directly upstream, measures total pressure quite closely, provided the 
velocity of the gas is less than sonic velocity. (See ref A-2.3.) 

Density of a Perfect Gas. Since density is defined as M/V, eq A-I 
can be written 

p = pm/RT (A-9) 

The stagnation density is computed by using Po and To in the above ex
pression. Stagnation density does not represent a real density, but it is a 
useful quantity in the study of the flow of gases discussed in Appendix 3. 

Velocity of Sound in a Perfect Gas. The velocity of sound, a, in 
a perfect gas is expressed by the relations 

2 gokp 
a = -�  (A-lO) 

p 
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where a is the velocity of sound waves, that is, pressure waves of an 
amplitude which is small compared to the absolute pressure of the gas. 
When k = 1.4 and m = 29 (air) 

in units of ft/sec and oR. 
a = 49vr (A-ll) 



 

appendix three-

Flow 
of 
Fluids * 

Ideal Flow in Passages of Varying Area. Many engineering 
problems involve the flow of fluids through passages of varying area. To 
deal with such cases a useful approximation is the assumption that the 
stream of fluid has uniform velocity, temperature, and pressure across 
any section at right angles to the flow. Another useful assumption is 
that the flow is reversible and adiabatic, that is, without appreciable 
friction or flow of heat between the fluid and the passage walls. Flow 
under these circumstances is called ideal flow. 

Figure A-I shows a passage of varying area. Section I is upstream of 
the smallest cross section, section 2 is the smallest cross section, and 
section 3 is downstream of the smallest cross section. Under the above 
assumptions it is evident that 

M = Apu 

where M = mass flow per unit time 
A = local cross-sectional area 
p = local density 
u = local velocity 

From expression 1-21, if there is no shaft work or heat transfer, 

H02 - HOI = 0 

* For more complete treatment of this subject see refs A-3.D-3.85. 
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(A-12) 

(A-13) 
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-

-

-

-

2 

Fig A-I. Generalized flow passage. 

-
-

3 

Ideal Flow of a Perfect Gas. By combining eqs A-12 and A-13 and 
using the characteristics of perfect gases given in Appendix 2 it can bc 
shown that for a perfect gas . (E.0mk) 

M = A2POl -- cf>l 
RTol 

(A-14) 

(A-IS) 

The abovc equation may also be written as a modified hydraulic equa
tion: 

(A-lG) 

In the above equations ]}[ is the mass flow of gas per unit time and 

(A-1i) 

(A-18) 

aOI is the velocity of sound corresponding to Trn 

t:.p = POI - P2 

Values of cf>1 and cf>2 when k = 1.4 are plotted ill Figs A-2 and A-3. 
Critical }<'low. FOI' !l;iVell values of POl and T!ll the maximum mass 

flow occurs WhCll the velocity of sOllild is l'caehed at the smallest cross 
section. This cOlldition is calle!l choking flow, or C1'itical flow, and is 
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Fig A-3. Flow function and relative mass flow of a perfect gas, k = 1.4: 

4>2 = 4>1 (Fig A-2) X � 2(1 : rp) 
M / £'1 * = 4>2/0.705 

designated by an asterisk. At this point ( 2 )kl(k-l) 
(p2/POI)* = k + 1 

for k = 1.4, (P2/POl)* = 0.528. 
Also, 

CPt * = 

= 0.578 when k = 1.4 

(A-19)t 

(A-20) 

t An excellent approximation to eq A-19 for the useful values of k is (P211J(n)* = 

1/(1 .05 + 0.6k). 
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CP2* = 0.705 when k = 1.4 

(_2_
)(k+IJ!(k-1l 

k +1 

M* = 0.53A2Pod� 

(A-21) 

(A-22) 

where k = 1.4, M* is in Ibm/sec, and TOI is in oR. When POI is in psi, 
A2 is in square inches. When POI is in Ib/ft2, A2 is in square feet. 

Flow in Terms of Critical Flow. A convenient approach to many 
problems in fluid flow is through the ratio M/M*, that is, the ratio of 
actual flow to choking flow. By combining eqs A-14-A-16 with ex
pression A-22, when k = 1.4, 

M CPI 

M* 0.578 (A-23) 

M/M* for k = 1.4 is plotted in Fig A-3. 
Ideal Liquids. An ideal liquid has no viscosity and its density 

is constant. The ideal flow of such a liquid through the passage of 
Fig A-1 can be written 

Ml = A2PU2 = A2V2gop t:.p (A-24) 
where t:.p = POI - P2. Equation A-24 is the familiar Bernoulli equa
tion. 

Flow of Actual Fluids. It is obvious that an actual case of fluid 
flow never duplicates exactly the assumptions which we have used for 
the ideal case. In practice, this discrepancy is usually taken care of by 
introducing a flow coefficient, C, which is defined as 

actual mass flow 
C = 

so that 
ideal mass flow through reference area 

M actual = C if Ideal (A-25) 
If the reference area is taken as the area Az, C is generally less than 

unity, although it may approach unity under favorable circumstances. 
The departure of C from unity is due to uneven velocity distribution 
across the flow section, to viscosity, and to the fact that the measured 
pressures may not be the pressures defined for ideal flow. 

Experience shows that C is a function of the shape of the passage, 
including the position and shape of the pressure measuring orifices, the 
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Fig A-4. Fluid flowmeters: (a) venturi meter; (b) orifice meter in a passage; (c) orifice 
meter from atmosphere. 

characteristics of the fluid, and the velocity at the smallest cross section. 
For similar passages, that is, passages of the same shape but of different 
size, it has been shown that C is a function of the following nondimen
sional coefficients: 

R, the Reynolds number,* puL/ILgo 
M, the Mach number, * u/a 

* A more complete discussion of the significance of these numbers is given in 
Chapter 6. 
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where, at the smallest cross section, or throat, 
p = fluid density 
n = average fluid velocity 
p, = fluid viscosity 
a = velocity of sound in the fluid 
L = characteristic dimension of the flow passage. 

For Mach numbers in the throat less than about 0.7 the effect of M on 
C is small, and for passages of the same shape the coefficient can be taken 
to depend on the Reynolds number only. A more convenient form of the 
Reynolds number is obtained by substituting M I pA for n when A is the 
throat area. If MIA, the mass flow per unit throat area, is designated 
by G, the Reynolds number can be written 

R = GLlp,go (A-26) 

which is a convenient form because it avoids the necessity for measuring 
p and n in the throat. 

Figure A-4 shows several common forms of flow measuring passages. 
Data on the values of C for various fluids in such passages are given in 
refs A-3.2-3.81. 

An essential precaution to be taken in using all such meters is that the 
flow be steady, that is, free from pulsations of appreciable magnitude. 
(See refs A-3.82-A-3.84.) 



 

Analysis 
of 

Light, 
Spring 

Indicator --appendix four 
Diagrams 

Derivation of Eq 6-13. From the general energy equation for the 
inlet process between x, inlet opening, and y, inlet closing, assuming no 
effective valve overlap, referring to Fig 6-6: 

W 
(Mi + Mr)Ey - MiEi - MrEr = Q - -

J 
where M i = mass of fresh mixture 

M r = mass of residual gases 
E = internal energy per unit mass 
Q = net heat received 
w = net work produced 

The net work of the process is 

Also, 

w = -PYdev + i!JPdV 
Mi = PiVdev 

Mr = V"Pz 

(Mi + Mr) = V"PII 

where Pi is fresh-mixture density 

510 

(A-27) 

(A-28) 
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For perfect gases 

pm 
p= -RT 

where Cv = specific heat at constant volume 

T = absolute temperature 

m = molecular weight 

R = universal gas constant 

Let C v and m be the same for fresh mixture and residuals and let 

Q = MiCp 6.T = (Vd PiCv)Cp 6.T 
By making the above substitutions, 

Simplifying 

CvPiVd 1 IY 
= VdPiCvCp 6.T + -- - - pdv J J x 

Vypy - V",p", = VdPiCv + � [VdPiCVCP 6.TJ JmCv 
+ CvPi V d -i!l P dv J 

For perfect gases 
R/JmCv = (k - 1) 

Cp/Cv = k 

(A-29) 

(A-3D) 

(A-31) 

By remembering that Pi = Pim/RTi, (Vd + Vx)/V", = r, making the 
above substitutions, and rearranging, 

where 

1 { (k - l)a (PyY/Pi)r - (P"'/Pi)} e = + --------v 1 + (6.T/Ti) k k(r - 1) 

Iy pdv 
a = 

'" PiVd 
Equation A-32 is given in the text as eq 6-13. 

(A-32) 

(A-33) 
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Fig A-5. Residual-gas fraction and (Tl - Ti) from indicator diagrams and gas
temperature measurements. 

For the idealized cycle of Fig 6-3, IlT = 0, a 

P"jPi = Pe/Pi, and 
k - 1 r - P,/Pi 

evi = -
k- + k(r - 1) 

1, PyY/Pi = 1.0, 

(A-34) 

Telllperature at End of Induction. From the perfect gas law, 
assuming specific heats and molecular weights of fresh mixture and 
residuals are the same, 

T� = (Mi) (P�) (V�) 
T, My P. V, 

(A-35) 
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and 

eq A-35 can be written 

APPENDIX FOUR 513 

Til = Ti (PII) (_r ) y(l - f) Pi r - 1 ev 
(A-36) 

All quantities on the right-hand side except f, the residual gas frac
tion, can be measured. On the other hand, if Til can be measured, f can 
be computed. Values of Til measured by the sound-velocity method are 
given in Fig A-5 with corresponding values of f computed from the fore
going relation. 

Til increases as piston speed increases because ev decreases and f in
creases more than enough to offset any decrease in PII. 



 

Heat 
Transfer 

by Forced 
Convection 
between a 

Tube --appendix five 
and a Fluid 

Referring to Fig 6-10, 

Q = MCp LlT = h7rDL(T. - Tx) 

where Q = heat flow per unit time from wall to fluid 

between sections 1 and 2 
M = mass flow of fluid per unit time 

LlT = T2 - Tl 
T 1 = fluid mean temperature at section 1 

T2 = fluid mean temperature at section 2 
Ts = inner surface temperature of tube 
T x = mean temperature of fluid between sections 1 

and 2 
h = coefficient of heat transfer 

Cp = gas specific heat 

For turbulent flow 

where K = dimensionless constant 
R = tube Reynolds number 
P = gas Prandtl number, Cpp.go/kc 

514 

(A-37) 

Dimensions 

Qt-1 

Mt-1 
e 
8 

e 
e 
e 

Qt-1L-2e-1 
QM-1e-1 

(A-38) 
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The Reynolds number can be written 

upD GD 
R =- =-

where u = mean fluid velocity 

p = mean fluid density 

IL = mean fluid viscosity 

ILYo ILYo 

kc = fluid heat conductivity 

up = 4M/rrD2 = G 
Substituting eqs A-38 and A-39 in eq A-35 gives 

IJ.T = �kc (upD)O.87rL(Ts _ Tx)pO.4 
MCp ILYo 

(A-39) 
Dimensions 

Lt-1 

ML-3 
FL-2t 
QL-1t-1e-1 

ML-2t-1 

(A-40) 

For a gas at moderate temperature the quantities kc, Cp, IL, and the 

Prandtl number can be considered constant. In this case eq A-40 can 
be written 

IJ.T = C(GD)-O.2 � { Ts - Tx } 
where C is a constant = 4Kkc/Cp(ILYo)O.8pOA. 

(A-41) 



 

Flow 
through 

Two 
Orifices 

in Series 
---appendix six 

In Fig A-6 the top diagram shows two orifices in series. Let the fol
lowing assumptions be made: perfect gas, velocity ahead of second orifice 
low. Then 

if = C1A1Plal4>1 (::) = C2A2P2a24>1 (::) 
where C = orifice coefficient 

A = area of orifice 
p = density 

a = sonic velocity = VkgoRT /m 
4>1 = the function given in Fig A-2 
R = universal gas constant 
k = ratio of specific heats 

T = absolute temperature 
m = molecular weight 
go = Newton's law coefficient. 

For air a = 49VT ft/sec when T is in OR. 

(A-42) 

If adiabatic flow is assumed, T2 = T1, al = a2, and P2/Pl = P2/Pl' 

(N ote that the subscript 1 denotes the stagnation condition upstream of 
the first orifice.) 
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CPI (P2) = (P2) CPI (pa) C2A2 

PI PI P2 CIAI 
(A-43) 

Let MI be the flow through Al when A2 is so large that P2 '" Pa. 
Then 

1.0 

0.9 

0.8 

0.7 

M 0.6 

M, 0.5 

0.4 

M CPI(P2/PI) 

MI cpI(Pa/PI) 
(A-44) 

Fig A-6. Compressible flow through two orifices in series: CAl = coefficient X area 

of upstream orifice; CA2 = coefficient X area of downstream orifice; M = mass flow 
through the system; Ml = mass flow when A2 is very much larger than Al; velocity 

ahf'.ad of A2 assumed very small. 



 

Stresses 
Due 

to Motion 
and Gravity 

in Similar -appendix seven 

Engines 
Similar Engines. These are taken as engines in which all correspond

ing length ratios are the same and in which the same materials are used 

in corresponding parts. Such engines can be completely described by 

the following notation: 

Typical dimension 
Design (length) ratios 

A bill of materials 

L 

Basic properties of the materials can be specified by the value for a 

given material. For example, all moduli of elasticity are proportional 
to a characteristic modulus, E; all densities of material are proportional 
to a characteristic density p; the same can be said for heat conductivities, 

etc. 
Inertia and Gravitational Stresses. Insofar as stresses due to 

inertia and gravity are concerned, only the following properties are im

portant: 
518 
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Name Symbol 

Characteristic length L 
Design ratios (R1 • • •  Rn) 

Characteristic density p 
Characteristic modulus of elasticity E 
Angular velocity Q 
Crank angle () 
Viscosity of lubricant jJ. 
Acceleration of gravity y 
Newton's law constant Yo 

Dimension 

L 
1 
ML-::3 
FL-2 
t-1 
1 
FL-2t 
Lt-2 
MLt-2F-1 

Introducing the typical stress tr, which has the dimensions FL-2, we 
can write the dimensionless equation (pL2Q2 pL2Q2 gpL jJ.(LQ) ) CPl --, -

E 
,-, 

EL
' (J, Rl ... Rn 

= 
0 

trgo go trgo 

where CPI indicates a function of what follows. The third term in paren

theses describes a parameter controlling stresses due to gravity. It is 

evident that these stresses vary with the typical length, L. However, 

in engines the gravitational stresses are negligible. Omitting this term 

and solving for the typical stress, 

tr = p(LQ)2 
CP2 

(p(LQ) 2, jJ.(LQ), (J, RI ... Rn) go Ego EL 

where CP2 is a function different from CPl. The term after the equality 

sign indicates that stresses computed on a rigid-body base (E 
= 

co ) 

are proportional to p times the square of the linear velocity. The first 

term in the parenthesis can also be written as Q/ Wn where Wn is the 
undamped natural vibration frequency of any typical engine component. 
As we have seen in Chap 9, the viscosity jJ. should be proportional to L, 
in which case the second term in parenthesis depends on (LQ)/E only. 

Together, the first two terms in parenthesis control the friction and 

vibration stresses. For similar machines (p, E, RI ... Rn, all the same) 
it is thus evident that stresses due to inertia forces will be the same at 

the same values of (LQ) and (J. 



 

Basic 
Engine� 

Performance -appendix eight 
Equations 

The following is a compendium of the basic relations used in Chapters 
12 and 13. Definitions of the symbols are given in Appendix 1 and also 
where each equation first appears. 

bmep = imep - fmep (9-1) 

where fmep = mmep + pmep + amep + cmep - tmep. 

(6-9) 

(7-10) 

J = 5.4 when imep is in psi, P. is in Ibm/ft3, and Qc is in Btu/Ibm. 

29Pi/( 29 ) Pa = - 1 +Fi-+ 1.6h 
RTi mf 

P. = 
29Pe/(1 + Fi 

29 
+ 1.6h) 

RTi mf 

(6-6) 

(7-3) 

29/R = 2.7 when pressure is in psia, temperature in OR, density in 
Ibm/ft3• 

520 
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The following relations are dimensionless when consistent units are 
used: 

cmep _ 1 + Fi {CP1T1YC} --- ---
imep QcF'r/i' 1Jcr 

tmep. 
= 

1 + F {CpeTeYt 7JI } 
imep QcF'1J/ r 

tmepb 1 + F { U27Jkb } 
-- = --- ---
imep QcF'r!i' 2goJr 

Fuel Econom.y Relations 

(10-26) 

(10-36) 

(10-37) 

isfc = l/JQc1Ji (1-6) 

l/J = 2545 when isfc is in lbm/hp-hr and Qc is in Btu/Ibm (1-12) 

isac = isfc/F (1-7) ( lmep) 
bsfc = isfc --

bmep 

Mean Effective Pressure 

Calculated from speed, power, or torque: 

mep=K1P/V,JV 

=K2P/Aps 

= KST/Va 

In English measure, for four-cycle engines: 

Kl = 792,000 K2=132,000 Ks=151 

P=horsepower (33,000 ft-lbf per min), Vd=piston displacement (inS), 
N = revolutions per minute, A p = piston area (in3, S = mean piston speed 
(feet per min), T = torque (ft-lbf). 

In metric measure, for four-cycle engines: 

K1=1224XlOs K2=24,471 Ks=1.2503 

P=power (kilowatts), Vd=piston displacement (liters), N = revolutions 
per minute, A p = piston area (cm 2), S = mean piston... speed (meters per 
minute), T = torque (kg-meters). 

For two-cycle engines, divide all values of K by 2. 
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ratio, 225, 226 
effects of operating conditions, 225-

227 
piston speed, 225, 226 
scavenging ratio, 225-227 

measurement of, 221-224 
by model tests, 224 
gas-sampling method, 222, 223 
indicated mep method, 221, 222 
tracer-gas method, 224 

of commercial engines, 227 
scavenging ratio, relation to, 219, 

225-227, 245 
test results, 225--230 
with ideal scavenging process, 219 
with perfect mixing, 219, 220 

Efficiency, thermal, basic definition of, 
9 

of air cycles, 28, 29, 33 
of engines, as affected by cylinder 

bore, 408, 409 
as affected by heat loss, 303 
brake, 9 
definition of, 8, 9 
indicated, 9 
of Diesel engines, 142, 143 
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Efficiency, thermal, of fuel-air cycles, 71-
89 

constant volume, 71, 82-87 
gas turbine, 75 
limited pressure, 73, 88, 89 

see also Efficiency, brake thermal; 
Efficiency, indicated 

Efficiency trapping, definition of, 190, 218 

in four-stroke engines, 190 

effect of valve overlap, 191 
in two-stroke engines, 218, 219 

definition of, 218 
with perfect mixing, 219 

of supercharged engines, 470 
Efficiency, turbine, 383-389, 469 

blowdown type, 388, 389 
steady-flow type, 385 

Efficiency volumetric, 149-210 
based on dry air, 150, 153 
definition of, 149 
design effects, 156-200 

compression ratio, 195 
exhaust-valve capacity, 193, 194 
inlet-pipe size, 200 
inlet pressure and compression 

ratio, no overlap, 156 
inlet-valve closing, 191, 192 
stroke-bore ratio, 194, 195 
valve overlap, 188-191 

effect of operating conditions on, 
181-191 

coolant temperature, 187 
fuel-air ratio, 181-183 
fuel evaporation, 183, 184 
fuel injection, 185 
inlet temperature, 181, 182, 186 
latent heat of fuel, 185 
pressure ratio, inlet to exhaust, 

181, 189, 191 
evaluation of, for supercharged en

gines, 469 
from the indicator diagram, 158-164 

pressure effects, 166 
work effect, 167 

general equation for, 170 
heat-transfer effects, 163-166 
influence on design, 187-203 
Mach-index effects, 171-175 
measurement of, 150--154 
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Efficiency, volumetric, of commercial 
engines, 203, 204 

Engines, Diesel, ratings of, supercharged, 
469 

of fuel-air cycles with ideal inlet and 
exhaust process, 78, 79, 86, 87, 
158 

of MIT similar engines, 179 
operating conditions, effect of, 171-

187 
over-all, 150 
plot showing various effects, from 

indicator diagrams, 163 
relation to mean effective pressure, 

154 
residual-gas temperature effect, 157 
Reynolds index effects, 177-179 
size effects, 179-181 
surface-temperature effects, 165, 

166 

Emissions, exhaust, see Air pollution 

Energy, general equation of, 12, 13 
application of, 18, 19 

internal, 12, 13 
of air, 43, chart C-1 
of combustion, 54, 55 
of fuel, 45-47 
of fuel-air mixtures, 48, 52, 53, 55 

Charts C-l thrvugh C-4 
of perfect gas, 24 

Engine, turbo-compound, example of, 
484, 485 

performance of, 464, 465 

Engines, automotive, compression ratio 
of,424 

definition of, 419 
development of, vs time, 423 
effect of number of cylinders on, ex

ample, 414, 415 
Diesel, compression ratio of, 467 

definition of, 8 
efficiency of, 142, 143 
highly supercharged, 478-484 

graph showing performance data, 
480 

large, 410, 411 
performance of, supercharged, 463-

493 
unsupercharged,425-429,433-

441, 448, 449, 452 

supercharging of, 463-493 
free-piston, 481-483 

performance, example of, 491-493 
heat, 2 

classification of, 2 
hot air, 2 
industrial, 419 
internal-combustion, advantages of, 

1,2,3 
basic types of, 8 
classification of, 1, 2 

jet, 2 
marine, 2, 419 
model airplane, 410, 411 
more-complete-expansion, 488 
multiple, 412-417 

examples of, 415-417 
similar, definition of, 175, 176 

detonation limits of, 402 
MIT similar engines, 178 

single-cylinder, equipped with surge 
tanks,17 

small, 409, 411 
stationary, 2, 419 
steam, 2 
supercharged, 456-493 

arrangements of, 457 
definitions for, 456-458 
examples of, 478, 479, 485-493 
oversupercharged engine, example 

of, 488, 489 
performance of, 456-493 

equations for, 520, 521 
two-stroke, 211-260 

cylinder types, 212, 263, 264 
definitions for, 211-213 
effect of inlet and exhaust-system 

design on, 252-254 
flow coefficient of, 261, 262 
illustrative examples for, 260, 265 
indicator diagrams for, 140, 213, 

214,244 
optimum scavenging ratio, super

charged, 490, 491 
unsupercharged, 454, 455 

supercharging of, 259, 260 
see also Cylinders, two-stroke; Effi-

ciency, scavenging 



Engine types, definition of, carbureted, 
8 

carburetor, 8 
compression ignition, 8 
Diesel, 8 
external combustion, 1 
inj ectioD, 8 
internal combustion, 1 
spark-ignition, 8 

Enthalpy, of air, 43, Chart C-1 
definition of, 15 
of combustion, 53, 54 
of fuel, 45-47 
of fuel-air mixtures, 49, 52, 53, Charts 

C-1 through C-4 
of a perfect gas, 24 
stagnation, 15 

Entropy, of fuel-air mixtures, 51, Charts 
C-1 through C-4 

VB internal energy for air cycle, 25 
Equilibrium, chemical, constant of, 56 

discussion of, 56-59 
example of, 56, 57 

Evaporation, fuel, effect on volumetric 
efficiency, 183 

enthalpy of, 45, 46, 63 
Examples, illustrative, 19-21, 37-39, 62-

66, 97-106, 143-146, 205-210, 
260-265, 308-311, 356-361, 394-
400, 414-417, 449-455, 484-493 

Exchanger, heat, 271, 272, 311, 392 
diagram of, 271 
equations for, 272 
example of, 311 

see also Aftercooler; Radiator, coolant 
Exhaust gas, composition of, 223 

energy of, 381, 382 
sampling valve for, 222 
specific heat of, 383, 394, 472 
temperature of, 105, 106, 384 

Exhaust pipe, see Exhaust systems 
Exhaust pressure, effect on mean gas 

temperature, 286 
to inlet pressure, ratio of, effect on 

compressor mep, 235 
effect on engine performance, 384, 

483, 484 
effect on fuel-air cycles with ideal 

induction process, 86, 87 
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Exhaust pressure, to inlet pressure, ratio 
of, effect on pumping mep, 342-
344, 352, 354 

effect on scavenging ratio in two
stroke engines, 229-234 

effect on volumetric efficiency, 
156-164, 170, 181 

Exhaust process, energy of, 381-383 
ideal, four-stroke, 76-80 

fuel-air cycles with, 81-89 
pumping loss of, 340-343 

two-stroke, 80, 81 
see also Exhaust gases; Exhaust pres-

sure 
Exhaust smoke, 419 
Exhaust stroke, see Exhaust process 
Exhaust systems, design of, for four-

stroke engines, 201, 202 
for two-stroke engines, 252-254 

effect of pipe length on volumetric 
efficiency, 201, 202 

Exhaust temperature, 383, 384 
of fuel-air cycle, 105, 106 
vs fuel-air ratio, 384 

Exhaust turbines, see Turbine, exhaust 

Finning for air-cooled cylinders, 306 
Flow coefficient, for orifices and passages, 

see Fluids, flow of 
for two-stroke engines, 228-234, 470 

example of, 262 
Flowmeters, 508 
Flow of gases and liquids, see Fluids, flow 

of 
Fluid, working, thermodynamics of, 4Q--66 

approximate, treatment of, 61, 62 
see also Fuel-air mixture 

Fluids, flow of, 503, 509 
coefficient of, 507, 508 
compressible, functions for, 505, 506 
critical, 504, 505 
ideal, 503, 504 
in passage of varying area, 503, 504 
measurement of, 508, 509 
of actual fluids, 507, 508 
of ideal liquids, 507 
through engines, see Capacity, air; 

Engines, two-stroke; Scavenging 
ratio; Volumetric efficiency 
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Fluids, flow of, through fixed passages, 
17, 18 

through two orifices in series, 233, 
234, 516, 517 

Free-piston engines, see Engines, free
piston 

Friction, auxiliary, 355 
dry, 314 
engine, 312-361 

estimates of, 353-355 
correction for motoring test, 353, 

354 
examples of, 356-361 

motoring tests for, 347-353 
accuracy of, 348-350 
comparison with indicated results, 

349 
effect of compression ratio, 352 
effect of time, 348 
results on commercial engines, 

350, 351 
throttling effect, 352, 353, 361 

of four-stroke engines, vs piston 
speed, 350 

of two-stroke engines, vs piston 
speed, 351 

fluid, 314-317 
theory of, 316 

journal bearing and sliders, 317-323 
mean effective pressure, 313, 327 

definition of, 313 
auxiliary, 313 

compressor, 313 
mechanical, 313, 327 
pumping, 79, 313, 343 
turbine, 313, 391, 521 

of exhaust stroke, 341 
of four-stroke engines, 350, 360 

of inlet stroke, 342, 343 
of two-stroke engines, 351, 361 

mechanical, 313-338 
distribution of, 330, 331 
effect of design on, 335-337 

cylinder size, 338 
stroke-bore ratio, 337, 338, 359 

effect of operating variables on, 331-
333, 359 

cylinder pressure, 331, 332, 359 

Friction, mechanical, effect of operating 
variables on, oil viscosity, jacket 
temperature, and speed, 336 

measurement of, 328 
of four-stroke and two-stroke en

gines, 329 
of pistons and rings, 332-336 

special test engine for, 334 
vs crank angle, 335 
viscosity effects on, 332, 333, 336 

of two-stroke engines, 329, 351 
partial film, definition of, 314 

discussion of, 317 
pumping, 339-352, 361 

effect of design on, 344-347 
exhaust system, 347 
exhaust-valve opening, 346 
inlet-pipe length, 345 
throttling, 345, 352, 361 

effect of operating conditions on, 
fuel-air ratio, 347 

inlet and exhaust pressure, 339-
344 

effect of size on, 344 
indicator diagrams of, 339, 344, 345, 

348 
of ideal cycles, 339 
of real cycles, 339-345, 348 

rolling, 314, 317 
Fuel, effect on volumetric efficiency, 185 

mass flow of, 9 
properties of, 44, 47 

composition, 46, 47 
enthalpy, 45 
heat of combustion, 9, 46, 47 
internal energy, 45 
measurement of, 53, 54 
sensible properties, 44 
specific gravity, 46, 47 
table of, 46, 47 

see also Fuel-air medium; Consump
tion, fuel 

Fuel-air cycles, see Cycles, fuel-air 
Fuel-air mixture, composition of, 40, 41, 

46, 47, 58 
examples for, 62-66 
properties of, 46-61, 183 and Charts 

0-1 through C-4 
discussion of, 48-52 



Fuel-air ratio, chemically correct, 46, 47 
combustion, 217-224 

definition of, 217 
effect on Diesel-engine performance, 

474 
relation to performance, 218, 474 
use in measuring scavenging effi

ciency, 222-224 
vs exhaust-gas composition, 223 

definition of, 9 
effect on detonation, 439, 440 
effect on engine performance, 437-439 

detonation, 439, 440, 460 
Diesel engines, 439, 474 
economy, 438, 439 
example of, 452 
indicated mep, 437 
spark-ignition engines, 436, 460 
supercharged engines, 460, 474 

effect on exhaust-gas composition, 223 
effect on fuel-air cycles, 82, 84, 86, 89 
effect on fuel economy, 438, 439 
effect on mean gas temperature, 285 
effect on molecular weight, 50 
effect on properties of octane-air mix-

tures, 183 
for best economy, 438, 439 
for best power, 438 
measurement of, by exhaust analysis, 

223,224 
in inlet manifold, 1 53 

relative, 51 
trapped, 216, 218, 224 

see also Fuel-air ratio, combustion 
values of product F"" 437 
values used in practice, 440 

Fuel consumption, see Consumption, fuel 
Fuel economy, see Consumption, fuel, 

specific; Efficiency, thermal 

Gas, see Fluids, flow of; Fuel-air mixture 
Gas, flow of, see Fluids, flow of 
Gas, perfect, definition of, 23 

law of, 7, 23 
properties of, 500-502 

residual, characteristics of, 50 
definition of, 149 
effect on volumetric efficiency, 157, 

158 
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Gas residual, fraction of, actual and com-
puted,512 

effect on fuel-air cycle, 100, 101 
in constant-volume cycles, 82, 83 
in limited-pressure cycles, 88, 89 
measurement of, 125 
real vs ideal values, 125 

in fuel-air mixtures, 48-61 
internal energy of, 55 
molecular weight of, 50 
properties of, see Chart C-l for 

f = 1.0 
molecular weight of, 50 

Gas constant, universal, 7, 23 
dimensions of, 7 
value of, 7, 23 

Gas temperature, see Temperature, gas 

Heat, definition of, 6, 7 
flowing into system, 9 
of combustion, 9 

measurement of, 53, 54 
of fuels, table, 46, 47 

relation to work, 6, 7 
specific, of air, 23, 394, 472 

of exhaust gas, 383, 394, 472 
of fuel-air media, 47, 58 
of fuels, 46 
of gases, 58 

to water iackets, see Heat losses 
see also Heat flow; Heat losses; Heat 

transfer 
Heat addition, choice of value for air 

cycle, 29 
Heat conductivity, effect of path length, 

287 
of air, 290 
of water, 269 
related to heat transfer, 269, 514, 

515 
Heat exchanger, see Exchanger, heat 
Heat flow, effect of fuel-air ratio on, in 

supercharged Diesel engine, 474 
in Diesel engines, example of, 310, 

311 
local, example, 308 
measurement of, 287 
parameters for, 275, 277, 278 

effect of changes in, 283 
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Heat flow, effect of fuel-air ratio on, 
quantitative use of heat-flowequa
tions, 283-287 

to water jackets, 288-302 
examples of, 309-311 

see also Heat losses; Heat transfer 
Heat losses, 266-312 

control of, 303 
distribution of, in cylinder, 302 
effect of cylinder design, 303 
effect of cylinder size, 279, 280 
effect of operating variables on, 291-

302 
brake mep, 301 
coolant temperature, 299 
detonation, 296, 297 
engine deposits, 300 
exhaust pressure, 293, 294 
fuel-air ratio, 294, 295 
inlet pressure, 292, 293 
inlet temperature, 298, 299 
piston speed, 292, 293, 301 
spark advance, 295, 296 

effect on efficiency, 303 
general consideration of, 266 
iIIustrati ve examples of, 308-311 
indicated vs jacket, 126 
in Diesel engines, 141, 292 
in gas turbines, 307 
map of, 301 
per unit area, 277 
per unit piston area, 290 
ratio to heat of combustion, 291 
ratio to power, 291 
relation to efficiency, 303 
sources of, 267 

Heat of friction, 274 
Heat transfer, 267-299 

by conduction, 267 
by convection, 268-271 

between tube and fluid, 514, 515 
equation for forced convection, 269 
forced convection, 268-271 

by radiation, 267, 268 
in engines, 273, 274 

coefficient of, 269 
in engines, 289, 299 
over-all, 287-290 

effect of geometry, 274 

Heat transfer, effect on volumetric effici
ency, 163-166 

in engines, 273-280 
basic equations for, 274 
implications of equations, 277-283 
validity of equations, 276, 277 

in MIT similar engines, 276 
in tubes, 268-270 
model for heated tube, 165, 514, 515 
processes of, 267-271 
see also Heat flow; Heat losses 

Horsepower, United States and British 
standard, 10 

see also Power 
Humidity, allowance for in thermody

namic charts, 51 
example of, 64 

effect on performance, 430-434 
effect on detonation, 432, 433 
effect on Diesel engines, 433 
effect on efficiency, 431 

effect on thermodynamic properties of 
air, 42 

Indicated efficiency, see Efficiency, in
dicated 

Indicated mep, see Mean effective pres
sure, indicated 

Indicated power, see Power, indicated 
Indicator diagram, effect of operating 

conditions on, 128-133 
compression ratio, 130 
exhaust pressure, 132 
fuel-air ratio, 133 
inlet pressure, 131 
spark advance, 128 
speed, 129 

light-spring, 159, 161, 162, 33!), 344, 
345, 348 

analysis of, 51D-513 
effect on volumetric efficiency, 158-

164 
for similar engines, 180 

of piston friction, 335 
of Roots compressor, 377 
pressure-crank-angle, 117 
pressure-volume, 90, 108, 118, 123, 

124, 128-133, 139, 140 
analysis of, 108 



Indicator diagram, pressure-volume, for 
air cycles, 25, 28, 31, 34 

for Diesel engines, 139, 140 
for fuel-air cycles, 123, 124, 139, 140 
for gas turbines, 34, 75 
for spark-ignition engines, 123, 124, 

128-133 
for two-stroke engines, 118, 213, 214 

Indicators, engine, electric types, 119 
MIT balanced-pressure type, 114-

119 
diagram of, 116 
diagrams by, 117, 118 

Induction process, actual, diagrams of, 
159, 161, 162, 339 

equations for, 159-161, 510-513 
temperature at end of, 512, 513 
volumetric efficiency of, 157, 163-

210 
ideal, 76-80, 155-158, 512 

characteristics of fuel-air cycles 
with, 81-89 

description of, 76, 77, 149, 155 
diagrams for, 77, 155 

equations for, 77-79, 157, 512 
work of, 79, 80, 159 

two-stroke, 80, 81 
Injection, fuel, effect on volumetric effi

ciency, 185 
water-alcohol, 440 

Inlet pipe, effects of length and diameter 
on volumetric efficiency, 196-200 

see also Inlet system 
Inlet pressure, see Pressure ratio; Ex

haust to inlet 
Inlet process, see Induction process 
Inlet system, design of, 196-200, 252, 253 

for four"stroke engines, 196-200 
for two-stroke engines, 252, 253 

effect on inlet density, 201 
effect on volumetric efficiency, 196-201 

losses in, 201 
muIticylinder, 201 

pressure loss in, 201 
temperature rise in, 201 

Intercooler, 470 
see After cooler 

Joules law coefficient, 9 
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Leakage in the actual cycle, 109 
Load, definition of, 419 
Loop scavenging, see Scavenging, loop 
Losses, actual vs fuel-air cycle, analysis 

of, 122-127 
discussion of, 112-114 

exhaust loss, 114 
heat loss, 112, 113, 126, 303 

see also Heat losses 
in Diesel engines, 135-142 
time loss, 112, 113, 136, 137 

Mach index, applied to inlet valve, 171-
176 

of commercial engines, 176 
of flow passages, 507 
of turbines and compressors, 368-

372, 379 
Maintenance, engine, 418 
Mean effective pressure, auxiliary, 313 

formulas for, 426, 520, 521 
knock-limited, 444, 438, 439 
maximum, 420 
of unsupercharged engines, 420-436 
rated, in practice, 404 
vs compression ratio, 444 
vs compression ratio and maximum 

cylinder pressure, 460 
vs fuel-air ratio, 438, 439 
vs piston speed, for aircraft engines, 

463--465 
for automotive engines, 446 
for Diesel engines, 448 
for various engines, 421 

vs year, 422--424 
compressor, 313, 381 

formula for, 521 
of reciprocating compressor, 375 
of scavenging pumps, 235 

definition of, 27 
friction, see Friction, mean effective 

pressure 
indicated, discussion of, 426--429 

formulas for, 426, 428, 437, 520 
knock-limited, vs bore, 402 

vs compression ratio, 459, 460, 
462 

vs maximum cylinder pressure, 
131 
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Mean effective pressure, indicated, of 
Diesel engines, at constant fuel
pump setting, 428, 429 

vs compressor pressure ratio, 477 
vs piston speed, 448, 449 

of spark-ignition aircraft engines, 
422 

net, 79, 80 
turbine, 313, 391, 521 

formulas for, 391, 521 
Mean effective pressure of air cycles, 

25-28, 31, 34 
examples of, 37-39 

Mean effective pressure of fuel-air cycles, 
69, 70, 82-89 

examples of, 97-104 
Mean effective pressure of mechanical 

friction, 313, 327 
Mean effective pressure of pumping, 79, 

313 
Medium, fuel air, see Fuel-air mixture 
Mixing, fuel and air, 52 

example of, 63, 64 
incomplete, 109 

Mixture, fresh, definition of, 149 
Mixture, fuel-air, see Fuel-air mixture 
Models, use of for scavenging-efficiency 

measurement, 224 
Molecular weight, change with combus

tion, 57, 58 
of fuel-air mixtures, 46, 47, 50 

formulas for, 49 
of fuels, 46, 47 

Motoring test, for friction, 347-353 
see also Friction, engine 

Newton's law, statement of, 6 
constant of, 6 

Nusselt number, of engines, 276, 288, 
289 

definition of, 270 
plotted vs Reynolds number for air 

and water in tubes, 270 
for engines, 276, 289 

Octane number, 402, 424, 459 
of automotive gasoline vs year, 424 

Octane requirement, as affected by cylin
der bore, 402 

Octane requirement, vs compression ratio 
and fuel-air ratio, 459 

Octene, properties of with air, see charts 
C-1 through C-4 in pocket on back 
cover 

sensible enthalpy of, 45 
Output, estimate based on energy bal

ance, 20 
see also Power 

Output, specific, definition of, 420 
of aircraft engine, 463 
of Diesel engines, 405, 448 

highly-supercharged, 479 
vs compressor pressure ratio, 477, 

483 
of passenger-car engine, 446 
of various engines, 421, 447 
rated, in practice, 405, 421 

Overlap, valve, see Valve timing 

Performance, engine, basic equations for, 
520, 521 

basic measure of, 419, 420 
characteristic curves of, 445-449 

for aircraft engines, 463-465 
for automotive engine, 446 
for Diesel engines, 448, 449 
use of, examples, 453, 454 

definitions for, 419 
Performance of supercharged engines, 

456-493 

definitions for, 456-458 
Diesel engines, 466-484, 486-493 

computations for, 468-474 
evaluation of variables for, 469-

473 
examples of, 474, 478, 483-493 

free-piston type, 480-484 
table of assumptions for, 476 
vs compressor pressure ratio, 477, 

483 

vs fuel-air ratio, 474 
with steady-flow supercharger, ex

ample, 486, 487 
equations for, 520, 521 
spark-ignition engines, 462-466 

aircraft, 462-466 
automotive, 459-462 



Performance of two-stroke engines, vs 
compressor-pressure ratio, 477, 
483 

VB flow coefficient, 258 
VB fuel-air ratio, 474 
VB scavenging ratio, 258 

Performance of unsupercharged engines, 
418-455 

Diesel engines at constant fuel-pump 
setting, 428, 429 

VB atmospheric conditions, 427--433 
altitude, 433-436 
humidity, 430-433 
pressure, 427-430 
temperature, 427-430 

vs compression ratio, 443-445 
VB fuel-air ratio, 437-441 

VB spark timing, 441-443 
VB time, 423, 425 

Petroff's equation, 318, 319, 357 
Pipe, exhaust, see Exhaust systems
Pipe, inlet, see Inlet pipe, Inlet system 
Piston, free, see Engines, free piston 
Piston and ring friction, 332-336 

measurements of, 333-335 
special test engine for, 334 
see also Friction 

Piston area, relation to power, 402, 405, 

420, 421, 446-448, 477, 478, 483 
8ee also Output, specific 

Piston speed, references to this highly im
portant parameter occur through
out this book. The more impor
tant ones are noted below. 

choice of, 472, 473 
definition of, 419 
of two engines of extremely different 

size, 411 
rated, in practice, 404, 467 
relation to brake mean effective-pres

sure, 421, 446-449, 463, 479 
relation to detonation, 402 
relation to friction, 327-332, 336-341, 

350-361 
relation to indicated mean effective 

pressure, 448, 449 
relation to power, 421, 446, 447, 463, 

479 
relation to power to scavenge, 235-236 
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Piston speed, relation to scavenging ratio 
and scavenging efficiency, 225-
228, 240, 245, 249 

relation to stresses, 518, 519 
relation to two-stroke engine flow co

efficient, 228-233 
relation to volumetric efficiency, 150-

154, 171-179, 189-204 
VB bore, 404 
VB year, 423, 424 

Port area, reduced, 244, 246 
Ports, cylinder, 8ee Cylinders, two

stroke, design of; Port timing 
Port timing, of commercial engines, 238, 

243, 246 
symmetrical vs unsymmetrical, 243, 

245, 249 
Power, accessory, 312 

compressor, 312 
engine, absolute maximum, 419 

brake, definition of, 9 
cost of, 413 
indicated, 9 
installed in the United States, 4 
maximum rated, 419, 420 
normal rated, 419 
rated, 419 
relation of, to air capacity, fuel-air 

ratio, heat of combustion and effi
ciency, 9-11 

vs bore, 405 
vs compressor pressure ratio, 477, 

483 
vs efficiency, 9-12 
vs piston area, 406, 411 
vs piston displacement, 406, 411 
vs piston speed, 421, 446, 447, 463, 

479 
pumping, 312 
rated, see Power, engine, rated 
turbine, 312 

Power plant, classification of, 2 
free-piston, 480-484 
types of, 1-5 

Power production in the United States, 
5 

Power to cool, 305 
Power to scavenge two-stroke engines, 

235-236 
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Prandtl number, 270, 
of air, 290 
of gases, 269 
of water, 269 
related to volumetric efficiency, 169 

Pressure, measurement of, 114-119 
indicators for, 114-119 

see also Indicators, engine 
atmospheric, effect on performance, 

427-436 
three cases of, 430 

barometric, effect on engine perform
ance, 427, 428, 430 

effect on inlet density, 427 
exhaust, see Exhaust pressure, pres

sure ratio, exhaust to inlet 
inlet, see Pressure ratio; exhaust to in

let 
mean effective, see Mean effective pres

sure 
stagnation, 501 

Pressure ratio, compressor, choice of, 
473 

effect on engine performance, 477-
483 

exhaust-to-inlet 
effect on performance of C-E-T com

binations, 483 
effect on volumetric efficiency, 161-

164, 181, 189, 191 
relation to scavenging ratio, 228-235 

gas turbine, 33-35, 74-77, 102 
Pressure-volume diagrams, see Indicator 

diagrams 
Process, cyclic, 9, 12 

exhaust, see Exhaust process 
induction, see Induction process 
inlet, see Induction process 
steady-flow, 14, 15 
thermodynamic, 12-15 

example of, 37, 38 
Pump, scavenging, centrifugal type, 255, 

257 
crankcase type, 255, 256 
displacement type, 254-256 
piston type, 255 
Roots type, 255 
types of, 255 

Pumping friction, see Friction, pumping 

Pumping mean effective pressure, see 
Friction, pumping; Friction, mean 
effective pressure 

Pumping work with ideal inlet process, 
79 

Quantity of heat, 6, 7 
see also Heat 

Radiator, coolant, design of, 304-305 
equations for, 304-306 

Rating, of engines, 419-425 
commercial ratings, 420-425 
definitions, 419 
example of, 449, 450 
plots of, 405, 421 
ratio to piston area, 406 

Ratio, compression, see Compression 
ratio 

Ratio, fuel-air, see Fuel-air ratio 
Ratio, pressure, see Pressure ratio 
Ratio, scavenging, see Scavenging ratio 
Reliability, engine, 418 
Residual gases, see Gas, residual 
Reynolds number, in fluid flow, 168, 509 

in heat transfer, 165, 269-293, 515, 
516 

coolant side, 275 
gas side, 275, 276, 280, 288, 289, 293 
local, 275 

definition of, 177 
relation to volumetric efficiency, 168, 

177 
Rpm, see Speed, engine 

Scavenging, definitions for, 216 
description of, 213-215 
efficiency, see Efficiency, scavenging 
ideal process, 215, 216 

with perfect mixing, 219, 220 
light-spring diagrams of, 213, 244 
loop, comparison with other methods, 

227, 249, 250 
definition of, 211, 212 
porting for, 225, 240, 241-244 

exhaust-to-inlet port ratio, 225, 
241 

power required for, 235, 236 
symbols for, 216, 217 



Scavenging pumps, see Pumps, scaveng
ing 

Scavenging ratio, choice of, 257, 469 
definition of, 217 
effect of operating conditions on, 234, 

235 
formulas for, 217, 218 
measurement of, 220, 221 
optimum, 258, 259 

examples of, 454, 455, 490, 491 
relation to scavenging efficiency, 219-

228, 245 
with-long exhaust pipes, 254 

Short circuiting, in two-stroke engines, 
220 

Similar engines, 175-179 
definition of, 175 
MIT similar engines, 179 

Similitude, definition of, 175, 176 
in commercial engines, 403 

effect on scavenging ratio, 228, 229 
effect on volumetric efficiency, 170-

175 
see also Size, cylinder; Size, engine 

Size, cylinder, discussion of, 401-413 
effect on costs, 413 
effect on design for heat flow, 281, 

282 
effect on efficiency, 408 

examples of, 414, 415 
effect on stresses, 518, 519 
effect on surface temperatures, 279, 

280 
effect on volumetric efficiency, 179-

181 
effect on wear, 355, 356 
effects of, in practice, 403-409 
examples of, 410, 411, 414-417 
implications of size effects, 412 
influence on engine performance, 

401-417 
in two-stroke cylinders, 247 

examples of, 401-407 
knock-limited imep vs bore, 402 
limits on, due to heat flow, 279-

283 
example of, 308, 309 

octane requirement vs bore, 402 
example of, 414, 415 
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Size, engine, comparison of very large 
and very small engines, 410, 411 

effect on stresses, 518, 519 
effect on wear, 355, 356 
extreme example of, 411 

see also Size, cylinder 
Slider, plain, 322 
Smoke, see Exhaust smoke 
Smoke limit, definition of, 419 
Sommerfeld variable, 318-321 

see also Bearings, journal 
Sound, velocity of, in air, 234, 394 

in a perfect gas, 501, 502 
in compressor performance, 368-379 
in exhaust gases, 383, 394, 472 

effect on turbine performance, 
385-389 

in fuel-air mixtures, 46, 47, 183, 
472 

in inlet gas, 168, 170-175 
Spark advance, see Spark timing 
Spark timing, effect on performance, 

441-443 
charts for, 442, 443 
effect on indicator diagram, 128 
example of, 452, 453 
for best power, 127 

Specific fuel consumption, see Consump-
tion, fuel, specific 

Specific gravity of fuels, 46, 47 
Specific heat, see Heat, specific 
Specific output, see Output, specific 
Speed, engine, definition of, 419 

range of, 418 
rated,419 

vs year for passenger-car engines, 
423 

piston, see Piston speed 
Steady-flow process, application to 

engines, 16, 17 
definition of, 14 
equations for, 15 

Stresses, due to gas pressure, 401, 519 
example of, 416 

due to gravity, 519 
due to inertia, 401, 518, 519 

example of, 416 
equation for, 519 
thermal, 278-283 
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Stroke, vs year for passenger-car engines, 
423 

Stroke-bore ratio, effects on volumetric 
efficiency, 194, 195 

of two-stroke cylinders, 236, 237 
Subscripts, list of, 499 
Supercharged engines, 456-493 

arrangements of, 457 
Diesel, 465, 467 
spark-ignition, 462, 463 
see also Performance, engine 

Superchargers, see Compressors 
Supercharging, 456-493 

of aircraft engines, 460, 461 
of auto engines, 461, 462, 464, 465 
of Diesel engines, 463-467, 478-483 
of free-piston engines, 480-482 
of spark-ignition engines, 459-462 
of turbo-compound engine, 460, 461 
examples of 484-493 
of two-stroke engines, 259, 260 
reasons for, 458 

Symbols, discussion of, 5 
list of, 495-499 

Tanks, surge, applied to engine, 17 
Temperature, atmospheric, effect on 

bmep, 429 
effect on detonation, 429, 430 
effect on performance, 427-436 
vs altitude, 434 

compression, at beginning of, actual vs 
ideal, 512, 513 

for fuel-air cycles, 85 
from sound-velocity measure

ments, 125, 512 
at compressor outlet, 365 

coolant, choice of, 304, 305 
effect on volumetric efficiency, 187 

exhaust, of fuel-air cycles, 97 
example of, 105, 106 
of engines, 383, 384 

gas, mean, 283-286 
measurement of, 119-122 

sodium-line reversal, 119, 121 
spectroscopic methods, 119 

Temperature, gas, measurement of, 
sound-velocity method, 119-122 

inlet, effect on volumetric efficiency, 
181, 182, 186, 187 

measurement of, 17, 153 
mean gas, 275-286 

evaluation of, 283, 284 
exhaust-pressure effect, 286 
for inlet process, 169 
inlet-temperature effect, 285, 286 
values of vs fuel-air ratio, 285, 286 

rise through inlet system, effect of de
sign on, 188 

relation to volumetric efficiency, 
160--165 

stagnation, of a perfect gas, 501 
surface, in engines, 275, 276, 280, 281, 

282 
effect of cylinder size, 279, 280 
effect of design changes, 282, 283 
in similar engines, 281 
local, 278, 279 

example of, 308 
measurement of, 287 
of exhaust valve, 279, 280 
of piston crown, 279 
of port bridges, 279 
of spark-plug points, 279 

in heat exchangers, 272 
Thermodynamics, of air cycles, 22-39 

of fuel-air cycles, 67-106 
of working fluids, 40--66 

Thermodynamic properties, of air, Chart 
C-l 

of fuel-air mixtures, Charts C-1 
through C-4 (in pocket inside 
back cover) 

Timing, port, see Port timing 
Timing, spark, see Spark timing 
Timing, valve, see Valve timing 
Torque, engine, definition of, 419 
Transient operation, 418 
Trapping efficiency, see Efficiency, trap

ping 
Trends, engine, vs time, 423-425 
Turbine, exhaust, 383-392 

blowdown type, 385-390 
examples of, 398, 399 

combination with engine, 391, 394 



Turbine, exhaust, mixed flow type, 389, 
390 

example of, 398, 399 
nozzle area of blowdown turbines, 

470--472 
in practice, 472 
steady-flow turbines, 470 

steady-flow type, 383-385 
example of, 396 

gas, advantages of, 3 
classification of, 2 
cycles for, 33, 34, 74-76 

examples of, 102-105 
definition of, 8 

Turbo-supercharger, performance of, 391 
examples of, 396-399 

Two-stroke cylinders, see Cylinders, two
stroke 

Two-stroke engines, see Engines, two
stroke 

Units of measure, 5-7 
fundamental, 5, 6 

force, 5, 6 
length, 5, 6 
mass, 5, 6 
quantity of heat, 6 
temperature, 6 
time, 5, 6 

Valve, exhaust, for four-stroke engines, 
effect of capacity on volumetric 
efficiency, 193, 194 

effect of closing time, 346 
exhaust, for two-stroke engines, 212 

effect on flow, 233 
size of, 239-242 
timing of, 214, 242-247 

inlet, for four-stroke engines, effect on 
volumetric efficiency, 171-175, 
193 

capacity of valve, 171-175 
closing time, 193 
flow coefficient of, 171-175 
Z-factor, 171-175 

for two-stroke engines, see Ports and 
Port timing 

sampling, for exhaust blowdown, 222 
Valve overlap, see Valve timing 
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Valve timing, effect of exhaust opening, 
346, 347 

effect of inlet closing on volumetric ef
ficiency, 191, 192 

effect of valve overlap on volumetric 
efficiency, 188-191 

effect on volumetric efficiency with 
various inlet pipes, 196, 197 

relation to inlet pipe dimensions and 
volumetric efficiency, 196, 197 

Velocity, sonic, see Sound, velocity of 
Viscosity, conversion of, 315, 316 

definition of, 314-317 
of air, 290 
of lubricant, l)ffect on friction in 

engines, 332 
in journal bearings, 316-322 
with pistons, 332, 333 
with sliders, 322-323 

of water, 260 

required for similar engines, 338 
vs bore, 338 

Volume, cylinder, displacement, 79, 149, 
160 

total, 217, 218 
total vs displacement, 218 

engine, specific, 420 
of air, Chart C-l 
of fuel-air mixtures, 46, 47, and 

Charts C-l through C-4 
of fuel vapor, 46, 47 

Volumetric efficiency, see Efficiency, 
volumetric 

Water, heat transfer with, 270 
properties of, 269 

Water vapor, see Humidity 
Wear, of engines, 355, 356 

damage, as related to bore, 403 
general, 355 
size effects, 355, 356, 403 

Weights, of engines, relation to bore, 402, 
407 

relation to displacement, 407 
vs cylinder size, 407 

Work, in relation to energy and heat, 9-
15 

of air cycles, 26-34 
of fuel-air cycles, 69-76 
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Work, of inlet stroke, 167 
pumping work, 79 

Z-factor, 173-177 
definition of, 173 

Z-factor, effect 011 volumetric efficiency, 
174,175 

ill practice, 176 
maximum value of, 175 
see also Mach index, inlet 



 

1984 References for Vol. 1 

Since the Bibliography beginning on page 523 was printed, the 

literature on the subject of internal-combustion engines has grown 

beyond the possibility of detailed listing. Publications in English for 

following continuing developments include: 

Publications of the Society of Automotive Engineers (SAE) Warren

dale, PA, 15096, as follows: 

A utomotive Engineering, a monthly magazine including reviews of 
current practice and condensations of important papers. 

SAE Reports, classified by subject matter and containing selected 

SAE Papers on various subjects. Lists of each year's reports are 

available annually on request. 

Individual SAE Papers, available in limited quantities on appli
cation or at SAE meetings. 

Automotive Engineer, monthly, Box 24, Bury St. Edmunds, Suffolk, 

IP326BW, England. Published bi-monthly by Inst. of Mechanical 

Engineers, Automotive Division. 

Bulletin of Marine Engineering Society in Japan, quarterly. The 

Marine Engineering Society of Japan, 1-2-2 Uchisaiwai-Cho, Chiyoda

Peu, Tokyo, 100 Japan. 

Chilton Automotive Industries, monthly. Chilton Way, Radnor, PA, 

19089. Statistical issue, April each year. 

Diesel and Gas Turbine World Wide Catalog, 13555 Bishop Court, 

Brookfield, Wisconsin, 53005-0943. Annual. 
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